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P R E F A C E

Several years ago, the idea arose to write a general book on tribology. Students often
requested a suitable book for the study of tribology and there were problems in
recommending any one text-book. Existing text-books were either too specialized or too
literal. Many books provided exhaustive reviews of friction and wear data while others
provided detailed description of the lubrication and wear problems occurring in machinery.
A book which explains the concepts of tribology in terms useful to engineering students and
engineers was, however, lacking. The situation was rather like attempting to describe the
function of a machine to a non-specialist using manufacturers drawings. In many cases the
basic models of friction and wear were not explained adequately. As a result more
sophisticated concepts could not be understood. The interdisciplinary nature of tribology
with knowledge drawn from different disciplines such as mechanical engineering, materials
science, chemistry and physics leads to a general tendency for the chemist to describe in
detail, for example, lubricant additives, the mechanical engineer to discuss, for example, pad
bearings and so on, with no overall guide to the subject. In this book, the interaction between
these different fields of knowledge to achieve the final result, the control of friction and
wear, is emphasized. The interdisciplinary view of tribology was largely developed by
Professor Alastair Cameron about three decades ago and has proved to be the most successful
way of analysing friction and wear problems.

In many cases tribology is viewed as an inaccessible subject which does not produce useful
answers. In this book we try to redress this problem. Rutherford's maxim, that ‘any good
scientific theory is explainable to the average barmaid’ is applied in this book with various
concepts explained in the simplest possible terms with supporting illustrations.

In this second edition of Engineering Tribology we aim to update the contents of the first
edition while maintaining its style. In this edition a number of extra topics have been
included to make the book more comprehensive as suggested by the reviewers of the first
edition. The listings of literature citations have been extended to include recent findings
from tribology research. Extra diagrams have also been included where it was found that the
readability of the original text could be improved. Computer programs used in the numerical
analysis have been upgraded from BASIC to MatLab in order to make them more accessible
to current users. Despite all these changes, the purpose of writing ‘Engineering Tribology’
remains the same, i.e. to provide a reader-friendly and comprehensive introduction to the
subject of tribology and its implications for engineering. This edition, like the first edition, is
intended for final year under-graduate and post-graduate students and professional
engineers. The subject matter of the book is also relevant to mechanical and materials
engineering, applied chemistry and physics courses.

Gwidon W. Stachowiak

Andrew W. Batchelor
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I N T R O D U C T I O N1
1.1 BACKGROUND

Tribology in a traditional form has been in existence since the beginning of recorded history.
There are many well documented examples of how early civilizations developed bearings
and low friction surfaces [1]. The scientific study of tribology also has a long history, and
many of the basic laws of friction, such as the proportionality between normal force and
limiting friction force, are thought to have been developed by Leonardo da Vinci in the late
15th century. However, the understanding of friction and wear languished in the doldrums
for several centuries with only fanciful concepts to explain the underlying mechanisms. For
example it was proposed by Amonton in 1699 that surfaces were covered by small spheres
and that the friction coefficient was a result of the angle of contact between spheres of
contacting surfaces. A reasonable value of friction coefficient close to 0.3 was therefore found
by assuming that motion was always to the top of the spheres. The relatively low priority of
tribology at that time meant that nobody really bothered to question what would happen
when motion between the spheres was in a downwards direction. Unlike thermodynamics,
where fallacious concepts like ‘phlogiston’ were rapidly disproved by energetic researchers
such as Lavoisier in the late 18th century, relatively little understanding of tribology was
gained until 1886 with the publication of Osborne Reynolds' classical paper on hydrodynamic
lubrication. Reynolds proved that hydrodynamic pressure of liquid entrained between
sliding surfaces was sufficient to prevent contact between surfaces even at very low sliding
speeds. His research had immediate practical application and lead to the removal of an oil
hole from the load line of railway axle bearings. The oil, instead of being drained away by the
hole, was now able to generate a hydrodynamic film and much lower friction resulted. The
work of Reynolds initiated countless other research efforts aimed at improving the
interaction between two contacting surfaces, and which continue to this day. As a result
journal bearings are now designed to high levels of sophistication. Wear and the
fundamentals of friction are far more complex problems, the experimental investigation of
which is dependent on advanced instrumentation such as scanning electron microscopy and
atomic force microscopy. Therefore, it has only recently been possible to study these processes
on a microscopic scale where a true understanding of their nature can be found.

Tribology is therefore a very new field of science, most of the knowledge being gained after
the Second World War. In comparison many basic engineering subjects, e.g.
thermodynamics, mechanics and plasticity, are relatively old and well established. Tribology
is still in an imperfect state and subject to some controversy which has impeded the diffusion

TEAM LRN



2 ENGINEERING TRIBOLOGY

of information to technologists in general. The need for information is nevertheless critical;
even simple facts such as the type of lubricant that can be used in a particular application, or
preventing the contamination of oil by water must be fully understood by an engineer.
Therefore this book is devoted to these fundamental engineering tribology principles.

1.2 MEANING OF TRIBOLOGY

Tribology, which focuses on friction, wear and lubrication of interacting surfaces in relative
motion, is a new field of science defined in 1967 by a committee of the Organization for
Economic Cooperation and Development. ‘Tribology’ is derived from the Greek word ‘tribos’
meaning rubbing or sliding. After an initial period of scepticism, as is inevitable for any
newly introduced word or concept, the word ‘tribology’ has gained gradual acceptance. As the
word tribology is relatively new, its meaning is still unclear to the wider community and
humorous comparisons with tribes or tribolites tend to persist as soon as the word ‘tribology’
is mentioned.

Wear is the major cause of material wastage and loss of mechanical performance and any
reduction in wear can result in considerable savings. Friction is a principal cause of wear and
energy dissipation. Considerable savings can be made by improved friction control. It is
estimated that one third of the world's energy resources in present use is needed to
overcome friction in one form or another. Lubrication is an effective means of controlling
wear and reducing friction. Tribology is a field of science which applies an operational
analysis to problems of great economic significance such as reliability, maintenance and wear
of technical equipment ranging from household appliances to spacecraft.

The question is why ‘the interacting surfaces in relative motion’, (which essentially means
rolling, sliding, normal approach or separation of surfaces), are so important to our economy
and why they affect our standard of living. The answer is that surface interaction dictates or
controls the functioning of practically every device developed by man. Everything that man
makes wears out, almost always as a result of relative motion between surfaces. An analysis
of machine break-downs shows that in the majority of cases failures and stoppages are
associated with interacting moving parts such as gears, bearings, couplings, sealings, cams,
clutches, etc. The majority of problems accounted for are tribological. Our human body also
contains interacting surfaces, e.g. human joints, which are subjected to lubrication and wear.
Despite our detailed knowledge covering many disciplines, the lubrication of human joints
is still far from fully understood.

Tribology affects our lives to a much greater degree than is commonly realized. For example,
long before the deliberate control of friction and wear was first promoted, human beings and
animals were instinctively modifying friction and wear as it affected their own bodies. It is
common knowledge that the human skin becomes sweaty as a response to stress or fear. It
has only recently been discovered that sweating on the palms of hands or soles of feet of
humans and dogs, but not rabbits, has the ability to raise friction between the palms or feet
and a solid surface [2]. In other words, when an animal or human senses danger, sweating
occurs to promote either rapid flight from the scene of danger, or else the ability to firmly
hold a weapon or climb the nearest tree.

A general result or observation derived from innumerable experiments and theories is that
tribology comprises the study of:

· the characteristics of films of intervening material between contacting bodies and;

· the consequences of either film failure or absence of a film which are usually
manifested by severe friction and wear.

Film formation between any pair of sliding objects is a natural phenomenon which can occur
without human intervention. Film formation might be the fundamental mechanism
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preventing the extremely high shear rates at the interface between two rigid sliding objects.
Non-mechanical sliding systems provide many examples of this film formation. For
example, studies of the movement between adjacent geological plates on the surface of the
earth reveal that a thin layer of fragmented rock and water forms between opposing rock
masses. Chemical reactions between rock and water initiated by prevailing high temperatures
(about 600°C) and pressures (about 100 [MPa]) are believed to improve the lubricating
function of the material in this layer [3]. Laboratory tests of model faults reveal that sliding
initiates the formation of a self-sliding layer of fragmented rock at the interface with solid
rock. A pair of self-sealing layers attached to both rock masses prevent the leakage of water
necessary for the lubricating action of the inner layer of fragmented rock and water [3].
Although the thickness of the intervening layer of fragmented rock is believed to be between
1 - 100 [m] [3], this thickness is insignificant when compared to the extent of geological plates
and these layers can be classified as ‘films’. Sliding on a geological scale is therefore controlled
by the properties of these ‘lubricating films’, and this suggests a fundamental similarity
between all forms of sliding whether on the massive geological scale or on the microscopic
scale of sliding between erythrocytes and capillaries. The question is, why do such films form
and persist? A possible reason is that a thin film is mechanically stable, i.e. it is very difficult
to completely expel such a film by squeezing between two objects. It is not difficult to squeeze
out some of the film but its complete removal is virtually impossible. Although sliding is
destructive to these films, i.e. wear occurs, it also facilitates their replenishment by
entrainment of a ‘lubricant’ or else by the formation of fresh film material from wear
particles.

Film formation between solid objects is intrinsic to sliding and other forms of relative
motion, and the study and application of these films for human benefits is the raison d'etre
of tribology.

In simple terms it appears that the practical objective of tribology is to minimize the two
main disadvantages of solid to solid contact: friction and wear, but this is not always the case.
In some situations, as illustrated in Figure 1.1, minimizing friction and maximizing wear or
minimizing wear and maximizing friction or maximizing both friction and wear is desirable.
For example, reduction of wear but not friction is desirable in brakes and lubricated clutches,
reduction of friction but not wear is desirable in pencils, increase in both friction and wear is
desirable in erasers.

Lubrication

Thin low shear strength layers of gas, liquid and solid are interposed between two surfaces in
order to improve the smoothness of movement of one surface over another and to prevent
damage. These layers of material separate contacting solid bodies and are usually very thin
and often difficult to observe. In general, the thicknesses of these films range from 1 - 100
[µm], although thinner and thicker films can also be found. Knowledge that is related to
enhancing or diagnosing the effectiveness of these films in preventing damage in solid
contacts is commonly known as ‘lubrication’. Although there are no restrictions on the type
of material required to form a lubricating film, as gas, liquid and certain solids are all
effective, the material type does influence the limits of film effectiveness. For example a
gaseous film is suitable for low contact stress while solid films are usually applied to slow
sliding speed contacts. Detailed analysis of gaseous or liquid films is usually termed
‘hydrodynamic lubrication’ while lubrication by solids is termed ‘solid lubrication’. A
specialized form of hydrodynamic lubrication involving physical interaction between the
contacting bodies and the liquid lubricant is termed ‘elastohydrodynamic lubrication’ and is
of considerable practical significance. Another form of lubrication involves the chemical
interactions between contacting bodies and the liquid lubricant and is termed ‘boundary and
extreme pressure lubrication’. In the absence of any films, the only reliable means of
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ensuring relative movement is to maintain, by external force fields, a small distance of
separation between the opposing surfaces. This, for example, can be achieved by the
application of magnetic forces, which is the operating principle of magnetic levitation or
‘maglev’. Magnetic levitation is, however, a highly specialized technology that is still at the
experimental stage. A form of lubrication that operates by the same principle, i.e. forcible
separation of the contacting bodies involving an external energy source, is ‘hydrostatic
lubrication’ where liquid or gaseous lubricant is forced into the space between contacting
bodies.
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FIGURE 1.1 Practical objectives of tribology.

Liquid lubrication is a technological nuisance since filters, pumps and cooling systems are
required to maintain the performance of the lubricant over a period of time. There are also
environmental issues associated with the disposal of the used lubricants. Therefore ‘solid
lubrication’ and ‘surface coatings’ are the subject of intense research.

The principal limitations of, in particular, liquid lubricants are the loss of load carrying
capacity at high temperature and degradation in service. The performance of the lubricant
depends on its composition and its physical and chemical characteristics.

From the practical engineering view point prediction of lubricating film characteristics is
extremely important. Although such predictions are possible there always remains a certain
degree of empiricism in the analysis of film characteristics. Prediction methods for liquid or
gaseous films involve at the elementary level hydrodynamic, hydrostatic and
elastohydrodynamic lubrication. For more sophisticated analyses ‘computational methods’
must be used. There is still, however, no analytical method for determining the limits of
solid films.
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Wear

Film failure impairs the relative movement between solid bodies and inevitably causes
severe damage to the contacting surfaces. The consequence of film failure is severe wear.
Wear in these circumstances is the result of adhesion between contacting bodies and is
termed ‘adhesive wear’. When the intervening films are partially effective then milder
forms of wear occur and these are often initiated by fatigue processes due to repetitive stresses
under either sliding or rolling. These milder forms of wear can therefore be termed ‘fatigue
wear’. On the other hand if the film material consists of hard particles or merely flows
against one body without providing support against another body then a form of wear, which
sometimes can be very rapid, known as ‘abrasive wear’ occurs. Two other associated forms of
wear are ‘erosive wear’ (due to impacting particles) and ‘cavitation wear’ which is caused by
fast flowing liquids. In some practical situations the film material is formed by chemical
attack of either contacting body and while this may provide some lubrication, significant
wear is virtually inevitable. This form of wear is known as ‘corrosive wear’ and when
atmospheric oxygen is the corroding agent, then ‘oxidative wear’ is said to occur. When the
amplitude of movement between contacting bodies is restricted to, for example, a few
micrometres, the film material is trapped within the contact and may eventually become
destructive. Under these conditions ‘fretting wear’ may result. There are also many other
forms or mechanisms of wear. Almost any interaction between solid bodies will cause wear.
Typical examples are ‘impact wear‘ caused by impact between two solids, ‘melting wear’
occurring when the contact loads and speeds are sufficiently high to allow for the surface
layers of the solid to melt, and ‘diffusive wear’ occurring at high interface temperatures. This
dependence of wear on various operating conditions can be summarized in a flow chart
shown in Figure 1.2.

1.3 COST OF FRICTION AND WEAR

The enormous cost of tribological deficiencies to any national economy is mostly caused by
the large amount of energy and material losses occurring simultaneously on virtually every
mechanical device in operation. When reviewed on the basis of a single machine, the losses
are small. However, when the same loss is repeated on perhaps a million machines of a
similar type, then the costs become very large.

For example, about two hundred years ago, it was suggested by Jacobs Rowe that by the
application of the rolling element bearing to the carriages the number of horses required for
all the carriages and carts in the United Kingdom could be halved. Since the estimated
national total number of horses involved in this form of transportation was at that time
about 40,000, the potential saving in horse-care costs was about one million pounds per
annum at early 18th century prices [1,4].

In more contemporary times the simple analysis reveals that supplying all the worm gear
drives in the United States with a lubricant that allows a relative increase of 5% in the
mechanical efficiency compared to a conventional mineral oil would result in savings of
about US$ 0.6 billion per annum [5]. The reasoning is that there are 3 million worm gears
operating in the U.S.A. with an average power rating of about 7.5 [KW]. The annual national
savings of energy would be 9.8 billion kilowatt-hours and the corresponding value of this
energy is 0.6 billion US$ at an electricity cost of 0.06 US$ per kilowatt-hour.

These examples suggest that a form of ‘tribology equation’ can be used to obtain a simple
estimate of either costs or benefits from existing or improved tribological practice. Such
equation can be summarized as:

  
Total Tribological Cost/Saving = Sum of Individual Machine Cost/Saving × 

Number of Machines
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This equation can be applied to any other problem in order to roughly estimate the relevance
of tribology to a particular situation.
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FIGURE 1.2 Flow chart illustrating the relationship between operating conditions and type
of wear.

It was estimated by Peter Jost in 1966 that by the application of the basic principles of tribology,
the economy of U.K. could save approximately £515 million per annum at 1965 values [6]. A
similar report published in West Germany in 1976 revealed that the economic losses caused
by friction and wear cost about 10 billion DM per annum, at 1975 values, which is equivalent
to 1% of the Gross National Product [7]. About 50% of these losses were due to abrasive wear.
In the U.S.A. it has been estimated that about 11% of total annual energy can be saved in the
four major areas of transportation, turbo machinery, power generation and industrial
processes through progress in tribology [8]. For example, tribological improvements in cars
alone can save about 18.6% of total annual energy consumed by cars in the U.S.A., which is
equivalent to about 14.3 billion US$ per annum [9]. In the U.K. the possible national energy
savings achieved by the application of tribological principles and practices have been
estimated to be between £468 to £700 million per annum [10]. The economics of tribology are
of such gigantic proportions that tribological programmes have been established by industry
and governments in many countries throughout the world.
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The problems of tribology economics are of extreme importance to an engineer. For example,
in pneumatic transportation of material through pipes, the erosive wear at bends can be up
to 50 times more than in straight sections [11]. Apparently non-abrasive materials such as
sugar cane [12] and wood chips can actually cause abrasive wear. Many tribological failures are
associated with bearings. Simple bearing failures on modern generator sets in the U.S.A. cost
about US$25,000 per day while to replace a £200,000 bearing in a single point mooring on a
North Sea Oil Rig a contingency budget of about £1 million is necessary [13]. In addition there
are some production losses which are very costly. The total cost of wear for a single US naval
aircraft has been estimated to be US$243 per flight hour [14]. About 1000 megatonnes of
material is excavated in Australia. Much of this is material waste which must be handled in
order to retrieve metalliferous ores or coal. The cost of wear is around 2% of the saleable
product. The annual production by a large iron ore mining company might be as high as 40
megatonnes involving a direct cost through the replacement of wearing parts of A$6 million
per annum at 1977 values [15,16].

As soon as the extent of economic losses due to friction and wear became clear, researchers
and engineers rejected many of the traditional limitations to mechanical performance and
have found or are looking for new materials and lubricants to overcome these limits. Some
of these improvements are so radical that the whole technology and economics of the
product may change. A classic example is the adiabatic engine. The principle behind this
development is to remove the oil and the lubricating system and use a dry, high temperature
self lubricating material. If the engine can operate adiabatically at high temperatures, heat
previously removed by the now obsolete radiator can be turned to mechanical work. As a
result, a fuel efficient, light weight engine might be built which will lead to considerable
savings in fuels, oils and vehicle production costs. A fuel efficient engine is vital in reducing
transportation and agricultural costs and therefore is a very important research and
development task.

Other examples of such innovations include surface treated cutters for sheep shearing,
surface hardened soil engaging tools, polyethylene pipes for coal slurries and ion implanted
titanium alloys for orthopaedic endoprostheses. Whenever wear and friction limit the
function or durability of a device or appliance, there is a scope for tribology to offer some
improvement.

In general terms, wear can effectively be controlled by selecting materials with a specific
properties as illustrated in Figure 1.3. However, more detailed information on wear
mechanisms and wear control is given in Chapters 11-16.

1.4 SUMMARY

Although the study of friction and wear caught the attention of many eminent scientists
during the course of the past few centuries, consistent and sustained scientific investigation
into friction and wear is a relatively recent phenomenon. Tribology is therefore a
comparatively young science where rigorous analytical concepts have not yet been
established to provide a clear guide to the complex characteristics of wear and friction. Much
of the tribological research is applied or commercially orientated and already a wide range of
wear resistant or friction reducing materials have been developed. The concept of developing
special materials and coatings to overcome friction and wear problems is becoming a reality.
Most analytical models and experimental knowledge of tribology have been completed in the
past few decades, and some time in the future our understanding of the mechanisms of
friction and wear may be radically changed and improved.

The bewildering range of experimental data and theories compiled so far has helped to create
an impression that tribology, although undoubtedly important, is somehow mysterious and
not readily applicable to engineering problems. Tribology cannot, however, be ignored as
many governments and private studies have consistently concluded that the cost of friction
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and wear impose a severe burden on industrialized countries. Part of the difficulty in
controlling friction and wear is that the total cost in terms of energy and material wastage is
spread over every type of industry. Although to the average engineer the cost of friction and
wear may appear small, when the same costs are totalled for an entire country a very large
loss of resources becomes apparent. The widely distributed incidence of tribological problems
means that tribology cannot be applied solely by specialists but instead many engineers or
technologists should have working knowledge of this subject.
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FIGURE 1.3 General materials selection guide for wear control.

The basic concept of tribology is that friction and wear are best controlled with a thin layer or
intervening film of material separating sliding, rolling and impacting bodies. There is almost
no restriction on the type of material that can form such a film and some solids, liquids and
gases are equally effective. If no film material is supplied then the process of wear itself may
generate a substitute film. The aim of tribology is either to find the optimum film material
for a given application, or to predict the sequence of events when a sliding/rolling/impacting
contact is left to generate its own intervening film. The purpose of this book is to present the
scientific principles of tribology as currently understood and to illustrate their applications to
practical problems.
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P H Y S I C A L  P R O P E R T I E S2 O F

L U B R I C A N T S

2.1 INTRODUCTION

Before discussing lubrication and wear mechanisms some information about lubricants is
necessary. What are lubricants made of, and what are their properties? Are oils different
from greases? Can mineral oils be used in high performance engines? Which oils are the
most suitable for application to gears, bearings, etc.? What criteria should they meet? What is
the oil viscosity, viscosity index, pressure-viscosity coefficient? How can these parameters be
determined? What are the thermal properties and temperature characteristics of lubricants?
An engineer should know the answers to all of these questions.

In simple terms, the function of a lubricant is to control friction and wear in a given system.
The basic requirements therefore relate to the performance of the lubricant, i.e. its influence
upon friction and wear characteristics of a system. Another important aspect is the lubricant
quality which reflects its resistance to degradation in service. Most of the present day
lubricant research is dedicated to the study, prevention and monitoring of oil degradation
since the life-time of an oil is as important as its initial level of performance. Apart from
suffering degradation in service, which may cause damage to the operating machinery, an oil
may cause corrosion of contacting surfaces. The oil quality, however, is not the only
consideration. Economic considerations are also important. For example, in large machinery
holding several thousand litres of lubricating oil, the cost of the oil can be very high.

In this chapter the fundamental physical properties of lubricants such as viscosity, viscosity
temperature dependence, viscosity index, pour point, flash point, volatility, oxidation
stability, thermal stability, etc., together with the appropriate units and the ways of measuring
these values will be outlined. The basic composition of oils and greases will be discussed in
the next chapter.

2.2 OIL VISCOSITY

The parameter which plays a fundamental role in lubrication is oil viscosity. Different oils
exhibit different viscosities. In addition, oil viscosity changes with temperature, shear rate
and pressure and the thickness of the generated oil film is usually proportional to it. So, at
first glance it appears that the more viscous oils would give better performance, since the
generated films would be thicker and a better separation of the two surfaces in contact would
be achieved. This unfortunately is not always the case since more viscous oils require more
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power to be sheared. Consequently the power losses are higher and more heat is generated
resulting in a substantial increase in the temperature of the contacting surfaces which may
lead to the failure of the component. For engineering applications the oil viscosity is usually
chosen to give optimum performance at the required temperature. Knowing the
temperature at which the oil is expected to operate is critical as oil viscosity is extremely
temperature dependent. The viscosity of different oils varies at different rates with
temperature. It can also be affected by the velocities of the operating surfaces (shear rates).
The knowledge of the viscosity characteristics of a lubricant is therefore very important in
the design and in the prediction of the behaviour of a lubricated mechanical system.

In this chapter a simplified concept of viscosity, sufficient for most engineering applications,
is considered. The refinements to this model, incorporating, for example, transfer of
momentum between the adjacent layers of lubricant and transient visco-elastic effects, can be
found in more specialized literature.

Dynamic Viscosity

Consider two flat surfaces separated by a layer of fluid of thickness ‘h’ as shown in Figure 2.1.
The force required to move the upper surface is proportional to the wetted area ‘A’ and the
velocity ‘u’, i.e.:

F α  A × u

Assume that the fluid film separating the surfaces is made up of a number of infinitely thin
layers. Compare now two fluid films of different thickness made up of equispaced layers. If
the surface velocity remains unchanged in these two cases then a single layer in the thicker
film will undergo less relative sliding than in the thinner film. The velocity gradients for
these two layers will be different. Since the thicker film contains more single layers, less force
will be needed to shear a single layer so the viscous resistance will vary as the reciprocal of
the film thickness ‘1/h’. The force needed to move the upper surface is thus proportional to:

F α  A × u/h (2.1)
  

h

u

= 0

F

area

Infinitely thin
fluid ‘layers’

A u

FIGURE 2.1 Schematic representation of the fluid separating two surfaces.

This relationship is maintained for most fluids. Different fluids will exhibit a different
proportionality constant ‘η’, called the ‘dynamic viscosity’. The relationship (2.1) can be
written as:

F = η × A × u/h (2.2)
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Rearranging gives:

η  = (F/A) / (u/h)

or

η = τ / (u/h) (2.3)

where:

η is the dynamic viscosity [Pas];

τ is the shear stress acting on the fluid [Pa];

u/h is the shear rate, i.e. velocity gradient normal to the shear stress [s-1].

Before the introduction of the SI system the most commonly used dynamic viscosity unit
was the Poise. Incidentally this name originated not from an engineer but from a French
medical doctor Poiseuille, who studied the flow of blood. For practical applications the Poise
[P] was far too large thus a smaller unit, the centipoise [cP], was more commonly used. The SI
unit for dynamic viscosity is Pascal-second [Pas]. The relationship between Poise and Pascal-
second is as follows:

1 [P] = 100 [cP] ≈ 0.1 [Pas]

Kinematic Viscosity

Kinematic viscosity is defined as the ratio of dynamic viscosity to fluid density:

υ = η/ρ (2.4)

where:

υ is the kinematic viscosity [m2/s];

η is the dynamic viscosity [Pas];

ρ is the fluid density [kg/m3].

The most commonly used kinematic viscosity unit is the Stoke [S]. This unit, however, is
often too large for practical applications, thus a smaller unit, the centistoke [cS], is used. The
SI unit for kinematic viscosity is [m2/s], i.e.:

1 [S] = 100 [cS] = 0.0001 [m2/s]

The densities of lubricating oils are usually in the range between 700 - 1200 [kg/m3] (0.7 -
1.2 [g/cm3]). The typical density of mineral oil is 850 [kg/m3] (0.85 [g/cm3] ). To find the
dynamic viscosity of any oil in [cP] the viscosity of this oil in [cS] is multiplied by its density
in [g/cm3], hence for a typical mineral oil:

viscosity in [cP] = viscosity in [cS] ×  0.85 [g/cm3]

2.3 VISCOSITY TEMPERATURE RELATIONSHIP

The viscosity of lubricating oils is extremely sensitive to the operating temperature. With
increasing temperature the viscosity of oils falls quite rapidly. In some cases the viscosity of
oil can fall by about 80% with a temperature increase of 25°C. From the engineering
viewpoint it is important to know the viscosity value at the operating temperature since it
determines the lubricant film thickness separating two surfaces. The oil viscosity at a specific
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temperature can be either calculated from the viscosity-temperature equation or obtained
from the viscosity-temperature ASTM chart.

Viscosity-Temperature Equations

There are several viscosity-temperature equations available, some of them are purely
empirical whereas others are derived from theoretical models. The most commonly used
equations are summarized in Table 2.1 [33]. Among them the most accurate is the Vogel
equation. Three viscosity measurements at different temperatures for a specific oil are
needed in order to determine the three constants in this equation. The oil viscosity can then
be calculated at the required temperature, or the operating temperature can be calculated if
the viscosity is known. Apart from being very accurate the Vogel equation is useful in
numerical analysis. A computer program ‘VISCOSITY’ for the Vogel equation is listed in the
Appendix. Based on the three temperature-viscosity measurements the program calculates
the viscosity at the required temperature. It also includes the option for the calculation of
temperature corresponding to a given viscosity.

TABLE 2.1 Viscosity-temperature equations (adapted from [33]).

 

  

Name Equation Comments

Reynolds

Slotte

Vogel

Walther

Early equation; accurate only
for a very limited temperature range

Reasonable; useful in
numerical analysis

Most accurate; very useful
in engineering calculations

Forms the basis of the ASTM
viscosity-temperature chart

η = −

η = c

η = aeb/(T − c)

( + a)  bdυ 1/T
c

be aT

 a (b + T)

=

where:

a, b, c, d are constants;

υ is the kinematic viscosity [m2/s];

T is the absolute temperature [K].

Viscosity-Temperature Chart

The most widely used chart is the ASTM (American Society for Testing Materials) Viscosity-
Temperature chart (ASTM D341) which is entirely empirical and is based on Walther’s
equation Table 2.1.

(υ + a) = bd1/T
c

(2.5)

In deriving the bases for the ASTM chart, logs were taken from Walther’s equation and ‘d’
was assumed to equal 10. The equation was then written in the form:
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log10(υ  +  a) = log10b +  1/T
c

(2.6)

It has also been found that if ‘υ ’ is in [cS] then ‘a’ is approximately equal to 0.6. After
substituting this into the equation, the logs were taken again in the manner shown below:

log10log10(υ cS +  0.6) = a' −  clog10T (2.7)

where:

a', c are constants.

Although equation (2.7) forms successful bases for the ASTM viscosity-temperature chart,
where the ordinate is log10log10 (υcS + 0.6) and the abscissa is log10T, from the mathematical
view point the above derivation is incorrect. This is because when taking logs, equation (2.6)
should be in the  form:

log10log10(υ cS +  0.6) = log10(log10b +  1/T
c
)

consequently,

a' −  clog10T ≠ log10(log10b +  1/T
c
)

Despite this the ASTM chart is quite successful and works very well for mineral and
synthetic oils under normal conditions. It is so well standardized that the viscosity-
temperature characteristics are sometimes specified as ‘ASTM slope’.

2.4 VISCOSITY INDEX

Different oils may have different ASTM slopes as shown in Figure 2.2. As early as 1920 it was
known that Pennsylvania crude oils were better than the Gulf Coast (Texan) crude oils.
Pennsylvania crude had the best viscosity temperature characteristics while the Gulf Coast
crude had the worst since its viscosity varied much more with temperature. From the
engineering viewpoint there was a need for a parameter which would accurately describe the
viscosity-temperature characteristics of the oils. In 1929 a ‘Viscosity Index’ was developed by
Dean and Davis [1,2]. The viscosity index is an entirely empirical parameter which compares
the kinematic viscosity of the oil of interest to the viscosities of two reference oils which
have a considerable difference in sensitivity of viscosity to temperature. The reference oils
have been selected in such a way that one of them has the viscosity index equal to zero (VI=0)
and the other has the viscosity index equal to one hundred (VI=100) at 100°F (37.8°C) but they
both have the same viscosity as the oil of interest at 210°F (98.89°C), as illustrated in Figure
2.3.

Since Pennsylvania and Gulf Coast oils have the same viscosity at 210°F (98.9°C) they were
initially selected as reference oils. Oils made from Pennsylvania crude were assigned the
viscosity index of 100 whereas oils made from the Gulf Coast crude the viscosity index of 0.

The viscosity index can be calculated from the following formula:

VI = (L − U) / (L − H) × 100 (2.8)

Firstly the kinematic viscosity of the oil of interest is measured at 40°C (‘U’) and at 100°C.
Then from Table 2.2 [3] (ASTM D2270), looking at the viscosity at 100°C of the oil of interest,
the corresponding values of the reference oils, ‘L’ and ‘H’ are read. Substituting the obtained
values of ‘U’, ‘L’ and ‘H’ into the above equation yields the viscosity index.

Note that the viscosity index is an inverse measure of the decline in oil viscosity with
temperature. High values indicate that the oil shows less relative decline in viscosity with
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temperature. The viscosity index of most of the refined mineral oils available on the market
is about 100, whereas multigrade and synthetic oils have higher viscosity indices of about 150.
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FIGURE 2.2 Viscosity-temperature characteristics of selected oils (adapted from [29 and 22]).

EXAMPLE

Find the viscosity index of an oil which has a kinematic viscosity at 40°C of
υ40 = 135 [cS] and at 100°C of υ100 = 17 [cS]. From Table 2.2 for υ100 = 17 [cS], L = 369.4
and H = 180.2 can be found. Substituting into the viscosity index equation yields:

VI = (369.4 − 135) / (369.4 − 180.2) × 100 = 123.9

2.5 VISCOSITY PRESSURE RELATIONSHIP

Lubricant viscosity increases with pressure. For most lubricants this effect is considerably
larger than the effect of temperature or shear when the pressure is significantly above
atmospheric. This is of particular importance in the lubrication of heavily loaded
concentrated contacts which can be found, for example, in rolling contact bearings and gears.
The pressures encountered in these contacts can be so high and the rate of pressure rise so
rapid that the lubricant behaves like a solid rather than a liquid. The phenomenon of
viscosity increasing with pressure and the possibility of lubricant failure by fracture rather
than viscous shear is often observed but not always recognized. For example, when asphalt
or pitch is hit with a hammer it will shatter, on the other hand when placed on an incline it
will slowly flow.
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FIGURE 2.3 Evaluation of viscosity index [23].

A number of attempts have been made to develop a formula describing the relationship
between pressure and viscosity of lubricants. Some have been quite satisfactory, especially at
low pressures, while others have been quite complex and not easily applicable in practice.
The best known equation to calculate the viscosity of a lubricant at moderate pressures (close
to atmospheric) is the Barus equation [4,5]. The application of this equation to pressures
above 0.5 [GPa] can, however, lead to serious errors [6]. The equation becomes even more
unreliable if the ambient temperature is high. The Barus equation is of the form:

ηp = η0e
αp (2.9)

where:

ηp is the viscosity at pressure ‘p’ [Pas];

η0 is the atmospheric viscosity [Pas];

α is the pressure-viscosity coefficient [m2/N], which can be obtained by plotting the
natural logarithm of dynamic viscosity ‘η’ versus pressure ‘p’. The slope of the
graph is ‘α’;

p is the pressure of concern [Pa].

For higher pressures Chu et al. [7] suggested that the following formula can be used:

ηp = η0(1 + C × p)n (2.10)

where:
C, n are constants, ‘n’ is approximately 16 for most cases and ‘C’ can be obtained from

the diagram shown in Figure 2.4 [7,8].

The pressure-viscosity coefficient is a function of the molecular structure of the lubricant and
its physical characteristics such as molecular interlocking, molecular packing and rigidity and
viscosity-temperature characteristics.

There are various formulae available to calculate the pressure-viscosity coefficient. One of
the early ones was derived by Wooster [5]:

α  = (0.6 +  0.965log10η 0) × 10−8 (2.11)

where:

α is the pressure-viscosity coefficient [m2/N];
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η0 is the atmospheric viscosity [cP], i.e. 1[cP] = 10-3[Pas].

TABLE 2.2 Data for the evaluation of viscosity index [3].

   

2.00
2.10
2.20
2.30
2.40
2.50
2.60
2.70
2.80
2.90
3.00
3.10
3.20
3.30
3.40
3.50
3.60
3.70
3.80
3.90
4.00
4.10
4.20
4.30
4.40
4.50
4.60
4.70
4.80
4.90
5.00
5.10
5.20
5.30
5.40
5.50
5.60
5.70
5.80
5.90
6.00
6.10
6.20
6.30
6.40
6.50
6.60
6.70
6.80
6.90
7.00
7.10
7.20
7.30
7.40
7.50
7.60
7.70
7.80
7.90
8.00
8.10
8.20

7.994
8.640
9.309

10.00
10.71
11.45
12.21
13.00
13.80
14.63
15.49
16.36
17.26
18.18
19.12
20.09
21.08
22.09
23.13
24.19
25.32
26.50
27.75
29.07
30.48
31.96
33.52
35.13
36.79
38.50
40.23
41.99
43.76
45.53
47.31
49.09
50.87
52.64
54.42
56.20
57.97
59.74
61.52
63.32
65.18
67.12
69.16
71.29
73.48
75.72
78.00
80.25
82.39
84.53
86.66
88.85
91.04
93.20
95.43
97.72

100.0
102.3
104.6

6.394
6.894
7.410
7.944
8.496
9.063
9.647

10.25
10.87
11.50
12.15
12.82
13.51
14.21
14.93
15.66
16.42
17.19
17.97
18.77
19.56
20.37
21.21
22.05
22.92
23.81
24.71
25.63
26.57
27.53
28.49
29.46
30.43
31.40
32.37
33.34
34.32
35.29
36.26
37.23
38.19
39.17
40.15
41.13
42.14
43.18
44.24
45.33
46.44
47.51
48.57
49.61
50.69
51.78
52.88
53.98
55.09
56.20
57.31
58.45
59.60
60.74
61.89

8.30
8.40
8.50
8.60
8.70
8.80
8.90
9.00
9.10
9.20
9.30
9.40
9.50
9.60
9.70
9.80
9.90
10.0
10.1
10.2
10.3
10.4
10.5
10.6
10.7
10.8
10.9
11.0
11.1
11.2
11.3
11.4
11.5
11.6
11.7
11.8
11.9
12.0
12.1
12.2
12.3
12.4
12.5
12.6
12.7
12.8
12.9
13.0
13.1
13.2
13.3
13.4
13.5
13.6
13.7
13.8
13.9
14.0
14.1
14.2
14.3
14.4
14.5

106.9
109.2
111.5
113.9
116.2
118.5
120.9
123.3
125.7
128.0
130.4
132.8
135.3
137.7
140.1
142.7
145.2
147.7
150.3
152.9
155.4
158.0
160.6
163.2
165.8
168.5
171.2
173.9
176.6
179.4
182.1
184.9
187.6
190.4
193.3
196.2
199.0
201.9
204.8
207.8
210.7
213.6
216.6
219.6
222.6
225.7
228.8
231.9
235.0
238.1
241.2
244.3
247.4
250.6
253.8
257.0
260.1
263.3
266.6
269.8
273.0
276.3
279.6

63.05
64.18
65.32
66.48
67.64
68.79
69.94
71.10
72.27
73.42
74.57
75.73
76.91
78.08
79.27
80.46
81.67
82.87
84.08
85.30
86.51
87.72
88.95
90.19
91.40
92.65
93.92
95.19
96.45
97.71
98.97
100.2
101.5
102.8
104.1
105.4
106.7
108.0
109.4
110.7
112.0
113.3
114.7
116.0
117.4
118.7
120.1
121.5
122.9
124.2
125.6
127.0
128.4
129.8
131.2
132.6
134.0
135.4
136.8
138.2
139.6
141.0
142.4

14.6
14.7
14.8
14.9
15.0
15.1
15.2
15.3
15.4
15.5
15.6
15.7
15.8
15.9
16.0
16.1
16.2
16.3
16.4
16.5
16.6
16.7
16.8
16.9
17.0
17.1
17.2
17.3
17.4
17.5
17.6
17.7
17.8
17.9
18.0
18.1
18.2
18.3
18.4
18.5
18.6
18.7
18.8
18.9
19.0
19.1
19.2
19.3
19.4
19.5
19.6
19.7
19.8
19.9
20.0
20.2
20.4
20.6
20.8
21.0
21.2
21.4
21.6

283.0
286.4
289.7
293.0
296.5
300.0
303.4
306.9
310.3
313.9
317.5
321.1
324.6
328.3
331.9
335.5
339.2
342.9
346.6
350.3
354.1
358.0
361.7
365.6
369.4
373.3
377.1
381.0
384.9
388.9
392.7
396.7
400.7
404.6
408.6
412.6
416.7
420.7
424.9
429.0
433.2
437.3
441.5
445.7
449.9
454.2
458.4
462.7
467.0
471.3
475.7
479.7
483.9
488.6
493.2
501.5
510.8
519.9
528.8
538.4
547.5
556.7
566.4

143.9
145.3
146.8
148.2
149.7
151.2
152.6
154.1
155.6
157.0
158.6
160.1
161.6
163.1
164.6
166.1
167.7
169.2
170.7
172.3
173.8
175.4
177.0
178.6
180.2
181.7
183.3
184.9
186.5
188.1
189.7
191.3
192.9
194.6
196.2
197.8
199.4
201.0
202.6
204.3
205.9
207.6
209.3
211.0
212.7
214.4
216.1
217.7
219.4
221.1
222.8
224.5
226.2
227.7
229.5
233.0
236.4
240.1
243.5
247.1
250.7
254.2
257.8

21.8
22.0
22.2
22.4
22.6
22.8
23.0
23.2
23.4
23.6
23.8
24.0
24.2
24.4
24.6
24.8
25.0
25.2
25.4
25.6
25.8
26.0
26.2
26.4
26.6
26.8
27.0
27.2
27.4
27.6
27.8
28.0
28.2
28.4
28.6
28.8
23.0
29.2
29.4
29.6
29.8
30.0
30.5
31.0
31.5
32.0
32.5
33.0
33.5
34.0
34.5
35.0
35.5
36.0
36.5
37.0
37.5
38.0
38.5
39.0
39.5
40.0
40.5

575.6
585.2
595.0
604.3
614.2
624.1
633.6
643.4
653.8
663.3
673.7
683.9
694.5
704.2
714.9
725.7
736.5
747.2
758.2
769.3
779.7
790.4
801.6
812.8
824.1
835.5
847.0
857.5
869.0
880.6
892.3
904.1
915.8
927.6
938.6
951.2
963.4
975.4
987.1
998.9
1011
1023
1055
1086
1119
1151
1184
1217
1251
1286
1321
1356
1391
1427
1464
1501
1538
1575
1613
1651
1691
1730
1770

261.5
264.9
268.6
272.3
275.8
279.6
283.3
286.8
290.5
294.4
297.9
301.8
305.6
309.4
313.0
317.0
320.9
324.9
328.8
332.7
336.7
340.5
344.4
348.4
352.3
356.4
360.5
364.6
368.3
372.3
376.4
380.6
384.6
388.8
393.0
396.6
401.1
405.3
409.5
413.5
417.6
421.7
432.4
443.2
454.0
464.9
475.9
487.0
498.1
509.6
521.1
532.5
544.0
555.6
567.1
579.3
591.3
603.1
615.0
627.1
639.2
651.8
664.2

41.0
41.5
42.0
42.5
43.0
43.5
44.0
44.5
45.0
45.5
46.0
46.5
47.0
47.5
48.0
48.5
49.0
49.5
50.0
50.5
51.0
51.5
52.0
52.5
53.0
53.5
54.0
54.5
55.0
55.5
56.0
56.5
57.0
57.5
58.0
58.5
59.0
59.5
60.0
60.5
61.0
61.5
62.0
62.5
63.0
63.5
64.0
64.5
65.0
65.5
66.0
66.5
67.0
67.5
68.0
68.5
69.0
69.5
70.0

1810
1851
1892
1935
1978
2021
2064
2108
2152
2197
2243
2288
2333
2380
2426
2473
2521
2570
2618
2667
2717
2767
2817
2867
2918
2969
3020
3073
3126
3180
3233
3286
3340
3396
3452
3507
3563
3619
3676
3734
3792
3850
3908
3966
4026
4087
4147
4207
4268
4329
4392
4455
4517
4580
4645
4709
4773
4839
4905

676.6
689.1
701.9
714.9
728.2
741.3
754.4
767.6
780.9
794.5
808.2
821.9
835.5
849.2
863.0
876.9
890.9
905.3
919.6
933.6
948.2
962.9
977.5
992.1
1007
1021
1036
1051
1066
1082
1097
1112
1127
1143
1159
1175
1190
1206
1222
1238
1254
1270
1286
1303
1319
1336
1352
1369
1386
1402
1419
1436
1454
1471
1488
1506
1523
1541
1558

υ100 L H υ100 L H υ100 L H υ100 L H υ100 L H

υ100 is the kinematic viscosity of the oil of interest at 100°C in [cS].

Although this exponential law fits most lubricants it is not particularly accurate. There are
also other equations for the calculation of the pressure-viscosity coefficient available in the
literature. It is often reported that some of these equations are accurate for certain fluids but
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unsuitable for others. One of the best formulae for the analytical determination of the
pressure-viscosity coefficient is the empirical expression developed by So and Klaus [9]. A
combination of linear and nonlinear regression analyses with atmospheric viscosity, density
and the viscosity temperature property (modified ASTM slope) was applied to obtain the
following expression:

α  = 1.216+4.143×(log10υ 0)
3.0627+2.848×10−4×b5.1903(log10υ 0)

1.5976−3.999× (log10υ 0)
3.0975ρ0.1162

(2.12)

where:

α is the pressure-viscosity coefficient [× 10-8 m2/N];

υ0 is the kinematic viscosity at the temperature of interest [cS];

b is the ASTM slope of a lubricant divided by 0.2;

ρ is the atmospheric density at the temperature of interest in [g/cm3].
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FIGURE 2.4 Graph for the determination of the constant ‘C’ (adapted from [8]).

One of the problems associated with available formulae is that they only allow the accurate
calculation of pressure-viscosity coefficients at low shear rates. In many engineering
applications, especially in the heavily loaded concentrated contacts however, the lubricant
operates under very high shear rates and the precise values of the pressure-viscosity
coefficient are needed for the evaluation of the minimum film thickness. An accurate value
of this coefficient can be determined experimentally and this problem is discussed later.

If an accurate analytical formula could be developed it would certainly be useful. It could
provide a relationship between the fundamental parameters of the lubricant and the
pressure-viscosity coefficient as opposed to being a strictly empirical equation. This would
open up the possibilities of modifying the chemical make up of the lubricant in order to
achieve the desired pressure-viscosity coefficient for specific applications. A limited attempt
to find such a relationship was reported by Johnston [15].
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The rise in viscosity with pressure varies between oils, and there is a considerable difference
between paraffinic and naphthenic oils. The pressure-viscosity coefficient of the Barus
equation or ‘alpha value’ has a value between 1.5 - 2.4 × 10-8 [m2/N] for paraffinic oils, and a
value between 2.5 - 3.5 × 10-8 [m2/N] for aromatic oils according to Klamann [16]. For aromatic
extracts of oil, the pressure-viscosity coefficient is much higher, but this is of limited practical
significance. The value of the pressure-viscosity coefficient is in general reduced at higher
temperatures, with naphthenic oils being the most severely affected. In some cases even at
80°C there is a substantial reduction in the pressure-viscosity coefficient. This effect is not so
pronounced in paraffinic oils, thus they usually generate more stable lubricating films over
the wide temperature range, from ambient to typical bearing and gear temperatures. Water,
by contrast shows only a small rise, almost negligible, in viscosity with pressure. More
interestingly, at temperatures close to its freezing point it shows a decline in viscosity with
pressure [17,18]. Obviously, water is not a particularly good lubricant, although it can function
surprisingly well in some applications.

There are many other formulae for viscosity-pressure relationships. A short review of some
of the empirical formulae for the viscosity-pressure relationships is given in [9,10]. These
formulae allow for the calculations of viscosity changes with pressure under various
conditions and to various degrees of accuracy.

An expression which is suitable for computing was initially proposed by Roelands [11,12] and
developed further by Houpert [12,13]. To calculate lubricant viscosity at a specific pressure a
particular form of the Barus equation was proposed:

ηR = η0e
α*p (2.13)

where:

ηR is the viscosity at pressure ‘p’ and temperature ‘θ’ [Pas];

η0 is the atmospheric viscosity [Pas];

α* is the Roelands pressure-viscosity coefficient which is a function of both ‘p’ and
‘θ’ [m2/N];

p is the pressure of interest [Pa].

The Roelands pressure-viscosity coefficient ‘α*’ can be calculated from the formula:
  

α p =  [ln η {( (1 +  5.1× 10 p) −  1∗
0

+ 9.67] (θ − 138

θ − 1380

−S0
−9 Z { (2.14)

where:

θ0 is a reference or ambient temperature [K];

η0 is the atmospheric viscosity [Pas];

Z , S0 are constants, characteristic for a specific oil, independent of temperature and
pressure. These constants can be calculated from the following formulae [12]:

α

0

−9
Z =

5.1 × 10 η +  9.67]

β(θ  − 138)

0

S =
ln η +  9.67

0

0

[ln
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where:

α is the pressure-viscosity coefficient [m2/N];

β is given by the following expression [12,13]:
   

β =  [ln η  [0
+  9.67] [S

(θ − 138)
0

[1 +  5.1 ×  10 p]
− 9 Z 0

The above formula appears to be more comprehensive than the others since it takes into
account the simultaneous effects of temperature and pressure. The ‘α’ values and dynamic
viscosity ‘η0’ for some commonly used lubricants are given in Table 2.3 [12,14].

TABLE 2.3 Dynamic viscosity and pressure-viscosity coefficients of some commonly used
lubricants (adapted from [12]).

  

Dynamic viscosity η
Pressure-viscositymeasured at

coefficientatmospheric pressure
[ × 10-9  m /N][ × 10-3  Pas]

30°C 60°C 100°C 30°C 60°C 100°C

Light machine oil 38 12.1 5.3 - 18.4 13.4
Heavy machine oil 153 34 9.1 23.7 20.5 15.8
Heavy machine oil 250 50.5 12.6 25.0 21.3 17.6
Cylinder oil 810 135 26.8 34 28 22

Spindle oil 18.6 6.3 2.4 20 16 13
Light machine oil 45 12 3.9 28 20 16
Medicinal white oil 107 23.3 6.4 29.6 22.8 17.8
Heavy machine oil 122 26.3 7.3 27.0 21.6 17.5
Heavy machine oil 171 31 7.5 28 23 18

Spindle oil 30.7 8.6 3.1 25.7 20.3 15.4
Heavy machine oil 165 30.0 6.8 33.0 23.8 16.0
Heavy machine oil 310 44.2 9.4 34.6 26.3 19.5
Cylinder oil 2000 180 24 41.5 29.4 25.0

Water 0.80 0.47 0.28 0 0 0
Ethylene oxide-
      propylene oxide copolymer 204 62.5 22.5 17.6 14.3 12.2
Castor oil 360 80 18.0 15.9 14.4 12.3
Di(2-ethylhexyl) phthalate 43.5 11.6 4.05 20.8 16.6 13.5
Glycerol (glycerine) 535 73 13.9 5.9 5.5 3.6
Polypropylene glycol 750 82.3 - - 17.8 - -
Polypropylene glycol 1500 177 - - 17.4 - -
Tri-arylphosphate ester 25.5 - - 31.6 - -

Lubricants

High VI oils

Medium VI oils

Low VI oils

Other fluids and lubricants

α
2

0
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2.6 VISCOSITY-SHEAR RATE RELATIONSHIP

From the engineering view point, it is essential to know the value of the lubricant viscosity
at a specific shear rate. For simplicity it is usually assumed that the fluids are Newtonian, i.e.
their viscosity is proportional to shear rate as shown in Figure 2.5.
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FIGURE 2.5 Shear stress - shear rate characteristic of a Newtonian fluid.

For pure mineral oils this is usually true up to relatively large shear rates of 105
 - 106

 [s-1] [31],
but at the higher shear rates frequently encountered in engineering applications this
proportionality is lost and the lubricant begins to behave as a non-Newtonian fluid. In these
fluids the viscosity depends on shear rate, that is the fluids do not have a single value of
viscosity over the range of shear rates. Non-Newtonian behaviour is, in general, a function
of the structural complexity of a fluid. For example, liquids like water, benzene and light oils
are Newtonian. These fluids have a loose molecular structure which is not affected by
shearing action. On the other hand the fluids in which the suspended molecules form a
structure which interferes with the shearing of the suspension medium are considered to be
non-Newtonian. Typical examples of such fluids are water-oil emulsions, polymer thickened
oils and, in extreme cases, greases. The non-Newtonian behaviour of some selected fluids is
shown in Figure 2.6.
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FIGURE 2.6 Viscosity - shear rate characteristics for some non-Newtonian fluids.

There are two types of non-Newtonian behaviour which are important from the engineering
viewpoint: pseudoplastic and thixotropic behaviour.

Pseudoplastic Behaviour

Pseudoplastic behaviour is also known in the literature as shear thinning and is associated
with the thinning of the fluid as the shear rate increases. This is illustrated in Figure 2.7.
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During the process of shearing in polymer fluids, long molecules which are randomly
orientated and with no connected structure, tend to align giving a reduction in apparent
viscosity. In emulsions a drop in viscosity is due to orientation and deformation of the
emulsion particles. The process is usually reversible. Multigrade oils are particularly
susceptible to this type of behaviour; they shear thin with increased shear rates, as shown in
Figure 2.8 [38].
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FIGURE 2.7 Pseudoplastic behaviour.

The opposite phenomenon to pseudoplastic behaviour, i.e. thickening of the fluid when
shear rate is increased, is dilatancy. Dilatant fluids are usually suspensions with a high solid
content. The increase in viscosity with the shear rates is attributed to the rearranging of the
particles suspended in the fluid, resulting in the dilation of voids between the particles. This
behaviour can be related to the arrangement of the fluid molecules. The theory is that in the
non-shear condition molecules adopt a close packed formation which gives the minimum
volume of voids. When the shear is applied the molecules move to an open pack formation
dilating the voids. As a result, there is an insufficient amount of fluid to fill the voids giving
an increased resistance to flow. An analogy to such fluids can be found when walking on wet
sand where footprints are always dry.
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FIGURE 2.8 Pseudoplastic behaviour of lubricating oils [38].
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Thixotropic Behaviour

Thixotropic behaviour, also known in the literature as shear duration thinning, is shown in
Figure 2.9. It is associated with a loss of consistency of the fluid as the duration of shear
increases. During the process of shearing, it is thought that the thixotropic fluids have a
structure which is being broken down. The destruction of the fluid structure progresses with
time, giving a reduction in apparent viscosity, until a certain balance is reached where the
structure rebuilds itself at the same rate as it is destroyed. At this stage the apparent viscosity
attains a steady value. In some cases the process is reversible, i.e. viscosity returns to its
original value when shear is removed, but permanent viscosity loss is also possible.
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FIGURE 2.9 Thixotropic behaviour.

A converse effect to thixotropic behaviour, i.e. thickening of the fluid with the duration of
shearing, can also occur with some fluids. This phenomenon is known in the literature as
inverse thixotropy or rheopectic behaviour [19]. An example of a fluid with such properties is
synovial fluid, a natural lubricant found in human and animal joints. It was found that the
viscosity of synovial fluid increases with the duration of shearing [20,39]. It seems that the
longer the duration of shearing the better the lubricating film which is generated by the body.

2.7 VISCOSITY MEASUREMENTS

Various viscosity measurement techniques and instruments have been developed over the
years. The most commonly used in engineering applications are capillary and rotational
viscometers. In general, capillary viscometers are suitable for fluids with negligible non-
Newtonian effects and rotational viscometers are suitable for fluids with significant non-
Newtonian effects. Some of the viscometers have a special heating bath built-in, in order to
control and measure the temperature, so that the viscosity-temperature characteristics can be
obtained. In most cases water is used in the heating bath. Water is suitable for the
temperature range between 0° to 99°C. For higher temperatures mineral oils are used and for
low temperatures down to -54°C, ethyl alcohol or acetone is used.

Capillary Viscometers

Capillary viscometers are based on the principle that a specific volume of fluid will flow
through the capillary (ASTM D445, ASTM D2161). The time necessary for this volume of
fluid to flow gives the ‘kinematic viscosity’. Flow through the capillary must be laminar and
the deductions are based on Poiseuille’s law for steady viscous flow in a pipe. There is a
number of such viscometers available and some of them are shown in Figure 2.10.

Assuming that the fluids are Newtonian, and neglecting end effects, the kinematic viscosity
can be calculated from the formula:
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υ  = πr4glt / 8LV = k(t2 −  t1) (2.15)

where:

υ is the kinematic viscosity [m2/s];

r is the capillary radius [m];

l is the mean hydrostatic head [m];

g is the earth acceleration [m/s2];

L is the capillary length [m];

V is the flow volume of the fluid [m3];

t is the flow time through the capillary, t = (t2 − t1), [s];

k is the capillary constant which has to be determined experimentally by applying
a reference fluid with known viscosity, e.g. by applying freshly distilled water.
The capillary constant is usually given by the manufacturer of the viscometer.
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FIGURE 2.10 Typical capillary viscometers (adapted from [23]).

In order to measure the viscosity of the fluid by one of the viscometers shown in Figure 2.10,
the container is filled with oil between the etched lines. The measurement is then made by
timing the period required for the oil meniscus to flow from the first to the second timing
mark. This is measured with an accuracy to within 0.1 [s].

Kinematic viscosity can also be measured by so called ‘short tube’ viscometers. In the
literature they are also known as efflux viscometers. As in the previously described
viscometers, viscosity is determined by measuring the time necessary for a given volume of
fluid to discharge under gravity through a short tube orifice in the base of the instrument.
The most commonly used viscometers are Redwood, Saybolt and Engler. The operation
principle of these viscometers is the same, and they only differ by the orifice dimensions and
the volume of fluid discharged. Redwood viscometers are used in the United Kingdom,
Saybolt in Europe and Engler mainly in former Eastern Europe. The viscosities measured by
these viscometers are quoted in terms of the time necessary for the discharge of a certain
volume of fluid. Hence the viscosity is sometimes found as being quoted in Redwood and
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Saybolt seconds. The viscosity measured on Engler viscometers is quoted in Engler degrees,
which is the time for the fluid to discharge divided by the discharge time of the same volume
of water at the same temperature. Redwood and Saybolt seconds and Engler degrees can
easily be converted into centistokes as shown in Figure 2.11. These particular types of
viscometers, are gradually becoming obsolete, since they do not easily provide calculable
viscosity. A typical short tube viscometer is shown in Figure 2.12.

In order to extend the range of kinematic, Saybolt Universal, Redwood No. 1 and Engler
viscosity scales only (Figure 2.11), a simple operation is performed. The viscosities on these
scales which correspond to the viscosity between 100 and 1000 [cS] on the kinematic scale are
multiplied by a factor of 10 and this gives the required extension. For example:

4000 [cS] = 400 [cS] ×  10 ≈  1850 [SUS] ×  10 = 18500 [SUS] ≈  51 [Engler] ×  10 = 510 [Engler]
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FIGURE 2.11 Viscosity conversion chart (compiled by Texaco Inc.).

Rotational Viscometers

Rotational viscometers are based on the principle that the fluid whose viscosity is being
measured is sheared between two surfaces (ASTM D2983). In these viscometers one of the
surfaces is stationary and the other is rotated by an external drive and the fluid fills the space
in between. The measurements are conducted by applying either a constant torque and
measuring the changes in the speed of rotation or applying a constant speed and measuring
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the changes in the torque. These viscometers give the ‘dynamic viscosity’. There are two
main types of these viscometers: rotating cylinder and cone-on-plate viscometers.

 

Stopper

Capillary
tube

L
ub

ri
ca

nt
sa

m
pl

e

Water
bath

Overflow
rim

FIGURE 2.12 Schematic diagram of a short tube viscometer.

· Rotating Cylinder Viscometer

The rotating cylinder viscometer, also known as a ‘Couette viscometer’, consists of two
concentric cylinders with an annular clearance filled with fluid as shown in Figure 2.13. The
inside cylinder is stationary and the outside cylinder rotates at constant velocity. The force
necessary to shear the fluid between the cylinders is measured. The velocity of the cylinder
can be varied so that the changes in viscosity of the fluid with shear rate can be assessed. Care
needs to be taken with non-Newtonian fluids as these viscometers are calibrated for
Newtonian fluids. Different cylinders with a range of radial clearances are used for different
fluids. For Newtonian fluids the dynamic viscosity can be estimated from the formula:

η = M(1/rb
2 − 1/rc

2) / 4πdω  = kM / ω (2.16)

where:

η is the dynamic viscosity [Pas];

rb, rc are the radii of the inner and outer cylinders respectively [m];

M is the shear torque on the inner cylinder [Nm];

ω is the angular velocity [rad/s];

d is the immersion depth of the inner cylinder [m];

k is the viscometer constant, supplied usually by the manufacturer for each pair of
cylinders [m-3].

When motor oils are used in European and North American conditions, the oil viscosity
data at -18°C is required in order to assess the ease with which the engine starts. A specially
adapted rotating cylinder viscometer, known in the literature as the ‘Cold Cranking
Simulator’ (CCS), is used for this purpose (ASTM D2602). The schematic diagram of this
viscometer is shown in Figure 2.14.
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FIGURE 2.13 Schematic diagram of a rotating cylinder viscometer.
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FIGURE 2.14 Schematic diagram of a cold cranking simulator.

The inner cylinder is rotated at constant power in the cooled lubricant sample of volume
about 5 [ml]. The viscosity of the oil sample tested is assessed by comparing the rotational
speed of the test oil with the rotational speed of the reference oil under the same conditions.
The measurements provide an indication of the ease with which the engine will turn at low
temperatures and with limited available starting power. In the case of very viscous fluids,
two cylinder arrangements with a small clearance might be impractical because of the very
high viscous resistance; thus a single cylinder is rotated in a fluid and measurements are
calibrated against measurements obtained with reference fluids.

· Cone on Plate Viscometer

The cone on plate viscometer consists of a conical surface and a flat plate. Either of these
surfaces can be rotated. The clearance between the cone and the plate is filled with the fluid
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and the cone angle ensures a constant shear rate in the clearance space. The advantage of this
viscometer is that a very small sample volume of fluid is required for the test. In some of
these viscometers, the temperature of the fluid sample is controlled during tests. This is
achieved by circulating pre-heated or cooled external fluid through the plate of the
viscometer. These viscometers can be used with both Newtonian and non-Newtonian fluids
as the shear rate is approximately constant across the gap. The schematic diagram of this
viscometer is shown in Figure 2.15.

The dynamic viscosity can be estimated from the formula:

η  = 3Mαcos2α(1 − α2/2) / 2πωr3 = kM / ω (2.17)

where:

η is the dynamic viscosity [Pas];

r is the radius of the cone [m];

M is the shear torque on the cone [Nm];

ω is the angular velocity [rad/s];

α is the cone angle [rad];

k is the viscometer constant, usually supplied by the manufacturer [m-3].
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FIGURE 2.15 Schematic diagram of a cone on plate viscometer.

Other Viscometers

Many other types of viscometers, based on different principles of measurement, are also
available. Most commonly used in many laboratories is the ‘Falling Ball Viscometer’. A glass
tube is filled with the fluid to be tested and then a steel ball is dropped into the tube. The
measurement is then made by timing the period required for the ball to fall from the first to
the second timing mark, etched on the tube. The time is measured with an accuracy to
within 0.1 [s]. This viscometer can also be used for the determination of viscosity changes
under pressure and its schematic diagram is shown in Figure 2.16.

The dynamic viscosity can be estimated from the formula:
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η  = 2r2(ρb
 −  ρ)gF / 9v (2.18)

where:

η is the dynamic viscosity [Pas];

r is the radius of the ball [m];

ρb is the density of the ball [kg/m3];

ρ is the density of the fluid [kg/m3];

g is the gravitational constant [m/s2];

v is the velocity of the ball [m/s];

F is the correction factor.
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FIGURE 2.16 Schematic diagram of a ‘Falling Ball Viscometer’.

The correction factor can be calculated from the formula given by Faxen [19]:

F = 1 −  2.104(d/D) +  2.09(d/D)3 −  0.9(d/D)5 (2.19)

where:

d is the diameter of the ball [m];

D is the internal diameter of the tube [m].

There are also many other more specialized viscometers designed to perform viscosity
measurements, e.g. under high pressures, on very small volumes of fluid, etc. They are
described in more specialized literature [e.g. 21].

2.8 VISCOSITY OF MIXTURES

In industrial practice it might be necessary to mix two similar fluids of different viscosities in
order to achieve a mixture of a certain viscosity. The question is, how much of fluid ‘A ’
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should be mixed with fluid ‘B’. This can simply be worked out by using ASTM viscosity
paper with linear abscissa representing percentage quantities of each of the fluids. The
viscosity of each of the fluids at the same temperature is marked on the ordinate on each side
of the graph as shown in Figure 2.17. A straight line is drawn between these points and
intersects a horizontal line which corresponds to the required viscosity. A vertical line drawn
from the point of intersection crosses the abscissa, indicating the proportions needed of the
two fluids. In the example of Figure 2.17, 20% of the less viscous component is mixed with
80% of the more viscous component to give the ‘required viscosity’.
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FIGURE 2.17 Determining the viscosity of a mixture.

2.9 OIL VISCOSITY CLASSIFICATION

There are several widely used oil viscosity classifications. The most commonly used are SAE
(Society of Automotive Engineers), ISO (International Organization for Standardization) and
military specifications.

SAE Viscosity Classification

The oils used in combustion engines and power transmissions are graded according to SAE
J300 and SAE J306 classifications respectively. A recent SAE classification establishes eleven
engine oil and seven transmission oil grades [34,35]. The engine oil viscosities for different
SAE grades are shown in Table 2.4.

Note that the viscosity in column 2 (Table 2.4) is the dynamic viscosity while column 3
shows the kinematic viscosity. The low temperature viscosity was measured by the ‘cold-
cranking simulator’ and is an indicator of cold weather starting ability. The viscosity
measurements at 100°C are related to the normal operating temperature of the engine. The
oils without a ‘W’ suffix are called ‘monograde oils’ since they meet only one SAE grade. The
oils with a ‘W ’ suffix, which stands for ‘winter’, have good cold starting capabilities. For
climates where the temperature regularly drops below zero Celsius, engine and transmission
oils are formulated in such a manner that they give low resistance at start, i.e. their viscosity
is low at the starting temperature. Such oils have a higher viscosity index, achieved by
adding viscosity improvers (polymeric additives) to the oil and are called ‘multigrade oils’.
For example, SAE 20W/50 has a viscosity of SAE 20 at -18°C and viscosity of SAE 50 at 100°C
as is illustrated in Figure 2.18. The problem associated with the use of multigrade oils is that
they usually shear thin, i.e. their viscosity drops significantly with increased shear rates due
to polymeric additives added. This has to be taken into account when designing machine
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components lubricated by these oils. The drop in viscosity can be significant, and with some
viscosity improvers even a permanent viscosity loss at high shear rates may occur due to the
breaking up of molecules into smaller units. The viscosity loss affects the thickness of the
lubricating film and subsequently affects the performance of the machine.

TABLE 2.4 SAE classification of engine oils [34].

SAE
viscosity

grade
Viscosity [cP] at temp [°C] max Kinematic viscosity [cS]

at 100°C

min max

0W 3 250 3.8at -30 -

5W 3 500 3.8at -25 -

10W 3 500 4.1at -20 -

15W 3 500 5.6at -15 -

20W 4 500 5.6at -10 -

25W 6 000 9.3at -5 -

20 5.6- < 9.3

30 9.3- < 12.5

40 12.5- < 16.3

50 16.3- < 21.9

60 21.9- < 26.1
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FIGURE 2.18 Viscosity-temperature graph for some monograde and multigrade oils (not to
scale, adapted from [12]).

SAE classification of transmission oils is very similar to that of engine oils. The only
difference is that the winter grade is defined by the temperature at which the oil reaches the
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viscosity of 150,000 [cP]. This is the maximum oil viscosity which can be used without
causing damage to gears. The classification also permits multigrading. The transmission oil
viscosities for different SAE grades are shown in Table 2.5 [35].

TABLE 2.5 SAE classification of transmission oils [35].

SAE
viscosity grade

Max. temp. for viscosity
of 150 000 cP [°C]

Kinematic viscosity [cS]
at 100°C

min max

75W 4.1-40 -

80W 7.0-26 -

85W 11.0-12 -

90 13.5- < 24.0

140 24.0- < 41.0

250 41.0- -

70W 4.1-55 -

It should also be noted that transmission oils have higher classification numbers than engine
oils. As can be seen from Figure 2.19 this does not mean that they are more viscous than the
engine oils. The higher numbers simply make it easier to differentiate between engine and
transmission oils.

5 10 15 20 25

75W 80W 85W 90

20 30 40 50

Transmission oils

Engine oils

Kinematic viscosity at 100°C [cS]

FIGURE 2.19 Comparison of SAE grades of engine and transmission oils.

ISO Viscosity Classification

The ISO (International Standards Organization) viscosity classification system was developed
in the USA by the American Society of Lubrication Engineers (ASLE) and in the United
Kingdom by The British Standards Institution (BSI) for all industrial lubrication fluids. It is
now commonly used throughout industry. The industrial oil viscosities for different ISO
viscosity grade numbers are shown in Table 2.6 [36] (ISO 3448).

2.10 LUBRICANT DENSITY AND SPECIFIC GRAVITY

Lubricant density is important in engineering calculations and sometimes offers a simple
way of identifying lubricants. Density or specific gravity is often used to characterize crude
oils. It gives a rough idea of the amount of gasoline and kerosene present in the crude. The
oil density, however, is often confused with specific gravity.

Specific gravity is defined as the ratio of the mass of a given volume of oil at temperature ‘t1’
to the mass of an equal volume of pure water at temperature ‘t2’ (ASTM D941, D1217, D1298).
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TABLE 2.6 ISO classification of industrial oils [36].

  

Kinematic viscosity
limits [cSt] at 40°C

ISO
viscosity

grade
min. midpoint max.

ISO VG 2 1.98 2.2 2.42
ISO VG 3 2.88 3.2 3.52
ISO VG 5 4.14 4.6 5.06
ISO VG 7 6.12 6.8 7.48
ISO VG 10 9.00 10 11.0
ISO VG 15 13.5 15 16.5
ISO VG 22 19.8 22 24.2
ISO VG 32 28.8 32 35.2
ISO VG 46 41.4 46 50.6
ISO VG 68 61.2 68 74.8
ISO VG 100 90.0 100 110
ISO VG 150 135 150 165
ISO VG 220 198 220 242
ISO VG 320 288 320 352
ISO VG 460 414 460 506
ISO VG 680 612 680 748
ISO VG 1000 900 1000 1100
ISO VG 1500 1350 1500 1650

For petroleum products the specific gravity is usually quoted using the same temperature of
60°F (15.6°C).

Density, on the other hand, is the mass of a given volume of oil [kg/m3].

In the petroleum industry an API (American Petroleum Institute) unit is used which is a
derivative of the conventional specific gravity. The API scale is expressed in degrees which in
some cases are more convenient to use than the specific gravity readings. The API specific
gravity is defined as [23]:

Degrees API = (141.5 / s) −  131.5 (2.20)

where:

s is the specific gravity at 15.6°C (60°F).

As mentioned already the density of a typical mineral oil is about 850 [kg/m3] and, since the
density of water is about 1000 [kg/m3], the specific gravity of mineral oils is typically 0.85.

2.11 THERMAL PROPERTIES OF LUBRICANTS

The most important thermal properties of lubricants are specific heat, thermal conductivity
and thermal diffusivity. These three parameters are important in assessing the heating effects
in lubrication, i.e. the cooling properties of the oil, the operating temperature of the surfaces,
etc. They are also important in bearing design.

Specific Heat

Specific heat varies linearly with temperature and rises with increasing polarity or hydrogen
bonding of the molecules. The specific heat of an oil is usually half that of water. For mineral
and synthetic hydrocarbon based lubricants, specific heat is in the range from about 1800
[J/kgK] at 0°C to about 3300 [J/kgK] at 400°C. For a rough estimation of specific heat, the
following formula can be used [5]:
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σ  =  (1.63 +  0.0034θ ) / s0 .5 (2.21)

where:

σ is the specific heat [kJ/kgK];

θ is the temperature of interest [°C];

s is the specific gravity at 15.6°C.

Thermal Conductivity

Thermal conductivity also varies linearly with the temperature and is affected by polarity
and hydrogen bonding of the molecules. The thermal conductivity of most of the mineral
and synthetic hydrocarbon based lubricants is in the range between 0.14 [W/mK] at 0°C to
0.11 [W/mK] at 400°C. For a rough estimation of a thermal conductivity the following
formula can be used [5]:

K =  (0.12 / s) ×  (1 −  1.667 ×  10 −4θ ) (2.22)

where:
K is the thermal conductivity [W/mK];

θ is the temperature of interest [°C];
s is the specific gravity at 15.6°C.

Thermal Diffusivity

Thermal diffusivity is the parameter describing the temperature propagation into the solids
which is defined as:

χ = K / ρσ (2.23)

where:

χ is the thermal diffusivity [m2/s];
K is the thermal conductivity [W/mK];

ρ is the density [kg/m3];

σ is the specific heat [J/kgK].

The values of density, specific heat, thermal conductivity and thermal diffusivity for some
typical materials are given in Table 2.7.

2.12 TEMPERATURE CHARACTERISTICS OF LUBRICANTS

The temperature characteristics are important in the selection of a lubricant for a specific
application. In addition the temperature range over which the lubricant can be used is of
extreme importance. At high temperatures, oils decompose or degrade, while at low
temperatures oils may become near solid or even freeze. Oils can be degraded by thermal
decomposition and oxidation. During service, oils may release deposits and lacquers on
contacting surfaces, form emulsions with water, or produce a foam when vigorously
churned. These effects are undesirable and have been the subject of intensive research. The
degradation of oil does not just affect the oil, but more importantly leads to damage of the
lubricated equipment. It may also cause detrimental secondary effects to the operating
machinery. A prime example of secondary damage is corrosion caused by the acidity of
oxidized oils. The most important thermal properties of a lubricant are its pour point, flash
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point, volatility, oxidation and thermal stability, surface tension, neutralization number and
carbon residue.

TABLE 2.7 Density, specific heat, thermal conductivity and thermal diffusivity values for
some typical materials.

Material

Specific
heat

at 20°C

Thermal
conductivity

at 100°C

Mineral oil 0.141 670

Water 0.584 184

Steel 46.7460

Bronze 50 - 65380

Brass 80 - 105380

230870

Thermal
diffusivity
at 100°C

Density
at 20°C
[kg/m3]

700 - 1 200

1 000

7 800

8 800

8 900

2 600

0.059 - 0.102

0.16

13.02

14.95 - 19.44

23.66 - 31.05

101.68Aluminium (pure)

Aluminium (alloy) 120 - 1708702 700 51.09 - 72.37

[ × 10-6  m2/s][W/mK][J/kgK]

Pour Point and Cloud Point

The pour point of an oil (ASTM D97, D2500) is the lowest temperature at which the oil will
just flow when it is cooled. In order to determine the pour point the oil is first heated to
ensure solution of all ingredients and elimination of any influence of past thermal
treatment. It is then cooled at a specific rate and, at decrements of 3°C, the container is tilted
to check for any movement. The temperature 3°C above the point at which the oil stops
moving is recorded as the pour point. This oil property is important in the lubrication of any
system exposed to low temperature, such as automotive engines, construction machines,
military and space applications. When oil ceases to flow this indicates that sufficient wax
crystallization has occurred or that the oil has reached a highly viscous state. At this stage
waxes or high molecular weight paraffins precipitate from the oil. The waxes form the
interlocking crystals which prevent the remaining oil from flowing. This is a critical point
since the successful operation of a machine depends on the continuous supply of oil to the
moving parts. The viscosity of the oil at the pour point is usually very large, i.e. several
hundred [Pas] [24], but the exact value is of little practical significance since what is important
is the minimum temperature at which the oil can be used.

The cloud point is the temperature at which paraffin wax and other materials begin to
precipitate. The onset of wax precipitation causes a distinct cloudiness or haze visible in the
bottom of the jar. This occurrence has some practical applications in capillary or wick fed
systems in which the forming wax may obstruct the oil flow. It is limited only to the
transparent fluids since measurement is based purely on observation. If the cloud point of an
oil is observed at a temperature higher than the pour point, the oil is said to have a ‘Wax
Pour Point’. If the pour point is reached without a cloud point the oil shows a simple
‘Viscosity Pour Point’.

There is also another critical temperature known as the ‘Flock Point’, which is primarily
limited to refrigerator oils. It is the temperature at which the oil separates from the mixture
which consists of 90% refrigerant and 10% oil. The Flock point provides an indication of how
the oil reacts with a refrigerant, such as Freon, at low temperature.
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Flash Point and Fire Point

The ‘flash point’ of the lubricant is the temperature at which its vapour will ignite. In order
to determine the flash point the oil is heated at a standard pressure to a temperature which is
just high enough to produce sufficient vapour to form an ignitable mixture with air. This is
the flash point. The ‘fire point’ of an oil is the temperature at which enough vapour is
produced to sustain burning after ignition. The schematic diagram of a flash and fire point
apparatus is shown in Figure 2.20.
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FIGURE 2.20 Schematic diagram of the flash and fire point apparatus.

Flash and fire points (ASTM D92, D93, D56, D1310) are very important from the safety view
point since they constitute the only factors which define the fire hazard of a lubricant. In
general, the flash point and fire point of oils increase with increasing molecular weight. For a
typical lubricating oil, the flash point is about 210°C whereas the fire point is about 230°C.

Volatility and Evaporation

In many applications the loss of lubricant due to evaporation can be significant. The
temperature has a controlling influence. At elevated temperatures in particular, oils may
become more viscous and greases tend to stiffen and eventually dry out because of
evaporation. Volatile components of the lubricant may be lost through evaporation resulting
in a significant increase in viscosity and a further temperature rise due to higher friction
which causes further oil losses due to evaporation. Volatility of lubricants is expressed as a
direct measure of evaporation losses (ASTM D2715). In order to determine the lubricant
volatility, a known quantity of lubricant is exposed in a vacuum thermal balance device. The
evaporated material is collected on a condensing surface and the decreasing weight of the
original material is expressed as a function of time. Depending on available equipment it is
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possible to obtain quantitative evaporation data together with some information on the
identity of the volatile products. Frequently the evaporation rates are determined at various
temperatures. The schematic diagram of the evaporation test apparatus is shown in Figure
2.21.

In this device a known quantity of oil is placed in a specially designed cup. The air enters the
periphery of the cup and flows across the surface of the sample and exits through the
centrally located tube. Prior to the test the cell is preheated to the required temperature in an
oil bath. The flow rate of air is about 2 [litres/min]. The cup is aerated for 22 hours then
cooled and weighed at the end of the test. The percentage of lost mass gives the evaporation
rate.

 

Flow-controlled
air supply

Constant-
temperature

Test
fluid

Air-tight
seal

Test
cup

bath

FIGURE 2.21 Schematic diagram of the evaporation test apparatus.

Oxidation Stability

Oxidation stability (ASTM D943, D2272, D2893, D1313, D2446) is the resistance of a lubricant to
molecular breakdown or rearrangement at elevated temperatures in the ordinary air
environment. Lubricating oils can oxidize when exposed to air, particularly at elevated
temperatures, and this has a very strong influence on the life of the oil. The rate of oxidation
depends on the degree of oil refinement, temperature, presence of metal catalysts and
operating conditions [25,26]. It increases with temperature.

Oxidation of oils is a complex process. Different compounds are being generated at different
temperatures. For example, at about 150°C organic acids are produced whereas at higher
temperatures aldehydes are formed [24]. The oxidation rates vary between different
compounds, as shown in the frame below.

Paraffins
Naphthenes
Aromatics

Most resistant

Asphaltenes
Unsaturates Least resistant
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One way of improving oxidation stability is to remove the hydrocarbon type aromatics and
molecules containing sulphur, oxygen, nitrogen, etc. This is achieved through refining. More
refined oil has better oxidation stability. It is also more expensive and has poorer boundary
lubrication characteristics, so the oil selection for a particular application is always a
compromise, depending on the type of job the oil is expected to perform. Oxidation can also
be controlled by additives which attack the hyperoxides formed in the initial stages of
oxidation or break the chain reaction mechanism by scavenging free radicals. The products of
oxidation usually consist of acidic compounds, sludge and lacquers. All of these compounds
cause oil to become more corrosive, more viscous and also cause the deposition of insoluble
products on working surfaces, restricting the flow of oil in operating units. This interferes
with the performance of the unit. Oxidation stability is a very important oil characteristic,
especially where extended life is required, e.g. turbines, transformers, hydraulic and heat
transfer units, etc. A lubricant with limited oxidation stability requires more frequent
maintenance or replacement resulting in higher operating costs. Under more severe
conditions the required oil changes may become more frequent, hence the operating costs
will even be higher. Many tests have been devised to assess the oxidation characteristics of
oils and there is no clear rationale for selecting a particular test [32]. Some of them have been
devised for specific applications, for example, the assessment of oxidation characteristics of
railway diesel engine lubricants [27]. In most test apparatus the oil is in contact with selected
catalysts and is exposed to air or oxygen and the effects are measured in terms of acid or
sludge formed, viscosity change, etc. A schematic diagram of a typical oxidation apparatus is
shown in Figure 2.22.

In this apparatus oxygen is passed through the oil sample placed in the reaction vessel. The
reaction vessel consists of a large test tube with a smaller central removable oxygen inlet tube
which supports the steel-copper catalyst coil. At the end of the tube there is a water cooled
condenser which returns the more volatile components to the reaction. About 300 [ml] of oil
together with 60 [ml] of distilled water is placed in the test tube. The flow rate of oxygen is
about 0.5 [litre/min] and the test is conducted at a temperature of 95°C. During the test acidic
compounds are produced in the tube, and the neutralization number determined at the end
of the test is a measure of oxidation stability of the oil. The tests are usually run over a
specific period of time. It has to be mentioned, however, that the ASTM oxidation tests are
still under revision [28] and new techniques are being developed. For example, Differential
Scanning Calorimetry has been employed to assess the oxidation stability of oils [e.g. 40-44].

Thermal Stability

When heated above a certain temperature oils will start to decompose, even if no oxygen is
present. Thermal stability is the resistance of the lubricant to molecular breakdown or
molecular rearrangement at elevated temperatures in the absence of oxygen. When heated
mineral oils break down to methane, ethane and ethylene. Thermal stability can be
improved by the refining process, but not by additives. It can be measured by placing the oil
in a closed vessel with a manometer monitoring the rate of pressure increase when the
container is heated at a specific rate under nitrogen atmosphere. Mineral oils with a
substantial percentage of C-C single bonds have a thermal stability limit of about 350°C.
Synthetic oils, in general, exhibit better oxidation stability than mineral oils. However there
can be exceptions. For example, synthetic hydrocarbons produced by the polymerization or
oligomerization process, although possessing the same basic structures as mineral oils, have
a thermal stability limit 28°C or more below that of mineral oils [22]. Lubricants with
aromatic linkages or with aromatic linkages and methyl groups as side chains exhibit a
thermal stability limit of about 460°C. The additives used for lubrication improvement
usually have a thermal stability below that of base oils. In general, thermal degradation of the
oil takes place at much higher temperatures than oxidation. Thus the maximum
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FIGURE 2.22 Schematic diagram of the oxidation test apparatus [23].

temperature at which an oil can be used is determined by its oxidation stability. In Figures
2.23 and 2.24 the relationships between lubricant life and temperature are shown for mineral
and synthetic oils respectively [29].

Surface Tension

Various lubricants generally show some differences in the degree of wetting and spreading
on surfaces. Furthermore even the same lubricant can show different wetting and spreading
characteristics depending on the degree of oxidation or on the modification of the lubricant
by additives. The phenomena of wetting and spreading are dependent on surface tension
(ASTM D971, D2285) which is especially sensitive to additives, e.g. less than 0.1 wt% of
silicone in mineral oil will reduce the surface tension of the oil to that of silicone [22]. Surface
and interfacial tension are related to the free energy of the surface, and the attraction between
the surface molecules is responsible for these phenomena. Surface tension refers to the free
energy at a gas-liquid interface, while interfacial tension takes place at the interface between
two immiscible liquids. Surface tension can be measured by the du Noy ring method (ASTM
D971). The schematic diagram of surface tension measurement principles is shown in Figure
2.25. It involves the measurement of the force necessary to detach the platinum wire ring
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FIGURE 2.24 Temperature-life limits for selected synthetic oils [29].

from the surface of the liquid. The surface tension is then calculated from the following
formula [22]:

σ s = F / 4πr (2.24)
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where:

σs is the surface tension [N/m];

F is the force [N];

r is the radius of the platinum ring [m].
  

F

Liquid
surface

Platinum
ring

r

FIGURE 2.25 Schematic diagram of surface tension measurement principles.

Typical values of surface tension for some basic fluids are shown in Table 2.8 [22]. Surface
tension is frequently used together with the neutralization number as a criterion for the oil
deterioration in transformers, hydraulic systems and turbines. Interfacial tension between
two immiscible liquids is approximately equal to the difference in the surface tension
between the two liquids.

TABLE 2.8 Surface tension of some basic fluids [22].

Surface tension
Fluid [   10   N/m]

Water 72
Mineral oils 30 - 35
Esters 30 - 35
Methylsilicone 20 - 22
Fluorochloro compounds 15 - 18
Perfluoropolyethers 19 - 21

-3×

Neutralization Number

The neutralization number of a lubricant (ASTM D974, D664) is the quantity in milligrams of
potassium hydroxide (KOH) per gram of oil necessary to neutralize acidic or alkaline
compounds present in the lubricant. The procedure described in D664 is the most popular
method for determining the acidic condition of the oil. The results are reported as a Total
Acid Number (TAN) for acidic oils and as a Total Base Number (TBN) for alkaline oils. TAN
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is expressed as the amount of potassium hydroxide in milligrams necessary to neutralize one
gram of oil. TBN is the amount of potassium hydroxide in milligrams necessary to
neutralize the hydrochloric acid (HCl) which would be required to remove the basicity in one
gram of oil. So, the TAN is a measure of acidic matter remaining in the oil and the TBN is
the measure of alkaline matter remaining in the oil. In general, TBN applies only to the oil
supplied with alkaline additives to suppress sulphur based acid formation in the presence of
low grade fuels such as diesel engine lubricants. Thus TBN is a negative measure of oil
acidity and a minimum value should be maintained. On the other hand the TAN number
applies to most oils since they are normally weakly acidic. During the test, the neutralizing
solution is added until all acid or alkaline ingredients are neutralized. The neutralization
number is useful in assessing changes in the lubricant that occur during service under
oxidizing conditions. It is frequently used in conjunction with the other parameters, such as
interfacial tension, in lubricant condition monitoring. The best test results are achieved in
systems which are relatively free of contaminants such as steam turbine generators,
transformers, hydraulic systems, etc. It can also be used in the condition monitoring of oils
operating in engines, compressors, gears and as cutting fluids. Usually a limiting
neutralization number is established as a criterion indicating when oil needs to be changed
or reclaimed.

Carbon Residue

At temperatures of 300°C or more in the absence of air, oils may decompose to produce low
molecular weight fragments from the large molecular weight species typically found in
mineral oils. The fragmented or ‘cracked’ hydrocarbon molecules either recombine to form
tarry deposits (asphaltenes) or are released to the atmosphere as volatile components [30].
The deposits are undesirable in almost all cases and most lubricating oils are tested for
deposit forming tendencies. The carbon residue (ASTM D189, D524) is determined by
weighing the residue after the oil has been heated to a high temperature in the absence of air.
The carbon residue parameter is of little importance in the case of synthetic oils because of
their good thermal stability. It is also infrequently used in characterizing well refined
lubricants.

2.13 OPTICAL PROPERTIES OF LUBRICANTS

Refractive Index

The refractive index (ASTM D1218, D1747) is defined as the ratio of the velocity of a specified
wavelength of light in air to that in the oil under test and it can be measured by an Abbe
refractometer. It is a function of temperature and pressure. The refractive index of very
viscous lubricants is measured at temperatures between 80 - 100°C and of typical oils at 20°C.
Refractive index is sensitive to oil composition and hence it is useful in characterizing base
stocks. It is very important in calculations of minimum film thickness in experiments
involving optical interferometry which is discussed later in Chapter 7. For most mineral oils,
the value of the refractive index at atmospheric pressure is about 1.51 [12]. It can also be
roughly estimated from the formula:

(n2 −  1) / (n2 +  2) =  ρc (2.25)

where:

n is the refractive index of the lubricant;

ρ is the oil lubricant density [g/cm3];

c is a constant. For example, for SAE 30, c = 0.33 [12].
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2.14 ADDITIVE COMPATIBILITY AND SOLUBILITY

The additives used in the lubricants should be compatible with each other and soluble in the
lubricant. These additive features are defined as additive compatibility and additive
solubility.

Additive Compatibility

Two or more additives in an oil are compatible if they do not react with each other and if
their individual properties are beneficial to the functioning of the system. It is usually
considered that additives are compatible if they do not give visible evidence of reacting
together, such as a change in colour or smell. This also refers to the compatibility of two or
more finished lubricants.

Lubricants should also be compatible with the materials of the components used in a specific
application. For example, mineral oils are incompatible with natural rubber, and phosphate
esters are incompatible with many different rubbers. Mineral oils give very poor
performance with red hot steels because they produce carburization whereas with rape-seed
oil this problem is avoided. In most industries these problems can be overcome by careful
selection of lubricants. On the other hand, in some industries like pharmaceutical and
foodstuffs where any lubricant leaks are not acceptable, process fluids might be used as
lubricants. For example, in sugar refining high viscosity syrups and molasses can be used, if
necessary, to lubricate the bearings, but they are in general poor lubricants and their use may
lead to severe problems.

Additive Solubility

The additive must dissolve well in petroleum products. It must remain dissolved over the
entire operating temperature range. Separation of an additive in storage or in service is
highly undesirable. For example, elemental sulphur could be used as an additive in extreme
conditions of temperature and pressure but it is insoluble in oil and it would separate during
storage and service.

2.15 LUBRICANT IMPURITIES AND CONTAMINANTS

Water Content

Water content (ASTM D95, D1744, D1533, D96) is the amount of water present in the
lubricant. It can be expressed as parts per million, percent by volume or percent by weight. It
can be measured by centrifuging, distillation and voltametry. The most popular, although
least accurate, method of water content assessment is the centrifuge test. In this method a
50% mixture of oil and solvent is centrifuged at a specified speed until the volumes of water
and sediment observed are stable. Apart from water, solids and other solubles are also
separated and the results obtained do not correlate well with those obtained by the other two
methods.

The distillation method is a little more accurate and involves distillation of oil mixed with
xylene. Any water which is present in the sample condenses in a graduated receiver.

The voltametry method is the most accurate. It employs electrometric titration, giving the
water concentration in parts per million.

Corrosion and oxidation behaviour of lubricants is critically related to water content. An oil
mixed with water gives an emulsion. An emulsion has a much lower load carrying capacity
than pure oil and lubricant failure followed by damage to the operating surfaces can result. In
general, in applications such as turbine oil systems, the limit on water content is below 0.2%
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and for hydraulic systems below 0.1%. In dielectric systems excessive water content has a
significant effect on dielectric breakdown. Usually the water content in such systems should
be kept below 35 [ppm].

Sulphur Content

Sulphur content (ASTM D1266, D129, D1662) is the amount of sulphur present in an oil. It
can have some beneficial, as well as some detrimental, effects on operating machinery.
Sulphur is a very good boundary agent which can effectively operate under extreme
conditions of pressure and temperature. On the other hand it is very corrosive. A commonly
used technique for the determination of sulphur content is the bomb oxidation technique. It
involves the ignition and combustion of a small oil sample under pressurised oxygen. The
sulphur from the products of combustion is extracted and weighed.

Ash Content

There is some quantity of incombustible material present in a lubricant which can be
determined by measuring the amount of ash remaining after combustion of the oil (ASTM
D482, D874). The contaminants may be wear products, solid decomposition products from a
fuel or lubricant, atmospheric dust entering through a filter, etc. Some of these contaminants
are removed by an oil filter but some settle into the oil. To determine the amount of
contaminant, the oil sample is burned in a specially designed vessel. The residue which
remains is then ashed in a high temperature muffle furnace and the result displayed as a
percentage of the original sample. The ash content is used as a means of monitoring the oils
for undesirable impurities and sometimes additives. In used oils it can also indicate
contaminants such as dirt, wear products, etc.

Chlorine Content

The amount of chlorine in a lubricant should be at some optimum level. Excess chlorine
causes corrosion whereas an insufficient amount of chlorine may cause wear and frictional
losses to increase. Chlorine content (ASTM D808, D1317) can be determined either by the
bomb test which provides the gravimetric evaluation, or by the volumetric test which gives
chlorine content, after converting with sodium metal to sodium chloride, by titrating with
silver nitride [22].

2.16 SOLUBILITY OF GASES IN OILS

Almost all gases are soluble in oil to a certain extent. Oxygen dissolved in oil affects friction
and wear of metal surfaces and this is discussed in the next chapters. Bubbles of gas (usually
air) which are released in the oil of hydraulic systems due to the drop in pressure, may cause
a drastic increase in the compressibility of the hydraulic fluid, affecting the overall
performance of the system.

The solubility of a gas in a liquid is calculated from the Ostwald coefficient, which is defined
as the ratio of the volume of dissolved gas to the volume of solvent liquid at the test
temperature and pressure. For example, if the Ostwald coefficient is equal to 0.2 then 5 litres
of oil will contain 0.2 × 5 = 1 litre of dissolved gas. The solubility of a gas in a liquid is usually
proportional to pressure, so that the Ostwald coefficient, defined in terms of the volume of
gas, remains constant. On the other hand, to define this coefficient in terms of mass would
require the introduction of a pressure proportionality parameter. Hence the coefficient
defined in terms of volume of gas is commonly used. The formulae necessary for the
evaluation of the Ostwald coefficient (ASTM D2779) are empirical and the procedure is
carried out in two steps.
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In the first step the Ostwald coefficient for a reference liquid which is only a function of
temperature is calculated from the formula:

Co,r = 0.3 × e[(0.639(700-T)/T) × ln(3.333Co,d)] (2.26)

where:

Co,r is the Ostwald coefficient of the reference liquid at the specified temperature;

T is the absolute temperature [K];

Co,d is the Ostwald coefficient for a specific gas dissolved in the reference liquid at
standard temperature (273K).

Next, the Ostwald coefficient for the lubricant of interest is evaluated based on the lubricant
density ‘ρ’ and the calculated reference fluid coefficient ‘Co,r’, i.e.:

C o =  7.70 ×  Co,r ×  (980 −  ρ) (2.27)

where:

ρ is the density of the oil in [kg/m3].

The Ostwald coefficients ‘Co,d’ for typical gases dissolved in hydrocarbons at the standard
temperature of 273K are shown in Table 2.9 [37].

TABLE 2.9 Ostwald coefficients ‘Co,d’ for typical gases dissolved in hydrocarbons at 273K [37].

  

Gas C

Helium 0.010

Neon 0.021

Hydrogen 0.039

Nitrogen 0.075

Air 0.095

Carbon monoxide 0.10

Oxygen 0.15

Argon 0.23

Methane 0.31

Carbon dioxide 1.0

Krypton 1.3

o,d

One of the serious limitations of the method above is that it is limited only to mineral oils. A
more general formula based on a combination of linear regression of experimental results
and detailed application of solvation theory has been developed by Beerbower [37]. Two new
parameters were introduced in the formula: a measure of the solvation capacity of the
lubricant ‘∂1’ and a gas solubility parameter ‘∂2’. The previously used formulae for the
determination of the Ostwald coefficient for a particular lubricant were replaced by the
following, single expression:

lnC0 =[0.0395(∂1−∂2)
2−2.66]×(1−273/T)−0.303∂1−0.0241(17.6−∂2)

2+5.731 (2.28)

Values of ‘∂1’ and ‘∂2’ parameters for some typical lubricants and gases are shown in Table 2.10
[37]. This formula gives good results for temperatures above 0°C (273K). At sub-zero
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temperatures, however, experimental confirmation of the calculated values would be
necessary.

It has to be pointed out that some gases such as oxygen are reactive to most hydrocarbons and
so are continuously absorbed by mineral oil instead of saturating to some equilibrium value.
This phenomenon is related to oil oxidation and will be discussed in the next chapter. The
solubility of gaseous oxygen, however, remains unaffected by the gradual oxidation process
until most of the oil changes its composition.

TABLE 2.10 Values of ‘∂1’ and ‘∂2’ parameters for some typical lubricants and gases [37].
   

Lubricant 1 Gas 2

[MPa0.5 ]

Di-2-ethylhexyl adipate 18.05 He 3.35

Di-2-ethylhexyl sebacate 17.94 Ne 3.87

Trimetholylpropane pelargonate 18.18 H2 5.52

Pentaerythritol caprylate 18.95 N2 6.04

Di-2-ethylhexyl phthalate 18.97 Air 6.69

Diphenoxy diphenylene ether 23.21 CO 7.47

Polychlorotrifluoro ethylene 15.19 O2 7.75

Polychlorotrifluoro ethylene 15.55 Ar 7.77

Polychlorotrifluoro ethylene 15.77 CH4 9.10

Dimethyl silicone 15.14 CO2 14.81

Methyl phenyl silicone 18.41 Kr 10.34

Perfluoropolyglycol 14.20

Tri-2-ethylhexyl phosphate 18.29

Tricresyl phosphate 18.82

∂
1 2

[MPa0.5 ]

∂

∂ ∂

EXAMPLE

Find the quantity of air that could be dissolved in one litre of dimethyl silicone oil at
100°C.

From Table 2.10, for dimethyl silicone oil ∂1 = 15.14 [MPa0.5] and for air ∂2 = 6.69 [MPa0.5].
Absolute oil temperature is 373K.

Substituting these values into the above equation yields the Ostwald coefficient of air in
dimethyl silicone at 373K, i.e.:

ln C0 =  [0.0395 ×  (15.14 −  6.69)2 −  2.66] ×  (1 −  273/373) −  0.303 ×  15.14 −  0.0241 ×

(17.60 −  6.69)2 +  5.731

=  (2.8204 −  2.66) ×  0.2681 −  4.5874 −  2.8686 +  5.731

= − 1.6820

C 0 =  0.1860

Which means that in every litre of dimethyl silicone oil, approximately 186 [ml] of air
can be dissolved at 100°C.
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2.17 SUMMARY

The fundamental physical properties of a lubricant which determine its lubrication and
performance characteristics have been discussed in this chapter. There are many other
parameters which describe the different physical properties of an oil, which can be found in
the literature. In most instances, however, the properties which are specified are those
mentioned above. The most frequently specified parameters are those which describe the
oil's lubrication characteristics and some of its main performance characteristics. In some
cases there might be little variation between oils for a given parameter, or sometimes the
importance of a particular parameter is not sufficiently appreciated. With the rapid
development of synthetic lubricants, there will most likely be more profound differences
between lubricants, and hence a greater range of specifications required. A greater
understanding of the lubrication mechanisms of oils could reveal even more controlling
parameters.
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L U B R I C A N T S3 A N D

T H E I R  C O M P O S I T I O N

3.1 INTRODUCTION

In the previous chapter physical properties of lubricants, specifically oils and greases, have
been outlined. The questions which remain, however, are, what is the chemical composition
of the lubricant? Will the lubricant’s composition differ depending on its application? What
is the basic make up of the oil used to lubricate machinery? It is readily appreciated that oil
manufacturers are so circumspect about the formulation of their products. The oil
ingredients are not listed on the lubricant containers as they are listed on the packaging of
most other products. How then, can one differentiate between various oils? What are the
differences between mineral and synthetic oils? What are the typical additives used in oils?
What is their purpose and mechanism of action? What is the composition and properties of
grease lubricants? In what applications are greases usually used? An engineer, as a potential
user of lubricants, should know the answers to these questions.

Oils can be of two different origins, biological and non-biological, and this provides a vast
array of hydrocarbon compounds. These substances are usually present as complex mixtures
and can be used for many other purposes besides lubrication, that is the control of wear and
friction. Modern technology places severe and varied demands on lubricants, so the selection
and formulation of appropriate mixtures of hydrocarbons for the purposes of lubrication is a
skilled and complex process. Most natural oils contain substances which can hinder their
lubrication properties, but they also contain compounds essential to the lubrication process.
Lubricants made from natural or mineral oils are partly refined and partly impure. The
balance between impurity and purity is critical to the oxidation stability of the oil and it
varies depending on the application of the lubricant. Chemicals which are deliberately added
to an oil in order to improve its properties are called additives. Additives can radically
change the properties of a lubricant and are essential to its overall performance. They also
dictate specific characteristics of the lubricant such as corrosion tendency, foaming, clotting,
oxidation, wear, friction and other properties.

There are two fundamental aspects of lubricant performance: achieving the required level of
friction and wear rates, and maintaining these standards in spite of continuous degradation
of the lubricant. Chemical reaction of the lubricant with atmospheric oxygen and water is
inevitable since the lubricant is essentially a hydrocarbon. Additives present in the oil also
deteriorate during operation since they react with the metallic parts of the machinery and
with the environment. The degradation of the lubricant is inevitable and must be postponed
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until the required lifetime is achieved. In fact, a large part of lubricant technology is devoted
to the preservation of lubricating oils when in use.

A typical lubricating oil is composed of 95% base stock and 5% additives. Base stock is the
term used to describe plain mineral oil. The physical properties of an oil depend on its base
stock. In most cases it is chemically inert. There are three sources of base stock: biological,
mineral and synthetic. The oils manufactured from these sources exhibit different properties
and they are suitable for different applications. For example:

· biological oils are suitable in applications where the risk of contamination must be
reduced to a minimum, for example, in the food or pharmaceutical industry. They
are usually applied to lubricate kilns, bakery ovens, etc. There can be two sources of
this type of oil: vegetable and animal. Examples of vegetable oils are: castor, palm
and rape-seed oils while the examples of animal oils are: sperm, fish and wool oils
from sheep (lanolin).

· mineral oils are the most commonly used lubricants throughout industry. They are
petroleum based and are used in applications where temperature requirements are
moderate. Typical applications of mineral oils are to gears, bearings, engines,
turbines, etc.

· synthetic oils are artificially developed substitutes for mineral oils. They are
specifically developed to provide lubricants with superior properties to mineral
oils. For example, temperature resistant synthetic oils are used in high performance
machinery operating at high temperatures. Synthetic oils for very low temperature
applications are also available.

Greases are not fundamentally different from oils. They consist of mineral or synthetic oil,
but the oil is trapped in minute pockets formed by soap fibres which constitute the internal
structure of the grease. Hence a grease is classified as ‘mineral’ or ‘synthetic’ according to the
base stock used in its production. Greases have been developed especially to provide semi-
permanent lubrication since the oil trapped in the fibrous structure is unable to flow away
from the contacting surfaces. For this reason greases are widely used in spite of certain
limitations in performance.

In this chapter the basic composition of mineral oils, synthetic oils and greases, such as their
base stocks and additives, are described. Their characteristics, properties and typical
applications are also outlined.

3.2 MINERAL OILS

Mineral oils are the most commonly used lubricants. They are manufactured from crude oil
which is mined in various parts of the world. There are certain advantages and
disadvantages of applying mineral oil to lubricate specific machinery, and these must be
carefully considered when selecting a lubricant and designing a lubrication system. The cost
of mineral oils is low and even with the rapid development of synthetic oils, solid lubricants
and wear resistant polymers, their continued use in many industries seems certain.

Sources of Mineral Oils

The commonly accepted hypothesis about the origins of mineral oils is the fossil fuel theory.
The theory states that the mineral oils are the result of decomposition of animal and plant
matter in salt water [1]. According to the theory the remains of dead plants and animals were
collected in sedimentary basins, especially in places where the rivers dump silt into the sea.
Over time they were buried and compressed. Under these conditions the organic matter
transformed into tar-like molecules called kerogen. As the temperature and pressure
increased the kerogen gradually transformed into the complex hydrocarbon molecules which
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are the basic constituents of crude oil. When the temperature and pressure became
sufficiently high methane was produced from the kerogen or crude oil and hence natural gas
is often found together with crude oil. About 60% of the known world oil resources are in
the Middle East, concentrated in 25 giant fields. It seems, according to conventional theory,
that the Persian Gulf was a vast sink for plant and animal life for millions of years. Over the
years, plants and animals deposited there were covered by impermeable layers which formed
a sort of rock cap. In order for such a system to remain intact it must be left undisturbed, i.e.
free of earthquakes, faultings, etc., for millions of years, and this creates some serious doubts
in the validity of the fossil fuel hypothesis as the only source of mineral oils. To begin with it
is quite difficult to believe that, in ancient times, most of the plant and animal life on Earth
was concentrated in the Persian Gulf region. It is very unlikely that the Persian Gulf was free
from earthquakes since it is known that most of the Middle East oil deposits lie along
continental plate boundaries where the African, Eurasian and Arabian plates are pushing
and pulling each other, and the probability for earthquakes occurring in this region is quite
high in comparison to other regions. Interestingly, most of the rich oil deposits have been
found along the most seismically active regions such as from Papua New Guinea through
Indonesia and Burma to China. Despite these facts this theory is still widely accepted, perhaps
because we do not have a valid, experimentally confirmed replacement.

There is another hypothesis about the origin of mineral oils suggested by Gold [2]. It has been
known for some time that many hydrocarbons are present in meteorites and that these
hydrocarbons cannot possibly originate from any plant or animal life. The hydrocarbons are
also quite common on the other planets of the solar system. For example, Jupiter, Saturn,
Uranus and Neptune have atmospheres rich in some forms of hydrocarbons. Even Titan,
one of Saturn’s moons, has large quantities of methane and ethane in its atmosphere. The
new hypothesis suggested that, although some oil and gas may originate from biological
sources, hydrocarbons on Earth originated from non-biological sources in the same way as on
most of the other planets [2]. If the material from which the Earth was formed resembled
some of the meteorites, then the Earth would release hydrocarbons when heated. The
hydrocarbons would then accumulate under layers of rock and would generate very high
pressures. This would lead to the migration of hydrocarbons through cracks and fissures in
the Earth’s crust. Although at high temperatures oil molecules break down to their most
stable form, methane, at the very high pressures which occur several thousand metres below
the surface of the Earth, some of the oil molecules would survive. The surviving
hydrocarbons would migrate upwards along faults, deep rifts, continental plate boundaries
and other fissures in the Earth’s crust. Although the pressure would decrease, these places are
also cooler, so the probability that the oil molecules would survive is very much higher.
Some of the hydrocarbon molecules would dissolve, some of them would create or enrich
coal deposits while some of them would be trapped under rock caps and create reservoirs.
Some of the oil would be trapped about 3,000 [m] below the surface, and much of this has
already been found. There seems to be a very strong correlation between fault and rift zones
and the known reservoirs of oil and gas. There is also a strong pattern of trace elements
occurring in the oil. For example, along the west coast of South America the oil is rich in
vanadium, oils from the Persian Gulf, the Ural Mountains, and parts of West Africa have a
constant ratio of nickel to vanadium. This seems to indicate that the origin of these oil
deposits is deep within the Earth. According to the new hypothesis huge reservoirs of gas and
oil are still waiting to be discovered. They are buried several thousand metres below the
Earth’s surface and an efficient deep drilling technology will be required to exploit them. This
hypothesis, however plausible, has not yet been proved, but if true then there are many
major oil and gas reservoirs yet to be discovered.
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Manufacture of Mineral Oils

Crude oil exhibits a complex structure which is separated into a number of fractions by a
distillation process which is called fractional distillation. The process of fractional distillation
involves heating the crude oil to turn it into a vapour which is then passed through a tall
vertical column (fractional tower), containing a number of trays at various levels. The
vapour passes through the column and at each successive tray the temperature gradually
drops. The fraction whose boiling point corresponds to the temperature at a particular tray
will condense. In this manner the most volatile compounds will condense at the highest
trays in the column while those with the highest boiling points condense at the lower trays.
The condensed fractions are then tapped. There are certain temperature limits to which
crude oil can be pre-heated. If the temperature is too high then some of the crude may
decompose into coke and tarry matter. This problem is overcome by employing another
distillation tower which operates at a lower pressure. By lowering the pressure the heavy
fractions of crude can be vaporized at much lower temperatures. Thus in the manufacture of
mineral oils and petroleum fuels distillation takes place at atmospheric pressure and also at
significantly reduced pressures. At atmospheric pressures the following fractions of crude oil
distillate are obtained in ascending order of boiling point: gas, gasoline, kerosene, naphtha,
diesel oil, lubricating oil and residue. The unvaporized fraction will sediment at the bottom
of the column as a residue. This unvaporized residue from the ‘atmospheric column’ is then
placed in the ‘vacuum column’ and heated. At the lower distillation temperatures which
result from using low pressures, the risk of decomposition is eliminated. The vapour
condenses on subsequent trays and the distillation products are extracted by vacuum pumps.
The following fractions of the remaining residue are obtained by this method in ascending
order of boiling point: gas oil, lubricant fraction and short residue. The schematic diagram of
a crude oil distillation process is shown in Figure 3.1.

Not all crude oils have to be treated in two stages. Depending on the origin, some of the
crude oils are light enough to be heated to a temperature sufficient for their complete
distillation at atmospheric pressure.

After the distillation, the lubricating oil fractions of the distillate are then subjected to several
stages of refining and various treatments which result in a large variety of medical, cosmetic,
industrial and automotive oils and lubricants. The refining process involves further
distillation of impure lubricating oils and mixing with organic solvents for preferential
leaching of impurities. The purpose of refining is to remove high molecular weight waxes,
aromatic hydrocarbons and compounds containing sulphur and nitrogen. The waxes cause
the oil to solidify or become near solid at inconveniently high temperatures, the aromatic
compounds accentuate the decrease in viscosity of the oil with temperature, and the sulphur
or nitrogen compounds can cause corrosion of wearing surfaces, resulting in accelerated
wear. They may also contribute to some other problems such as corrosion of seals. Filtration
of the oil through absorbent clays and hydrogenation of the oil in the presence of a catalyst is
applied at the later stages of refining. The lubricant may also be mixed with concentrated
sulphuric acid as this is a very effective way of removing complex organic compounds as
esters of sulphuric acid. This treatment, however, causes a severe waste disposal problem.
For this reason, the sulphuric acid treatment is used only for special high purity oils, such as
pharmaceutical oils. Klamann [3] and Dorinson [4] give detailed discussions on lubricant oil
refining processes which vary with the source of crude oil. As already underlined, the salient
feature of refining is that crude oil is a variable and extremely complex mixture of
hydrocarbons and that refining imposes only an approximate control on the final product.
The objective of the process is not to produce a pure compound, but a product with specific
characteristics which are desirable for a particular application.

It is possible to over-refine a lubricating oil, which does not happen very often in practice. In
fact most lubricating oils have trace compounds deliberately left in. Many trace aromatic
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compounds are anti-oxidants, hence an over-refined oil is prone to rapid oxidation. Trace
compounds, however, are usually a source of sludge and deposits on contacting surfaces so
that a balance or optimization of refining is necessary [3]. In practice the crude oil and
refining process are selected to give the desired type of lubricating oil.
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Types of Mineral Oils

The structure of mineral oils is very complex. For example, a detailed analysis of crude oil
revealed 125 different compounds of which only 45 have been analysed in detail [5]. An
interesting consequence of this is that, since it is not possible to give a precise analysis of
mineral oil, wear and friction studies of lubricated contacts are being conducted in the
presence of pure organic fluids of known composition such as hexadecane. The results
obtained can then be compared between various research groups. The major part of mineral
oils consists of hydrocarbons with approximately 30 carbon atoms in each molecule. The
structure of each molecule is composed of several aliphatic (straight) chains and cyclic carbon
chains bonded together. Almost any composition of cyclic and aliphatic chains may occur and
a large number of the possible forms of the complex molecule are present in any single oil
sample. The mineral oils are also impure. The impure nature of mineral oils results in a
range of useful and harmful properties [5], e.g. trace compounds provide anti-oxidants and
boundary lubrication properties but they also cause deposits which can impede lubrication.
There are also many other compounds present in mineral oils such as waxes which are
virtually useless and can easily be oxidized to form harmful organic acids. Special additives
are needed to neutralize these waxes and related compounds.
Therefore, mineral oils differ from each other depending on the source of crude oil and
refining process. The fundamental differences between mineral oils are based on:

· chemical forms,

· sulphur content,

· viscosity.

· Chemical Forms

There are three basic chemical forms of mineral oil:

· paraffinic,

· naphthenic,

· aromatic.

They originate from crudes from different sources and correspond to an exact chemical type.
As shown in Figure 3.2 paraffinic implies straight chain hydrocarbons, naphthenic means
cyclic carbon molecules with no unsaturated bonds and aromatic oils contain benzene type
compounds. Oils are distinguished based on the relative proportions of paraffinic,
naphthenic and aromatic components present.
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FIGURE 3.2 Types of mineral oils: a) straight paraffin, b) branched paraffin, c) naphthene,
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The aromatic oil is present only as a minor component of naphthenic or paraffinic oils. The
subtlety of the lubricant engineering definition of these terms is that the lubricant is named
depending on which chemical type makes up its major proportion. For example, a paraffinic
oil means that the majority of the hydrogen and carbon atoms are present as paraffinic
chains. These paraffinic chains are then linked by carbon atoms bonded in a cyclic manner to
form a more complex molecule. A naphthenic oil has much smaller paraffinic chains in each
hydrocarbon molecule and most carbon is incorporated in cyclic molecules. There is also a
limited quantity (about 20%) of simple paraffins (alkanes) present in the oil. The presence of
one type or the other of these molecules determines some of the physical properties of the
lubricants, i.e. pour point, viscosity index, pressure-viscosity characteristics, etc. For example,
there are significant differences in viscosity-temperature characteristics and viscosity-
pressure characteristics between paraffinic and naphthenic oils and care must be taken in
distinguishing between them. Paraffinic oils are also generally more expensive since they
require a few more stages of refining than naphthenic oils.

· Sulphur Content

Sulphur content in mineral oils varies, depending on the source of the crude oil and the
refining process. Small amounts of sulphur in the oil are desirable to give good lubrication
and oxidation properties. It has been demonstrated, for example, that between 0.1% to 1% of
natural sulphur content ensures reduced wear [60]. On the other hand, too much sulphur is
detrimental to the performance of the machinery, e.g. it may accelerate the corrosion of seals.
Excess sulphur can be removed from oil by refining, but this can be expensive. The sulphur
content varies with the source of crude oil and the range of concentration lies between 0% to
8%. For example, sulphur content of Pennsylvanian oil is <0.25%, Venezuelan ~2%, Middle
East ~1%, Mexican 5%, etc.

· Viscosity

Mineral oils can also be classified by viscosity, which depends on the degree of refining. For
commonly used mineral oils, viscosity varies from about 5 [cS] to 700 [cS]. For example, the
viscosity of a typical spindle oil is about 20 [cS], engine oil between 30 - 300 [cS], bright stock
about 600 [cS], etc.

3.3 SYNTHETIC OILS

Synthetic lubricants were originally developed early this century by countries lacking a
reliable supply of mineral oil. These lubricants were expensive and initially did not gain
general acceptance. The use of synthetic oils increased gradually, especially in more
specialized applications for which mineral oils were inadequate. Despite many positive
features such as availability and relatively low cost, mineral oils also have several serious
defects, such as oxidation and viscosity loss at high temperatures, combustion or explosion in
the presence of strong oxidizing agents and solidification at low temperatures. These effects
are prohibitive in some specialized applications such as gas turbine engines where a high
temperature lubricant is required, but occasionally very low temperatures must be sustained.
In other applications such as vacuum pumps and jet engines, low vapour pressure lubricant
is needed; in food processing and the pharmaceutical industry low toxicity lubricant is
required, etc. In recent years the strongest demand has been for high performance lubricants,
especially for applications in the aviation industry with high performance gas turbine
engines. This led to the development of synthetic lubricants that can withstand high
temperatures without decomposing and at the same time will provide a reduced fire hazard.
The recent trend towards high operating temperatures of machinery has created a second and
probably more durable period of interest in these lubricants.
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Synthetic lubricants can generally be divided into two groups:

· fluids intended to provide superior lubrication at ambient or elevated
temperatures, and

· lubricants for extremes of temperature or chemical attack.

There is also a clear distinction between exotic lubricants with high performance but high
cost and more economical moderate performance lubricants. For example, the price of a
halogen based synthetic lubricant reached $450/kg in 1987 which is close to the price of silver.

There are three basic types of synthetic lubricant currently in use:

· synthetic hydrocarbon lubricants,

· silicon analogues of hydrocarbons, and

· organohalogens.

All of the hundred or more specific types of synthetic lubricant available on the market
conform to one of these broad categories. Phosphates, as in polyphenyl phosphate, deviate
from the pattern as they are generally associated with simple hydrocarbons.

These three groups of synthetic lubricants have distinct characteristics which sustain the
usefulness of this form of classification. These are:

· synthetic hydrocarbons which provide a lubricant that is similar in price to mineral
oil but has superior performance,

· silicon analogues or silicones which are resistant to extremes of temperature and
vacuum but do not provide good adsorption or extreme pressure lubrication
(sometimes known as ‘boundary characteristics’) and are expensive,

· organohalogens which can offer effective lubrication by adsorption and extreme
pressure lubrication mechanisms and resist extremes of temperature or chemical
attack, but are also expensive.

Manufacturing of Synthetic Oils

In most cases synthetic hydrocarbon lubricants are produced from low molecular weight
hydrocarbons which are derived from the ‘cracking’ of petroleum [1]. The process of cracking
is performed in order to reduce the range of molecules present in the oil. Through the
application of high pressures and catalysts large complex molecules present in the oil are
decomposed to more simple, smaller and more uniform molecules. The low molecular
weight hydrocarbons are then polymerized under carefully controlled conditions to produce
fluids with the required low volatility and high viscosity. The polymerization is carefully
limited otherwise a solid polymer results and, in strict technical terms, an oligomer as
opposed to a polymer is produced. A prime example of this method of lubricant synthesis is
the production of a polyolefin synthetic lubricant oil from olefins (alkenes).

Halogenated lubricants are also manufactured on a large scale; these are appropriate for low
temperatures or where there is an extreme fire risk. These lubricants are made from ethylene
and halogen compounds in a process of simultaneous halogenation and polymerization
within a solvent [1]. Not all synthetic lubricants are produced by polymerization, some
monomers, e.g. dibasic acid esters, are also useful for many applications.

Organohalogens and silicones are produced using catalysts. Organohalogens are
manufactured by reacting hydrocarbon gas, i.e. methane and hydrogen chloride, under
pressure and temperatures of about 250°C or more in the presence of a catalyst such as
alumina gel or zinc chloride. During the process low molecular weight organohalogens (i.e.
methyl-chloride) are formed which can later be polymerized resulting in high molecular
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weight organohalogens. Silicones, on the other hand, are produced from methyl chloride
(CH3Cl) which is reacted with silicon in the presence of copper catalysts at 380°C to form
dimethyl-silicon-chloride ((2CH3)2SiCl2). Secondary treatment with hydrochloric acid causes
the removal of the chloride radicals to form a silicone. After neutralizing and dewatering the
original stock the polymerization of silicones is then induced by alkali, resulting in the
finished product. Chemical structures of the most common synthetic lubricants are shown in
Table 3.1.

TABLE 3.1 Typical chemical structures of the most common synthetic lubricants.
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Hydrocarbon Synthetic Lubricants

There is an almost infinite variety of hydrocarbons that could be utilized as lubricants. The
economics of production, however, severely restricts their range. The oils presently
advocated as the optimum synthetic lubricants by various oil refiners are not necessarily
ideal as lubricants, but they are relatively cheap to produce and therefore are economic for
large volume applications such as engine oils. Engine oils constitute almost half the entire
lubricating oil usage and there is a large profit to be made from a synthetic oil which costs
only a little more than mineral oil but can improve engine performance, durability and
prolong draining periods. Synthetic oils that can be classified as synthetic hydrocarbons are
polyalphaolefins, esters, cyclo-aliphatics and polyglycols. Of course, the list is incomplete and
future advances in refining and synthesis may extend it.

The oxidation stability of a synthetic hydrocarbon depends on the structure of the
hydrocarbon chain. The bond energy of the C-C  linkage (360 [MJ/kgmole]) is the
fundamental limitation and higher oxidation stability can be achieved by applying various
oxidation inhibitors. Oxidation stability can also be improved by replacing weakly bonded
structures with branched hydrocarbons. The hydrocarbons can be optimized for their
viscosity-temperature characteristics, low temperature performance and volatility.

· Polyalphaolefins

Polyalphaolefins are among the most promising general purpose synthetic lubricants. Olefins
or alkenes are unsaturated hydrocarbons with the general formula (-CH2-)n. They consist of a
straight carbon chain with an unsaturated carbon at one end of the chain. A typical example
is polybutene. The presence of unsaturated carbons allow polymerization or oligomerization
to form a lubricating oil. The preferred alkene is decene which produces an oil with a low
minimum operating temperature (pour point). Higher molecular weight compounds such as
dodecenes have a higher viscosity index but also a higher pour point. The viscosity of
polydecenes can be varied from 0.3 [mPas] to 100 [mPas]. Their viscosity index is about 130
and pour point about -30°C [6]. Polydecenes are highly resistant to oxidation, have a low
volatility due to the lack of small molecular weight substances, and are not toxic or corrosive.
These properties ensure the use of polydecenes as a general purpose synthetic lubricant.

· Polyphenyl Ethers

Polyphenyl ethers exhibit better boundary characteristics than silicone oils. They have very
high oxidation and thermal stability, but are limited by poor viscosity-temperature
characteristics. Thermal stability of these compounds is about 430°C and oxidation stability is
also quite high at about 290°C. They are used as lubricants in aircraft hydraulic pumps.

· Esters

A very important group of synthetic hydrocarbons are the esters. They are produced by
reacting alcohol with organic or inorganic acids. For applications such as lubrication,
inorganic acids are widely used in their production. The linkages of esters are much more
stable than those of typical hydrocarbons with their C-C bonds. The ester linkages have a
much higher bond energy, thus they are more resistant to heat. Esters usually have good
oxidation stability and excellent viscosity-temperature and volatility characteristics.

Dibasic Acid Esters (Diesters) have similar lubrication qualities to polydecenes, i.e. a high
viscosity index and oxidation resistance. Dibasic acid esters can operate at higher
temperatures than polydecenes and are used for applications where tolerance to heat is
essential. Originally these oils were used in aircraft engines, but they have been gradually
replaced by polyol esters. Polyol esters have an even higher operating temperature limit.
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Maximum operating temperatures for dibasic acid esters are around 200°C and for polyol
esters close to 250°C.

Phosphate Esters have better thermal stability than diesters but they also have a high surface
tension. They have excellent fire-resistant properties and are commonly used as hydraulic
fluids for steam and gas turbines. A phosphate ester, tricresylphosphate (TCP) has good anti-
wear properties and has been widely used as an anti-wear additive in many mineral and
synthetic oils. Phosphate esters may also cause corrosive wear. Chlorine forms phosphorous
oxychloride, which is used to manufacture phosphate esters, and entrained water may react
with the residual chlorine to form corrosive agents [58]. They may cause only a small amount
of corrosive wear but this is sufficient to disrupt the delicate hydraulic control systems. The
cost of phosphate esters is so high that it prohibits their use as simple lubricants.

Silicate Esters have high thermal stability, low viscosity and relatively low volatility, but they
have low resistance to the adverse effects of water. They are used as low temperature
ordinance lubricants.

Polyglycol Esters have fair lubricating properties and are commonly used as hydraulic fluids.

Fluoro Esters have good oxidation stability characteristics, low flash and fire points and poor
viscosity-temperature characteristics. They are used both as lubricants and as hydraulic fluids.

Fatty Acid Esters have moderately low volatility, low oxidation resistance and low thermal
resistance. On the other hand, they have good boundary properties with metals and metal
oxides. Since they cannot form large molecules, they are not particularly popular as
lubricants in industrial applications but are commonly used as lubricants in most magnetic
tapes and floppy disks.

Neopentyl Polyol Esters have volatility, oxidation stability and thermal stability superior to
fatty acid esters. They are used as lubricants in gas turbine engines and as hydraulic fluids in
supersonic aircraft.

· Cycloaliphatics

Cycloaliphatics are specialized oils specifically designed for the traction drives used in the
machine tool, textile and computer hardware industries. In principle, traction drives allow
continuously variable speed transmission without the need for gears at fixed speed ratios.
Cyclic hydrocarbon molecules exhibit high pressure-viscosity coefficients which raise the
limiting traction force in the elastohydrodynamic contact. The maximum traction power that
can be transmitted across the contact determines the size of the unit. Therefore research
efforts are concentrated on developing traction fluids which will allow transmission of
higher forces and permit smaller traction drives for a given transmitted power [6].

· Polyglycols

Polyglycols were originally used as brake fluids but have now assumed importance as
lubricants. The term ‘polyglycol’ is an abbreviation of the full chemical name ‘polyalkylene
glycol’. Certain types of polyglycols have a viscosity index greater than 200 and pour points
less than -50°C. The pressure-viscosity coefficients of polyglycols are relatively low and the
oxidation stability is inferior to other synthetic oils. Water soluble polyglycols tend to adsorb
water and are mostly used as brake fluids. Polyglycols have distinct advantages as lubricants
for systems operating at high temperatures such as furnace conveyor belts, where the
polyglycol burns without leaving a carbonaceous deposit. Since the unburned polyglycol does
not stain, it is also used as a lubricant in the textile industry.
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Silicon Analogues of Hydrocarbons

Silicon analogues of hydrocarbons constitute a completely different branch of synthetic
lubricants. They have been found to offer a significantly extended liquid temperature range
and improved chemical stability. Two basic classes of compounds have attracted practical
interest: silicones and silahydrocarbons. The silicones contain oxygen as well as silicon which
distinguishes them from the silahydrocarbons which contain only silicon, carbon and
hydrogen. These oils have similar but not identical qualities to lubricants or synthetic oils.

· Silicones

The most commonly used silicones are dimethyl, methyl phenyl and polymethyl silicones.
Most of the silicones are chemically inert. They have excellent thermal and oxidation
stability, good viscosity-temperature characteristics, low volatility, toxicity and surface
tension. Their operating temperature range is between -50°C to 370°C, and the viscosity index
of some lubricants is nearly 300, i.e. viscosity remains nearly constant. The fluids are
available in a very wide range of viscosities from 0.1 [mPas] to 1 [Pas] at 25°C. Pressure-
viscosity coefficients of silicones are also higher than those of mineral oils. Because of their
chemical inertness they have poor boundary characteristics, especially with steel [7,8], but on
the other hand they are effective as hydrodynamic lubricants. Their load capacity is quite low
under thin film conditions. Four-ball tester seizure loads are about 0.1 of that of a mineral oil
containing additives. Low solubility of most additives prevents any significant improvement
in load capacity. When the methyl groups of dimethyl silicone fluid are replaced with
hydrocarbon groups containing substituent fluorine atoms, the result is a lubricant with very
much improved lubricating properties. Silicones are used in grease formulations for various
space applications. Silicone oils can also be blended with high temperature thickeners to
form heat-resistant greases. For example, lithium soaps are effective up to 200°C, carbon black
and other solid lubricants can raise the operating temperature up to the decomposition
temperature of the silicone, i.e. 370°C. The production cost of silicone lubricants is much
higher than most of the other synthetics and this is reflected in the price. Silicones are
usually employed in extreme operating temperatures where other lubricants fail to operate.
They are widely used in military equipment.

· Silahydrocarbons

Although silahydrocarbons resemble silicones, as a silicon is substituted with hydrocarbon in
these compounds, they are in fact different. They are synthesized from organometallics and
silicontetrachloride and possess good oxidation and thermal stability as well as low volatility.
They are, however, most resistant to thermal degradation in the absence of air or oxygen and
have been specifically developed for aerospace hydraulic systems [61]. The operating range of
temperatures for these lubricants is approximately from -40°C to +350°C [61]. They are also
used as high temperature lubricants.

Organohalogens

Organohalogens and their related compounds, the halogenated hydrocarbons, are well
established as lubricants which are stable against oxidation. Before these liquids were
developed, devices such as air and oxygen compressors had to rely on pure sulphuric acid for
lubrication. Sulphuric acid is an effective lubricant of steel but the practical difficulties of
preventing mixing of the acid with moisture and contamination of the compressed gas are
severe. Sulphuric acid is also very corrosive. Fluorine and chlorine, but not bromine, are
used to develop compounds with desirable properties. Their oxidation and thermal stability
is very good. They are used for applications over a wide temperature range and in various
hostile environments, i.e. in a vacuum, under strong oxidation conditions, etc. The cost of
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these lubricants, however, is very high. In this group of synthetic lubricants the most
commonly used are perfluoropolyethers, chlorofluorocarbons, chlorotrifluoroethylenes and
perfluoropolyalkylethers.

· Perfluoropolyethers

These are among the most promising lubricants for high temperature applications. They
have very high oxidation stability (about 320°C) and thermal stability (about 370°C), low
surface tension and are chemically inert. They are used in the formulation of greases for high
temperature and high vacuum applications. Perfluoropolyethers are also used as hydraulic
fluids, gas turbine oils and lubricants for computer hard disks [9]. In a computer hard disk
lubricant is needed to control friction during starting and stopping of the disk where the
hydrodynamic air film prevents wear of the diskette and head. The critical features of the
system are an extremely light contact load, measured in the range of milliNewtons and a
minute quantity of lubricant that binds tightly to the diskette to resist being thrown off by
centripetal forces. The light load means that stiction, caused by surface tension forces, is of
concern. This is different from typical mechanical contacts where frictional seizure is the
prime limitation. Surface tension of the lubricant is therefore a critical lubricant's property in
computer head-disk applications.

The small volume of lubricant compared to the wetted area on the disk means that the
lubricant is extremely sensitive to chemical degradation whether it is purely oxidative or
catalysed by the diskette surface. Usually perfluoropolyethers are used for this type of
application but they are vulnerable to degradation catalysed by the worn diskette surface [65].
Recently phosphazenes have been considered for better control of stiction and reduced
chemical degradation. It has been found that some phosphazenes can be blended with
perfluoropolyethers as a form of additive to enhance the performance of the lubricant [66].
There are, however, significant problems of phase separation which means that the additives
do not always stay perfectly mixed when in service.

· Chlorofluorocarbons

In chlorofluorocarbon molecules, the hydrogen present in hydrocarbon compounds is
replaced completely or in part by chlorine or fluorine. Chlorofluorocarbons are chemically
inert and possess excellent oxidation and thermal stability. On the other hand, they have
poor viscosity-temperature characteristics, high volatility and a high pour point. Although
they are good lubricants, their applications are limited due to the very high production costs
involved.

· Chlorotrifluoroethylenes

They are non-toxic and have good oxidation and thermal stability. They are available in a
wide viscosity range from 0.1 [mPas] to 1 [Pas] which can be obtained by varying the
molecular weight or carbon chain length of the compound. The viscosity index, however, of
these lubricants is low, for example, for high viscosity grades it is about 27 [10].

· Perfluoropolyalkylethers

Perfluoropolyalkylethers have good oxidation and thermal stability, high viscosity index and
a wide operating temperature range. Values of viscosity index about 200 are easily reached
and the minimum operating temperature is about -60°C. They provide thin-film lubrication
in applications where oxygen is absent, e.g. in a vacuum. It has been found that these
lubricants decompose under sliding contact to form iron fluoride films on the worn metal
surface [11,12]. Moderate friction coefficients of 0.1 have been obtained at a vacuum of 10-6 [Pa]
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where unlubricated metals would usually seize because conventional oils are vapourized
under these conditions [12].

Some of the main characteristics of the typical synthetic lubricants are summarized in Table
3.2 [9].

TABLE 3.2 Some of the main characteristics of the typical synthetic lubricants (adapted from
[9]).
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Finally it has to be mentioned that most of the literature available on synthetic lubricants
relates either to the manufacture or physical properties of these lubricants. There is very little
impartial data on the performance of these lubricants. Much of the literature available is
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sales literature from commercial organizations and the evaluation of synthetic lubricants can
be influenced by the perceived benefits of synthetic lubricants. An example of this trend can
be found by comparing the data on a specific lubricant provided by an oil company research
group [13] and the data provided by an engineering company [14]. The former describes
synthetic oils as the solution to many engine lubrication problems, e.g. lubricant oil
durability and fuel economy. The latter, however, found no increase in the frictional failure
load of gears. Thus it should be remembered that the synthetic oils are not the panacea for all
lubrication problems. They will definitely solve many problems related to oil oxidation and
viscosity loss but will not affect the limitations of boundary lubrication.

3.4 EMULSIONS AND AQUEOUS LUBRICANTS

Water is an attractive extender of lubricating oils; cheap, good heat transfer characteristics
and non-flammability are all useful attributes. Water by itself is a very poor lubricant but
when mixed with oils to form emulsions, or when mixed with water-soluble hydrocarbons
to produce an aqueous solution, some useful lubricants can be developed. These liquids are
used as coolants in metalworking where the combination of the lubricity of oil, high
conductivity and the latent heat of water provide the optimum fluid for this application.
Mining machinery is also lubricated by water-based fluids to minimize the risk of fire from
leakage of lubricants. It has been observed that during the lubrication process by emulsions,
water is excluded from the loaded contacts and as a result the performance of an emulsion is
close to that of a pure mineral oil [15]. The most severe limitation of these lubricants is the
temperature range in which they can successfully be applied. They are limited to the
temperature range of water which lies between the melting point of ice and the boiling point
of water. This excludes these lubricants from many applications, for example, engine oils.

Despite this fact, water-based fluids constitute an important and specialized form of lubricant.

Manufacturing of Emulsions

Emulsions are produced by mixing water and oil with an emulsifier. An example of this
relatively simple process, which usually occurs inadvertently, is when water contaminates a
lubricating oil sump (most lubricating oils contain natural emulsifiers). The mixing must be
sufficiently intense to disperse one of the liquids as a series of small droplets within the other
liquid. About 1 - 10% by weight of emulsifier is added to stabilize the dispersed droplets and
stop their coagulation. A ‘water in oil’ emulsion, commonly abbreviated to ‘W/O ’, is a
suspension of water droplets in oil. The converse, oil in water, contains oil droplets dispersed
in water and is usually referred to as an ‘O/W’ emulsion. ‘W/O’ and ‘O/W’ emulsions have
different lubrication characteristics. The ‘W/O’ emulsions are used as fire resistant hydraulic
fluids, while the ‘O/W’ emulsions are suitable as metalworking coolants.

Characteristics

The apparent viscosity of emulsions declines with increasing shear stress, and their viscosity
index is usually high. ‘W/O’ emulsions have a high viscosity, several times that of the base
oil. They exhibit an interesting behaviour in concentrated contacts operating in the
elastohydrodynamic lubrication regime (EHL). The size of an EHL contact is comparable to
the droplet size, or the volume of fluid within the contact is similar to the average droplet
volume. This suggests that the elastohydrodynamic films generated would be unstable or
fluctuate when an emulsion is used. This, however, is not confirmed experimentally, and in
fact it is known that a low stability emulsion gives the best lubrication. It has been suspected
for a long time that the emulsion is temporarily degraded at the EHL contact and releases oil
for lubrication. In the work by Sakurai and Yoshida [15] it was suggested that the typically
oleophilic metal surfaces drew oil into the EHL contact but excluded water. Measurements
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showed that EHL film thickness does not vary with water concentration and maintains a
value close to that of the constituent mineral oil. The pressure-viscosity coefficient of water
is negligibly small [16,17] so that without forming an entrapment of oil around the EHL
contact, elastohydrodynamic lubrication would not be possible.

Apart from a limited temperature range emulsions exhibit poor storage capability and they
may not only be degraded by oil oxidation but also by bacterial contamination of water.

Applications

Emulsions and aqueous solutions are mostly used as cutting fluids in the metal working
industry and as fire resistant lubricants in the mining industry. Aqueous solutions of
polyglycols are often used as fire-resistant hydraulic oils with the added advantage of low
viscosity and low pour points, e.g. -40°C. As a lubricant, however, polyglycol solutions offer
only mediocre performance. The pressure-viscosity coefficient of a polyglycol solution is only
0.45 × 10-8 [Pa-1] compared to 2.04 × 10-8 [Pa-1] for a mineral oil [18]. Even small quantities of
water can significantly reduce the pressure-viscosity coefficient. Thus the primary
applications of these fluids are as fire resistant lubricants because even if all the water were
evaporated from the lubricant, the polyglycol would burn only with difficulty.

3.5 GREASES

Greases are not simply very viscous lubricating oils. They are in fact mixtures of lubricating
oils and thickeners. The thickeners are dispersed in lubricating oils in order to produce a
stable colloidal structure or gel. Thus, a grease consists of oil constrained by minute thickener
fibres. Since the oil is constrained and unable to flow it provides semi-permanent
lubrication. For this reason, greases are widely used in spite of certain limitations in
performance. The most widespread application of greases is as low-maintenance, semi-
permanent lubricants in rolling contact bearings and some gears. The grease may be packed
into a bearing or gear set and left for a period of several months or longer before being
replaced. Inaccessible wearing contacts, such as are found on caterpillar track assemblies or in
agricultural machinery, are conveniently lubricated by this means. Low maintenance items
are also suitable candidates for grease lubrication. The lubricating performance of greases is
inferior to mineral oils except at low sliding speeds where some greases may be superior.
Greases have to meet the same requirements as lubricating oils but with one extra condition,
the grease must remain as a semi-solid mass in spite of high service temperatures. If the
grease liquefies and flows away from the contact then the likelihood of lubrication failure
rapidly increases. Furthermore, grease is unable to remove heat by convection as oil does, so
unlike oil, it is not effective as a cooling agent. It also cannot be used at speeds as high as oil
because frictional drag would cause overheating. The lifetime of a grease in service is often
determined by the eventual loss of the semi-solid consistency to become either a liquid or a
hard deposit.

Manufacturing of Greases

Greases are manufactured by adding alkali and fatty acid to a quantity of oil. The mixture is
then heated and soap is formed from the alkali and fatty acid. After the reaction, the water
necessary for soap formation is removed and the soap crystallizes. The final stages of
manufacture involve mechanical working of the grease to homogenize the composition and
allow blending in of additives and the remaining oil. Careful control of process variables is
necessary to produce a grease of the correct consistency [3]. Several cycles of mixing and
‘maturing’ are often needed to obtain the required grease properties. Most greases are made
by a batch process in large pots or reactors, but continuous production is gaining acceptance.
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Composition

Greases always contain three basic active ingredients: a base mineral or synthetic oil,
additives and thickener. For thickeners, metal soaps and clays are used. In most cases the
mineral oil plays the most important role in determining the grease performance, but in
some instances the additives and the thickener can be critical. The type and amount of
thickener (typically 5 - 20%) has a critical effect on grease properties. Very often additives
which are similar to those in lubricating oils are used. Sometimes fillers, such as metal
oxides, carbon black, molybdenum disulphide, polytetrafluoroethylene, etc., are also added.

· Base Oils

Mineral oils are most often used as the base stock in grease formulation. About 99% of
greases are made with mineral oils. Naphthenic oils are the most popular despite their low
viscosity index. They maintain the liquid phase at low temperatures and easily combine with
soaps. Paraffinic oils are poorer solvents for many of the additives used in greases, and with
some soaps they may generate a weaker gel structure. On the other hand, they are more stable
than naphthenic oils, hence are less likely to react chemically during grease formulation.

Synthetic oils are used for greases which are expected to operate in extreme conditions. The
most commonly used are synthetic esters, phosphate esters, silicones and fluorocarbons.
Synthetic base greases are designed to be fire resistant and to operate in extremes of
temperature, low and high. Their most common applications are in high performance
aircraft, missiles and in space. They are quite expensive.

Vegetable oils are also used in greases intended for the food and pharmaceutical industries,
but even in this application their use is quite limited.

The viscosity of the base oil used in making a grease is important since it has some influence
on the consistency, but the grease consistency is more dependent on the amount and type of
thickener used.

· Thickener

The characteristics of a grease depend on the type of thickener used. For example, if the
thickener can withstand heat, the grease will also be suitable for high temperature
applications, if the thickener is water resistant the grease will also be water resistant, etc.
Hence the grease type is usually classified by the type of thickener used in its manufacture. As
there are two fundamental types of thickener that can be used in greases, the commercial
greases are divided into two primary classes: soap and non-soap based.

Soap type greases are the most commonly produced. According to the principles of chemistry,
in order to obtain soap it is necessary to heat some fats or oils in the presence of an alkali, e.g.
caustic soda (NaOH). Apart from sodium hydroxide (NaOH) other alkali can be used in the
reaction, as for example, lithium, calcium, aluminium, barium, etc. Fats and oils can be
animal or vegetable, and are produced from cattle, fish, castor bean, coconut, cottonseed, etc.
The reaction products are soap, glycerol and water. Soaps are very important in the
production of greases. The most commonly used soap type greases are calcium, lithium,
aluminium, sodium and others (mainly barium).

In non-soap type greases inorganic, organic and synthetic materials are used as thickeners.
Inorganic thickeners are in the form of very fine powders which have enough porosity and
surface area to absorb oil. The most commonly used are the silica and bentonite clays. The
powders must be evenly dispersed in the grease so either high-shear mechanical mixing or
some special dispersing additives are required during grease formulation. Because of their
structure these types of greases have no melting point, so their maximum operating
temperature depends on the oxidation stability of the base oil and its inhibitor treatment.
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When properly formulated these greases can successfully be applied in high temperature
applications. They are usually considered as multipurpose greases, and are widely applied in
rolling contact bearings and in the automotive industry. Synthetic and organic thickeners
such as amides, anilides, arylureas and dies are stable over a wide temperature range and
they give superior performance to soap based grease at high temperatures. They are used for
special applications, such as military and aerospace use.

The thickeners form a soft, fibrous matrix of interlocking particles. The interlocking structure
forms tiny pockets of about 10-6 [m] in which the oil is trapped. A diagram of the fibrous
structure of a soap based grease is shown in Figure 3.3.

FIGURE 3.3 Diagram of the fibrous structure of a soap based grease (adapted from [4]).

· Additives

The additives used in grease formulations are similar to those used in lubricating oils. Some
of them modify the soap, others improve the oil characteristics. The most common additives
include anti-oxidants, rust and corrosion inhibitors, tackiness, anti-wear and extreme
pressure (EP) additives.

Anti-oxidants must be selected to match the individual grease. Their primary function is to
protect the grease during storage and extend the service life, especially in high temperature
applications.

Rust and corrosion inhibitors are added to make the grease non-corrosive to bearings
operating in machinery. The function of corrosion inhibitors is to protect the non-ferrous
metals against corrosion whereas the function of rust inhibitors is to protect ferrous metals.
Under wet or corrosive conditions the performance of most greases can be improved by a
rust inhibitor. Most of the multipurpose greases contain these inhibitors.

Tackiness additives are sometimes added to impart a stringy texture and to increase the
cohesion and adhesion of the grease to the surface. They are used, for example, in open gear
lubricants.

Anti-wear and Extreme Pressure (EP) additives improve, in general, the load-carrying ability
in most rolling contact bearings and gears. Extreme Pressure additives react with the surface
to form protective films which prevent metal to metal contact and the consequent scoring or
welding of the surfaces. Although the EP additives are intended to improve the performance
of a grease, in some cases the operating temperature is far too low for these additives to be
useful. It has also been found that some thickening agents used in grease formulations
inhibit the action of EP additives [19]. The additives most commonly used as anti-seize and
anti-scuffing compounds are graphite and molybdenum disulphide.
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· Fillers

Fillers are sometimes used as fine solids in grease formulations to improve grease
performance. Typical fillers are graphite, molybdenum disulphide, metal oxides and flakes,
carbon black, talc and others. Graphite, for example, can minimize wear in sliding bearing
surfaces, while molybdenum disulphide minimizes wear in gears. Zinc and magnesium
oxide are used in the food processing industry since they neutralize acid. Metal flakes and
powdered metals such as lead, zinc, tin and aluminium are used as anti-seize compounds in
lubricants for pipe threads. Talc is used in die and drawing lubricants.

Lubrication Mechanism of Greases

Despite the practical importance of greases, there has been surprisingly little research into
their lubrication mechanism. The question is, how do greases lubricate and what is the
mechanism involved? The mechanism of oil lubrication is either hydrodynamic,
elastohydrodynamic or boundary, depending on the operating conditions. The lubrication
mechanism of greases, however, will be different since they have a different structure from
oil. The structure of grease is gel-like or semi-solid. It is often assumed that grease acts as
some sort of spongy reservoir for oil. It was thought for sometime that oil trapped between
the soap fibres was slowly released into the interacting surfaces. The question of whether the
grease bleeds oil in order to lubricate, or lubricates as one entity, is of critical importance to
the understanding of the lubrication mechanism involved. Studies conducted disprove the
oil bleeding model. Experiments were performed where different fluorescent colours were
added to the soap thickener and to the oil of a grease. Mixing of the dyes was prevented by
selecting a water-soluble dye for the thickener and an oil-soluble dye for the oil. Dispersal of
the colours, red and blue, enabled observation of grease disintegration. Separation of the
grease was not observed when it was used to lubricate a rolling bearing. After a few hours of
operation, an equal amount of oil and thickener was found on the interacting surfaces [20]. It
was therefore concluded that the bleeding of oil from the grease was not the principal
mechanism of lubrication. It appears that the thickener as well as the oil takes part in the
lubrication process, and that grease as a whole is an effective lubricant.

In practice a large quantity of grease is applied to a system, despite the fact that only a very
small amount of grease is needed for lubrication. The surplus of grease acts as a seal which
prevents the lubricant from evaporating and from contamination, while also preventing the
lubricant from migrating from the bearing. The surplus of lubricant also plays an important
role as a reservoir from which grease feeds to the operating surfaces when needed [21]. It is
thought that the following mechanism is acting: as the thickness of the lubricating film
decreases there is an accompanying slight increase in generated frictional heat. As the
temperature of grease in the vicinity of the contact increases, the grease expands and softens
and more grease smears onto the interacting surfaces. This has been confirmed in an
experiment where the oil and grease film thickness between gears has been measured.
Contact voltage drop has been used in experiments to assess the operating film thickness [22].
It was found that when an oil was used as the lubricant, the contact resistance was relatively
steady in comparison to the case when grease was used as the lubricant. This is shown in
Figure 3.4 where the voltage drop for oil and grease is shown for two operating gears under
load.

It is evident from Figure 3.4 that when grease is used as the lubricant, intermittent contact
between gears occurs. The initial failure of the grease film causes the overall temperature to
rise, eventually leading to softening and melting of the grease, and resulting in the
restoration of the lubricating film. Furthermore, when grease is used, the gear temperatures
are usually higher in spite of lower loading (i.e. average contact load limit for oil is
2020 [kN/m] and for grease 1344 [kN/m]).
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It was also found that the instability of a grease film increases the likelihood of gear failure by
scuffing, and gear loading must be reduced by a factor of 0.7 compared to the equivalent load
for a gear lubricated by a mineral oil [22].
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FIGURE 3.4 Fluctuations of oil film thickness between two gears one lubricated by oil and
the other by grease (adapted from [22]).

Greases are commonly used in machinery operating under the elastohydrodynamic
lubrication (EHL) regime, i.e. in rolling contact bearings and some gears. The question is, how
does the grease behave in the EHL regime? Experiments revealed that the measured film
thickness of grease under EHL conditions is greater initially than if the base oil contained in
the grease were acting alone [23]. With continued running, however, the film thickness of
the grease declines to about 0.6 of that of the base oil. The initial thick grease layer is rapidly
removed by the rolling or sliding element and the lubrication is controlled by a thin viscous
layer which is a mixture of oil and degraded thickener [67]. The decline in film thickness can
only be explained in general terms of scarcity of grease in the contact. Grease is a semi-solid so
that once expelled from the contact it probably returns only with difficulty. It has also been
suggested that conveyance of oil by capillary action from the bulk grease to the wearing
contact is possible [67]. However, there has been no detailed work conducted as yet to test this
hypothesis.

The initial film thickness can be explained in terms of grease rheology [24]. The rheology of
grease can be modelled by the Hershel-Bulkley equation:

τ = τp + (ηsdu/dh)n

where:

τ is the shear stress acting on the oil [Pa];

τp is the plastic flow stress [Pa];

ηs is the base oil dynamic viscosity [Pas];
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du/dh is the shear rate [s-1];

n is a constant.

The value of ‘n’ is close to 1. When ‘n’ is exactly unity then the above equation reduces to the
original Bingham equation which states that a fluid does not flow below a certain value of
minimum shear stress, as shown in Figure 3.5. At high shear stresses, the fluid behaves as a
Newtonian liquid. The Hershel-Bulkley equation usually gives good agreement with
experiment. When used in the theoretical analysis of EHL and compared with experimental
results, good agreement between theoretical and experimental data has been obtained. This is
demonstrated in Figure 3.6, which shows the experimental EHL grease characteristics
compared to the predicted theoretical values expressed as non-dimensional film thickness
and speed [24].
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FIGURE 3.6 Comparison between predicted and experimental EHL characteristics of grease;
h 0 is the minimum EHL film thickness [m], R'  is the reduced radius of
curvature [m], E' is the reduced Young’s modulus [Pa], U is the surface velocity
[m/s], ηg is the atmospheric grease viscosity [Pas] (adapted from [24]).
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It is generally assumed that, in the actual process of lubrication, the thickening agents are of
secondary importance, but there is some evidence that thickeners have significant effects at
low sliding speeds. There is surprisingly little published data on greases under these
conditions. Some experimental work has been conducted to compare the effects of different
thickeners on friction losses in journal bearings [25]. At high sliding speeds, all the lubricants
tested provided very low friction, however, the minimum sliding speed to sustain low
friction varied greatly between the lubricants. This is shown in Figure 3.7 where friction
torque versus bearing speed is plotted.
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FIGURE 3.7 Low-speed journal bearing friction characteristics of various greases and a base
oil [25].

It can be seen that depending on the thickener certain greases, in particular a lithium soap
based grease, allow a very low friction level to persist even at very slow sliding speeds. On
the other hand, the behaviour of some of the greases approximate that of the base oil, for
example, aluminium and calcium soap based greases. Some more systematic research
remains to be done in this area since the reported data is often contradictory. For example, it
has also been found that calcium based grease shows a significant improvement in
lubricating properties as compared to mineral oil [26].

Grease Characteristics

There are several performance characteristics of greases which are determined by well
established procedures. The most commonly used in the characterization of greases are
consistency, drop point, evaporation loss, oxidation stability, apparent viscosity, stability in
storage and use, colour and odour.

· Consistency of Greases

Consistency or solidity is a measure of the hardness or shear strength of the grease. It is
defined in terms of grease penetration depth by a standard cone under prescribed conditions
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of time and temperature (ASTM D-217, ASTM D-1403). A schematic diagram of a typical
grease penetration apparatus is shown in Figure 3.8. The grease is placed in the cup and the
surface is smoothed out to make it uniform and is maintained at a temperature of 25°C
during the test. The cone tip is adjusted so it just touches the grease surface. The cone release
mechanism is then activated and the cone is allowed to sink into the grease for 5 seconds.
The indicator dial shows the penetration depth which is the measure of the consistency of
the grease. The test is usually repeated at various temperatures and is used in conjunction
with a standard grease-worker described in the next section. The consistency forms the basis
for grease classification and its range is between 475 for a very soft grease and 85 for a very
hard grease.
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FIGURE 3.8 Schematic diagram of a typical penetration grease apparatus.

Although consistency is poorly defined it is a very important grease characteristic. The
hardness of the grease must be sufficient so that it will remain as a solid lump adjacent to the
sliding or rolling contact. This lump may be subjected to loads from centrifugal accelerations
in rolling bearings and may also be subjected to frictional heat. However, if the grease is too
hard ‘channelling’ may occur where the rolling or sliding element cuts a path through the
grease and causes lubricant starvation. Excessively hard greases are also very difficult to
pump and may cause blockage of the supply ducts to the bearings. Consistency of a grease also
refers to the degree of aggregation of soap fibres. If the soap fibres are present as a tangled
mass then the grease is said to be ‘rough’ and when the grease fibres have joined together to
form larger fibres, the grease is said to be ‘smooth’. Roughness or smoothness has a strong
influence on the stable operation of rolling bearings [29]. If the grease is too smooth, then
stable lumps of grease will never form in a rolling bearing during its operation. The grease
will continue to slump and circulate in the bearing, and high operating temperatures and
short grease life will result. The trade term for this problem is that the grease has failed to
‘clear’. For some unknown reason a very rough grease will be expelled from the bearing and
the bearing will rapidly wear out. A grease that is neither too rough nor too smooth usually
gives the lowest operating temperatures and least wear.

· Mechanical Stability

The consistency of a grease can change due to mechanical shearing. Even if at the beginning
of the service grease possesses the optimum consistency for a particular application,
mechanical working will damage the soap fibres and degrade the grease. Greases differ
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significantly in the level of damage they will incur due to mechanical working. For example,
greases working in gear boxes, bearings, or being pumped through pipes are subjected to
shear. The changes in grease consistency depends on the stability of the grease structure. In
some cases greases may become very soft, or even flow, but in most cases there is only slight
softening or hardening of the grease. Consistency of the grease is often specified for worked
and pre-worked conditions. The grease is worked in the test apparatus which consists of a
container fitted with a perforated metal plate plunger which is actuated by a motor driven
linkage. The schematic diagram of this apparatus is shown in Figure 3.9. There is a large
clearance between the piston and the cylinder and the piston is perforated by a series of small
holes. The piston is moved up and down and the grease is extruded through the holes and
hence is subjected to shearing action. Usually the grease is worked through 60 double strokes
of the piston and then the consistency is determined.
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sample

Air vent

Perforated
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FIGURE 3.9 Schematic diagram of a grease-worker.

The consistency of greases made from several thickening agents has been measured after
varying periods of mechanical working [30]. It was found that all greases were softened by
mechanical working to some extent, but when calcium tallow soap was the thickening agent,
little damage resulted. Lithium hydroxystearate and sodium tallow stearate suffered
significant damage initially, but thereafter their consistency reached a stable value. Lithium
stearate and aluminium stearate, however, showed a continuous progression in damage.

It was also found that if the grease in a rolling bearing fails to clear then the continued
mechanical working of the grease makes the situation even worse. The high operating
speeds of rolling bearings accelerate the mechanical degradation of grease and it is advisable
to operate the bearing at slightly less than the maximum rated speed. A design level of 75%
of maximum rated speed has been suggested [31].

· Drop Point

The drop point is the temperature at which a grease shows a change from a semi-solid to a
liquid state under the prescribed conditions. The drop point is the maximum useful
operating temperature of the grease. It can be determined in an apparatus in which the
sample of grease is heated until a drop of liquid is formed and detaches from the grease
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(ASTM D-566, ASTM D-2265). The schematic diagram of a drop point test apparatus is shown
in Figure 3.10. Although frequently quoted, drop point has only limited significance as a
grease performance characteristic. Many other factors such as speed, load, evaporation losses,
etc. determine the useful operating temperature range of the grease. Drop point is commonly
used as a quality control parameter in grease manufacturing.
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FIGURE 3.10 Schematic diagram of a drop point test apparatus.

· Oxidation Stability

The oxidation stability of a grease (ASTM D-942) is the ability of the lubricant to resist
oxidation. It is also used to evaluate grease stability during its storage. The base oil in grease
will oxidize in the same way as a lubricating oil of a similar type. The thickener will also
oxidize but is usually less prone to oxidation than the base oil. Oxidation stability of greases is
measured in a test apparatus in which five grease dishes (4 grams each) are placed in an
atmosphere of oxygen at a pressure of 758 [kPa]. The test is conducted at a temperature of 99°C
and the pressure drop is monitored. The pressure drop indicates how much oxygen is being
used to oxidize the grease. The schematic diagram of the grease oxidation stability apparatus
is shown in Figure 3.11.

Oxidized grease usually darkens and acidic products accumulate in the same manner as in a
lubricating oil. Acidic compounds can cause softening of the grease, oil bleeding, and leakage
resulting in secondary effects such as carbonization and hardening. In general the effects of
oxidation in greases are more harmful than in oils.

· Thermal Stability

Greases cannot be heated above a certain temperature without starting to decompose. The
temperature-life limits for typical greases are shown in Figure 3.12 [27]. The temperature
limits for greases are determined by a number of grease characteristics such as oxidation
stability, drop point and stiffening at low temperature.
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FIGURE 3.11 Schematic diagram of the grease oxidation stability apparatus.

· Evaporation Loss

As in oils, weight losses in greases due to evaporation can be quite significant. Volatile
compounds and products of thermal degradation contribute to the losses, resulting in
thickening of the lubricant, higher shear resistance and higher temperatures. The testing
method involves placing the test sample in a heating bath and passing evaporating air over
the sample’s surface for 22 hours at temperatures ranging between 99°C and 150°C (ASTM D-
972, ASTM D-2595). The percentage weight loss is then determined.

· Grease Viscosity Characteristics

Greases exhibit a number of similar characteristics to lubricating oils, e.g. they shear thin with
increased shear rates, the apparent viscosity of a grease changes with the duration of
shearing, and grease consistency changes with temperature.

Apparent viscosity of a grease is the dynamic viscosity measured at the desired temperature
and shear rate (ASTM D-1092, ASTM D-3232). Measurements are usually made in the
temperature range between -53°C and 150°C in specially designed pressure viscometers.
Apparent viscosity, defined as the ratio of shear stress to shear rate, is useful in predicting the
grease performance at a specific temperature. It helps to predict the leakage, flow rate, and
pressure drop in the system, the performance at low temperature and the pumpability. The
apparent viscosity depends on the type of oil and the amount of thickener used in the grease
formulation.

Shear thinning of greases is associated with the changes in the apparent viscosity of grease
with increased shear rates. When shearing begins the grease’s apparent viscosity is high but
with increased rates of shearing it may drop to that of its base oil. An example of this non-
Newtonian, pseudoplastic behaviour in calcium soap based greases is shown in Figure 3.13.

Shear duration thinning of greases is associated with the changes which occur in the
apparent viscosity of grease with the duration of shearing. As with oils, the greases which
soften with duration of shearing and stiffen when shearing stops are called thixotropic.
Depending on the type of grease a permanent softening or reverse effect of hardening can
occur. In some applications this effect can be beneficial, in others it is detrimental. For
example, the permanent softening of a small quantity of grease in rolling contact bearings
will result in good lubrication, low friction and low contact temperatures. On the other hand,
the softening of the main bulk of grease will result in its continuous circulation and high
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FIGURE 3.12 Temperature-life limits for typical greases [27].
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FIGURE 3.13 Non-Newtonian behaviour of calcium soap based greases [64].

operating temperatures. Thixotropic greases are particularly useful where there is a leakage
problem, for example, in a gear box. The grease in contact with the gears will be soft because
of shearing, but outside the contact it will be stiffer and will not leak.

Grease consistency temperature relationship describes the changes in the grease consistency
with temperature. As has already been mentioned in a previous chapter the viscosity of oil is
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very sensitive to temperature changes. Relatively small temperature variations may result in
significant changes in viscosity. There are only relatively small changes in grease consistency
with temperature until it reaches its drop point. At this temperature the grease structure
breaks down and the grease becomes liquid. The variation in grease consistency, expressed in
terms of penetration depth, with temperature for a sodium soap grease is shown in Figure
3.14 [21].
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FIGURE 3.14 Variation in grease consistency, expressed in terms of penetration, with
temperature for a sodium soap grease [21].

The structure of some non-soap greases will remain stable until the temperature rises to a
point where either the base oil or the thickener decomposes. It has also been found that if a
grease is heated above the drop point and then cooled it does not regain its grease like
consistency and its performance is unsatisfactory [21].

Classification of Greases

The most widely known classification of greases is related to their consistency and was
established by the National Lubricating Grease Institute (NLGI). It classifies the greases into
nine grades, according to their penetration depth, from the softest to the hardest [28], as
shown in Table 3.3.

Depending on the application a specific grease grade is selected. For example, soft greases, No.
000, 00, 0 and 1, are used in applications where low viscous friction is required, e.g. enclosed
gears which are slow, small and have a tendency to leak oil. In open gears grease must
effectively be retained on the gear surface and tacky or adhesive additives such as bitumen
are used in its formulation to improve adhesion. Greases No. 0, 1 or 2 are used depending on
the operating conditions such as speed, load and size of the gear. In rolling contact bearings
greases No. 1, 2, 3 and 4 are usually used. The most commonly applied is No. 2. Harder
greases are used in large bearings and in applications where there are problems associated
with sealing and vibrations. They are also used for higher speed applications. In plain, slowly
moving bearings (1 - 2 [m/s]) greases No. 1 and 2 are used. In general practice the most
commonly used grease is Multipurpose Grease which is a grease No. 2 according to the NLGI
classification, with aluminium or lithium soap thickeners.
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TABLE 3.3 NLGI grease classification [28].

000 445 - 475
00 400 - 430

0 355 - 385
1 310 - 340
2 265 - 295
3 220 - 250
4 175 - 205
5 130 - 160
6 85 - 115

NLGI
grade

Worked (60 strokes)
penetration range
[   10   mm] at 25°C× -1

The selection of a grease for a specific application mainly depends on the temperature at
which the grease is expected to operate. For low temperature applications the important
factor is the low-temperature limit of a specific grease, which is determined by the viscosity
or pour point of the base oil. Examples of low temperature limits for selected greases are
shown in Table 3.4 [21].

TABLE 3.4 Low temperature limits for selected greases [21].

Base oil Thickener Minimum
temperature [°C]

Mineral oil Calcium soap -20
Sodium soap 0
Lithium soap -40
Bentonite clay -30

Di-ester Lithium soap -75
Di-ester Bentonite clay -55
Silicone Lithium soap -55

Dye -75
Silica -50

Mineral oil
Mineral oil
Mineral oil

Silicone
Silicone

The maximum operating temperature for a grease is limited by the drop point and the
oxidation and thermal stability of the base oil and the other grease components. Typical
properties together with the drop point values for selected greases are listed in Table 3.5 [63].

It is interesting to note that at temperatures above the drop point a grease may still provide
effective lubrication but it will no longer be a grease since it will have changed its phase and
become a liquid.

Environmental factors must also be considered in grease selection. Industries such as
mining, pharmaceuticals, food processing, textiles, aero-space and others operate in specific
environments where different types of greases are required. In some applications, due to
their semi-solid nature, greases are essential. For example, in dirty environments such as
mining, greases are ideal since they reduce the risk of fire and have good sealing properties.
In the pharmaceutical and food industry they are widely applied because they seal against dirt
and prevent leakages which might otherwise contaminate the product. The type of thickener
and base oil that can be used in grease formulation is restricted and controlled in these
industries, so that any accidental contamination of the product will not pose a health risk.

In aerospace applications, greases are expected to operate in extreme conditions. For example,
aviation greases are expected to operate at the temperatures encountered by some of the high
altitude military aircraft which range from -75°C to +200°C. Synthetic lubricants are used in
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these applications. In space, greases must have exceptionally low volatility to withstand high
vacuum. Evaporation losses in space are controlled by specially designed seal systems.

TABLE 3.5 Typical properties of selected greases [63].

 

Thickener
Drop
point
[°C]

Anti-
wear

Thermal
stability Life Anti-

fretting

Average
relative
cost

Sodium soap 185 medium medium fair-
medium

fair medium fair very
quiet

1

Li/Ca
mixed soap

185 good medium good-
excellent

medium medium-
good

fair-
medium

very
quiet

1.4

Lithium
complex

250 good-
excellent

medium good good good poor noisy 1.8

Calcium
complex

240 fair-
medium

good-
excellent

medium medium medium medium noisy 1.5

Aluminium
complex

250 good poor fair-
medium

medium medium poor noisy 1.6

Clay >300 medium-
good

poor-
medium

good medium-
good

medium poor-
medium

noisy 1.5

Soap/clay
mixed base

>300 good-
excellent

medium good-
excellent

good good fair-
medium

fair 1.9

Polyurea
(di-urea)

270 excellent excellent good-
excellent

excellent excellent medium fair 2.5

Polyurea
(tetra-urea)

260 fair-
medium

excellent good-
medium

good excellent good quiet 2

Mecha-
nical
stability

Water
resista-
nce

Churn-
ing
noise

Grease Compatibility

Two lubricating oils, provided that they are of the same type (i.e. mineral, silicone, silane,
diester, etc.), should not present any problems with compatibility when mixed. The general
rule, however, is that two greases should not be mixed, even if they are formulated from the
same base oil and thickener, as this may lead to complete failure of the system [21]. The
particular risk is that an oil added may dissolve or soften the thickener.

Degradation of Greases

Even though grease is prone to a greater number of degradation modes than oil, it is required
to spend a greater period of time as a functioning lubricant. Grease remains packed within
the rolling bearing, gear, etc., whereas oil is circulated from a sump. Grease failure often does
not occur immediately but small changes in operating conditions, particularly temperature,
may cause problems associated with grease degradation.

The modes of grease degradation are: base oil oxidation, separation of oil from the thickening
agent and breakdown of the thickening agent. Base oil oxidation proceeds in a similar
manner to that already discussed for plain mineral oils. Separation of the oil and thickening
agent, or ‘bleeding’, and breakdown of the thickening agent are peculiar to grease. Even in
storage, where oil can be stored in a sealed container almost indefinitely, greases may
separate, soften or harden or even become rancid as in the case of some soap thickened
greases [21]. The composition and physical form of the soap control the likelihood of
‘bleeding’ or ‘loss of consistency’. Loss of consistency means that either the grease has become
too soft or too hard for the intended application or that the rheological and tribological
characteristics have deteriorated.
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The soap may be present in the oil as a tangled mass of fibres or as discrete crystals. It is only
these fibres or crystals that prevent either the oil separating from the grease or the grease
degenerating to a simple liquid. If a grease liquefies, this is called ‘slumping’ and is a major
cause of grease failure. As mentioned earlier, the soap fibres are vulnerable to temperature
and excessive mechanical working. Elevated temperature attacks the grease in two ways:

· the base oil loses viscosity and therefore separates from the grease more readily,

· the soap fibres melt, in some cases even at quite low temperatures.

If the soap fibres melt (or soften when there is no clear melting point), the grease
disintegrates. Rolling bearings and gears can reach temperatures well in excess of 100°C
during operation and special soaps, as opposed to the traditional calcium stearate, have been
developed to meet these demands. An example is lithium hydroxy-stearate which does not
soften up to 190°C, and other greases capable of withstanding even higher temperatures are
also manufactured. The lifetime of any grease declines with temperature. For example, at
40°C the lifetime of a lithium hydroxy-stearate grease is approximately 20,000 hours, whereas
at 140°C its lifetime is only 500 hours. Grease failure in these circumstances is caused by
hardening of the grease and formation of deposits on bearing surfaces.

Most greases are reasonably resistant to damage by water in spite of their soap content. Whilst
lithium and aluminium based greases are scarcely affected by water, sodium based greases are
quite vulnerable to it. Calcium based greases, on the other hand, exhibit intermediate levels
of water resistance.

3.6 LUBRICANT ADDITIVES

Lubricant additives are chemicals, nearly always organic or organometallic, that are added to
oils in quantities of a few weight percent to improve the lubricating capacity and durability of
the oil. This practice gained general acceptance in the 1940’s and has since developed to
provide an enormous range of additives. Specific purposes of lubricant additives are:

· improving the wear and friction characteristics by provision for adsorption and
extreme pressure (E.P.) lubrication,

· improving the oxidation resistance,

· control of corrosion,

· control of contamination by reaction products, wear particles and other debris,

· reducing excessive decrease of lubricant viscosity at high temperatures,

· enhancing lubricant characteristics by reducing the pour point and inhibiting the
generation of foam.

Carefully chosen additives are extremely effective in improving the performance of an oil.
Perhaps for this reason, most additive suppliers maintain secrecy over the details of their
products. One result of this secrecy is that the supplier and the user of the lubricant may only
know that a particular oil contains a ‘package’ of additives and this can often impede analysis
of lubricant failures. Another result is that large companies very often use many different
brands of lubricants which are effectively the same or have similar properties and
composition. This is quite costly to a company as a variety of lubricants must be stored and
replaced from time to time. The secrecy surrounding additives also means that their
formulation is partly an art rather than a purely scientific or technical process. The most
common package of additives used in oil formulations contains anti-wear and E.P.
lubrication additives, oxidation inhibitors, corrosion inhibitors, detergents, dispersants,
viscosity improvers, pour point depressants and foam inhibitors. Sometimes other additives
like dyes and odour improvers are also added to the oils.
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Wear and Friction Improvers

Additives which improve wear and friction properties are probably the most important of all
the additives used in oil formulations. Strictly speaking these chemicals are adsorption and
extreme pressure (E.P.) additives and they control the lubricating performance of the oil.
Performance enhancing properties of these additives are very important since, if oil lacks
lubricating ability, excessive wear and friction will begin as soon as the oil is introduced into
the machine. These additives can be divided into the following groups:

· adsorption or boundary additives,

· anti-wear additives,

· Extreme Pressure additives.

· Adsorption or Boundary Additives

The adsorption or boundary additives control the adsorption type of lubrication, and are also
known in the literature as ‘Friction Modifiers’ [32] since they are often used to prevent slip-
stick phenomena. The additives in current use are mostly the fatty acids and the esters and
amines of the same fatty acids. They usually have a polar group (-OH) at one end of the
molecule and react with the contacting surfaces through the mechanism of adsorption. The
surface films generated by this mechanism are effective only at relatively low temperatures
and loads. The molecules are attached to the surface by the polar group to form a carpet of
molecules, as shown in Figure 3.15, which reduces friction and wear.

Surface

Adsorbed
molecules

FIGURE 3.15 Adsorption lubrication mechanism by boundary additives.

The important characteristic of these additives is an unbranched chain of carbon atoms with
sufficient length to ensure a stable and durable film. Specialized additives which combine
adsorption or boundary properties with some other function such as corrosion protection are
also in use [32]. Such additives are rarely described in detail in open literature, although the
most frequently used are sulphurized fatty acid derivatives, phosphonic acids or N-acylated
sarcosines [3]. Stearic acid derivatives such as methyl and ethyl stearates are also used.
Adsorption or boundary additives are very sensitive to the effects of temperature. They lose
their effectiveness at temperatures between 80°C and 150°C depending on the type of additive
used. With increased temperature there is sufficient energy input to the surface for the
additive to desorb. The critical temperature at which the additive is rendered ineffective can
be manipulated by changing the additive’s concentration, i.e. a higher concentration results
in a higher critical temperature, but the cost is also increased.
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· Anti-Wear Additives

In order to protect contacting surfaces at higher temperatures above the range of effectiveness
of adsorption or boundary agents, anti-wear additives were designed and manufactured.
There are several different types of anti-wear additives that are currently used in oil
formulations. For example, in engine oils the most commonly used anti-wear additive is
zinc dialkyldithiophosphate (ZnDDP), in gas turbine oils tricresylphosphate or other
phosphate esters are used. Phosphorous additives are used where anti-wear protection at
relatively low loads is required.

These additives react with the surfaces through the mechanism of chemisorption, and the
protective surface layer produced is much more durable than that generated by adsorption or
boundary agents.

Common examples of these additives are zinc dialkyldithiophosphate, tricresylphosphate,
dilauryl phosphate, diethylphosphate, dibutylphosphate, tributylphosphate and
triparacresylphosphate. These additives are used in concentrations of 1% to 3% by weight.

Zinc Dialkyldithiophosphate (ZnDDP) is a very important additive commonly used in
engine oil formulations. It was originally developed as an anti-oxidant and detergent, but it
was found later that this compound also acted as an anti-wear and mild extreme pressure
additive. The term ‘anti-wear’ usually refers to wear reduction at moderate loads and
temperatures whereas the term extreme pressure (E.P.) is reserved for high loads and
temperatures. Although some authors recognize this additive as a mild E.P. additive, it is
generally classified in the literature as an anti-wear additive. The chemical structure of
ZnDDP is shown in Figure 3.16.
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FIGURE 3.16 Chemical structure of zinc dialkyldithiophosphate.

By altering the side groups a series of related compounds can be obtained, an example of
which is zinc diphenyldithiophosphate. These new compounds, however, are not as
effective as ZnDDP in reducing wear and friction. The presence of zinc in ZnDDP plays an
important role. The substitution of almost any other metal for zinc results in increased wear.
For example, it was found that wear rates increased with various metals in the following
order: cadmium, zinc, nickel, iron, silver, lead, tin, antimony and bismuth [56]. Cadmium
gives the lowest wear rates but is far too toxic for practical applications. Interestingly, no
definite explanation for the role of metals in the lubrication process by ZnDDP has yet been
offered.

Like many other lubricant additives, ZnDDP is usually not available in pure form and
contains many impurities which affect lubrication performance to varying degrees [33]. The
surface protective films which are formed as the result of action of ZnDDP act as the
lubricant, reducing wear and friction between the two interacting surfaces. The lubrication
mechanism of ZnDDP is quite complex as the additive has three interacting active elements,
i.e. zinc, phosphorus and sulphur. Water and oxygen are also active elements, and their
presence increases the complexity of the mechanism of lubrication. All of these elements and
compounds are involved in surface film formation, and our current understanding of the
surface films produced is that they consist of a matrix of zinc polyphosphate with inclusions
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of iron oxide and iron sulphide. The thickness of these films is of the order of 10 [nm] [34]. It
has also been suggested that the films might be formed by spontaneous decomposition of the
additive on the worn surface since only a small amount of iron is found in the film [35].
Even the effective film thickness under operating conditions is a matter of controversy. In a
different experiment the contact resistance measured between sliding surfaces lubricated by
ZnDDP was found to be higher than expected. It indicated that a thicker surface film of
perhaps 100 [nm] thickness was in place, which is much greater than when lubricated by
surfactants which are boundary agents [33].

Care should be taken with the application of ZnDDP. This additive is most suitable for
moderate loads and was initially applied to the valve train of an internal combustion engine,
giving significant reduction in wear and friction [36]. For high loads applications ZnDDP may
actually increase wear beyond that of a base oil [34]. It is also found that temperature can
amplify these effects. This is demonstrated in Figure 3.17 [34] where the wear rates decreased
with temperature at low loads for ZnDDP containing oils but the converse was true at high
loads.
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FIGURE 3.17 Influence of load and temperature on the effectiveness of ZnDDP on wear rates
(adapted from [34]).

ZnDDP is a prime example of the empirical nature of much of the science of lubricant
additive development. The problem of valve train wear and oil degradation in internal
combustion engines was solved by applying ZnDDP many years ago. Scientific understanding
and interpretation of the process has only recently become available.

Tricresylphosphate (TCP) has been used as an anti-wear additive for more than 50 years. Like
ZnDDP, it functions by chemisorption to the operating surfaces, which is explained in detail
in the chapter on ‘Boundary and Extreme Pressure Lubrication’. It is very effective in
reducing wear and friction at temperatures up to about 200°C. Beyond this temperature there
is sufficient energy input to the surface for the chemisorbed films to desorb and it is believed
that the compound will then form less effective, much weaker, thick phosphate films with
limited load capacity [62].

Other anti-wear additives such as dilauryl phosphate, dibutylphosphate, diethylphosphate,
tributylphosphate and triparacresylphosphate are also being used in lubricant formulation.
They function in the same manner as ZnDDP or TCP by producing chemisorbed surface
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films. Some of these additives, e.g. diethylphosphate, can even behave as a moderate E.P.
additive, and these are discussed in the next section.

· Extreme Pressure Additives

These compounds are designed to react with metal surfaces under extreme conditions of load
and velocity, i.e. slowly moving, heavily loaded gears. Under these conditions operating
temperatures are high and the metal surfaces are hot. E.P. additives contain usually at least
one aggressive non-metal such as sulphur, antimony, iodine or chlorine. They react with
exposed metallic surfaces creating protective, low shear strength surface films, which reduce
friction and wear. The reaction with the metallic surfaces is a form of mild corrosion, thus
the additive concentration is critical. If the concentration of E.P. additive is too high then
excessive corrosion may occur. If the concentration of E.P. additive is too low then the
surfaces may not be fully protected and failure could result. E.P. additives, if they contain
sulphur or phosphorus, may suppress oil oxidation but decomposition of these additives
may occur at even moderate temperatures. Extended oil life at high temperatures is therefore
not usually obtained by the addition of E.P. additives. Extreme Pressure additives are not
generally toxic but some early types were even poisonous, e.g. lead naphthenates.

There are several different types of Extreme Pressure additives currently added to oils. The
most commonly used are dibenzyldisulphide, phosphosulphurized isobutene,
trichlorocetane and chlorinated paraffin, sulphurchlorinated sperm oil, sulphurized
derivatives of fatty acids and sulphurized sperm oil, cetyl chloride, mercaptobenzothiazole,
chlorinated wax, lead naphthenates, chlorinated paraffinic oils and molybdenum disulphide.
There are also other types of E.P. additives, e.g. tin based organochlorides, but these are not
very popular because of toxicity and stability problems.

Dibenzyldisulphide is a mild E.P. additive which has sulphur positioned in a chain between
two organic radicals as shown in Figure 3.18.

CH� S�2� S� CH�2�

FIGURE 3.18 Structure of dibenzyldisulphide.

Examples of this type of additive are butylphenol disulphide and diphenyl disulphide. The
specific type of hydrocarbon radical, e.g. diphenyl, provides a useful control of additive
reactivity to minimize corrosion.

Trichlorocetane and chlorinated paraffin are powerful E.P. additives but they are also very
corrosive, particularly when contaminated with water. They are applied in extreme
situations of severe lubrication problems, e.g. screw cutting.

Paraffinic mineral oils and waxes can be chlorinated to produce E.P. additives. They are not
very popular since the mineral oils are quite variable in their composition and usually a
poorly characterized additive results from this procedure. Such additives may have very
serious undesirable side effects, e.g. toxicity and corrosiveness.

Sulphurchlorinated sperm oil is an effective E.P. additive, but is becoming obsolete because
of the increasing rarity of harvested sperm whale oil. It is still, however, used in heavy duty
truck axles.

Sulphurized derivatives of fatty acids and sulphurized sperm oil provide a combination of
Extreme Pressure and Adsorption lubrication [38]. Sulphurization of fatty acids and sperm oil
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(which is a fatty material) produces a complex range of products, so that names of individual
products are not usually quoted. An early example is sulphurized lead naphthenate which
has been used as an additive in hypoid gears. Although, in general, E.P. additives are not
toxic, this particular additive is poisonous and largely for this reason it is gradually becoming
obsolete. These additives can still be found in gear oils and cutting fluids for metalworking
operations.

Molybdenum disulphide provides lubrication at high contact stresses. It functions by
depositing a solid lubricant layer on the contacting surfaces. It is non-corrosive but is very
sensitive to water contamination as water causes the additive to decompose.

Anti-Oxidants

· Oil Oxidation

Mineral oils inevitably oxidize during service and this causes significant increases in friction
and wear which affects the performance of the machinery. The main effect of oxidation is a
gradual rise in the viscosity and acidity of an oil. This effect is demonstrated in Figure 3.19
which shows the variation of viscosity and acidity of a mineral oil as a function of oxidation
time [39].
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FIGURE 3.19 Effects of oxidation on the viscosity and acidity of a mineral oil (adapted from
[39]).

It can be seen from Figure 3.19 that as the oxidation proceeds beyond 120 hours of operating
time, there is a rapid rise in viscosity, increasing about 8 fold by 150 hours. A similar trend
can also be observed with the acidity of the oil, expressed as Total Acid Number. A highly
oxidized oil needs to be replaced since it causes power losses due to increased viscous drag
and difficulties in pumping through the lubricant feed lines. It should be mentioned,
however, that oxidation is not the only cause of viscosity increase in lubricating oils.
Another cause is diesel soot. Elevated oil acidity can cause concentrated corrosion of certain
machinery components such as seals and bearings. For example, lead, copper and cadmium
are used in the bearing alloys of an internal combustion engine and they are particularly
prone to corrosion. It is clear from Figure 3.19 that beyond a Total Acid Number of about 3 an
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oil needs to be replaced. The period of time prior to any drastic change in the lubricating
properties of an oil represents its working life and is also referred to as the induction period.

The general mechanism of oil oxidation is believed to be a free-radical chain reaction. The
identification of the precise mechanism, however, is hindered by the complexity and
variability of mineral oil composition [3,40]. It is thought that a possible reaction mechanism
of the initial stages of the oxidation process is as follows [3]:

R-H →  R° + H° (radical formation)

R° + O2 → R-O-O° (peroxide formation)

R-O-O° + R-H → R-O-O-H + R° (propagation)

where:

R-H is a hydrocarbon;

R is a radical;

R° is a free radical;

H° is a hydrogen ion;

R-O-O° is a peroxide radical;

R-O-O-H is an organic acid.

The initial reaction is the formation of radicals which is essentially a thermally activated
dissociation of the hydrocarbon molecules. In the second reaction peroxides are formed and
this represents the first stage of oxidation, i.e. a direct reaction between hydrocarbon and
dissolved oxygen. The propagation process is shown in the third reaction which illustrates
how the oxidized hydrocarbons can exert a catalytic effect and hence greatly accelerate the
oxidation process. The peroxide radical R-O-O° is very reactive and controls the reaction
rate. By reacting with the hydrogen ion it produces a carboxyl acid R-O-O-H , and this
provides the basis for accelerated oxidation [39]. Therefore each consequent oxidation stage
leads to more products which are themselves capable of oxidation until eventually a large
portion of the oil is oxidizing at any one time, as opposed to a trace quantity, and oil
oxidation may proceed very rapidly beyond a critical point. The oxidation process is therefore
self-accelerating. The end result is that the original hydrocarbons are converted to a series of
carboxyl acids, ketones and alcohols which can then form higher molecular weight
components by condensation. The high molecular weight components form sludge and
deposits, which block the oil pathways.

The oxidation rates can be affected by temperature, metals in contact with oil, the amount of
water and oxygen in the oil and the presence of ionizing radiation. The temperature
especially has a profound effect on oxidation rates, which can be as much as tripled by a
temperature rise of 10°C.

The presence of metallic wear debris in the oil can accelerate oxidation. This aspect of oil
degradation has been known for a long time but the actual mechanism involved is still not
fully understood. It has been shown that the oxidation of a thin layer of oil in a metal test-
cup is influenced by the cup material [41]. Iron consistently accelerates the oxidation of oil,
whereas when there are high concentrations of dissolved copper in the oil, oxidation is
limited. It is found that copper shows an inhibiting effect when present in oil at
concentrations as high as 2000 [ppm], but at the concentrations typical for used oils (i.e. ~ 100
[ppm]) there is no inhibiting effect and oxidation is accelerated [42]. Acceleration of oil
oxidation by iron also depends on the form of contact between the iron and the oil. There are
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in fact several forms of contact possible between a metal and an oil. There can be contact
between the oil and the adjacent metal surfaces, or there can be contact between suspended
wear debris and dissolved metal. Each of these contacts affects oil oxidation to a varying
degree. Some have already been investigated and others have not. For example, iron
dissolved in oil exerts a far stronger pro-wear effect than particulate iron [43]. On the other
hand, the relationship between suspended particulate iron and dissolved iron has not yet
been investigated. Lead is also found to be easily dissolved in oil, but unlike copper or iron, it
does not lead to the formation of high molecular weight insoluble products which cause
sludging and formation of deposits on the interacting surfaces.

Oxidation rates depend on the quantity of oxygen dissolved in the oil. As the amount of
oxygen in the oil can be increased by mixing, churning, etc., the lubrication systems should be
designed in such a way that the oil is disturbed as little as possible.

Other factors can also contribute to the oxidation of oils or produce similar effects. In internal
combustion engines blow-by gases and nitrous oxide can hasten the oxidation process [39]
while nuclear radiation can cause a large increase in oil viscosity by inducing cross-links
between hydrocarbon molecules [44]. Radiation also produces free radicals, thus increasing
the rate of oxidation.

The problem of deposits formation on surfaces lubricated by mineral oils was recognized
quite early, during the development of the internal combustion engine. Recent research in
this area indicates that the probability of diesel engine scuffing is related to the critical
temperature of lacquer formation [45]. It has been found that lacquer or deposit formation
between piston-rings and their adjacent grooves prevent their free movement. Scuffing then
results because of the high contact forces between the ring and the cylinder wall. It is believed
that the combined processes of oil oxidation and evaporation contribute to the formation of
deposits. The rate of deposit formation depends on several factors, for example, rough
surfaces accelerate deposit formation, the deposit forming tendency of mineral oils increases
with the average molecular weight of the oil (high molecular weights giving the most
deposits), and rate of deposition conforms to the Arrhenius law [46].

Oil oxidation can also affect the wear of mechanical components to varying degrees [47,57].
These effects are, however, poorly researched and understood. They are also unpredictable. It
has been found, for example, that wear rates of various moving parts can be accelerated in a
non-uniform manner by oxidation. The damage can then be concentrated on one component
critical to the operation of the machinery.

Finally a limited amount of oxidation is not entirely detrimental to the oil, since initial
oxidation products can provide thin-film lubrication [33]. This fact was recognized even
before additives were introduced. The lubricating oils were deliberately oxidized before their
application. An example of these effects is shown in Figure 3.20. It can be seen that mildly
oxidized hexadecane gives better friction characteristics than pure hexadecane, especially
above 90°C [33].

In general, mineral oils are vulnerable to chemical degradation in service and wear processes
accentuate the severity of conditions. This limitation in fact provided one of the principal
reasons for developing synthetic mineral oils. The move to more durable lubricants is a
continuation of a long-term trend which began when mineral oils displaced lubricants such
as castor and olive oil in the early 20th century because of their longer service life and
availability.

· Oxidation Inhibitors

Most lubricating oils in present use contain anti-oxidant additives to delay the onset of
severe oxidation of the oil. These are either natural anti-oxidants or artificially introduced
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additives that are able to suppress oxidation and any differences in the oxidation resistance of
oils largely depend on the presence of these inhibitors. Natural sulphur or nitrogen
containing compounds which are present in mineral oils act as oxidation inhibitors by
scavenging the radicals produced by the oxidation process. Sulphur based E.P. and anti-wear
additives are also quite effective as anti-oxidants. Aside from their trace compounds, there
are differences in oxidation resistance between particular oil types. For example, paraffinic
oils usually have greater oxidation stability than naphthenic oils [3].

Pure hexadecane

Oxidized hexadecane
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FIGURE 3.20 Effect of oxidation on the friction characteristics of hexadecane [33].

Widely used anti-oxidant additives are zinc dialkyldithiophosphate, metal deactivators,
simple hydrocarbons such as phenol derivatives, amines and organic phosphates. Sulphur
and phosphorus in elemental form or incorporated into organic compounds are also
effective as anti-oxidants and anti-wear additives. They are sometimes added to oils (a very
old practice) but are likely to cause corrosion problems or may precipitate and lose
effectiveness as an additive. Anti-oxidants are usually added to the oil in very small
quantities at a concentration of approximately 1% by weight.

Anti-oxidants can be classified into three basic categories:

· metal deactivators,

· radical inhibitors (or propagation inhibitors),

· peroxide decomposers.

Metal deactivators inhibit the acceleration of oil oxidation by entraining a metal such as iron
and copper. These metals are the most commonly used materials for engineering machinery.
Metal deactivators function by chelation of the metal ions. Major sources of metal
deactivators are derivatives of salicylic acid but they can also be derived from lecithin,
phosphoric, acetic, citric and gluconic acids [3]. A specific example of this type of anti-oxidant
is ethylenediaminetetraacetic acid. These compounds are added to the oil in very limited
quantities of about 5 - 30 [mg/kg].

Radical inhibitors (or propagation inhibitors) function by neutralizing the peroxy radicals
and the anti-oxidation mechanism involved is shown below:

A-H + R-O-O° → A° + R-O-O-H (production of hydroperoxides)

A° + R-O-O° → A-O-O-R (termination of oxidation)

A° + A° →  2A (deactivation of additives)
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where:

R is a radical;

R-O-O° is a peroxide radical;

R-O-O-H is a hydroperoxide;

A-H is an additive;

A° is an activated additive.

The first reaction shows the production of hydroperoxides which are generated by the
reaction of the additives with peroxide radicals. The radical inhibitor usually consists of a
hydrocarbon with a polarized or weakly bonded hydrogen atom. Unfortunately during this
reaction organic acids are produced. In the next step the termination of oxidation takes place.
The peroxy radicals are completely neutralized, and form a relatively inert product. The third
reaction illustrates the deactivation of the additive. The activated additives tend towards
mutual neutralization, resulting in greater usage of the additives.

Examples of these additives are diarylamines, dihydroquinolenes and hindered phenols.
These additives are also known in the literature as simple hydrocarbons. They are
characterized by low volatility, which is an important feature since they can then only be
used in very small quantities of 0.5 - 1% by weight, and furthermore their lifetime is very
long.

Peroxide decomposers function by neutralizing the hydroperoxides which would otherwise
accelerate the process of oxidation. An example of this additive is zinc
dialkyldithiophosphate (ZnDDP) which functions by decomposing the peroxide radicals (R-
O-O°) and hydroperoxides (R-O-O-H) formed during oil oxidation. This action prevents the
acceleration of the oxidation process. ZnDDP is most frequently added to engine oils in small
amounts of about ~1 - 2% by weight.

The decomposition of hydroperoxide causes gradual degradation and depletion of ZnDDP in
the oil, reducing its efficiency as an additive. In one experiment the concentration of
peroxides and ZnDDP in oxidizing hexadecane was measured by using the radio-isotope
techniques [59]. It was found that as soon as a small quantity of ZnDDP was added to the
lubricant it was converted to its immediate decomposition product di-
isobutyldithiophosphoryl disulphide (DS), which, after an induction period, suppressed the
further formation of peroxides. This is demonstrated in Figure 3.21 which shows the
changes, with respect to time, in the concentration levels of hexadecane oxidation products
(HOP), hydroperoxides (ROOH), ZnDDP and its immediate decomposition product such as
di-isobutyldithiophosphoryl disulphide (DS).

The combination of organo-metallic and simple hydrocarbon (ash-less) anti-oxidants is often
more effective than these two types used separately. Interestingly, ZnDDP does not even act
as a true anti-oxidant, it simply decomposes the hydroperoxides which are the precursors of
polymeric oxidation products and which accelerate wear by what appears to be a corrosive
wear mechanism [59]. Instead of being prevented, the oxidation is converted to a milder,
more acceptable form with a much reduced probability of rapidly accelerating oxidation by
multiple reaction paths. ZnDDP is also found to delay both the induction time and rate of
deposit formation caused by oil oxidation [46]. This is different from ash-less anti-oxidants
which prolong the induction time only slightly. The term ‘anti-oxidants’ thus refers to a
diverse group of compounds with quite considerable differences in their functional
characteristics.

Most known anti-oxidants will eventually decompose by oxidation during their working
cycle. So in fact permanent protection of oil against oxidation at high temperatures is
virtually impossible. Once the anti-oxidant is exhausted, the oil which in most practical
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applications contains a high level of dissolved metal from wear, will rapidly oxidize. There
are obviously considerable variations in oil oxidation rates, so that in some cases the period
between depletion of anti-oxidant and breakdown of the oil will be quite long, whereas with
some other oils there might be only a very short warning period before the lubricant fails
entirely. Once the lubricant fails, the risk of machine failure is high.
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FIGURE 3.21 Inhibition of oil oxidation and simultaneous decomposition of anti-oxidant as
measured by radio-isotopes (adapted from [59]).

Finally it has to be emphasized that the type of anti-oxidant used will depend on the
application. For example, in systems where E.P. or anti-wear activity is essential and the oil
life time is relatively short then ZnDDP or sulphur and phosphorus based E.P. additives give
the best results. On the other hand, in applications which require a long life time from the oil
at high temperatures, amine based inhibitors will be most suitable.

Corrosion Control Additives

In this category two groups of additives are distinguished in the literature: corrosion
inhibitors and rust inhibitors. Corrosion inhibitors are used for non-ferrous metals (i.e.
copper, aluminium, tin, cadmium, etc.) and are designed to protect their surfaces against any
corrosive agents present in the oil. Rust inhibitors are needed for ferrous metals and their
task is to protect ferrous surfaces against corrosion.

Corrosion inhibitors are used to protect the non-ferrous surfaces of bearings, seals, etc. against
corrosive attack by various additives, especially those containing reactive elements such as
sulphur, phosphorus, iodine, chlorine and oxidation products. Some of the oxidation
products are very acidic and must be neutralized before they cause any damage to the
operating parts of the machinery. The combination of corrosive additives, oxidation
products, high temperature, and very often water, can make the corrosion attacks on non-
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ferrous metallic parts which are used in almost every machine very severe. The commonly
used additives to control the corrosion of non-ferrous metals are benzotriazole, substituted
azoles, zinc diethyldithiophosphate, zinc diethyldithiocarbamate, trialkyl phosphites. These
act by forming protective films on the metallic surfaces.

Rust inhibitors are used to protect the ferrous components against corrosion. The main
factors which contribute to accelerated corrosion attack of ferrous parts are oxygen dissolved
in the oil and water. These can cause an electrolytic attack which may be even more
accelerated with increased temperature. Rust inhibitors are usually long chain agents, which
attach themselves to the surface, severely reducing the mobility of water, as shown in Figure
3.22. In some cases, two ends of the chain can be active, so the additive attaches itself to the
surface with both ends, as demonstrated in Figure 3.22, and then less additive is needed to
decrease the mobility of water. The commonly used additives which control the corrosion of
ferrous metals are metal sulphonates (i.e. calcium, barium, etc.), amine succinates, or other
polar organic acids. The calcium and barium sulphonates are suitable for more severe
corrosion conditions than the succinates and the other organic acids.

Metallic surface

H2O H2O

FIGURE 3.22 Operating mechanism of rust inhibitors.

Contamination Control Additives

With the introduction of the internal combustion engine a whole new class of additives has
been developed. Engine oils are regularly exposed to fuel and combustion products which
inevitably contribute to their contamination. Water also plays a major role since it accelerates
the oxidation of the oil and may form an oil-water emulsion. When sulphur is present in
the fuel, sulphurous or sulphuric acid is formed during combustion. If either of these
compounds is dissolved by water then corrosion or corrosive wear of the engine will be
accelerated. There can also be many other possible contaminants such as soot from inefficient
fuel combustion, wear debris, unburned fuel, breakdown products of the base oil, corrosion
products, dust from the atmosphere, organic debris from microbiological decomposition of
the oil, etc. Without proper control of contamination, the oil will lose its lubricating capacity,
become corrosive and will be unsuitable for service. Various additives have been developed
to control the acidity of the products of sulphurous combustion of dirty fuel and to prevent
agglomeration of soot from combustion and wear particles. The agglomeration of particles
can be very destructive to engines since it blocks the oil supply pipe-lines or even the filters.
Additives which prevent the development of all these detrimental effects are known in the
literature either as ‘detergents’ or ‘dispersants’. The latter term however, is more accurate.
The primary functions of these additives are:

· to neutralize any acids formed during the burning of fuel,

· to prevent lacquer and varnish formation on the operating parts of the engine,

· to prevent the flocculation or agglomeration of particles and carbon deposits which
may choke the oil ways.
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There are two types of dispersant: a mild dispersant and an over-based or alkaline dispersant.

Mild dispersants are often composed of simple hydrocarbons or ashless compounds (i.e.
when the compound is burnt no oxides are left, since organic compounds burn to CO2 and
water). Mild dispersants are typically low molecular weight polymers of methacrylate esters,
long chain alcohols, or polar vinyl compounds. The function of these additives is to disperse
soot (carbon) and wear particles.

Over-based dispersants are calcium, barium or zinc salts of sulphonic, phenol or salicylic
acids. Over-based means that an excess of alkali is used in the preparation of these additives.
The additive is present in the mineral oil as a colloid. The alkaline prepared additive serves
to neutralize any acid accumulated in the oil during service. Alkaline dispersants have a
disadvantage in that they accelerate oil oxidation and therefore require the addition of an
anti-oxidant to the oil. Commonly used dispersants are summarized in Table 3.6.

TABLE 3.6 Some commonly used dispersants.

  

Dispersant Laquer and
varnish prevention

Acid
neutralisation

Coagulation
prevention

Dispersants and over-based dispersants

Calcium, barium or zinc
salts of sulphonic, phenol
or salicylic acid

Good, especially
at high
temperatures

Good Fair

Carboxylic and salicylic
type additives

Good Fair Poor (they
can cause
coagulation)

Low weight polymers of
methacrylate esters or
long chain alcohols

Fair* Weak Good

Polar vinyl compounds Fair* Weak Good

Amines (e.g. triethylene amine)

Saturated succinimide

Mild dispersants (i.e. ashless compounds)

Fair* Fair Good

Fair* Weak Good

* These additives are only effective at low temperatures

Dispersants usually work by stabilizing any colloid particles suspended in the oil as
schematically shown in Figure 3.23.

There is a very quick and cheap way of checking whether the dispersants are still active in a
particular oil. A drop of the oil is placed on a piece of blotting paper. It is preferable to use
‘live oil’ from the operating machinery. A ‘greasy spot’ will result. If the ‘greasy spot’ is
evenly dispersed than the dispersants work correctly, but if there is a small black dot in the
middle surrounded by the ‘greasy spot’ then the dispersants have been used up and the oil
needs replacing.

Viscosity Improvers

These are additives which arrest the decline in oil viscosity with temperature and they are
commonly known as viscosity index improvers. Viscosity improving additives are usually
high molecular weight polymers which are dissolved in the oil and can change shape from
spheroidal to linear as the temperature is increased. This effect is caused by a greater
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solubility of the polymer in the oil at higher temperatures and partly offsets the decline in
base oil viscosity with temperature. The linear or uncoiled molecules cause a larger rise in
viscosity in comparison to spheroidal or coiled molecules. Typical viscosity improvers are
polymethacrylates in the molecular weight range between 10,000 and 100,000. It seems that
linear polymer molecules with only a small number of side chains are the most effective.
These additives are used in small concentrations of a few percent by weight in the base oil.
They have been used for many years as an active ingredient of multigrade oils.

   

a) Synthesis of sulphonate detergents
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+
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FIGURE 3.23 Synthesis and function of sulphonate detergents.

The main problem associated with these additives is that they are easily degraded by
excessive shear rates and oxidation. Under high shear rates viscosity improvers can suffer
permanent or temporary viscosity loss. Temporary viscosity loss results from the alignment
of the polymer molecules under high shear rates and is reversible. On the other hand,
permanent viscosity loss involves the breakdown of large polymer molecules under high
shear rates and is irreversible. Viscosity improvers can usually raise the viscosity index of an
oil from 110 to 150, but only at moderate shear rates and for a limited period of time. Oil
oxidation can also contribute to the degradation or breakdown of the polymer molecules.
Pressure-viscosity coefficients are not significantly affected by polymer viscosity improvers
although some minor effects have been reported in the literature. In general, they are
relatively inert and do not interfere with the other additives, in particular ZnDDP [50]. Some
of them may, however, affect the wear rates. It was found, for example, that polymethacrylate
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viscosity improvers with a molecular weight over 100,000 increased wear rates in
comparison to plain mineral oil [54]. The acceleration in wear became even worse with
increased contact load. To explain this, it has been suggested that the larger molecules of a
viscosity improver can impede oil flow in the EHL contacts. Cam lobes of engines lubricated
by polymer thickened oils were found to wear more rapidly than when plain oils were used
[55]. At low contact loads, however, it was found that viscosity improvers actually reduced
wear rates [54]. Factors which control the transition from the pro-wear to the anti-wear effect
are, as yet, unknown and need to be investigated.

Pour Point Depressants

Pour point depressants are basically the same compounds as viscosity improvers. They
prevent the generation of wax crystals at low temperatures by dislocating the wax structure.
They are essential for low temperature operation in applications where the base stock is
paraffinic. In cases when it is known that the oil operating temperature will never fall below
0°C they can be completely omitted from oil formulation.

Foam Inhibitors

The main task of foam inhibitors is to destabilize foam generated during the operation of the
machinery. Usually long chain silicone polymers are used in very small quantities of about
0.05% to 0.5% by weight. The amount of additive used is quite critical, i.e. excessive amount
of this additive is less effective.

Interference Between Additives

Interference between additives is a serious problem and the subject of continuing
investigation. As mentioned earlier some of the anti-wear and E.P. additives can react with
other additives and lose their effectiveness. For example, some of the fatty acids such as oleic
acid or detergents and rust inhibitors can significantly suppress the lubricating action of
ZnDDP. One of the problems which has hardly been investigated is the problem of chemical
reaction between the lubricant and the fuel, or some other chemical. In some cases, zinc in
ZnDDP can be replaced by some other element. A relatively harmless example is the
substitution of zinc by lead in engine oils when leaded petrol is used. In this case, ZnDDP is
converted to PbDDP which is a less efficient additive and causes increased wear of the engine
[37]. The presence of zinc in ZnDDP can be used as a condition monitoring index, indicating
when the level of ZnDDP has been depleted. When zinc is replaced by lead, the additive will
still be present in the oil, but as a different compound, PbDDP, which is less efficient.
Another example is the effect of ammonia on lubricants. In chemical plants, compression of
ammonia is commonplace. In cases where an oil containing an acidic succinate corrosion
inhibitor is contaminated by ammonia a serious sludging may occur which can lead to
extensive plant damage [53]. Where there are several additives present in the oil along with
an active contaminant, the number of possible interactions becomes very large and it is
difficult to isolate the cause of any lubricant breakdown and consequent damage to the
machinery.

Although dispersants are essential additives in oils, they unfortunately have a number of
negative side-effects which can be classified as ‘additive interference’. It is well known that
the dispersants accelerate the oxidation of oils and that an anti-oxidant must be included
when these additives are used. Both the mild and over-based dispersants also have a strong
effect on lubrication, in particular boundary and E.P. lubrication. ZnDDP and sulphur based
additives may even be prevented from proper functioning because of dispersant interference.
For example, the effect of dispersants on the coefficient of friction at various temperatures is
shown in Figure 3.24. A hexadecane with a typical sulphur based additive, dibenzyl
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disulphide (DBDS), was initially used as the lubricating fluid and then common dispersants
such as calcium sulphonate and n-octadecylamine (amine) were added [48].

It can be seen from Figure 3.24 that DBDS forms a lubricating film which results in a
reduction of the coefficient of friction at about 160°C. Both dispersants reduce the coefficient
of friction up to 80°C, but calcium sulphonate prevents the effective lubrication by DBDS
beyond 160°C. The action of DBDS is thus inhibited. It was found that the increase in friction
was paralleled by an ability of calcium sulphonate to prevent the formation of sulphide films
on a steel substrate by DBDS [48].

a)
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FIGURE 3.24 Effect of dispersants on the coefficient of friction at various temperatures [48].

A similar effect takes place between ZnDDP and dispersants. In this instance, however, the
amine additives are the hindrance [49,50,51,52]. It is suggested that the amine forms a
complex with ZnDDP preventing it from decomposing. Decomposition of ZnDDP is essential
for the formation of lubricating films. In contrast, calcium sulphonate exerts only a very
weak inhibition of the ZnDDP lubricant functions. It was found that almost all additives
interfere with ZnDDP to some extent [50].

3.7 SUMMARY

The fundamental make up of mineral and synthetic oils, emulsions and greases has been
discussed in this chapter. A large variety of lubricating fluids are employed to lubricate
machinery and new lubricants are continually being introduced to the market. The principles
of lubricant selection, however, do not change and can be summarized as: resistance to
oxidation, wear and corrosion, maintenance of viscosity at high temperatures and provision
for thin-film lubrication. Relatively few lubricants satisfy all of these criteria. It is thus a
common practice to blend additives with a fluid or semi-solid lubricant to improve its
properties. It must be emphasized, however, that additives are not the panacea for all
lubrication problems. They can bring as many problems as they solve, for example,
incompatibility with the base lubricant and with other additives has caused costly industrial
failures.

Although specialized synthetic lubricants have been successfully replacing mineral oil in
various applications for many years, general purpose synthetic lubricants have only recently
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been introduced on a large scale. They are generally more expensive but have better
oxidation and thermal resistance than mineral oils. Performance data on synthetic lubricants
is sparse, but will hopefully improve in the future. The present generation of synthetic
lubricants is still imperfect and more development, particularly in the area of oxidation
resistance, can be expected. There are also great advances in the production of a new
generation of general purpose greases that can operate in more extreme environments, e.g.
wide temperature range, vacuum, etc.
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H Y D R O D Y N A M I C4 L U B R I C A T I O N

4.1 INTRODUCTION

In the previous chapters the basic physical properties of lubricants, their composition and
applications have been discussed. The fundamental question to be answered is: what causes a
lubricant to lubricate? If some specific concepts of lubrication are formulated then the
following questions become pertinent. What conditions must be fulfilled to fully separate
two loaded surfaces in relative motion? How can we manipulate these conditions in order to
minimize friction and wear? Is there only one or are there several mechanisms of
lubrication? In what specific applications do they operate? What factors determine the
classification of a load-carrying mechanism to a specific category? How do thrust and journal
bearings operate? How can the design parameters for such bearings be estimated? How does
cavitation or oil whirl affect bearing performance? Engineers are usually expected to know
the answers to all of these questions.

In this chapter the basic principles of hydrodynamic lubrication will be discussed. The
mechanisms of hydrodynamic film generation and the effects of operating variables such as
velocity, temperature, load, design parameters, etc., on the performance of such films are
outlined. This will be explained using bearings commonly found in many engineering
applications as examples. Secondary effects in hydrodynamic lubrication such as viscous
heating, compressible and non-Newtonian lubricants, bearing vibration and deformation,
will be described and their influence on bearing performance assessed.

4.2 REYNOLDS EQUATION

The serious appreciation of hydrodynamics in lubrication started at the end of the 19th
century when Beauchamp Tower, an engineer, noticed that the oil in a journal bearing
always leaked out of a hole located beneath the load. The leakage of oil was a nuisance so the
hole was plugged first with a cork, which still allowed oil to ooze out, and then with a hard
wooden bung. The hole was originally placed to allow oil to be supplied into the bearing to
provide ‘lubrication’. When the wooden bung was slowly forced out of the hole by the oil,
Tower realized that the oil was pressurized by some as yet unknown mechanism. Tower
then measured the oil pressure and found that it could separate the sliding surfaces by a
hydraulic force [1]. At the time of Beauchamp Tower's discovery Osborne Reynolds and other
theoreticians were working on a hydrodynamic theory of lubrication. By a most fortunate
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coincidence, Tower's detailed data was available to provide experimental confirmation of
hydrodynamic lubrication almost at the exact time when Reynolds needed it. The result of
this was a theory of hydrodynamic lubrication published in the Proceedings of the Royal
Society by Reynolds in 1886 [2]. Reynolds provided the first analytical proof that a viscous
liquid can physically separate two sliding surfaces by hydrodynamic pressure resulting in low
friction and theoretically zero wear.

At the beginning of the 20th century the theory of hydrodynamic lubrication was successfully
applied to thrust bearings by Michell and Kingsbury and the pivoted pad bearing was
developed as a result. The bearing was a major breakthrough in supporting the thrust of a
ship propeller shaft and the load from a hydroelectric rotor. At the present level of
technology, loads of several thousand tons are carried, at sliding speeds of 10 to 50 [m/s], in
hydroelectric power stations. The operating surfaces of such bearings are fully separated by a
lubricating film, so the friction coefficient is maintained at a very low level of about 0.005 and
the failure of such bearings rarely occurs, usually only after faulty operation. Reynolds'
theory explains the mechanism of lubrication through the generation of a viscous liquid film
between the moving surfaces. The condition is that the surfaces must move, relatively to
each other, with sufficient velocity to generate such a film. It was found by Reynolds and
many later researchers that most of the lubricating effect of oil could be explained in terms of
its relatively high viscosity. There are, however, some lubricating functions of an oil as
opposed to other liquids which cannot be explained in terms of viscosity and these are
described in more detail in Chapter 8 on ‘Boundary and Extreme Pressure Lubrication’.

All hydrodynamic lubrication can be expressed mathematically in the form of an equation
which was originally derived by Reynolds and is commonly known throughout the
literature as the ‘Reynolds equation’. There are several ways of deriving this equation. Since
it is a simplification of the Navier-Stokes momentum and continuity equation it can be
derived from this basis. It is, however, more often derived by considering the equilibrium of
an element of liquid subjected to viscous shear and applying the continuity of flow principle.

There are two conditions for the occurrence of hydrodynamic lubrication:

· two surfaces must move relatively to each other with sufficient velocity for a load-
carrying lubricating film to be generated and,

· surfaces must be inclined at some angle to each other, i.e. if the surfaces are parallel
a pressure field will not form in the lubricating film to support the required load.

There are two exceptions to this last rule: hydrodynamic pressure can be generated between
parallel stepped surfaces or the surfaces can move towards each other (these are special cases
and are discussed later). The principle of hydrodynamic pressure generation between moving
non-parallel surfaces is schematically illustrated in Figure 4.1.

It can be assumed that the bottom surface, sometimes called the ‘runner’, is covered with
lubricant and moves with a certain velocity. The top surface is inclined at a certain angle to
the bottom surface. As the bottom surface moves it drags the lubricant along it into the
converging wedge. A pressure field is generated as otherwise there would be more lubricant
entering the wedge than leaving it. Thus at the beginning of the wedge the increasing
pressure restricts the entry flow and at the exit there is a decrease in pressure boosting the exit
flow. The pressure gradient therefore causes the fluid velocity profile to bend inwards at the
entrance to the wedge and bend outwards at the exit, as shown in Figure 4.1. The generated
pressure separates the two surfaces and is also able to support a certain load. It is also possible
for the wedge to be curved or wrapped around a shaft to form a journal bearing. If the wedge
remains planar then a pad bearing is obtained. The entire process of hydrodynamic pressure
generation can be described mathematically to enable accurate prediction of bearing
characteristics.
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FIGURE 4.1 Principle of hydrodynamic pressure generation between non-parallel surfaces.

Simplifying Assumptions

In most engineering applications the controlling processes are too complicated to be easily
described by exact mathematical equations. There are many interacting factors and variables
in the real processes which make such a description extremely difficult, if not impossible. For
example, with fluid mechanics in the early days of modelling, the terms of internal fluid
friction were ignored. The mathematician John Newman observed sarcastically that these
approximations have nothing to do with real fluids. It was like trying to study the flow of
‘dry-water’. The situation dramatically changed with the introduction of computers so that
mechanical systems could be studied in a more detailed fashion.

Similarly in hydrodynamics, several simplifying approximations have to be made before a
mathematical description of the fundamental underlying mechanisms can be derived. All
the simplifying assumptions necessary for the derivation of the Reynolds equation are
summarized in Table 4.1 [3].

The Reynolds equation can now be conveniently derived by considering the equilibrium of
an element (from which the expressions for fluid velocities can be obtained) and continuity
of flow in a column.

Equilibrium of an Element

The equilibrium of an element of fluid is considered. This approach is frequently used in
engineering to derive formulae in stress analysis, fluid mechanics, etc. Consider a small
element of fluid from a hydrodynamic film shown in Figure 4.2. For simplicity, assume that
the forces on the element are acting initially in the ‘x’ direction only.

Since the element is in equilibrium, forces acting to the left must balance the forces acting to
the right, so

τ  dxdyxx

∂τ
∂z

(τ  + dz)dxdy =xpdydz + ∂p
∂x

(p + dx)dy dz +
(4.1)

which after simplifying gives:
 

∂τ
∂z

dxdydz =x ∂p
∂x

dxdydz
(4.2)
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TABLE 4.1 Summary of simplifying assumptions in hydrodynamics.

Assumption Comments

Always valid, since there are no extra outside fields of
forces acting on the fluids with an exception of
magnetohydrodynamic fluids and their applications.

Body forces are
neglected

Always valid, since the thickness of hydrodynamic films is
in the range of several micrometers. There might be some
exceptions, however, with elastic films.

Pressure is constant
through the film

Always valid, since the velocity of the oil layer adjacent to
the boundary is the same as that of the boundary.

No slip at the
boundaries

Usually valid with certain exceptions, e.g. polymeric oils.Lubricant behaves as a
Newtonian fluid

Usually valid, except large bearings, e.g. turbines.Flow is laminar

Valid for low bearing speeds or high loads. Inertia effects
are included in more exact analyses.

Fluid inertia is
neglected

Usually valid for fluids when there is not much thermal
expansion. Definitely not valid for gases.

Fluid density is
constant

Crude assumption but necessary to simplify the
calculations, although it is not true. Viscosity is not
constant throughout the generated film.

Viscosity is constant
throughout the
generated fluid film

8

7

6

5

4

3

2

1

  

z

x

∂p
∂x

y

dy
dx

dz
(p + dx)dy dz

τ  dxdyx

x

∂τ
∂z

(τ + dz)dxdyx

pdydz

FIGURE 4.2 Equilibrium of an element of fluid from a hydrodynamic film; p is the pressure,
τx is the shear stress acting in the ‘x’ direction.

Assuming that dxdydz ≠ 0 (i.e. non zero volume), both sides of equation (4.2) can be divided
by this value and then the equilibrium condition for forces acting in the ‘x’ direction is
obtained,

 

∂τ
∂z

=x ∂p
∂x (4.3)

TEAM LRN



HYDRODYNAMIC LUBRICATION 105

A similar exercise can be performed for the forces acting in the ‘y’ (out of the page) direction,
yielding the second equilibrium condition,

  

∂τ
∂z

=y ∂p
∂y (4.4)

In the ‘z’ direction since the pressure is constant through the film (Assumption 2) the
pressure gradient is equal to zero:

  

= 0
∂p
∂z (4.5)

It should be noted that the shear stress in expression (4.3) is acting in the ‘x’ direction while in
expression (4.4) it is acting in the ‘y’ direction, thus the values of the shear stress in these
expressions are different.

Remembering the formula for dynamic viscosity discussed in Chapter 2, the shear stress ‘τ’
can be expressed in terms of dynamic viscosity and shear rates:

  

∂u
∂z

τ  = ηx

u
h

= η (4.6)

where:

τx is the shear stress acting in the ‘x’ direction [Pa].

Since ‘u’ is the velocity along the ‘x’ axis, the shear stress ‘τ’ is also acting along this direction.
Along the ‘y’ (out of the page) direction, however, the velocity is different and consequently
the shear stress is different:

  

∂v
∂z

τ  = ηy

v
h

= η (4.7)

where:

τy is the shear stress acting in the ‘y’ direction [Pa];

v is the sliding velocity in the ‘y’ direction [m/s].

Substituting (4.6) into (4.3) and (4.7) into (4.4), the equilibrium conditions for the forces acting
in the ‘x’ and ‘y’ directions are obtained:

  

=∂p
∂x

∂
∂z

∂u
∂z)η( (4.8)

  

=∂p
∂y

∂
∂z

∂v
∂z)η( (4.9)
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The above equations can now be integrated. Since the viscosity of the fluid is constant
throughout the film (Assumption 8) and it is not a function of ‘z’ (i.e. η ≠ f(z)), the process of
integration is simple. For example, separating the variables in (4.8),

  

∂z =∂p
∂x

∂ ∂u
∂z)η(

and integrating gives:
  

z + C1 =∂p
∂x

∂u
∂z

η

Separating variables again,
  

z + C1
∂p
∂x

∂z = η∂u( (
and integrating again yields:

 

+ C1z + C2 = ηu
∂p
∂x

z
2

2

(4.10)

Since there is no slip or velocity discontinuity between liquid and solid at the boundaries of
the wedge (Assumption 3), the boundary conditions are:

u = U2       at       z = 0
u = U1       at       z = h

In the general case, there are two velocities corresponding to each of the surfaces ‘U1’ and ‘U2’.
By substituting these boundary conditions into (4.10) the constants ‘C1’ and ‘C2’ are calculated:

 

C2 = ηU2

η
h

C1 = (U1 − U2) − ∂p
∂x

h
2

Substituting these into (4.10) yields:
 

+∂p
∂x

z
2

2

(U  − U )1 2

ηz
h

− ∂p
∂x

hz
2

+ ηU  = ηu2

Dividing and simplifying gives the expression for velocity in the ‘x’ direction:
  

u = ∂p
∂x

− zh
2η( (z2

(U  − U )1 2
z
h

+ + U2 (4.11)

In a similar manner a formula for velocity in the ‘y’ direction is obtained.
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v = ∂p
∂y

− zh
2η( (z2

(V  − V )1 2

z
h

+ + V2 (4.12)

The three separate terms in any of the velocity equations (4.11) and (4.12) represent the
velocity profiles across the fluid film and they are schematically shown in Figure 4.3.

U2

velocity U2

U1 = 0

∂p
∂x

z2 − zh
2η

Parabolic distribution
due to pressure gradient

∂p
∂x( )

+ +
(U1 − U2)

z
h

Linear distribution
due to the
parallel velocity
of surfaces ‘Couette velocity’

z

x

FIGURE 4.3 Velocity profiles at the entry of the hydrodynamic film.

Continuity of Flow in a Column

Consider a column of lubricant as shown in Figure 4.4. The lubricant flows into the column

horizontally at rates of ‘q x’ and ‘q y’ and out of the column at rates of (qx + ∂qx

∂ x
 dx) and

(qy + 
∂qy

∂ y
 dy)

 
per unit length and width respectively. In the vertical direction the lubricant

flows into the column at the rate of ‘w0dxdy’ and out of the column at the rate of ‘whdxdy’,
where ‘w 0’ is the velocity at which the bottom of the column moves up and ‘w h’ is the
velocity at which the top of the column moves up.

The principle of continuity of flow requires that the influx of a liquid must equal its efflux
from a control volume under steady conditions. If the density of the lubricant is constant
(Assumption 7) then the following relation applies:

  

qxdy + qydx + w0dxdy = ∂qx

∂x( (qx + dx dy + ∂qy

∂y( (qy + dy dx + whdxdy (4.13)
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z
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dx
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∂y
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qydx
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h

FIGURE 4.4 Continuity of flow in a column.

simplifying:
 

∂qy

∂y
∂qx

∂x
dxdy + dxdy + (wh − w0)dxdy = 0 (4.14)

Since ‘dxdy ≠ 0’ equation (4.14) can be rewritten as:
  

∂qx

∂x
+ ∂qy

∂y
+ (wh − w0) = 0 (4.15)

which is the equation of continuity of flow in a column.

Flow rates per unit length, ‘qx’ and ‘qy’, can be found from integrating the lubricant velocity
profile over the film thickness, i.e.:

  

qx = ⌠
⌡0

h

udz and (4.16)

 

qy = ⌠
⌡0

h

vdz (4.17)

substituting for ‘u’ from equation (4.11) yields:
 

∂p
2η∂x

z2h
2( (z3

+ (U1 − U2)
z2

2h
+ U2zqx =

3
−

0

h

 which after simplifying gives the flow rate in the ‘x’ direction,
 

qx = − h3

12η
∂p
∂x

+ (U1 + U2)
h
2 (4.18)

Similarly the flow rate in the ‘y’ direction is found by substituting for ‘v’ from equation (4.12):
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qy = − h3

12η
∂p
∂y

+ (V1 + V2)
h
2 (4.19)

Substituting now for flow rates into the continuity of flow equation (4.15):
  

∂
∂x

+ (U1 + U2)
h
2

h3

12η
∂p
∂x

−[ ] + ∂
∂y

+ (V1 + V2)
h
2

h3

12η
∂p
∂y

−[ ] + (wh − w0) = 0 (4.20)

Defining U = U1 + U2 and V = V1 + V2 and assuming that there is no local variation in
surface velocity in the ‘x’ and ‘y’ directions (i.e. U ≠ f(x) and V ≠ f(y)) gives:

  

∂
∂x

h3

12η
∂p
∂x

− ( ) + U
2

dh
dx

∂
∂y

h3

12η
∂p
∂y

− ( ) + V
2

dh
dy

+ (wh − w0) = 0

Further rearranging and simplifying yields the full Reynolds equation in three dimensions.
  

∂
∂x

h3

η
∂p
∂x( ) + dh

dx
+ 12(wh − w0)

∂
∂y

h3

η
∂p
∂y( ) = 6(U + dh

dy
V ) (4.21)

Simplifications to the Reynolds Equation

It can be seen that the Reynolds equation in its full form is far too complex for practical
engineering applications and some simplifications are required before it can conveniently be
used. The following simplifications are commonly adopted in most studies:

· Unidirectional Velocity Approximation

It is always possible to choose axes in such a way that one of the velocities is equal to zero, i.e.
V = 0. There are very few engineering systems, in which, for example, a journal bearing
slides along a rotating shaft.

 

V U

Assuming that V = 0 equation (4.21) can be rewritten in a more simplified form:
  

∂
∂x

h3

η
∂p
∂x( ) + dh

dx
+ 12(wh − w0)

∂
∂y

h3

η
∂p
∂y( ) = 6U (4.22)

· Steady Film Thickness Approximation 

It is also possible to assume that there is no vertical flow across the film, i.e. wh - w0 = 0. This
assumption requires that the distance between the two surfaces remains constant during the
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operation. Some inaccuracy may result from this analytical simplification since most
bearings usually vibrate and consequently the distance between the operating surfaces
cyclically varies. Movement of surfaces normal to the sliding velocity is known as a squeeze
film effect. Furthermore, in the case of porous bearings there is always some vertical flow of
oil.

Assuming, however, that there is no vertical flow and wh - w0 = 0, equation (4.22) can be
written in the form:

  

∂
∂x

h3

η
∂p
∂x( ) + dh

dx
∂

∂y
h3

η
∂p
∂y( ) = 6U (4.23)

· Isoviscous Approximation

For many practical engineering applications it is assumed that the lubricant viscosity is
constant over the film, i.e. η  = constant. This approach is known in the literature as the
‘isoviscous’ model where the thermal effects in hydrodynamic films are neglected. Thermal
modification of lubricant viscosity does, however, occur in hydrodynamic films and must be
considered in a more elaborate and accurate analysis which will be discussed later. Assuming
that η = constant equation (4.23) can further be simplified:

  

∂
∂x

h3 ∂p
∂x( ) + dh

dx
∂

∂y
h3 ∂p

∂y( ) = 6Uη (4.24)

This is in fact the most commonly quoted form of Reynolds equation throughout the
literature.

· Infinitely Long Bearing Approximation 

The simplified Reynolds equation (4.24) is two-dimensional and numerical methods are
needed to obtain a solution. Thus, for a simple engineering analysis further simplifying
assumptions are made.

It is assumed that the pressure gradient acting along the ‘y’ axis can be neglected, i.e. ∂p/∂y = 0
and h ≠ f(y). It is therefore necessary to specify that the bearing is infinitely long in the
‘y’ - direction. This approximation is known in the literature as the ‘infinitely long bearing’
or simply ‘long bearing approximation’, and is schematically illustrated in Figure 4.5. It can be
said that the pressure gradient acting along the ‘y’ - axis is negligibly small compared to the
pressure gradient acting along the ‘x’ - axis. This assumption reduces the Reynolds equation
to a one-dimensional form which is very convenient for quick engineering analysis.

Since ∂p/∂y = 0, the second term of the Reynolds equation (4.24) is also zero and equation
(4.24) simplifies to:

 

∂
∂x

h3 ∂p
∂x( ) dh

dx
= 6Uη (4.25)

which can easily be integrated, i.e.:
  

h3 dp
dx

= 6Uηh + C
(4.26)

TEAM LRN



HYDRODYNAMIC LUBRICATION 111

y

pmax

z

x

h0

h1

U

��������
��������

���
��

��
��
�

��
��
�

��
��
�

��

FIGURE 4.5 Pressure distribution in the long bearing approximation.

Now a boundary condition is needed to solve this equation and it is assumed that at some
point along the film, pressure is at a maximum. At this point the pressure gradient is zero,
i.e. dp/dx = 0 and the corresponding film thickness is denoted as ‘h’.

   

h̄

pmax

p

z

x
h0

U

dp
dx

= 0

h1

Thus the boundary condition is:

dp
dx

= 0    at    h = h̄

Substituting to (4.26) gives:

C = −6Uη h̄

and the final form of the one-dimensional Reynolds equation for the ‘long bearing
approximation’ is:

  

dp
dx

h −
h3= 6Uη h̄

(4.27)

which is particularly useful in the analysis of linear pad bearings. Note that the velocity ‘U’
in the convention assumed is negative, as shown in Figure 4.1.

· Narrow Bearing Approximation

Finally it is assumed that the pressure gradient acting along the ‘x’ axis is very much smaller
than along the ‘y ’ axis, i.e.: ∂p/∂x « ∂p/∂y as shown in Figure 4.6. This is known in the
literature as a ‘narrow bearing approximation’ or ‘Ocvirk's approximation’ [3]. Actually this
particular approach was introduced for the first time by an Australian, A.G.M. Michell, in
1905. It was applied to the approximate analysis of load capacity in a journal bearing [10]. A
similar method was also presented by Cardullo [62]. Michell observed that the flow in a
bearing of finite length was influenced more by pressure gradients perpendicular to the sides

TEAM LRN



112 ENGINEERING TRIBOLOGY

of the bearing than pressure gradients parallel to the direction of sliding. A formula for the
hydrodynamic pressure field was derived based on the assumption that ∂p/∂x « ∂p/∂y. This
work was severely criticized by other workers for neglecting the effect of pressure variation in
the ‘x‘ direction when equating for flow in the axial or ‘y’ direction and the work was ignored
for about 25 years as a result of this initial unenthusiastic reception. Ocvirk and Dubois later
developed the idea extensively in a series of excellent papers and Michell's approximation
has since gained general acceptance.

The utility of this approximation became apparent as journal bearings with progressively
shorter axial lengths were introduced into internal combustion engines. Advances in bearing
materials allowed the reduction in bearing and engine size, and furthermore the reduction
in bearing dimensions contributed to an increase in engine ratings. The axial length of the
bearing eventually shrank to about half the diameter of the journal and during the 1950's
this caused a reconsideration of the relative importance of the various terms in the Reynolds
equation. During this period, Ocvirk realized the validity of considering the pressure
gradient in the circumferential direction to be negligible compared to the pressure gradient in
the axial direction. This approach later became known as the Ocvirk or narrow journal
bearing approximation. An infinitely narrow bearing is schematically illustrated in Figure
4.6. The bearing resembles a well deformed narrow pad. Also the film geometry is similar to
that of an ‘unwrapped’ film from a journal bearing, which will be discussed later.
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− L
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���
���
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pmax

B

FIGURE 4.6 Pressure distribution in the narrow bearing approximation.

In this approximation since L « B and ∂p/∂x « ∂p/∂y, the first term of the Reynolds equation
(4.24) may be neglected and the equation becomes:

∂
∂y

h3 ∂p
∂y( ) dh

dx
= 6Uη (4.28)

Also, since h ≠ f(y) then (4.28) can be further simplified,
  

dx
d2p
dy2 h3

dh= 6Uη (4.29)

Integrating once,
  

dx
dp
dy h3

dh= 6Uη
y + C1 (4.30)
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and again gives:
  

dxh3
dh

p = 6Uη + C1y + C22
y2

(4.31)

From Figure 4.6 the boundary conditions are:

p = 0  at   y = ± L/2 i.e. at the edges of the bearing and
   

= 0     at     y = 0
dy
dp

i.e. the pressure gradient is always zero along the central plane
 

of the bearing.

Substituting these into (4.30) and (4.31) gives the constants ‘C1’ and ‘C2’:
  

C1 = 0

dxh3
dh

C2 =
−3Uη

4
L2 (4.32)

and the pressure distribution in a narrow bearing approximation is expressed by the formula:
  

dxh3
dh

p = 3Uη
4
L2( )y2 − (4.33)

The infinitely long bearing approximation is acceptable when L/B > 3 while the narrow
bearing approximation can be used when L/B < 1/3. For the intermediate ratios of
1/3 < L/B < 3, computed solutions for finite bearings are applied.

Bearing Parameters Predicted from Reynolds Equation

From the Reynolds equation most of the critical bearing design parameters such as pressure
distribution, load capacity, friction force, coefficient of friction and oil flow are obtained by
simple integration.

· Pressure Distribution

By integrating the Reynolds equation over a specific film shape described by some function
h = f(x,y) the pressure distribution in the hydrodynamic lubricating film is found in terms of
bearing geometry, lubricant viscosity and speed.

· Load Capacity

When the pressure distribution is integrated over the bearing area the corresponding load
capacity of the lubricating film is found. If the load is varied then the film geometry will
change to re-equilibrate the load and pressure field. The load that the bearing will support at
a particular film geometry is:

 

W = ⌠
⌡0

L

pdxdy⌠
⌡0

B

(4.34)
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The obtained load formula is expressed in terms of bearing geometry, lubricant viscosity and
speed, hence the bearing operating and design parameters can be optimized to give the best
performance.

· Friction Force

Assuming that the friction force results only from shearing of the fluid and integrating the
shear stress ’τ’ over the whole bearing area yields the total friction force operating across the
hydrodynamic film, i.e.:

F = 
0

L

τdxdy
0

B⌠
⌡

⌠
⌡ (4.35)

The shear stress ‘τ’ is expressed in terms of dynamic viscosity and shear rates:
  

dz
duτ = η

where du/dz is obtained by differentiating the velocity equation (4.11).

After substituting for ‘τ’ and integrating, the formula, expressed in terms of bearing geometry,
lubricant viscosity and speed for friction force per unit length is obtained. The derivation
details of this formula are described later in this chapter.

= ⌠
⌡0

B

L
F dp

dx
Uη
h

− dx
h
2

dx ⌠
⌡0

B

±

‘+’ and ‘−’ refer to the upper and lower surface respectively.

The ‘±’ sign before the first term may cause some confusion as it appears that the friction
force acting on the upper and the lower surface is different which apparently conflicts with
the law of equal action and reaction forces. The balance of forces becomes much clearer when
a closer inspection is made of the force distribution on the upper surface as schematically
illustrated in Figure 4.7.

z

U

α αW
Wtanα

reaction from pressure field

W

x

FIGURE 4.7 Load components acting on a hydrodynamic bearing.

It can be seen from Figure 4.7 that the reaction force from the pressure field acts in the
direction normal to the inclined surface while a load is applied vertically. Since the load is at
an angle to the normal there is a resulting component ‘Wtanα ’ acting in the opposite
direction from the velocity. This is in fact the exact amount by which the frictional force
acting on the upper surface is smaller than the force acting on the lower surface.
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· Coefficient of Friction

The coefficient of friction is calculated from the load and friction forces:
  

µ =
⌠
⌡0

L

pdxdy⌠
⌡0

B

⌠
⌡0

L

τdxdy⌠
⌡0

B

W
F = (4.36)

Bearing parameters can then be optimized to give, for example, a minimum value of the
coefficient of friction. This means, in approximate terms, minimizing the size of the bearing
by allowing the highest possible hydrodynamic pressure. This is discussed in greater detail
later as bearing optimization involves many other factors.

· Lubricant Flow

By integrating the flow expressions ‘qx’ and ‘qy’ (4.18) and (4.19) over the edges of the bearing,
lubricant leakage out of the sides and ends of the bearing is found.

 

Qx = qxdy⌠
⌡0

L

Qy = qydx⌠
⌡0

B (4.37)

Lubricant flow is extremely important to the operation of a bearing since enough oil must be
supplied to the hydrodynamic contact to prevent starvation and consequent failure. The flow
formulae are expressed in terms of bearing parameters and the lubricant flow can also be
optimized.

Summary

In summary it can be stated that the same basic analytical method is applied to the analysis of
all hydrodynamic bearings regardless of their geometry.

Initially the bearing geometry, h = f(x,y), must be defined and then substituted into the
Reynolds equation. The Reynolds equation is then integrated to find the pressure
distribution, load capacity, friction force and oil flow. The virtue of hydrodynamic analysis is
that it is concise, simple, and the same procedure applies to all kinds of bearing geometries,
i.e. linear bearings, step bearings, journal bearings, etc. The solution to the Reynolds equation
becomes more complicated if other effects such as heating, locally varying viscosity, elastic
deformation, cavitation, etc., are introduced to the analysis. The basic method of analysis,
however, remains unchanged. It is always necessary to start with a definition of the bearing
geometry and to perform the integration procedure, taking into account extra terms and
equations describing the additional effects that we wish to consider.

In the next section, some typical bearing geometries are considered and analysed. The one-
dimensional Reynolds equation is used to study the linear pad and journal bearings since it
provides qualitative indications of the effect of varying the controlling parameters such as
load and speed. This approach is very useful as a method of rapid estimation and is widely
applied in engineering analysis. For more exact treatments, the two-dimensional (2-D)
Reynolds equation has to be employed. The solution of the 2-D Reynolds equation requires
the application of numerical methods, and this will be discussed in the next chapter devoted
to ‘Computational Hydrodynamics’.
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4.3 PAD BEARINGS

Pad bearings, which consist of a pad sliding over a smooth surface, are widely used in
machinery to sustain thrust loads from shafts, e.g. from the propeller shaft in a ship. An
example of this application is shown in Figure 4.8. The simple film geometry of these
bearings, as compared to journal bearings, renders them a suitable example for introducing
hydrodynamic bearing analysis.

Infinite Linear Pad Bearing

The infinite linear pad bearing, as already mentioned, is a pad bearing of infinite length
normal to the direction of sliding. This particular bearing geometry is the easiest to analyse. It
has been described in many books on lubrication theories [e.g. 3,4]. The basic procedures
involved in the analysis are summarized in this section.

Ship’s hull

Propeller
thrust

�
�
Engine
drive

��
��
��
��

Reaction force
from ship

Bearing
view

Gear

Stern
bearing

seal

Thrust
bearing

Tilted
pads

�
�
�

Bearing
plate

Pad

FIGURE 4.8 Example of a pad bearing application to sustain the thrust loads from the ship
propeller shaft.

Consider an infinitely long linear wedge with L/B > 3 as shown in Figure 4.9, where ‘L’ and
‘B’ are the pad dimensions normal to and parallel to the sliding direction, i.e. pad length and
width, respectively. Assume that the bottom surface is moving in the direction shown,
dragging the lubricant into the wedge which results in pressurization of the lubricant within
the wedge. The inlet and the outlet conditions of the wedge are controlled by the maximum
and minimum film thicknesses, ‘h1’ and ‘h0’ respectively.

· Bearing Geometry

As a first step in any bearing analysis the bearing geometry, i.e. h = f(x), must be defined. The
film thickness ‘h’ in Figure 4.9 is expressed as a function:

  

B
h1 − h0h = h0 + xtanα = h0 + x

or simply:
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h0

h1 − h0h = h0 B
x( ) 1 +

The term (h1 - h0)/h0 is often known in the literature as the convergence ratio ‘K’ [3,4]. The
film geometry can then be expressed as:

  

h = h0 B
Kx( ) 1 + (4.38)

pmax

p

z

x

h0 h̄ h1h

U
x

B

∂p
∂x

= 0

x dx

�
�
�
�

α

FIGURE 4.9 Geometry of a linear pad bearing.

· Pressure Distribution

As mentioned already, the pressure distribution can be calculated by integrating the Reynolds
equation over the specific film geometry. Since the pressure gradient in the ‘x’ direction is
dominant, the one-dimensional Reynolds equation for the long bearing approximation (4.27)
can be used for the analysis of this bearing.

 

dp
dx

h −
h3= 6Uη h̄ (4.27)

There are two variables ‘x’ and ‘h’ and the equation can be integrated with respect to ‘x’ or ‘h’.
Since it does not really matter with respect to which variable the integration is performed we
choose ‘h’. Firstly one variable is replaced by the other. This can be achieved by differentiating
(4.38) which gives ‘dx’ in terms of ‘dh’:

  

dx = dh
B

Kh0
(4.39)

Substituting into (4.27) yields:
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h −
h3= 6Uη h̄dp

dh
B

Kh0

and after simplifying and separating variables:
  

dhdp =
Kh0 h −

h36UηB
h̄ (4.40)

which is the differential formula for pressure distribution in this bearing. Equation (4.40) can
be integrated to give:

  

+ Cp = −
Kh0 1

h6UηB
h̄

2h2+ (4.41)

The boundary conditions, taken from the bearing's inlet and outlet, are (Figure 4.9):
  

p = 0    at h = h0

p = 0    at h = h1
(4.42)

Substituting into (4.41) the constants ‘h’ and ‘C’ are:

h = 2h0h1

h1 + h0

C = 1
h1 + h0

(4.43)

The maximum film thickness ‘h1’, can also be expressed in terms of the convergence ratio ‘K’:

K = h1 - h0

h0

Thus:
  

h1 = h0(K + 1) (4.44)

Substituting into (4.43) the constants ‘h’ and ‘C’ in terms of ‘K’ are:
  

= 2h0

(K + 1)
h̄

(K + 2)

C =
1

h0(K + 2)

(4.45)

Substituting into (4.41) gives:
 

p = −
Kh0 1

h6UηB
h0

h2+
(K + 1)
(K + 2)

+
1

h0(K + 2)

or:
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p =
Kh0

1
h

h0

h2+
(K + 1)
(K + 2)

+
1

h0(K + 2)
−( )6UηB

(4.46)

Note that the velocity ‘U’, in the convention assumed, is negative, as shown in Figure 4.1.

It is useful to find the pressure distribution in the bearing expressed in terms of bearing
geometry and operating parameters such as the velocity ‘U’ and lubricant viscosity ‘η’. A
convenient method of finding the controlling influence of these parameters is to introduce
non-dimensional parameters. In bearing analysis non-dimensional parameters such as
pressure and load are used. Equation (4.46) can be expressed in terms of a non-dimensional
pressure, i.e.:

  

p* =
K

1
h

h0

h2+
(K + 1)
(K + 2)

+
1

h0(K + 2)
−( )h0

(4.47)

where the non-dimensional pressure ‘p*’ is:
  

p* =
h0

2

6UηB
p (4.48)

It is clear that hydrodynamic pressure is proportional to sliding speed ‘U’ and bearing width
‘B’ for a given value of dimensionless pressure and proportional to the reciprocal of film
thickness squared. If a quick estimate of hydrodynamic pressure is required to check, for
example, whether the pad material will suffer plastic deformation, a representative value of
dimensionless pressure can be multiplied by the selected values of sliding speed, viscosity
and bearing dimensions to yield the necessary information.

· Load Capacity

The total load that a bearing will support at a specific film geometry is obtained by integrating
the pressure distribution over the specific bearing area.

 

W = ⌠
⌡0

L

pdxdy⌠
⌡0

B

This can be re-written in terms of load per unit length:
 

= pdx⌠
⌡0

B

L
W

and substituting for ‘p’, equation (4.46), yields:
 

Kh0

1
h

h0

h2+
(K + 1)
(K + 2)

+
1

h0(K + 2)
−( )6UηB

dx⌠
⌡0

B

=
L
W

(4.49)

Again there are two variables in (4.49), ‘x’ and ‘h’, and one has to be replaced by the other
before the integration can be performed. Substituting (4.39) for ‘dx’,
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Kh0

1
h

h0

h2+
(K + 1)
(K + 2)

+
1

h0(K + 2)
−( )6UηB

dh⌠
⌡h0

h1

=
L
W

Kh0

B

and integrating yields:
 

Kh0

h0

h
− lnh −

(K + 1)
(K + 2)

+
h

h0(K + 2)( )6UηB
=

L
W

Kh0

B

h0

h0(K + 1)

  

K2h0
2 − ln(K + 1) +

2K
K + 2( )6UηB2

=
L
W

(4.50)

Equation (4.50) is the total load per unit length the bearing will support expressed in terms of
the bearing's geometrical and operating parameters. In terms of the non-dimensional load
‘W*’ equation (4.50) can be expressed as:

 

K2 − ln(K + 1) +
2K

K + 2( )1
W* = (4.51)

where:
 

6UηB2L
h0

2

W* = W (4.52)

Bearing geometry can now be optimized to give maximum load capacity. By differentiating
(4.51) and equating to zero an optimum value for ‘K’ is obtained which is:

K= 1.2

for maximum load capacity for the bearing geometry analysed. The inlet ‘h1’ and the outlet
‘h0’ film thickness can then be adjusted to give the maximum load capacity. From (4.38) it can
be seen that the maximum load capacity occurs at a ratio of inlet and outlet film thicknesses
of:

h1

h0
 = 2.2

· Friction Force

The friction force generated in the bearing due to the shearing of the lubricant is obtained by
integrating the shear stress ‘τ’ over the bearing area (eq. 4.35):

F = 
0

L

τdxdy
0

B⌠
⌡

⌠
⌡

The friction force per unit length is:
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= τdx⌠
⌡0

B

L
F

As already mentioned, shear stress is defined in terms of dynamic viscosity and shear rate:

τ = ηdu
dz

where du/dz is obtained by differentiating the velocity equation (4.11).

In the bearing considered, the bottom surface is moving while the top surface remains
stationary, i.e.:

U 1 = 0 and  U2 = U

thus the velocity equation (4.11) is:
 

u = ∂p
∂x

− zh
2η( (z2 z

h
− U + U

Differentiating gives the shear rate:
  

=
dz
du

2z − h
2η
1

dx
dp − U

h( ( (4.53)

and substituting yields the friction force per unit length:
  

= ⌠
⌡0

B

L
F dp

dx[( [Uη
h

−z − dx
h
2 ( (4.54)

The friction force on the lower moving surface, as explained already, is greater than on the
upper stationary surface. At the moving surface z = 0 (as shown in Figure 4.9), hence the
acting frictional force per unit length is:

  

= ⌠
⌡0

B

L
F dp

dx( Uη
h

−− dx
h
2 (

or:
 

= −⌠
⌡0

B

L
F dp

dx
Uη
h

− dx
h
2

dx ⌠
⌡0

B

(4.55)

The first part of the above equation must be integrated by parts. According to the theorems of
integration, the general mathematical formula to integrate by parts is:

  

⌠
⌡

adb = ab −⌠
⌡

bda

So if,
  

a = h
2

and db = dp
dx

dx
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then:
  

da = 1
2

and b = dp
dx

dx = pdh ⌠
⌡

substituting:
  

−⌠
⌡0

B dp
dx

1
2

pdh
h
2

dx = − ⌠
⌡0

B( )h
2

p
0

B

−

Since p = 0 at x = 0 and at x = B (Figure 4.9) the term
 
h
2

p
0

B

 
also equals zero. In the remaining

term variables are replaced before integration and substituting for ‘dh’ (eq. 4.39) gives:
  

−⌠
⌡0

B dp
dx

h
2

dx = 0 +
1
2

p⌠
⌡0

B Kh0

B
dx =

Kh0

2B
pdx⌠

⌡0

B

Thus the first term of equation (4.55) is:
  

−⌠
⌡0

B dp
dx

h
2

dx =
Kh0

2B
W
L (4.56)

Integrating the second term of equation (4.55):
  

Uη
h

dx =⌠
⌡0

B Uη

1 +
dx =⌠

⌡0

B

Kx
B(h0 )

Uη
h0

dx

1 +
⌠
⌡0

B

Kx
B( )

hence:
 

Uη
h

dx =⌠
⌡0

B UηB
h0K

ln(1 + K) (4.57)

Substituting (4.56) and (4.57) into (4.55) the expression for friction force per unit length for a
linear pad bearing is obtained:

  

UηB
h0K

ln(1 + K)
F
L

=
Kh0

2B
W
L

− (4.58)

Note that calculating the friction force for the upper surface, i.e. for z = h, and subtracting
from equation (4.58) yields Kh0W/BL = Wtanα/L. Substituting for ‘W’ (eq. 4.50),

 

K2h0
2 − ln(K + 1) +

2K
K + 2( )6UηB2L

W =

and simplifying:
  

6
K + 2

F
L

=
UηB

h0

−( 4ln(K + 1)
K ) (4.59)
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In a similar manner to load and pressure, frictional force is expressed in terms of the
bearing's geometrical and operating parameters. In terms of the non-dimensional friction
force ‘F*’ equation (4.59) is given by:

  

6
K + 2

F* = −
4ln(K + 1)

K (4.60)

where:
  

h0

UηBL
F* = F (4.61)

The bearing geometry can now be optimized to give a minimum friction force, but it is more
useful to optimize the bearing to find the minimum coefficient of friction since this provides
the most efficient bearing geometry for any imposed load.

· Coefficient of Friction

By definition the coefficient of friction is expressed as a ratio of the friction and normal forces
acting on the surface:

 

F
W

µ = =
F/L

W /L
(4.62)

substituting for F/L and W/L and simplifying:
 

µ =
Kh0

B [3K − 2(K + 2) ln(K + 1)]6K − 3(K + 2) ln(K + 1) (4.63)

As was performed with load and friction, ‘µ’ can also be expressed in a so-called non-
dimensional or normalized form. In precise terms ‘µ’ is already non-dimensional but the
purpose here is to find a general parameter which is independent of basic bearing
characteristics such as load and size. Therefore ‘µ’ is defined entirely in terms of other non-
dimensional parameters:

 

µ* = K [3K − 2(K + 2) ln(K + 1)]6K − 3(K + 2) ln(K + 1) (4.64)

where:
  

µ* =
B
h0

µ (4.65)

The optimum bearing geometry which gives a minimum value of coefficient of friction can
now be calculated. Differentiating (4.64) with respect to ‘K’ and equating to zero gives:

K = 1.55

which is the optimum convergence ratio for a minimum coefficient of friction.
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As stated previously, the maximum load capacity occurs at K = 1.2 but the minimum
coefficient of friction is obtained when K = 1.55. In bearing design there must consequently be
a compromise and ‘K ’ is chosen between these two values, i.e. 1.2 < K < 1.55 to give the
optimum performance. This is evident when plotting ‘µ*’ and ‘6W*’ (known as the load
coefficient) against ‘K’ as shown in Figure 4.10.
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FIGURE 4.10 Variation of load capacity and coefficient of friction with a convergence ratio in
a linear pad bearing.

It is quite easy to see what coefficient of friction can be anticipated in a linear pad bearing. For
example, for a 0.1 [m] bearing width, a film thickness of 0.1 [mm] is typical. The minimum
value of ‘µ*’ is approximately 5 and the ratio B/h0 is 1000 in this case, therefore the real value
of the coefficient of friction is µ = 0.005 which is an extremely small value. Hydrodynamic
lubrication is one of the most efficient means known of reducing friction and the associated
power loss.

· Lubricant Flow Rate

Lubricant flow rate is an important design parameter since enough lubricant must be
supplied to the bearing to fully separate the surfaces by a hydrodynamic film. If an excess of
lubricant is supplied, however, then secondary frictional losses such as churning of the
lubricant become significant. This effect can ever overweigh the direct bearing frictional
power loss. Precise calculation of lubricant flow is necessary to prevent overheating of the
bearing from either lack of lubricant or excessive churning.

Since the bearing is infinitely long it can be assumed that there is no side leakage (in the ‘y’
direction), i.e.:

qy = 0

Hence the lubricant flow in the bearing is obtained by integrating the flow per unit length ‘qx’
over the length of the bearing:

 

⌠
⌡0

L

Qx = qxdy (4.66)

substituting for ‘qx’ (eq. 4.18):
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⌠
⌡0

L

dy( )h3

12η +∂p
∂x

Uh
2

−Qx = (4.67)

The boundary conditions shown in Figure 4.9 are:
  

dp
dx

= 0 at    h = (point of maximum pressure)h̄ (4.68)

substituting into (4.67) the flow is:
 

⌠
⌡0

L

dy
U
2

Qx = h̄
(4.69)

substituting for ‘h’ (eq. 4.45):
 

⌠
⌡0

L

dy
U
2

Qx = 2h0

K + 1
K + 2( )

and simplifying yields the lubricant flow per unit length:
  

=  Uh0

K + 1
K + 2( )Qx

L (4.70)

Lubricant flow is therefore determined by sliding speed and film geometry but not by
viscosity or length in the direction of sliding. In real bearings, however, ‘K ’ and ‘h0’ are
usually indirectly affected by oil viscosity and the length in the direction of sliding. For
example, for a typical high speed pad bearing U = 10 [m/s], h0 = 0.1 [mm] and ‘K ’ is
approximately 1.5. This gives a lubricant flow of 0.0007 [m2/s] (flow per unit length) or 0.7
[litres/sm]. If the bearing length ‘L’ is 0.2 [m] then 0.14 [litres/s] of lubricant is required to
maintain lubrication.

Infinite Rayleigh Step Bearing

In 1918 Lord Rayleigh discovered a method of introducing a fixed variation in the lubricant
film thickness without the use of tilting [5]. His new design moved away from the well
established trend that lubricant film thickness variation can only be produced by tilting the
pad. Rayleigh introduced a film geometry where a step divided the film into two levels of
film thickness. The geometry of the Rayleigh step bearing is shown in Figure 4.11. This film
geometry was advocated as simpler to manufacture than arrangements which allowed very
small controlled angles of tilt.

The inlet and the outlet conditions are controlled by the maximum and minimum film
thicknesses ‘h1’, and ‘h0’ respectively.

In this bearing there are two surfaces parallel to the bottom surface which divide the
lubricant film into two zones as shown in Figure 4.11. The pressure gradients generated in
each of the zones are constant, i.e. dp/dx = constant. This condition shortens the analysis
considerably since the pressure gradients can be written directly from Figure 4.11.
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FIGURE 4.11 Geometry of the Rayleigh step bearing.

   

dp
dx( )1

ZONE 1 = − 
pmax

B1
(4.71)

   

= 
pmax

B2

dp
dx( )2

ZONE 2 (4.72)

Note that physically, for the configuration shown in Figure 4.11, 
dp
dx 1

 is positive while 
dp
dx 2

 is
negative. In the entry zone the oil flow per unit length (eq. 4.18) into the bearing is (Note that
the velocity ‘U’ is negative):

 

q1 = −
h1

3

12η
−

Uh1

2
dp
dx( )1

substituting for pressure gradient (eq. 4.71) gives flow into the bearing:
 

q1 =
12η

−
Uh1

2
pmax

B1

h1
3

(4.73)

On the other hand in the exit zone the lubricant flow per unit length is:
 

q2 = −
h0

3

12η
−

Uh0

2
dp
dx( )2

substituting for pressure gradient (eq. 4.72):
 

q2 = −
h0

3

12η
−

Uh0

2
pmax

B2
(4.74)

For continuity of flow:
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q
1 = q

2

Thus:
  

12η
−

Uh1

2
pmax

B1

= −
h0

3

12η
−

Uh0

2
pmax

B2

h1
3

Simplifying and rearranging gives:
  

pmax =
+

h0
3

B2
( )h1

3

B1

6Uη (h1 − h0)
(4.75)

Load capacity per unit length is simply the area under the pressure triangle:
  

= 1
2

pmaxBW
L (4.76)

Frequently in the literature ‘p
max

’ is quoted as ‘p
s
’ for the step. Both ratios h1/h0 and B1/B2 can

vary and it was found that these bearings give the maximum load capacity when the
following ratios are selected [4]:

h1

h0
 = 1.87   a n d     B 1

B2
 = 2.588

An interesting story is that Lord Rayleigh first tried his bearing using two pennies (19th
century coinage ~25 [mm] in diameter) [3]. Grooves were cut with a file and on one penny,
the recessed areas were produced by etching with nitric acid. The other contact surface was
left flat. Prepared in such a manner, the bearing worked!

The principal advantage of these bearings is that they give higher load capacity than linear
pads. At their optimum configuration the load coefficient is 6W* = 0.206 as opposed to 0.1602
for infinite linear pad bearings while the coefficient of friction is almost the same. Despite the
distinct advantages of other bearing types the Rayleigh step profile is still used in thrust and
pad bearings. The principal reason for this practice is the ease of manufacture of the Rayleigh
step as compared to the pivoted Michell pad in particular. Whereas the Michell pad requires
an elaborate system of pivots, the Rayleigh step can be made by applying relatively simple
machining techniques or even by covering one half of a plane surface by protective tape and
then exposing the whole surface to sand-blasting or chemical etching. When the protective
covering is removed, a completed Rayleigh step bearing is obtained.

The disadvantage of the Rayleigh bearing, however, is that as the step wears out then the
hydrodynamic pressure falls and the bearing ceases to function as required. For bearings of
finite length, the lubricant leaks more easily to the sides of the bearing than for a linear
sloping pad which results in a lower load capacity. In other words at, e.g. L/B = 1, the
Rayleigh pad has a lower value of ‘W*’ than the linear sloping pad despite the fact that the
opposite is the case at L/B » 1. To obtain higher efficiency from a Rayleigh bearing it is
necessary to introduce side lands on the edges of the bearing [6]. An example of this
modification is shown in Figure 4.12.
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FIGURE 4.12 Modified Rayleigh pad geometry for bearings of finite length.

Other Wedge Geometries of Infinite Pad Bearings

Many different wedge shapes have been analysed and tried. Some of these designs were
successful and applied in practice but most of them were destined to remain undisturbed on
the shelf. The geometry of wedges most commonly applied in practice are briefly described
below.

· Tapered Land Wedge

An example of the tapered land wedge is shown in Figure 4.13. At the end of the bearing a
flat, called a ‘land’, is machined. This is a very practical design since it accommodates the
wear that would occur on a completely tapered wedge when the bearing decelerates to stop or
accelerates from rest.

The film geometry is similar to both a linear and a Rayleigh pad bearing. Thus the bearing
must be treated in two sections: the section with a taper first and then the parallel section,
this is analogous to the Rayleigh step. The film geometry in the tapered section is described
by:

 

h = h0 ( )Kx
B1

1 +

The load capacity is strongly dependent on the amount of taper [3] and it was found that the
optimum bearing configuration for maximum load capacity is achieved for the ratios
B1/B2 = 0.8 and h1/h0 = 2.25 [4]. In this bearing, the combination of two geometries of linear
and Rayleigh pad bearings results in the load coefficient of 6W* = 0.192 which is slightly
lower than that for the step bearing and higher than that for the linear pad bearing.

z

x

h0 h1

B2

B
B1

U

FIGURE 4.13 Geometry of the tapered land bearing.
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· Parabolic Wedge

This particular film geometry is employed in the piston rings of combustion engines. The
circumference of a piston ring is usually very much greater than either of its dimensions in
the direction of travel so that the infinitely long bearing approximation is very appropriate.
An example of the parabolic wedge is shown in Figure 4.14 while the pressure profile of an
unbounded parabolic bearing is shown in Figure 4.15.

z

x

h0

h1

B U

a)

b)

�������
�������
�������
�������
�������
�������
�������
�������
�������
�������

B

������������������������
������������������������
������������������������
������������������������
������������������������
������������������������
������������������������
������������������������
������������������������
������������������������
������������������������
������������������������
������������������������
������������������������
������������������������
������������������������
������������������������
������������������������
������������������������
������������������������
������������������������

Crankcase

Combustion
chamber

z

U
L

u
br

ic
an

t

Piston ring
h0

h1

Piston

C
yl

in
d

er
 li

ne
r

FIGURE 4.14 Geometry of the parabolic wedge bearing (a) and an example of its application in
piston ring (b) [65].

The film geometry is described by the equation:

h = h0 +  (1 +  x/Bc)
n(h1 −  h0)

where:

n is a constant and equals 2 for a simple parabolic profile;

Bc is a characteristic width which is usually, but not always, equal to the bearing
width ‘B’ [m];
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x is the distance along the ‘x’ axis starting from the minimum film thickness [m].

In this bearing there is no specific inlet and instead, beyond a certain distance, film thickness
is so large that it becomes irrelevant to the pressure field close to the minimum film
thickness. More information about the parabolic pressure profile can be found in [55].

p

z

x

h0 h1

B
U

Half-parabolic
bearing profile

FIGURE 4.15 Pressure profile in a parabolic wedge bearing.

The parabolic profile has the advantage that it tends to be self-perpetuating under wear since
the piston ring tends to rock inside its groove during reciprocating movement and causes
preferential wear of the edges of the ring. If the wear is well advanced, or the edges of the
piston ring have been deliberately rounded, then the starting point of hydrodynamic
pressure generation cannot be precisely determined. Under these conditions, the model of
parabolic film profile is very appropriate.

· Parallel Surface Bearings

The low friction obtained during operation of parallel surface bearings appears to contradict
the Reynolds equation since no wedge or step has been included in the bearing. It was found
by Beauchamp Tower in 1891 that a bearing could be made of two flat parallel surfaces with
one of them having four radial grooves cut in it [16]. The surfaces were parallel with no
apparent wedge, so theoretically they should not support any load under sliding without
severe wear and friction. Low friction and negligible wear was, however, obtained. Research
conducted later showed that the thermal distortions of the bearing surfaces were sufficiently
large to form a lubricating wedge [3,4]. These types of bearings are still used to support small
intermittent loads. Thermal distortion of the bearing surface is the result of a temperature
gradient between the relatively hot sliding surfaces and the cooler outer surfaces of the
bearing. Since most bearing materials have considerable thermal expansion, curvature or
‘crowning’ of the bearing surfaces result. The distorted profile enables hydrodynamic
pressure generation to occur. The principle is illustrated in Figure 4.16.

It is also possible for a parallel surface bearing to deform to produce a hydrodynamic wedge
without any thermal deformation. A nominally parallel surface bearing consisting of a
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cantilever supported rigidly at one end is an effective bearing [17]. A maximum
dimensionless load capacity ‘6W*’ of 0.16 can be obtained by this means.

INTERMEDIATE TEMPERATURE

HIGH SURFACE TEMPERATURE

Pad

Frictional heatLubricating
film

Counterface

Thermally induced wedge

Bearing shape
after thermal

distortion

Original
shape

Cooling by convection
to air

Temperature

Ambient
temperature

FIGURE 4.16 Thermal deformation of a parallel surface bearing to allow hydrodynamic
lubrication.

· Spiral Groove Bearing

When the step is curved around a circular boundary, a very useful form of bearing results
which is known as the spiral groove bearing and is shown in Figure 4.17.

As illustrated in Figure 4.17, two forms of the spiral groove bearing exist; in one the centre of
the spiral has the lower film thickness and is known as the ‘closed form’, in the other the
centre of the spiral has the larger film thickness and is known as the ‘open form’.

Closed form bearing Open form bearing

FIGURE 4.17 Film geometry of spiral groove bearings (dark areas have lower film thickness).

The spiral groove bearing is often constructed in pairs of opposing spirals to allow reverse
rotation with positive pressure generation and load capacity. The theory of spiral groove
thrust bearings is discussed in detail in [12].
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Spiral groove bearings are effective and relatively cheap alternatives for use as thrust
bearings. When made from silicon carbide ceramic these bearings were found to work
reliably in the presence of abrasive slurry which also acted as a lubricant [13].

Finite Pad Bearings

As indicated earlier the long bearing approximation provides adequate estimates of load
capacity and friction for the ratios of L/B > 3. The bearings with a ratio  1/3 < L/B < 3 are
called finite bearings. For these bearings all the important parameters such as pressure, load
capacity, friction force and lubricant flow are usually computed by numerical methods. In
certain limited cases, however, it is possible to derive analytical expressions of load capacity,
friction force, etc. for finite bearings. A great deal of intellectual effort was expended on this
task before computers were available. The disadvantage of the analytical approach is that it is
impossible at present to incorporate additional factors such as lubricant heating. In the next
chapter, a widely used numerical method, called the Finite Difference method, is introduced
and its applications to bearing analysis are illustrated by examples. At this stage, however, it
is helpful to consider the application of data generated by numerical bearing analysis.

In the literature computed data are presented in the forms of graphs or data sheets. An
example is shown in Figure 4.18 [4] where the load coefficient ‘6W*’ is plotted against the
convergence ratio ‘K’ for various L/B ratios for rectangular linear pads.
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FIGURE 4.18 Variation of load capacity with convergence ratio for various L/B ratios for
rectangular linear pads [4].

The load capacity of a bearing is then calculated by finding the appropriate L/B value or by
interpolation where necessary. For L/B ratios greater than 2, it can be assumed that values of
‘6W*’ for L/B = 3 are very close to values for L/B = ∞. The value of load is found from ‘6W*’
by multiplying it by the factor B2LUη / h0

2.

Pads are usually employed in thrust bearings. They can also be found in pivoted pad journal
bearings which are often used in machine tool applications. In thrust bearings the pads are
usually not square since this would be impractical. The collar is circular and they are part of a
circle. They are called sector-shape pads and were analysed by Pinkus [3,7] in 1958. The
analysis is much more complex than that of rectangular pads. In practical engineering cases,
however, it is usually sufficiently accurate to assume that the pad is of rectangular shape,
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since the error of this approximation is less than 10%. More information on these and more
specialized pads can be found in the literature [e.g. 7-9].

It can be seen from Figure 4.18 that for the lower L/B ratios the load capacity of the bearing is
less sensitive to changes in the h1/h0 ratios, i.e. the bearing is more stable. The continuous
changes of h1/h0 ratios with load pose the greatest problem in this type of bearing. The way in
which this problem has been overcome will be discussed in the next section.

EXAMPLE

Calculate the maximum load capacity for a square pad of B = 0.1 [m] side dimension.
Assume a sliding speed of U = 10 [m/s], lubricant viscosity η = 0.05 [Pas] and minimum
film thickness h0 = 10-4 [m].

From Figure 4.18;   6W* = 0.07 hence W  = 0.07 0.13 ×  10  ×  0.05
10-4 2

 = 3.5 [kN]

Pivoted Pad Bearing

The pivoted pad bearing allows the angle of tilt to vary with load as this has been found to
improve the load capacity of the bearing. The problem of a limited load capacity caused by a
fixed level of tilt can be illustrated by considering changes in load capacity when the load and
‘W*’ are increased progressively from zero. Until the pad bearing reaches its optimum h1/h0

or ‘K’ ratios, the load capacity balances the applied load. If the load is increased further then
‘K’ will increase as the tilt (h1 - h0) becomes greater than h0. Non-dimensional load ‘W*’ then
starts to decline since ‘K’ shifts towards the right as can be seen from Figure 4.10. The real
load, however, as opposed to ‘W*’, may still rise in theory because of the strong multiplying
effect of ‘h0

-2’ but in practice there are other factors such as distortion of the pad and heating of
the lubricant caused by the more intensive shearing at thin film thicknesses which render
the decline in ‘W*’ with ‘K’ much more severe than shown in Figure 4.10.

The changes in ‘W* ’ with ‘K ’ posed a very serious engineering problem since it was not
possible to run the bearing at the optimal h1/h0 ratio. The problem was eventually solved by
an Australian engineer A.G.M. Michell. During his work as consulting engineer he saw the
limitations of conventional thrust bearings in which metal-to-metal contact frequently
occurred. The existing designs of thrust bearings were also complicated and large in size.

For example, a thrust bearing for a single propeller ship could have ten or more collar
bearings. There were obvious difficulties in maintaining the close tolerances to ensure a
uniform contact pressure on the collars. Consequently the bearings were oversized, noisy,
inefficient and not particularly reliable.

Michell came up with an ingenious solution which was a major breakthrough in lubrication
science viz the pivoted pad bearing [10]. His design required only one thrust collar on a ship
propeller shaft instead of the ten previously required. This simplification enabled a
considerable reduction in noise and fuel consumption and less space was needed for the
bearing. Michell patented his bearing in 1905 and a working model was installed in pumps at
Cohuna on the Murray River in 1907 [11].

In 1910, Kingsbury independently patented a similar bearing in the United States. The only
difference was that the pads of his bearing were pivoted centrally whereas in the Michell
bearing they were offset as shown schematically in Figure 4.19. Also Kingsbury's approach
was empirical, lacking the rigour and elegance of Michell's mathematical analysis [11].
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FIGURE 4.19 Schematic diagrams of the pivoted bearings a) Michell offset line pivot, b)
Kingsbury button point pivot (adapted from [67]).

Kingsbury's design, however, made allowance for misalignment between the mobile and
stationary sides of the bearing by the use of a point pivot rather than a linear pivot.

The greatest advantage of pivoted pad bearings over fixed pad bearings is that the ratio h1/h0

always remains the same, whatever the load. These bearings self-adjust their film thickness
geometry with load to give optimum performance. The pivot should be placed in the centre
of pressure, otherwise the bearing becomes unstable. The centre of pressure and hence the
pivot position can easily be found by taking moments about the trailing edge of the bearing as
shown in Figure 4.20.

The moment of force about the bearing outlet is:
 

WX =⌠
⌡0

L

px dxdy⌠
⌡0

B

or per unit length:
 

= pxdx⌠
⌡0

B

L
WX (4.77)
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substituting for ‘p’ (eq. 4.46), ‘x’ (from eq. 4.38) and ‘dx’ (eq. 4.39) gives:
 

Kh0

1
h

h0

h2+
(K + 1)
(K + 2)

+
1

h0(K + 2)
−( )6UηB

= 
L

WX ⌠
⌡h0

h1

K2h0
2

B2

(h − h0)dh (4.78)

After substituting for W/L (eq. 4.50) into (4.78) and manipulating the equation, the position
of pivot from the trailing edge of the bearing is found.

  

2K[(2 + K)ln(1 + K) − 2K)]
2(3 + K)(1 + K)ln(1 + K) − K(6 + 5K)

= 1 −
B
X

(4.79)
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FIGURE 4.20 Position of pivot in a Michell pad bearing.

It can be seen that the position of the pivot depends only on the convergence ratio ‘K’ or the
ratio of film thicknesses. Thus the film thickness ratio ‘K’ remains constant once the position
of the pivot is decided. Some calculated values of the pivot position for various convergence
ratios are shown in Table 4.2. It can be seen from Table 4.2 that for an infinite linear pad
bearing at its optimum h1/h0 ratio of 2.2 the pivot position is 0.422B from the trailing edge.

Inlet Boundary Conditions in Pad Bearing Analysis

Finally, the question of pad boundary conditions has to be discussed in more detail. It is
usually assumed for the purpose of analysis that the inlet pressure to a pad bearing is either
zero or identical to atmospheric pressure. This assumption ignores the possibility of an
inertial pressure rise at the bearing inlet. Such an inertial pressure rise is schematically
shown in Figure 4.21 and is the result of deceleration or acceleration of the lubricant when it
flows over or around the bearing pad.

This pressure rise is often referred to as the ‘Ram Effect’ and can be significant at high sliding
speeds. The pressure rise has been measured experimentally [14] and modelled by
computational methods [15]. The pressure rise can be estimated from the following equation:
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TABLE 4.2 Pivot position for various ‘K’ ratios.

0 0 1
0.482 0.2
0.466 0.4
0.453 0.6
0.442 0.8
0.431 1.0
0.422 1.2
0.414 1.4
0.406 1.6
0.399 1.8
0.393 2.0
0.387 2.2
0.381 2.4
0.376 2.6
0.371 2.8
0.366 3.0
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FIGURE 4.21 Stagnation pressure rise at the inlet to a pad bearing.
 

= A
Re

∆p
ρU2 + B

where:
∆p is the pressure rise [Pa];

ρ is the lubricant density [kg/m3];
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U  is the sliding speed [m/s];

Re is the Reynolds number defined as Re = h / ρUh1;

A, B are constants.

A graph of the dimensionless pressure rise versus the reciprocal of the Reynolds number is
shown in Figure 4.22 for two bearing geometries.
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FIGURE 4.22 Dimensionless bearing inlet pressure rise versus the reciprocal of the Reynolds
number [15].

It can be seen that for a bearing with a standard geometry, e.g. a planar wall normal to the
direction of sliding and widely spaced pads, the pressure increase is high, particularly at low
Reynolds' numbers. On the other hand, for the bearing with a 45° chamfer at the inlet and a
smaller distance between the pads this effect is reduced. The difference in pressure is the
result of the varying mode of lubricant flow at the bearing inlet. This effect is a prime
example of the important role the bearing inlet conditions play in controlling the bearing
characteristics. Examples of measured constant values of ‘A’ and ‘B’ can be found in [15].

The effect of a positive inlet pressure is to raise the load capacity of both fixed inclination
pads and pivoted pads [63]. In some cases, the increase in load capacity is predicted to be quite
large, e.g. a doubling of load capacity compared to that calculated with the simple assumption
of zero inlet pressure. Unless suction is deliberately applied, the inlet pressure is always
positive and, in effect, provides a margin of safety for the design of pad bearings based on
classical hydrodynamic theory.

4.4 CONVERGING-DIVERGING WEDGES

In the previous sections an infinite linear pad bearing was considered where the geometry
was merely a converging wedge. In many engineering applications, however, such as in
journal bearings, the situation can be a little more complicated; the wedge can initially
converge and then, after reaching a minimum, diverge. The question is: what will then
happen? How would this affect the generated pressure and consequently the load capacity?
The overall approach to the analysis in such cases is unaffected. The first step is to define the
film geometry and then the pressure distribution, load capacity and other important
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parameters can be obtained by integrating the Reynolds equation. This problem can be
illustrated by initially considering the secant wedge. It has been suggested that this wedge is
the most useful for teaching purposes because of its simplicity [4]. It also gives a clear
introduction to the more complicated geometry of journal bearings.

Consider a converging-diverging wedge described by a secant function such as that illustrated
in Figure 4.23.
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pmax
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Diverging
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FIGURE 4.23 Geometry of a secant wedge. Note the negative velocity ‘U’.

Bearing Geometry

The wedge profile is described by the function:
  

h = h0secθ (4.80)

where:
  

θ =
B
x

2
π

(4.81)

and the minimum film thickness ‘h0’ occurs when θ = 0.

Pressure Distribution

The Reynolds equation for the long bearing approximation (4.27) can be used since the
pressure gradient acting along the ‘x’ axis is dominant:

 

dp
dx

h −
h3= 6Uη h̄
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substituting for ‘h’ and ‘h’ which is defined as:
 

= h0sech̄ θ̄

gives:
 

dp
dx

h0(secθ − sec θ̄
h0

3sec3θ= 6Uη )

In a similar manner to the previously analysed linear bearing, ‘θ ’ gives the position at which

the maximum pressure occurs at the corresponding film thickness ‘h’. Differentiating (4.81):
 

2B
πdx = dθ (4.82)

and substituting, gives
 

h0
2 ( )6Uη

dp = dθ
2B
π

sec θ̄
sec3θ

1
sec2θ −

which can be integrated. Remembering the standard integrals:
   

dθ = ⌠
⌡

1
sec2θ cos2θdθ = ⌠

⌡
1
2

(θ + sinθcosθ) and

dθ = ⌠
⌡

1
sec3θ cos3θdθ = ⌠

⌡
1
3

(sinθcos2θ + 2sinθ )

the pressure distribution in the secant wedge is given by:
 

h0
2 [ ]6Uη

p = 
2B
π

sec θ̄
3

1
2

(θ + sinθcosθ) − (sinθcos2θ + 2sinθ ) + C (4.83)

which can then be expressed in terms of a non-dimensional pressure:
  

[ ]p* = 2
π

sec θ̄
3

1
2

(θ + sinθcosθ) − (sinθcos2θ + 2sinθ ) + C (4.84)

where:
 

6UηB
h0

2

p* = p (4.85)

There are two constants ‘θ ’ and ‘C’ and some boundary conditions are needed in order to
determine them. Throughout the literature three sets of boundary conditions known as the
Full-Sommerfeld, Half-Sommerfeld and Reynolds are widely quoted, and these are described
below.
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· Full-Sommerfeld Boundary Condition

The Full-Sommerfeld condition [18] is perhaps the most obvious and simplest of the
boundary conditions. It assumes that the pressure is equal to zero at the edges of the wedge,
i.e.:

  

2
π

p = 0 at θ = ±

substituting into (4.83) the constants ‘C’ and ‘secθ ’ can be determined:
 

C = 0

8
3

=sec θ̄ π = 1.1781
(4.86)

It can be seen from (4.86) that the pressure reaches its maximum at θ = 31.92° and substituting
this into (4.84) yields:

  

[ ]p* = 2
π

π
8

1
2

(θ + sinθcosθ) − (sinθcos2θ + 2sinθ ) (4.87)

The pressure distribution for the Full-Sommerfeld condition is shown in Figure 4.24.

  

z

x,θ

h0

U

p

B

−π
2

θ0 ¯

−pmax

π
2

h̄

pmax

FIGURE 4.24 Pressure distribution with the Full-Sommerfeld boundary condition.

TEAM LRN



HYDRODYNAMIC LUBRICATION 141

It can be seen from Figure 4.24 that the Full-Sommerfeld condition is unlikely to apply to real
fluids. There is a large negative pressure in the diverging region which is the mirror image
of the pressure distribution in the converging region. As discussed later, large negative
pressures are physically unrealistic. Furthermore, because of these opposing negative and
positive pressures the predicted load capacity is zero. On the other hand, it has been shown
that the hydrodynamic lubrication film is very efficient under such geometries and is capable
of supporting a load. Hence some other boundary condition should apply.

· Half-Sommerfeld Boundary Condition

To allow for the reality that large negative pressures do not exist in a diverging region
because of the limitations of lubricants, a simple model has been adopted which states that
the predicted negative pressures are in fact equal to zero, i.e.:

  

p = 0 for     x ≤ 0

and the Half-Sommerfeld boundary condition is:
  

2
π

p = 0 at θ =

p = 0 at θ = 0

2
π

p = 0 at − < θ < 0

(4.88)

Substituting this condition gives a pressure distribution similar to the Full-Sommerfeld with
the only difference being that in the diverging region the pressure remains constant and
equal to zero as shown in Figure 4.25.

   

z

x,θ

h0 h̄

U

pmax

p

B

−π
2

π
2

θ0 ¯

FIGURE 4.25 Pressure distribution with the Half-Sommerfeld boundary condition.

From the engineering view point the Half-Sommerfeld boundary condition is very simple
and easy to apply. Its physical basis, however, is erroneous since discontinuity of flow at the
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boundary between the zero and non-zero pressure regions is implied. The discrepancy
between the flow of lubricant out of the non-zero pressure region and into the zero pressure
region is analysed below.

Flow rate per unit length into the wedge is (eq. 4.18):
 

qx = − h3

12η
dp
dx

+ U h
2

since:

dp
dx

 = 0     a t     h

then the flow rate into the bearing is given by:
 

qxin
= U

2
h̄ = Uh0sec

2
θ̄

substituting for ‘secθ ’ (eq. 4.86) yields:
 

qxin
= 1.1781

Uh0

2 (4.89)

Since in the diverging region pressure is continuously equal to zero then:
  

= 0 for all x ≤ 0dp
dx

This means that:
  

= 0 at h0
dp
dx

and the flow out of the bearing in the diverging region is:
  

qxout
=

Uh0

2 (4.90)

For continuity of flow:
 

qxin
= qxout

but this is clearly not the case, since:
 

1.1781
Uh0

2
≠

Uh0

2

In spite of the lack of flow continuity, the Half-Sommerfeld boundary condition is used in
some engineering calculations, as the errors introduced are small.

Summarizing, both conditions analysed so far are not physically realistic, since one leads to
predictions of large negative pressures and the other to a discontinuity of flow. A more exact
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solution is required before accurate estimations of load capacity, bearing friction and lubricant
flow rate can be obtained.

· Reynolds Boundary Condition

The solution to the problem was suggested by Reynolds who simply stated that there are no
negative pressures and that at the boundary between zero and non-zero pressure the
following condition should apply:

 

p = 
dp
dx

= 0

Reynolds assumed that in the diverging region, at film thickness ‘h’ (located at ‘-θ ’) the
pressure gradient dp/dx and the pressure are equal to zero. In this region the lubricating film
starts to divide into streamers of lubricant and air spaces and h = hcav (where the subscript
‘cav’ stands for cavitation). As the film thickness continues to increase, the proportion of
space occupied by lubricant streamers is correspondingly reduced. The balance between
streamer volume and volume of air space is determined by the condition that the lubricant
flow remains constant within the zero pressure region. The Reynolds boundary condition for
an infinitely long bearing is shown in Figure 4.26 which is a plan view of the hydrodynamic
pressure field.

   

  

z

x,θ
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U

p

B
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2

0
dp
dx
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�����������
�����������

Streamers

Continuous film

π
2

h̄

θ̄−
dp
dx

p = = 0

h̄

pmax

θ̄

FIGURE 4.26 Pressure distribution with Reynolds boundary condition.

It can be seen from Figure 4.26 that the Reynolds boundary condition assumes:
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2
π

p = 0 at θ =

p = 0 at θ = − whenθ̄ = 0
dp
dx

(4.91)

Substituting the above boundary condition into equation (4.83) yields the constants ‘C’ and
‘secθ’:

 

C = −0.03685

sec = 1.1228θ̄
(4.92)

Substituting into (4.84) gives the non-dimensional pressure for the Reynolds boundary
condition:

  

[ ]p* = 2
π

1
2

(θ + sinθcosθ) − 0.3743(sinθcos2θ + 2sinθ ) − 0.03685 (4.93)

It can also be found from (4.92) that the maximum pressure is reached at θ = 27.05° and is
zero at θ = -27.05° (Figure 4.26).

Load Capacity

As already mentioned the total load that the bearing will support is obtained by integrating
over the pressure field and the load per unit length is:

 

= pdx⌠
⌡0

B

L
W

Substituting for ‘dx’ (4.82):
 

= pdθ⌠
⌡θ1

θ2

L
W

π
2B

(4.94)

where ‘θ1’ and ‘θ2’ mark the extent of the pressure field, which depends on the boundary
condition applied. Substituting for ‘p’ (4.83):

 

h0
2 [ ]6Uη 2B

π
sec θ̄

3
1
2

(θ + sinθcosθ) − (sinθcos2θ + 2sinθ ) + C=
L
W 2B

π dθ⌠
⌡θ1

θ2

Integrating yields:
 

h0
2

6UηB2 sec θ̄
3

θ2

4
=

L
W 4

π2
θ1

θ2

+
sin2θ

4
+ ( )cos3θ

3
+ 2cosθ + Cθ (4.95)
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Which is the total load per unit length that the bearing will support. In terms of non-
dimensional load (4.95) is expressed as:

  

sec θ̄
3

θ2

4
W* =

4
π2

θ1

θ2

+
sin2θ

4
+ ( )cos3θ

3
+ 2cosθ + Cθ (4.96)

where:
  

6UηB2L
h0

2

W* = W

Substituting for the appropriate values of ‘θ’ defining the extent of the pressure field and
constants ‘C’ and ‘secθ’, the non-dimensional load can easily be determined for all the
conditions analysed. The results obtained are summarized in Table 4.3.

TABLE 4.3 Extent of pressure fields and non-dimensional loads for Full-Sommerfeld, Half-
Sommerfeld and Reynolds boundary conditions.

 

Full - Sommerfeld

Half - Sommerfeld

Reynolds

The extent of the
pressure field Constants

W*

θ1 θ2 sec Cθ

−90° 90° 1.1781 0 0

0° 90° 1.1781 0 0.020041

−27.05° 90° 1.1228 −0.03685 0.028438

It can be seen from Table 4.3 that with the Full-Sommerfeld boundary condition there is no
resultant load. The reason for this becomes clear after examining Figure 4.24. The positive
pressure field is counterbalanced by a negative pressure field, leaving only a turning
moment. It can also be noticed that the pressure field and therefore the load found for the
Reynolds boundary condition is higher than for the Full and Half-Sommerfeld boundary
conditions. This is shown in Figure 4.27 [4] where the pressure distributions, for all three
conditions, are superimposed.

The Reynolds boundary condition gives the most accurate results of all the boundary
conditions presented in this section, but other more specialised conditions have been
suggested and will be discussed in Chapter 5 on ‘Computational Hydrodynamics’. Although
it is relatively accurate, the Reynolds boundary condition is still an approximation to the
transition from full fluid flow to cavitated flow. It is also relatively difficult to apply in
analytical solutions of realistic film geometries. The mathematics can become quite involved
especially when locating the position of the boundary. Thus, as mentioned already, the Half-
Sommerfeld boundary condition can be employed since it gives acceptable estimates of load
capacity. The Reynolds boundary condition is, however, easily incorporated into numerical
solutions of hydrodynamic pressure fields as shown in the next chapter on ‘Computational
Hydrodynamics’ and for this reason is the most widely used boundary condition.
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z
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h0

U
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Sommerfeld

Reynolds

Full-

FIGURE 4.27 Pressure fields for Full-Sommerfeld, Half-Sommerfeld and Reynolds boundary
conditions [4].

4.5 JOURNAL BEARINGS

Journal bearings are very common engineering components and are used in almost all types
of machinery. Combustion engines and turbines virtually depend on journal bearings to
obtain high efficiency and reliability. A journal bearing consists of a shaft rotating within a
stationary bush. The hydrodynamic film which supports the load is generated between the
moving surfaces of the shaft and the bush.

There are two basic aspects of journal bearing analysis. The first refers to the basic analysis of
journal bearing load capacity, friction and lubricant flow rate as a function of load, speed and
any other controlling parameters. The second aspect of journal bearings relates to practical or
operational problems, such as methods of lubricant supply, bearing designs to suppress
vibration and cavitation or to allow for misalignment, and frictional heating of the lubricant.
These aspects are introduced in this chapter and continued in the next chapter.

Evaluation of the Main Parameters

The same method of analysis applies to journal bearings as to the previously described
examples of linear and converging-diverging wedges. The film geometry is defined and then
the Reynolds equation is applied to find the pressure field and load capacity. The geometry of
the journal bearing is shown in Figure 4.28.

· Bearing Geometry

In the same manner as previous cases, bearing geometry is defined in the first step of the
analysis. Consider the triangle OSOBA from Figure 4.28 which is shown in detail in Figure
4.29.
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R1

R2

U

hmax

h0

B Ah

FIGURE 4.28 Geometry of the journal bearing; R1 is the radius of the bush, R2 is the radius of
the shaft, OB is the centre of the bush, OS is the centre of the shaft.

θ

OB

e

OS

R2 h

αBC

R1

A

FIGURE 4.29 Details of geometry for the evaluation of film shape in journal bearings; e is the
eccentricity (i.e. distance OSOB between the axial centres of shaft and bush during
the bearing's operation) [m], h is the film thickness [m].

It should be noted that the angle ‘α’ is very small. From inspection of the triangle OSOBA it
can be written:

  

OsA = OsC + CA = OsB + BA or

OsA = ecosθ + R1cosα = R2 + h

thus:
 

h = ecosθ + R1cosα − R2 (4.97)

applying the sine rule gives:
 

sinα
e

=
sinθ
R1

    
and

 

sinα =
R1

e
sinθ
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Remembering that:
 

sin2α + cos2α = 1

and substituting for ‘sinα’ yields:
 

cosα = 1 − sin2α 1 − ( )e
R1

sin2θ
2

=

Since e/R1 « 1 then:

cosα  ≈ 1 (4.98)

Substituting into (4.97) yields:
 

h = ecosθ + R1 − R2 = ecosθ + c

where:

c is the clearance, i.e. the difference between the radii of bush and shaft (R1 - R2)
[m].

or:
  

h = c(1 + εcosθ) (4.99)

where:

ε is the eccentricity ratio, i.e. the ratio of eccentricity to clearance (e/c).

Equation (4.99) gives a description of the film shape in journal bearings to within 0.1%
accuracy [3].

· Pressure Distribution

In most journal bearings where the axial length is less than the shaft diameter, the pressure
gradient along the ‘y’ axis is much larger than the pressure gradient along the ‘x’ axis
(circumferential direction). The narrow bearing approximation can therefore be used. This
approximation gives accurate results for L/D < 1/3. The one-dimensional Reynolds equation
for the narrow bearing approximation is given by (4.33).

 

dxh3
dh

p = 3Uη
4
L2( )y2 −

where ‘L ’ is the length of the bearing along the ‘y ’ axis. Substituting ‘x ’ for angular
displacement times radius gives:

x = Rθ

differentiating:

dx = Rdθ
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and substituting gives:
 

dθh3R
dh

p = 3Uη
4
L2( )y2 − (4.100)

Differentiating (4.99):
 

dh = −cεsinθdθ

rearranging:
 

dθ
dh = −cεsinθ (4.101)

and substituting for ‘h’ and ‘dh/dθ’ to (4.100) yields the pressure distribution in a narrow
journal bearing:

  

Rc2(1 + εcosθ)3p = 3Uηεsinθ
4
L2( )− y2 (4.102)

It can be seen that this equation complies implicitly with the Full-Sommerfeld and Half-
Sommerfeld boundary conditions since:

p = 0    at     θ  = 0, π and  2π

· Load Capacity

The total load that the bearing will support is found by integrating the pressure around the
bearing. In the early literature, the Half-Sommerfeld condition was used for load
calculations, i.e. the negative pressures in one half of the bearing were discounted. Load is
usually calculated from two components, one acting along the line of shaft and bush centres
and a second component perpendicular to the first. This method allows calculation of the
angle between the line of centres and the load line. As will be shown later, the shaft does not
deflect co-directionally with the load but instead always moves at an angle to the load-line.
The angle is known as the ‘attitude angle’ and results in the position of minimum film
thickness lying some distance from where the load-line intersects the shaft and bush. The
load components and pressure field of a journal bearing are shown in Figure 4.30.

To analyse and derive expressions for the load components ‘W1’ and ‘W2’ consider a small
element of area Rdθdy where the ‘y’ axis is normal to the plane of the diagram in Figure 4.30
and hence is invisible. The axis is shown in an ‘unwrapped film’ in Figure 4.31.
Hydrodynamic pressure fields of journal bearings are often shown in ‘unwrapped form’
where the film is shown as a plane surface in plan view. This is equivalent to taking a sheet
of paper and rolling it to form a cylinder. In cylindrical form, the true shape of the
hydrodynamic film is represented when unwrapped or flat. In this way the form most
convenient for film visualization is obtained.

The increment of force exerted by the hydrodynamic pressure on the element of area is
pRdθdy and this force is resolved into two components:

· pRcosθdθdy acting along the line of shaft and bush centres and

· pRsinθdθdy acting in the direction normal to the line of centres.
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pR
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FIGURE 4.30 Load components and pressure field acting in a journal bearing.

Thus the load component acting along the line of centres is expressed by:
 

W1 = ⌠
⌡0

π

pR cosθdθdy⌠
⌡−

L
2

L
2

(4.103)

similarly the component acting in the direction normal to the line of centres is:

           

h0

h1

x,θ

y

L

πD

L

y = L/2

y = −L/2

x = 0
θ = 0

x = 2πR
θ = 2π

Position where the film is cut.
It corresponds to x = 0 and x = 2πR

‘Unwrapped’ journal bearing film

y

θ

FIGURE 4.31 Unwrapped journal bearing.

 

W2 = ⌠
⌡0

π

pR sinθdθdy⌠
⌡−

L
2

L
2

(4.104)

Substituting for ‘p’ (4.102) and separating variables gives:
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W1 = ⌠
⌡0

π

dθdy
Rc2(1 + εcosθ)3

3UηεRsinθcosθ
4
L2( )− y2⌠

⌡−

L
2

L
2

⌠
⌡0

π

dθ
c2

3Uηε
4
L2( )− y2⌠

⌡−

L
2

L
2

(1 + εcosθ)3
sinθcosθ

dy=

  

W2 = ⌠
⌡0

π

dθdy
Rc2(1 + εcosθ)3

3UηεRsin2θ
4
L2( )− y2⌠

⌡−

L
2

L
2

⌠
⌡0

π

dθ
c2

3Uηε
4
L2( )− y2⌠

⌡−

L
2

L
2

(1 + εcosθ)3
sin2θ

dy=

The individual integrals can be evaluated separately from each other and they are:
  

⌠
⌡0

π

dθ = −
(1 + εcosθ)3

sinθcosθ
(1 − ε2)2

2ε

  

⌠
⌡0

π

dθ =
(1 + εcosθ)3

sin2θ
2(1 − ε2)3 / 2

π

  

4
L2( )− y2⌠

⌡−

L
2

L
dy =

6
L3

2

Substituting yields:
 

W1 = −
c2(1 − ε2)2
UηL3ε2

(4.105)

 

W2 = 4c2(1 − ε2)3 / 2
UηεπL3

(4.106)

The total load that the bearing will support is the resultant of the components ‘W1’ and ‘W2’:
 

W = W1
2 + W2

2
(4.107)

Substituting for ‘W 1’ and ‘W 2’ gives the expression for the total load that the bearing will
support:

 

− 1( )16
π2 ε2 + 1W =

c2(1 − ε2)2
UηεL3

4
π

(4.108)

It can be seen that in a similar fashion to the other bearings analysed, the total load is
expressed in terms of the geometrical and operating parameters of the bearing. Equation
(4.108) can be rewritten in the form:

 

=
LUηR2

Wc2

L2
4R2

(1 − ε2)2
πε

(0.621ε2 + 1)0 . 5 (4.109)
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Introducing a variable ‘∆’:
  

( )c
R

∆ =
LUη

W 2

(4.110)

which is also known as the ‘Sommerfeld Number’ or ‘Duty Parameter’, equation (4.109)
becomes:

  

( )D
L

∆
2

=
(1 − ε2)2

πε
(0.621ε2 + 1)0 . 5 (4.111)

where:

D = 2R is the shaft diameter [m].

The Sommerfeld Number is a very important parameter in bearing design since it expresses
the bearing load characteristic as a function of eccentricity ratio. Computed values of
Sommerfeld number ‘∆’ versus eccentricity ratio ‘ε’ are shown in Figure 4.32 [3]. The curves
were computed using the Reynolds boundary condition which is the more accurate. Data for
long journal bearings which cannot be calculated from the above equations are also included.
The data is also based on a bearing geometry where 180° of bearing sector on the unloaded
side of the bearing has been removed. Removal of the bearing shell at positions where
hydrodynamic pressure is negligible is a convenient means of reducing friction and the
bearings are known as partial arc bearings. The effect on load capacity is negligible except at
extremely small eccentricity ratios. An engineer can find from Figure 4.32 a value of
Sommerfeld number for a specific eccentricity and  L/D ratio and then the bearing and
operating parameters can be selected to give an optimum performance. It is usually assumed
that the optimum value of eccentricity ratio is close to:

  

εoptimum = 0.7

Higher values of eccentricity ratio are prone to shaft misalignment difficulties; lower values
may cause shaft vibration and are associated with higher friction and lubricant temperature.

If the surface speed of the shaft is replaced by the angular velocity of the shaft then the left
hand side of the graph shown in Figure 4.32 can be used. When the shaft angular velocity is
expressed in revolutions per second [rps] then the modified Sommerfeld parameter becomes
S = π∆. Since:

 

U = 2πRN

substituting into equation (4.110) gives:
 

( )c
R

∆ =
Lη2πRN

W 2

Introducing ‘P’ [4]:
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FIGURE 4.32 Computed values of Sommerfeld number ‘∆’ versus eccentricity ratio ‘ε’ [3].

 

P =
2LR

W

  

( )c
R

∆ =
Nηπ

P 2

Thus:
  

( )c
R

S = ∆π =
Nη
P 2

(4.112)
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It can also be seen from Figure 4.30 that the attitude angle ‘β’ between the load line and the
line of centres can be determined directly from the load components ‘W1’ and ‘W2’ from the
following relation:

 

tanβ = −
W1

W2

Substituting for ‘W1’ and ‘W2’ yields:
  

tanβ =
4
π

ε
(1 − ε2)1 / 2

(4.113)

· Friction Force

The friction force can be calculated by integrating the shear stress ‘τ’ over the bearing area:
  

F = ⌠⌡0

L

τdxdy = ⌠
⌡0

B ⌠
⌡0

L

η⌠
⌡0

B

dxdy
dz
du

In journal bearings, the bottom surface is stationary whereas the top surface, the shaft, is
moving, i.e.:

U 1 = U    and     U2 = 0

which is the opposite case from linear pad bearings. Thus the velocity equation (4.11)
becomes:

 

u = ∂p
∂x2η( (z2 − zh + U

z
h

Differentiating with respect to ‘z’ gives the shear rate:
 

=
dz
du

2z − h
2η
1

dx
dp + U

h( (
After substituting, the expression for friction force is obtained:

  

F = ⌠⌡0

L⌠
⌡0

B[( [z −
2
h

dx
dp + Uη

h
dxdy) (4.114)

In the narrow bearing approximation it is assumed that ∂p/∂x ≈ 0 since ∂p/∂x « ∂p/∂y and
(4.114) becomes:

 

F = ⌠
⌡0

L⌠
⌡0

B Uη
h

dxdy (4.115)

and the friction force on the moving surface, i.e. the shaft, is given by:
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F = ⌠
⌡0

B UηL
h

dx (4.116)

Substituting for ‘h’ from (4.99) and ‘dx = Rdθ’ gives:
 

F = ⌠
⌡0

π UηLR
c(1 + εcosθ)

dθ = ⌠
⌡0

πUηLR
c

dθ
(1 + εcosθ)

and integrating yields:
  

F = 2πηULR
c

1
(1 − ε2)0.5 (4.117)

which is the friction in journal bearings at the surface of the shaft for the Half-Sommerfeld
condition.

It can be seen from equation (4.117) that when:

· the shaft and bush are concentric then:

e = 0     and      ε  = 0

and the value of the second term of equation (4.117) becomes unity. The equation
now reduces to the first term only. This is known as ‘Petroff friction’ since it was
first published by Petroff in 1883 [3].

· the shaft and bush are touching then:

e = c     and      ε  = 1

which causes infinite friction according to the model of hydrodynamic lubrication.
In practice the friction may not reach infinitely high values if the shaft and bush
touch but the friction will be much higher than that typical of hydrodynamic
lubrication. It is also true that as the eccentricity ratio approaches unity, the friction
coefficient rises. The second term of (4.117) is known as the ‘Petroff multiplier’.
Figure 4.33 shows the relationship between the calculated Petroff multiplier and
the eccentricity ratio for infinitely long 360° journal bearings [8]. The calculated
values are higher than those predicted from (1 - ε2)-0.5 since the effects of pressure
on the shear stress of the lubricant are not included in equation (4.117). The effect
of cavitation, i.e. the zero pressure region, does have a significant effect on friction
and this together with pressure effects are discussed in the next chapter on
‘Computational Hydrodynamics’.

· Coefficient of Friction

The coefficient of friction of a bearing is calculated once the load and friction forces are
known:

 

µ = F
W

As can be seen from equation (4.108) or from Figure 4.32 the load capacity rises sharply with
an increase in eccentricity ratio. Friction force is relatively unaffected by changes in

TEAM LRN



156 ENGINEERING TRIBOLOGY

  

0
0 0.2 0.4 0.6 0.8 1.0

Eccentricity

Pe
tr

of
f m

ul
ti

pl
ie

r

K

ε

1

2

3

4

5

FIGURE 4.33 Relationship between Petroff multiplier and eccentricity ratio for infinitely long
360° bearings [8].

eccentricity ratio until an eccentricity ratio of about 0.8 is reached. Although the operation of
bearings at the highest possible levels of Sommerfeld number and eccentricity ratio will
allow minimum bearing dimensions and oil consumption, the optimum value of the
eccentricity ratio, as already mentioned, is approximately ε = 0.7. Interestingly the optimal
ratio of maximum to minimum film thickness for journal bearings is much higher than for
pad bearings as is shown below:

at θ = 0 where film thickness is a maximum, h1 = c (1 + ε) and

at θ = π where film thickness is a minimum, h0 = c (1 - ε)

so that the optimal inlet/outlet film thickness ratio for journal bearings is
h1

h0
 = 1 + ε

1 -  ε
 = 1 + 0.7

1 -  0.7
 = 5.67. This ratio is higher than for linear pad bearings for which it is

equal to 2.2. There is a noticeable discrepancy in optimum ratios of maximum to minimum
film thickness but strictly speaking these two ratios are not comparable. In the case of linear
pad bearings classical theory predicts a maximum load capacity while for journal bearings
there is no maximum theoretical capacity, instead a limit is imposed by theoretical
considerations. When cavitation effects are ignored, the friction coefficient for a bearing with
the Half-Sommerfeld condition is:

 

  

µ = 8Rc(1 − ε2)1.5

L2ε (0.621ε2 + 1)0.5 (4.118)

· Lubricant Flow Rate

For narrow bearings, the flow equation (4.18) is simplified since ∂p/∂x ≈ 0 and is expressed in
the form:

TEAM LRN



HYDRODYNAMIC LUBRICATION 157

 

qx = Uh
2

(4.119)

and the lubricant flow in the bearing is:
 

Qx = ⌠
⌡0

L

qxdy =  ⌠
⌡0

L

dy =  Uh
2

UhL
2

Substituting for ‘h’ from (4.99), gives the flow in the bearing:
  

Qx = UL
2

c(1 + εcosθ) (4.120)

In order to prevent the depletion of lubricant inside the bearing, the lubricant lost due to side
leakage must be compensated for. The rate of lubricant supply can be calculated by applying
the boundary inlet-outlet conditions to equation (4.120). From a diagram of the unwrapped
journal bearing film shown in Figure 4.34 it can be seen that the oil flows into the bearing at
θ = 0 and h = h1 and out of the bearing at θ = π and h = h0.

Substituting the above boundary conditions into (4.120) it is found that the lubricant flow
rate into the bearing is:

 

Q1 = UL
2

c(1 + ε)

  

h0

0 π 2π

θ

h1

Lubricant
inflow

Lubricant
leakage

Lubricant
outflow

h1

FIGURE 4.34 Unwrapped oil film in a journal bearing.

and the lubricant flow rate out of the bearing is:
 

Q0 = UL
2

c(1 − ε)

The rate at which lubricant is lost due to side leakage is:
 

Q = Q1 − Q0

and thus:
  

Q = UcLε (4.121)

TEAM LRN



158 ENGINEERING TRIBOLOGY

Lubricant must be supplied at this rate to the bearing for sustained operation. If this
requirement is not met, ‘lubricant starvation’ will occur.

For long bearings and eccentricity ratios approaching unity, the effect of hydrodynamic
pressure gradients becomes significant and the above equation (4.121) loses accuracy.
Lubricant flow rates for some finite bearings as a function of eccentricity ratio are shown in
Figures 4.35 and 4.36 [8]. The data is computed using the Reynolds boundary condition,
values for a 360° arc or complete journal bearing are shown in Figure 4.35 and similar data
for a 180° arc or partial journal bearing are shown in Figure 4.36.
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FIGURE 4.35 Lubricant leakage rate versus eccentricity ratio for some finite 360° bearings [8].
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FIGURE 4.36 Lubricant leakage rate versus eccentricity ratio for some finite 180° bearings [8].

Practical and Operational Aspects of Journal Bearings

Journal bearings are commonly incorporated as integral parts of various machinery with a
wide range of design requirements. Thus there are some problems associated with practical
implementation and operation of journal bearings. For example, in many practical
applications the lubricant is fed under pressure into the bearing or there are some critical
resonant shaft speeds to be avoided. The shaft is usually misaligned and there are almost
always some effects of cavitation for liquid lubricants. Elastic deformation of the bearing will
certainly occur but this is usually less significant than for pad bearings. All of these issues will
affect the performance of a bearing to some extent and allowance should be made during the
design and operation of the bearing. Some of these problems will be addressed in this section
and some will be discussed later in the next chapter on ‘Computational Hydrodynamics’.
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· Lubricant Supply

In almost all bearings, a hole and groove are cut into the bush at a position remote from the
point directly beneath the load. Lubricant is then supplied through the hole to be distributed
over a large fraction of the bearing length by the groove. Ideally, the groove should be the
same length as the bearing but this would cause all the lubricant to leak from the sides of the
groove. As a compromise the groove length is usually about half the length of the bearing.
Unless the groove and oil hole are deliberately positioned beneath the load there is little
effect of groove geometry on load capacity. Circumferential grooves in the middle of the
bearing are useful for applications where the load changes direction but have the effect of
converting a bearing into two narrow bearings. These grooves are mostly used in crankcase
bearings where the load rotates. Typical groove shapes are shown in Figure 4.37. The edges of
grooves are usually recessed to prevent debris accumulating.

D
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d

a)
D

b)

c) d)

l

β

b

L

D
l1

l2
l

L = l1 + l2

l

D

β

L

FIGURE 4.37 Typical lubricant supply grooves in journal bearings; a) single hole, b) short
angle groove, c) large angle grove, d) circumferential groove (adapted from [19]).

The idealized lubricant supply conditions assumed previously for load capacity analysis do
not cause significant error except for certain cases such as the circumferential groove. The
calculation of lubricant flow from grooves requires computation for accurate values and is
described in the next chapter. Only a simple method of estimating lubricant flow is described
in this section. With careful design, grooves and lubricant holes can be more than just a
means of lubricant supply but can also be used to manipulate friction levels and bearing
stability.

Lubricant can be supplied to the bearing either pressurized or unpressurized. The advantage
of unpressurized lubricant supply is that it is simpler, and for many small bearings a can of
lubricant positioned above the bearing and connected by a tube is sufficient for several hours
operation. The bearing draws in lubricant efficiently and there is no absolute necessity for
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pressurized supply. Pressurization of lubricant supply does, however, provide certain
advantages which are:

· high pressure lubricant can be supplied close to the load line to suppress lubricant
heating and viscosity loss. This practice is known as ‘cold jacking’,

· for large bearings, pressurized lubricant supply close to the load line prevents shaft
to bush contact during starting and stopping. This is a form of hydrostatic
lubrication,

· lubricant pressurization can be used to modify vibrational stability of a bearing,

· cavitation can be suppressed if the lubricant is supplied to a cavitated region by a
suitably located groove. Alternatively the groove can be enlarged, so that almost all
of the cavitated region is covered, which prevents cavitation within it.

For design purposes it is necessary to calculate the flow of lubricant through the groove. It is
undesirable to try to force the bearing to function on less than the lubricant flow dictated by
hydrodynamic lubrication since the bearing can exert a strong suction effect on the lubricant
in such circumstances. When the bearing is rotating, the movement of the shaft entrains any
available fluid into the clearance space. It is not possible for the bearing to rotate at any
significant speed without some flow through the groove or supply hole. If lubricant flow is
restricted then suction may cause the lubricant to cavitate in the supply line which causes
pockets of air to pass down the supply line and into the bearing or the groove may become
partially cavitated. When the latter occurs there is no guarantee that the lubricant flow from
the groove will remain stable, and instead lubricant may be released in pulses. In either case,
the hydrodynamic lubrication would suffer periodic failure with severe damage to the
bearing.

There are two components of total flow ‘Q’ from a groove or supply hole into a bearing; the
net Couette flow ‘Qc’ due to the difference in film thickness between the upstream and down-
stream side of the groove/hole and the imposed flow ‘Qp’ from the externally pressurized
lubricant, i.e.:

Q = Qc + Qp

An expression for the net Couette flow is:

Q c = 0.5Ul(hd - hu) (4.122)

where:

Qc is the net Couette flow [m3/s];

U  is the sliding velocity [m/s];

l is the axial width of the groove/hole [m];

hd is the film thickness on the downstream side of the groove/hole [m], as shown
in Figure 4.38;

hu is either the film thickness on the upstream side of the groove or the film
thickness at the position of cavitation if the bearing is cavitated [m], as shown in
Figure 4.38.

Note that ‘hd’ depends on the position at which the groove is located and can be calculated
from the bearing geometry. On the other hand, when cavitation occurs a generous estimate
for ‘hu’ is the minimum film thickness, i.e. hu = h0 = c(1 - ε). The net Couette flow is the
minimum flow of lubricant that should pass through the groove/hole even if the lubricant
supply is not pressurized. If this flow is not maintained then the problems of suction and
intermittent supply described above will occur.

TEAM LRN



HYDRODYNAMIC LUBRICATION 161

uh dh

Oil supply Oil supply
groove

Clearance
space

Lubricant

Velocity profile if
cavitation extends
up to the groove

Shaft
U

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

�
�
�
�
�
�
�

������������������������������
������������������������������
������������������������������
������������������������������
������������������������������
������������������������������

Bush

Housing

FIGURE 4.38 Couette flow at the entry and the exit of the groove.

However, even the net Couette flow may not be sufficient to prevent starvation of lubricant
particularly if the groove/hole is small compared to the bearing length. For small
grooves/holes and for circumferential grooves, pressurization of lubricant is necessary for
correct functioning of the bearing. In fact the Couette flow in bearings with circumferential
grooves is equal to zero, i.e. Qc = 0. The pressurized flow of lubricant from a groove has been
summarized in a series of formulae [19]. These formulae supersede earlier estimates of
pressurized flow [3] which contain certain inaccuracies. Formulae for pressurized flow from a
single circular oil hole, rectangular feed groove (small angular extent), rectangular feed
groove (large angular extent) and a circumferential groove are summarized in Table 4.4 [19].
Coefficients ‘f1’ and ‘f2’ required or the calculations of lubricant flow from a rectangular
groove of large angular extent are determined from the chart shown in Figure 4.39.

TABLE 4.4 Formulae for the calculation of lubricant flow through typical grooves (adapted
from [19]).

  

η + 0.4( )pshg
3

Qp = 0.675
L
dh

1.75

Type of oil feed Pressurised oil flow

3
+( )hg

3

Qp =
(L/l − 1)0.333

1.25 − 0.25(l /L)

η [(c3psQp =

3η
πDc3psQp =

(L − l)
(1 + 1.5ε2)

Single circular hole
(dh < L/2)

Single rectangular groove
with small angular extent
(β < 5°)

Single rectangular groove
with large angular extent
(5°< β < 180°)

Circumferential groove
(360°)

η [ps

3 ( )]hg
3

+)6(L/l − 1)0.333

1.25 − 0.25(l /L) (f1 )]6(1 − l /L)
D/L

f2

1 − l /L
b/L
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where:

Qp is the pressurized lubricant flow from the hole or groove [m3/s];

ps is the oil supply pressure [Pa];

η is the dynamic viscosity of the lubricant [Pas];

hg is the film thickness at the position of the groove [m];

c is the radial clearance [m];

dh is the diameter of the hole [m];

L is the axial length of the bearing [m] (In the case of bearings with a
circumferential groove it is the sum of two land lengths as shown in Figure 4.37.
Note that in this case the bearing is split into two bearings.)

l is the axial length of the groove [m];

b is the width of the groove in the sliding direction [m];

D is the diameter of the bush [m];

ε is the eccentricity ratio;

f1, f2 are the coefficients determined from Figure 4.39.

The grooves are centred on the load line but positioned at 180° to the point where the load
vector intersects the shaft and bush. The transition between ‘large angular extent’ and ‘small
angular extent’ depends on the L/D ratio; e.g. for L/D = 1, 180° is the transition point whereas
for L/D ≤ 0.5 the limit is at 270°. For angular extents greater than 90° it is recommended,
however, that both calculation methods be applied to check accuracy.
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FIGURE 4.39 Parameters for calculation of pressurized oil flow from grooves (adapted from
[19]).
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It should be noted that the pressurized flow of large angular extent bearings is significantly
influenced by eccentricity so that it is necessary to calculate the value of this parameter first.

For small grooves/holes, the lubricant supply pressure may be determined from the amount
of pressurized flow required to compensate for the difference between Couette flow and the
lubricant consumption of full hydrodynamic lubrication. At very low eccentricities some
excess flow may be required to induce replenishment of lubricant since the hydrodynamic
lubricant flow rate declines to zero with decreasing eccentricity. If this precaution is not
applied, progressive overheating of the lubricant and loss of viscosity may result particularly
as low eccentricity is characteristic of high bearing speed, e.g. 10,000 [rpm] [20].

· Cavitation

As discussed already, large negative pressures in the hydrodynamic film are predicted when
surfaces move apart or mutually sliding surfaces move in a divergent direction. For gases, a
negative pressure does not exist and for most liquids a phenomenon known as cavitation
occurs when the pressure falls below atmospheric pressure. The reason for this is that most
liquids contain dissolved air and minute dirt particles. When the pressure becomes sub-
atmospheric, bubbles of previously dissolved air nucleate on pits, cracks and other surface
irregularities on the sliding surfaces and also on dirt particles. It has been shown that very
clean fluids containing a minimum of dissolved gas can support negative pressures but this
has limited relevance to lubricants which are usually rich in wear particles and are regularly
aerated by churning. If there is a significant drop in pressure, the operating temperature can
be sufficient for the lubricant to evaporate. The lubricant vapour accumulates in the bubbles
and their sudden collapse is the cause of most cavitation damage. The critical difference
between ‘gaseous cavitation’, i.e. cavitation involving bubbles of dissolved air, and ‘vaporous
cavitation’ is that with the latter, sudden bubble collapse is possible. When a bubble collapses
against a solid surface very high stresses, reaching 0.5 [GPa] in some cases, are generated and
this will usually cause wear. Wear caused by vaporous cavitation progressively damages the
bearing until it ceases to function effectively. The risk of vaporous cavitation occurring
increases with elevation of bearing speeds and loads [21]. Cavitation in bearings is also
referred to as ‘film rupture’ but this term is old fashion and is usually avoided.

Cavitation occurs in liquid lubricated journal bearings, in elastohydrodynamics and in
applications other than bearings such as propeller blades. In journal bearings, cavitation
causes a series of ‘streamers’ to form in the film space. The lubricant feed pressure has some
ability to reduce the cavitation in the area adjacent to the groove [22], as shown in Figure 4.40.

a) b)

FIGURE 4.40 Cavitation in a journal bearing; a) oil fed under low pressure, b) oil fed under
high pressure (adapted from [22]).

Large lubricant supply grooves can be used to suppress negative hydrodynamic film
pressures and so prevent cavitation. This practice is similar to using partial arc bearings and
has the disadvantage of raising the lubricant flow rate and the precise location of the
cavitation front varies with eccentricity. This means that cavitation might only be prevented
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for a restricted range of loads and speeds. In practice it is very difficult to avoid cavitation
completely with the conventional journal bearing.

· Journal Bearings With Movable Pads

Multi-lobe bearings consist of a series of Michell pads arranged around a shaft as a substitute
for a journal bearing. Figure 4.41 shows a schematic illustration of multi-lobe bearings
incorporating pivoted pads and self-aligning pads.

a) b)
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FIGURE 4.41 Journal bearing with movable pads; a) pivoted pads, b) self-aligning pads.

The number of pads can be varied from two to almost any number, but in practice, two, three
or four pads are usually chosen for pivoted pad designs [23]. The pads can also be fitted with
curved backs to form self-aligning pads which eliminates the need for pivots. The rolling
pads are simpler to manufacture than pivoted pads and do not suffer from wear of the
pivots. The reduction in the number of parts allows a larger number of pads to be used with
the self-aligning pad design and bearings with up to six pads have been manufactured [24].

The adoption of pads ensures that all hydrodynamic pressure generation occurs between
surfaces that are converging in the direction of sliding motion. This practice ensures the
prevention of cavitation and associated problems. There is a further advantage discussed in
more detail later and this is a greater vibrational stability. The method of analysis of this
bearing type is described in [23,24] and is not fundamentally different from the treatment of
Michell pads already presented.

· Journal Bearings Incorporating a Rayleigh Step

The Rayleigh step is used to advantage in journal bearings as well as in pad bearings. As with
the spiral groove thrust bearing, a series of Rayleigh steps are used to form a ‘grooved
bearing’. A bearing design incorporating helical grooves terminating against a flat surface was
introduced by Whipple [3,25]. This design is known as the ‘viscosity plate’. An alternative
design where two series of helical grooves of opposing helix face each other is also used in
practical applications and is known as the ‘herring bone’ bearing. The herring bone and
viscosity plate bearings are illustrated in Figure 4.42. The analysis of these bearings, also
known as ‘spiral groove’ bearings, is described in detail in [12].

This type of bearing is suitable for use as a gas-lubricated journal bearing operating at high
speed. The grooves can be formed by the sand-blasting method which avoids complicated
machining of the helical grooves. A 9 [mm] journal diameter bearing was tested to 350,000
[rpm] [26]. The bearing functioned satisfactorily provided that the expansion of the shaft by
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centrifugal stress and thermal expansion was closely controlled. In the design of these
bearings the accurate assessment of the deformation of the bearing is critical and unless it is
precisely calculated, by e.g. the finite element method, it is possible for bearing clearances
during operation to become so small that contact between the shaft and bush may occur.

a) b)

θ θ

FIGURE 4.42 Examples of grooved bearings; a) viscosity plate bearing, b) herring bone bearing
(adapted from [4]).

· Oil Whirl or Lubricant Caused Vibration

Oil whirl is the colloquial term describing hydrodynamically induced vibration of a journal
bearing. This can cause serious problems in the operation of journal bearings and must be
considered during the design process. Oil whirl is characterized by severe vibration of the
shaft which occurs at a specific speed. There is also another form of bearing vibration known
as ‘shaft whip’ which is caused by the combined action of shaft flexibility and bearing
vibration characteristics. Although it may appear unlikely that a liquid such as oil would
cause vibration, according to the hydrodynamic theory discussed previously, a change in load
on the bearing is always accompanied by a finite displacement. This constitutes a form of
mechanical stiffness or spring constant and when combined with the mass of the shaft,
vibration is the natural result. A rotating shaft nearly always provides sufficient exciting
force due to small imbalance forces. For engineering analysis it is essential to know the
critical speed at which oil whirl occurs and avoid it during operation. It has been found that
severe whirl occurs when the shaft speed is approximately twice the bearing critical
frequency. The question is, what is this critical frequency and how can it be estimated? The
answer to this question and most bearing vibration problems is found by numerical analysis.

A complete analysis of bearing vibration is very complex as non-linear stiffness and damping
coefficients are involved. Two types of analysis are currently employed. The first provides a
means of determining whether unstable vibration will occur and is based on linearized
stiffness and damping coefficients. These coefficients are accurate for small stable vibrations
and a critical shaft speed is found by this method. A full discussion of the linearized method
is given in the chapter on ‘Computational Hydrodynamics’ as computation of the stiffness
and damping coefficients is required. The second method provides an exact analysis of
bearing motion under specific levels of load, speed and vibrating mass. Exact non-linear
coefficients of stiffness and damping are computed and applied to an equation of motion for
the shaft to find the shaft acceleration. A notional small exciting displacement is applied to
the shaft and the subsequent motion of the shaft is then traced by a Runge-Kutta or similar
step-wise progression technique using the acceleration as original data [3]. A hammer blow
on the shaft or bearing is a close physical equivalent of the initial displacement. The motion
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of the shaft centre is known as the shaft trajectory or orbit. Figure 4.43 shows an example of a
computed shaft centre trajectory.

The data is in non-dimensional form so that the maximum range of shaft movement is
equal to 1 which corresponds to the radial clearance in real dimensions. The circle defines the
limit of possible shaft movement without contacting the bush. It can be seen from Figure 4.43
that when stable oscillations are present the shaft centre rapidly converges to a fixed position,
whereas when unstable oscillations occur the shaft centre remains mobile for an indefinite
period.

The purpose of the full analysis of shaft motion is to check whether the shaft merely wanders
around the bush centre without approaching the bush too closely. If the vibration is unstable
then a very large spiral trajectory results. This in practice leads to bearing failure because the
very small clearances between shaft and bush at the extremes of vibration amplitude cannot
be maintained and would lead to shaft/bush contact. In many cases, however, it is found that
contact between shaft and bush does not occur despite indications of unstable vibration from
the linearized method. The reason for this is the large change in stiffness and damping
coefficients as the shaft moves from the equilibrium load position.
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FIGURE 4.43 Example of computed shaft trajectories in journal bearings; stable condition, i.e.
declining spiral trajectory, and unstable condition, i.e. self-propagating spiral
trajectory (adapted from [51]).

Vibrational data is often collated into a stability diagram which shows the transition between
stable and unstable vibration as a function of eccentricity ratio and the load parameter which
is defined as:

 

P =
Mcω2

2F
(4.123)

where:

P is the stability parameter;

F is the static load on the bearing [N];

M is the vibrating mass [kg];

c is the radial clearance [m];
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ω is the angular velocity of the bearing [rad/s].

The vibrating mass is the mass of the shaft and connected rotating mass, e.g. a turbine rotor.
The factor of two in the definition of ‘P’ arises from the need for two bearings to support one
vibrating mass.

A stability diagram is illustrated schematically in Figure 4.44 as a graph of the transitional
value of ‘P’ separating stability from instability as a function of eccentricity.

Transition values of ‘P’ are also included for various sizes of grooves where size is defined by
the subtended angle of the groove. The groove geometry consists of two grooves positioned
at 90° to the load-line. It can be seen that for large eccentricities, i.e. ε > 0.8, the bearing is stable
at all levels of load and exciting mass. For all other values of eccentricity, unstable vibration
is likely to occur when P < 0.2. Despite many studies of bearing geometry to optimize
vibration stability this value does not appear to decline much below 0.2 for bearings with
monolithic bushes, and may be used as an estimate of stability. Multipad journal bearings
have much better resistance to vibration because of the intrinsic stability of the Michell pad
[23,24].
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FIGURE 4.44 Example of stability diagram for bearing vibration (adapted from [27]).

Factors such as grooves, misalignment and elastic deformation have a strong (usually
negative) influence on vibrational stability and are the subject of continuing study [26,27].
Large angular extent grooves, e.g. 90° extent, are particularly deleterious to stability. An
accepted solution of bearing vibration problems is to apply specially designed bearings with
an anti-whirl configuration. The basic principle in these designs is to destroy the symmetry of
a plain journal bearing which encourages vibration. Although many anti-whirl
configurations have already been patented no solution has yet been found that completely
eliminates oil whirl. A recently developed solution is to apply multi-lobed bearings. Some of
the typical anti-whirl geometries of plain journal bearings are shown in Figure 4.45.

· Rotating Load

In the analysis presented so far, only steady loads, acting in a fixed direction have been
considered. There are, however, many practical engineering applications where the load
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FIGURE 4.45 Typical anti-whirl bearing geometries; a) three-lobed, b) half-lemon, c) lemon, d)
displaced, e) spiral (adapted from [4]).

rotates around the bearing. A prime example of this can be found in the internal combustion
engine where the load vector rotates in tandem with the working cycle. The issue is, what
effect will this have on bearing performance?

Consider that the load rotates around the bearing with some angular velocity ‘ωL’ and the
shaft rotates with an angular velocity ‘ω S’. To visualize the effect of the load vector
movement, it is helpful to consider velocities relative to the load vector, i.e. add ‘-ωL’ to the
shaft and bush velocities as shown in Figure 4.46.

The effective surface velocity ‘U’ can be determined by inspecting Figure 4.46, i.e.:

U = U1 + U2 = R(ωS − ωL + (−ωL)) = R(ωS − 2ωL)

   

R

W

ωL

ωL

Bush velocity (−ωL)
Rotating load

ωL

ωS

Resultant shaft
velocity (ωS − ωL)

FIGURE 4.46 Angular velocities in a bearing with a rotating load (adapted from [4]).

where:

R is the radius of the shaft [m];

ωL is the angular velocity of the load vector [rad/s];
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ωS is the angular velocity of the shaft [rad/s].

It is evident from the above relationship that when the surface velocity ‘U’ is equal to zero
then:

ωL = 0.5ωS

This relationship gives the condition which should be avoided when operating bearings
with a rotating load. If the angular velocity of the rotating load is half the angular velocity of
the rotating shaft then the total surface velocity is zero. When this occurs, wedge-type
hydrodynamic lubrication ceases and only squeeze-film hydrodynamic lubrication is viable.
Squeeze film lubrication offers only temporary protection so that only short periods of load
vector rotating at half the shaft speed can be tolerated. Failure to observe this rule may cause
bearing seizure.

The load capacity of a journal bearing subjected to a rotating load is conveniently
summarized as a plot of the ratio of rotating and static load capacities versus ratio of load and
shaft angular velocities. A simplified version of the graph originally derived by Burwell [29]
is shown in Figure 4.47.
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FIGURE 4.47 Relative load capacity of a journal bearing subjected to rotating loads [29].

It can be seen that at low angular velocities of the load, rotation has a detrimental effect on
load capacity. There is zero load capacity when the load angular velocity is half the shaft
angular velocity. This characteristic of load capacity corresponds to the model of rotating load
described above. Load capacity rapidly recovers when half shaft-speed is exceeded so that at an
angular velocity ratio of ‘1’, the rotating load capacity is greater than the static load capacity.
The angular velocity ratio of ‘1’ corresponds to forces produced by shaft imbalance so it can be
concluded that imbalance forces are relatively unlikely to cause bearing failure.

· Tilted Shafts

In practical applications, shafts are not usually aligned parallel to the bearing axis. Even if the
shaft is accurately aligned during assembly, the load on the shaft causes bending and tilting of
the shaft in a bearing. The critical minimum film thickness will occur at the edge of the
bearing, as shown in Figure 4.48.

The critical film thickness for tilted shafts will in general be considerably less than for parallel
shafts. The basic parameter to describe the tilt of the shaft is the tilt ratio which is defined as:
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t = m
c

where:

t is the tilt ratio or non-dimensional tilt;

m is the distance between the axes of the tilted and non-tilted shaft measured at the
edges of the bearing [m];

c is the radial clearance [m].

To calculate the minimum film thickness, the loss in film thickness due to misalignment is
added to the eccentricity. Assuming that minimum film thickness occurs along the load line:
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FIGURE 4.48 Detail of a tilted shaft in a journal bearing.

h0 = c(1 −  εcosβ) −  m

where:

β is the attitude angle.

In most cases of heavily loaded shafts, the attitude angle is small and its cosine can be
approximated by unity.

To calculate the effect of misalignment on bearing geometry, the Reynolds equation is
applied to the journal bearing with a film geometry modified by misalignment. The main
effect of shaft tilting is to shift the point of support (centre of hydrodynamic pressure)
towards the minimum film thickness, which increases the maximum hydrodynamic
pressure and affects the stability threshold of bearing vibration [30,31]. Values of maximum
hydrodynamic pressure and stability threshold can be calculated for specified amounts of
misalignment by applying the computer programs described in the next chapter on
‘Computational Hydrodynamics’.

· Partial Bearings

In real bearings, it can be advantageous for the bush not to encircle the shaft completely. If
the load is acting in an approximately constant direction then only part of a bearing arc is
often employed. The most common bearings of this type are 180° arc bearings, although
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narrower arcs are also in use. The main advantage of partial bearings is that they have a
lower viscous drag and hence lower frictional power losses. Cavitation is also suppressed.
Partial arc bearings can be analysed by the same Reynolds equation and film geometry as full
journal bearings, the only difference lying in the entry and exit boundary conditions. In the
full 360° bearing the entry condition is:

h1 = c(1 +  ε)     at     θ = 0

whereas in the partial bearing:

h1' = c(1 +  εcosθ)     at     θ = θ1

as shown in Figure 4.49.

θ1

W

Pressure profile

h1

h1'

Line of centres

FIGURE 4.49 Schematic representation of a partial bearing.

The practical analysis of such bearings is discussed in the next chapter. Some results for the
numerical solutions of various arcs are shown in [3,32]. The effect of arc on load capacity is
very small unless eccentricities as low as 0.3 are considered and very narrow arcs such as 90°
are chosen. In these circumstances, load capacity can be less than half that of the equivalent
360° arc bearing.

· Elastic Deformation of the Bearing

The interacting surfaces of the bearing and the shaft will deform elastically under load. It is
very difficult to prevent elastic deformation and the hydrodynamic pressure field is
inevitably affected by the imposed changes in film geometry. The first recorded example of
the modification of hydrodynamic pressure by elastic deformation was provided
(unknowingly) by Beauchamp Tower [1] with his pressure profile measured from an actual
bearing. Reynolds cited Tower's experimental data as evidence in support of a model of
hydrodynamic lubrication between perfectly rigid surfaces. Almost a century later, however,
it was found that Tower's pressure profile corresponded to that expected from a deformed
bearing [33]. The effect of deformation was to bend the bearing shell resulting in a relatively
flat pressure profile which declined sharply at the edges of the bearing. The pressure profile
and film geometry are illustrated schematically in Figure 4.50.
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FIGURE 4.50 Effect of bearing elastic deformation on film geometry and pressure profile.

Distortion of the film geometry by elastic deformation becomes more significant with
increasing size of bearings. Elastic deformation of the surfaces affects the lubricant film
geometry which, in turn, influences all the other bearing parameters such as pressure
distribution, load capacity, friction losses and lubricant flow rate. The effect of elastic
deformation on the hydrodynamic pressure field is to reduce the peak pressure and generate
a more widely distributed pressure profile. Elastic deformation can also improve the
vibrational stability of a bearing [34] so that there is no particular need to minimize
deformation during the design of a bearing. To calculate load capacity and the other
parameters for a deformable bearing requires computation since simultaneous solution of
the Reynolds equation and elastic deformation equations is required. A simple example of
such an analysis (for a Michell pad) is provided in the next chapter on ‘Computational
Hydrodynamics’.

· Infinitely Long Approximation in Journal Bearings

In the analysis presented so far, it has been assumed that a bearing is ‘narrow’ or ∂p/∂y »
∂p/∂x. It is possible to assume the contrary and analyse an ‘infinitely long bearing’ where
∂p/∂y « ∂p/∂x. The application of the infinite length or ‘long approximation’ to the analysis
of journal bearings requires more complicated mathematics than the narrow approximation.
The values of load capacity provided by this analysis are only applicable to bearings with
L/D > 3. For any bearings narrower than this, unrealistically high predictions for the load
capacity of the bearing are obtained. The ‘infinitely long approximation’ is therefore of
limited practical value since bearings as long as L/D > 3 are prone to misalignment. For
interested readers, the analysis of an infinitely long journal bearing is given in [3,4].

4.6 THERMAL EFFECTS IN BEARINGS

It has been assumed so far that the lubricant viscosity remains constant throughout the
hydrodynamic film. This is a crude approximation which allowed the derivation and
algebraic solution of the Reynolds equation. In practice, the bearing temperature is raised by
frictional heat and the lubricant viscosity varies accordingly. As illustrated in Chapter 2, a
temperature rise as small as 25°C can cause the lubricant viscosity to collapse to 20% of its
original value. The direct effects of heat in terms of lubricant hydrodynamic pressure, load
capacity, friction and power losses can readily be imagined. More pernicious still are the
indirect effects of thermal distortion on the bearing geometry which can distort a film profile
from the intended optimum to something far less satisfactory. Most bearing materials also
have a maximum temperature limit for safe operation. This maximum temperature must be
allowed for in design calculations. When all these factors are taken into consideration, it
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becomes clear that thermal effects play a major role in bearing operation and cannot be
ignored.

In general there are two approaches to the problem:

· isoviscous method with ‘effective viscosity’,

· rigorous analysis with a locally varying viscosity in the lubricant film.

As is usually the case, one method (the former) is relatively simple but inaccurate while the
other is more accurate but complicated to apply. In fact, the analysis with locally varying
viscosity has only recently become available, while the ‘effective viscosity’ methods have
persisted for decades.

Before introducing the analysis of thermally modified hydrodynamics and thermal effects in
bearings, the fundamental heat transfer mechanisms are discussed.

Heat Transfer Mechanisms in Bearings

Heat in bearings is generated by viscous shearing in the lubricant and is released from the
bearings by either conduction from the lubricant to the surrounding structure or convection.
These two mechanisms may act simultaneously or one mechanism may be dominant. To
demonstrate the mechanism of heat transfer, consider the simplest possible film geometry,
i.e. two parallel surfaces, as shown in Figure 4.51.
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FIGURE 4.51 Temperature rise in a flat parallel bearing.

It is assumed that the temperature rises linearly across the film from zero to ‘∆T’ at the exit,
so at any point ‘x’, the surface temperature ‘Tx’ is:

 

Tx = ∆T
B

x

The temperature gradient across the film is assumed to be linear (which is not always so in
real bearings) and is:

 

=
∆T
B

x
h

Tx

h
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· Conduction

According to the principles of heat transfer and thermodynamics, the conduction of heat is
calculated from the integration of temperature gradient over the specific bearing geometry,
i.e.:

 

Hcond = ⌠
⌡0

B

K
∆T
B

x
h

dx

where:

Hcond is the conducted heat per unit length [W/m];

K is the thermal conductivity of the oil [W/mK];

∆T is the temperature rise [K];

B is the width of the bearing [m];

h is the hydrodynamic film thickness [m].

The ratio of film thickness to bearing dimensions in almost all bearings is such that
conduction in the plane of the lubricant film is of negligible significance.

Since the surfaces are parallel, h ≠ f(x) and integrating gives:
 

Hcond = ∆T
KB
2h (4.124)

· Convection

The heat removed by the lubricant flow can be calculated from the continuity condition:

Hconv = mass flow × specific heat × average temperature rise

Since the surfaces are parallel the pressure gradient ∂p/∂x = 0 and the flow rate along the ‘x’
axis is (eq. 4.18):

 

qx =
Uh
2

Multiplying this term by the lubricant density ‘ρ’ gives the mass flow per unit length. The
average temperature rise of the lubricant is ‘∆T/2’ since it is assumed that the temperature
increases linearly from entry to exit of the bearing. The convected heat is calculated from:

 

Hconv =
Uhρ

2
σ

∆T
2 (4.125)

where:

Hconv is the convected heat per unit length [W/m];

σ is the specific heat of the lubricant [J/kgK];

ρ is the density of the lubricant [kg/m3];

U is the surface velocity [m/s].
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· Conducted/Convected Heat Ratio

From the above equations the ratio of conducted to convected heat can be calculated to
determine which of the two mechanisms of heat removal from the bearing is the more
significant. Combining (4.124) and (4.125) the ratio is given by:

  

=
K
ρσ

2B
Uh2

Hcond

Hconv
( ) (4.126)

where:

K/ρσ = χ is the thermal diffusivity of the fluid [m2/s].

Typical values of density, specific heat, thermal conductivity and thermal diffusivity are
shown in Table 2.7, Chapter 2.

EXAMPLE

Find the ratio of conducted to convected heat in a journal bearing of diameter D = 0.1
[m] and length L = 0.157 [m] which operates at 3000 [rpm]. The hydrodynamic film
thickness is h = 0.0001 [m]. The bearing is lubricated by mineral oil of thermal diffusivity
χ = 0.084 × 10-6 [m2/s]. Since D = 0.1 [m], B = πD/2 = 0.157 [m] and
  

= 0.084 × 10−6 2 × 0.157
3000(π × 0.1/60)0.00012

Hcond

Hconv

= 0.168

It is clear from the above example that for journal bearings the amount of convected heat is
quite significant. When the film thickness of lubricant is much smaller or a highly
conductive fluid such as mercury is used as a lubricant then the ratio of conducted to
convected heat will be different. Hydrodynamic lubrication at much thinner film thicknesses
is discussed in the chapter on ‘Elastohydrodynamic Lubrication’. The significance of the ratio
of conducted to convected heat for hydrodynamic bearings is that convection must be
included in the equations of heat transfer in a hydrodynamic film. This condition renders
the numerical analysis of the heat transfer equations much more complicated than would
otherwise be the case, as is demonstrated in the next chapter.

Another ramification of the above result is that conductive heat transfer is still significant
although it is often the smaller component of overall heat transfer. Most hydrodynamic
bearings operate under a condition between adiabatic and isothermal heat transfer. Adiabatic
heat transfer can be modelled by a perfectly insulating shaft and bush. In this case, all the heat
is transferred by the lubricant as convection. Isothermal heat transfer represents a bearing
made of perfectly conductive material which maximizes heat transfer by conduction in the
lubricant. The adiabatic model gives the lowest load capacity since the highest possible
lubricant temperatures are predicted. The isothermal model conversely predicts the
maximum attainable load capacity. Combined solution of the two models provides valid
upper and lower limits of load capacity. If a more accurate estimate of load capacity is
required then it is necessary to estimate heat transfer coefficients to the surrounding bearing
structure. This is a very complex task and is still under investigation [35]. This topic is
discussed further in the chapter on ‘Computational Hydrodynamics’.

As is probably very clear here, exact analysis of thermal effects in bearings is a demanding
task and most designers of bearings have used the ‘effective viscosity’ methods even though
they are at least partly based on supposition.
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Isoviscous Thermal Analysis of Bearings

A simple method of estimating the loss in load capacity due to frictional heat dissipation is to
adopt an isoviscous model. It is assumed that the lubricant viscosity is lowered by frictional
heating to a uniform value over the whole film. Viscosity may vary with time during
operation of the bearing but its value remains uniform throughout the lubricating film. An
‘effective temperature’ is introduced with a corresponding ‘effective viscosity’ which is used
to calculate load capacity. Two methods are available to find the effective temperature and
viscosity, an ‘iterative method’ which requires computation and a ‘constant flow method’
which can be executed on a pocket calculator. These are discussed below.

· Iterative Method

The iterative method is effective and accurate in finding the value of effective viscosity. The
standard procedure is conducted in the following stages:

· An effective bearing temperature is initially assumed for the purposes of iteration.
The assumed value must lie between the inlet temperature ‘T inlet’ and the
maximum temperature ‘Tmax’ of the bearing material, i.e.:

  

Tinlet < Teff,s1 < Tmax

where:

Teff,s1 is the effective temperature at the start ‘s’ of iteration, first cycle [°C].

The maximum temperature is usually set by the manufacturer and for most
bearing materials ‘Tmax’ is about 120 [°C]. For computing purposes, the initial value
for ‘Teff,s1’ is usually assumed as equal to the inlet temperature.

· the corresponding effective viscosity ‘ηeff,s1’ is found from ‘Teff,s1’ using the ASTM
viscosity chart or applying the appropriate viscosity-temperature law, e.g. Vogel
equation.

· for a given film geometry and effective viscosity, bearing parameters such as
friction force ‘F’ and lubricant flow rate ‘Q’ can now be calculated.

· the values of ‘F’ and ‘Q’ are used to calculate the new effective temperature. This
will be different from the previous value unless they happen to coincide. The
effective temperature is calculated from [4]:

 

Teff = Tinlet + k∆T (4.127)

where:

k is an empirical constant with a value of 0.8 giving good agreement
between theory and experiment [4];

∆T is the frictionally induced temperature rise dependent on ‘F’ and ‘Q’
[°C].

The frictionally induced temperature rise is found from the following argument.
The heat generated in the bearing is:

H = FU
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At equilibrium, the heat generated by friction balances the heat removed by
convection assuming an adiabatic bearing, thus:

  

FU = Qρσ
∆T
2

Rearranging this gives:
  

∆T =
2FU
Qρσ

Substituting into (4.127) yields:
  

Teff = Tinlet +
1.6FU
Qρσ (4.128)

A new effective temperature is then calculated from (4.128).

· for the new effective temperature ‘T eff,n1’ (‘n ’ denotes new) a corresponding
effective viscosity is then found from, for example, the ASTM chart or Vogel
equation.

· if the difference between the new effective viscosity and the former effective
viscosity is less than a prescribed limit then the iteration is terminated. If the
difference in viscosities is still too large the new viscosity value ‘ηeff,s2’ is assumed
and the procedure is continued until the required convergence is achieved. A
relaxation factor is usually incorporated at this stage (see program listed in
Appendix) to prevent unstable iteration.

The iteration procedure is summarized in a flow-chart shown in Figure 4.52 and a computer
program ‘SIMPLE’ written in Matlab to perform this analysis for narrow journal bearings is
listed in the Appendix.

End

Find new effective viscosity ηeff,n1

No Has viscosity converged?
ηeff,s1 = ηeff,n1

Yes

Calculate new effective temperature Teff,n1

Calculate friction force F and oil flow Q

Define bearing geometry h = f(x)

Find effective starting viscosity ηeff,s1

Start

Assume effective starting temperature Teff,s1

      Assume new effective
starting viscosity

ηeff,sn (n = 1, 2, 3...)

FIGURE 4.52 Flow chart for the iterative method in isoviscous analysis.
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· Constant Flow Method

The constant flow method is simpler than the formal iterative method and does not require
a computer. In journal bearings, lubricant flow remains approximately constant between
eccentricity ratios 0.6 < ε < 0.95 as can be seen in Figure 4.36. It was found experimentally that
in this range the lubricant flow can be approximated by the formula [3,4]:

 

Q = 0.3
L
D( )2 − UcL

The friction is approximated by the ‘Petroff friction’ (eq. 4.117):
 

F =
2πηULR

c

Substituting into (4.128) yields:
  

Teff = Tinlet + 10.67
πηUR

c2ρσ (2 − L/D) (4.129)

The solution can now be obtained by applying only one equation which is easily
programmed into a pocket calculator. As with the iterative method it is necessary to perform
some iteration since an initial value of effective temperature ‘Teff,s1’ has to be assumed. The
corresponding viscosity ‘ηeff,s1’ is found from the ASTM chart or Vogel equation as described
previously. It is important to choose a sensible value of guessed initial effective temperature,
i.e. between the inlet temperature and bearing material limit. This value is then substituted
into (4.129) which in turn produces a new value of the effective temperature ‘Teff,n1’. A new
corresponding viscosity ‘ηeff,n1’ is then found and (4.129) re-applied. This procedure is
repeated until satisfactory convergence is obtained.

Non-Isoviscous Thermal Analysis of Bearings With Locally Varying Viscosity

The assumption that lubricant viscosity is uniform across the film is in fact erroneous and
inevitably causes inaccuracy. This error can be quite large especially when the lubricant
viscosity has been severely reduced by frictional heating. Lubricant viscosity varies with
position in the film, both in the plane of sliding and normal to the direction of sliding. An
example of computed film temperatures inside a journal bearing operating at an eccentricity
ratio of 0.8 and L/D = 1 is shown in Figure 4.53. The figure shows a temperature field through
a radial section parallel to the load line and an axial section through the midplane of the
bearing. The temperature distribution was calculated for a bearing speed of 2,000 [rpm],
lubricant inlet temperature of 33°C and ambient temperature of 23°C [36].

It can be seen from Figure 4.53 that the hottest part of the lubricant film is at the centre of the
bearing close to the minimum film thickness. The temperature at this location is 50°C which
is 27°C higher than ambient temperature and causes a large viscosity loss in most lubricating
oils. On the other hand, the shaft tends to a uniform temperature with angular position
because it is rotating at a high speed. Bearing temperatures, even at the coolest point, are
higher than the lubricant inlet temperature. Frictional heat accumulates in the bearing and
there is a large temperature rise from the initial level to ensure sufficient dissipation of heat
by convection or conduction through the external bearing structure. The uniformity of shaft
temperature ensures a temperature difference across the lubricant film since the temperature
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of the bush varies with angular position. Both the temperatures of the shaft and bush vary in
the axial direction. The temperature characteristic of a journal bearing is clearly non-uniform
and all ‘effective viscosity’ methods are, at best, approximations to a complex problem.

The solution to the problem of calculating the pressure field and load capacity with variable
viscosity involves the simultaneous solution of a variable viscosity form of the Reynolds
equation and a heat transfer equation for the lubricant film. This is clearly beyond the scope
of analytical solution and numerical methods are almost exclusively employed. The solution
method which is generally referred to as ‘thermohydrodynamics’ is discussed in the next
chapter. Thermal effects render invalid many of the predictions of classical ‘isoviscous
hydrodynamics’, e.g. that the load capacity is proportional to surface speed, and constitute the
prime reason why the viscosity index of an oil is such an important property for the
maintenance of viscosity at high localized operating temperatures, as was discussed in
Chapter 2.
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FIGURE 4.53 Example of computed temperature distribution in a hydrodynamic bearing
(adapted from [36]).

Multiple Regression in Bearing Analysis

The multiple regression method is very useful in finding the correlation between variables,
and also in expressing one variable, selected as a dependent variable, in terms of all the other
variables which are independent variables. Any variable present in a particular process can
be selected as a dependent variable and expressed in terms of the other variables. Some form
of approximating function is assumed and polynomials or exponential functions are the
most frequently used. Correlation coefficients between the variables and coefficients of
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approximation are usually computed. The technique is used for analysing experimental data
and has also been applied to bearing analysis [39]. Theoretical data from several hundred
bearings was analysed by multiple regression resulting in a set of equations which directly
provide information about the design and performance parameters of journal bearings. The
equations are given in an exponential form, i.e.:

z = Cv1
av2

bv3
c ... vn

m

where:

z is the dependent variable;

C is the calculated regression constant;

v 1 , v 2 , . . . ,v n are the independent variables, n =1,2,3,...;

a,b, . . . ,m  are the calculated exponents.

The dependent and independent variables together with calculated constants and exponents
are shown in Table 4.5 [39].

For example, if the load capacity is required to be calculated for a specific journal bearing,
then the following equation from Table 4.5, row 1, can be used:

  

W = 2.7861 × 101υ37.8°C
−1.1υ93.3°C

2.46L2.515D0.563N0.528c−1.09TS
−0.383( )ε

1 − ε2

1.385

or row 7:

W = 1.7575 × 104υ37.8°C
−0.793υ93.3°C

2.033L2.596D1.042N0.884c−1.51Tmean
−2.02( )ε

1 − ε2

1.108

TABLE 4.5 Multiple regression relationships between journal bearing design and
performance parameters [39]. (Note that the temperature is in degrees
Fahrenheit [°F], i.e. T°F = 1.8 × T°C + 32).

  

Nº Dependent
parameter

Curve
constant

υ37.8°C
[cS]

υ93.3°C
[cS]

L
[m]

D
[m]

N
[rps]

c
[m]

Ts
[°F]

Tmean
[°F]

1 +
lnW*

W
[N]

ε
1 − ε

1 W [N] 2.7861 × 101 -1.100 2.460 2.512 0.563 0.528 -1.090 -0.383  -  -  - 1.385  -

2 H [W] 3.9307 × 103 -0.706 1.577 0.477 2.240 1.287 0.249 -0.204  - 1.324  -  -

3 ε 1.2666 × 10-2 0.536 1.120 -1.050 -0.578 -0.217 0.476 0.214  -  -  -

4 Qs [kg/s] 1.4791 × 103 0.524 -1.070 0.212 1.381 0.821 1.457 0.276  -  -

5 Tmax [°F] 3.8608 0.137 -0.063 0.024 0.387 0.272 -0.311 0.081  -  -  -

6 Tmax−Ts [°F] 2.0528 × 10-2 -0.783 1.730 -0.367 0.881 0.496 -0.690 -0.348  -  -  -

7 W [N] 1.7575 × 104 -0.793 2.033 2.596 1.042 0.884 -1.510  -  - 1.108  -

8 H [W] 2.7915 × 103 -0.579 1.530 0.873 2.500 1.642 -0.225  -  -

9 ε 1.0516 × 102 0.399 -1.040 1.372 -0.539 -0.458 0.765  -  -

10 Tmax [°F] 2.1918 × 10-1 0.097 -0.055 -0.064 -0.314 0.170 -0.176  -  -

11 1.7580 × 10-1 0.005 0.134 0.010 -0.302 0.190 -0.244  -  -

 -

0.422  -

1.699  -  -

-0.011  -

0.162  -

 - -2.020

-1.470

 - 0.962

 - 0.426

 - 0.396

 - 0.659  -

0.535  -

0.194  -

Tmax [°F]  - -0.142

1 − ε2

× 100
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One of the equations is expressed in terms of lubricant supply temperature and the other in
terms of mean lubricant temperature. Both, however, should give a similar result. The
results predicted by these equations are acceptable and can be used in quick engineering
analysis.

Bearing Inlet Temperature and Thermal Interaction Between Pads of a Michell Bearing

Frictional heat not only affects the load capacity of a bearing by directly influencing the
viscosity but also leads to thermal interaction between adjacent bearings. For example,
Michell pads are used in a combination of several pads distributed around a circle to form a
larger thrust bearing. According to isoviscous theory a minimum of space should be left
between the pads to maximize load bearing area. However, experimental measurements
have revealed an optimum pad coverage fraction for maximum load capacity [37]. A certain
amount of space is required between the pads for the hot lubricant discharged from one pad
to be replaced by cool lubricant before entrainment in the following pad. In practice, the
replacement of lubricant is never perfect and a phenomenon known as ‘hot oil carry over’ is
almost inevitable. This phenomenon is illustrated schematically in Figure 4.54.

It was found from boundary layer theory that the lubricant inlet temperature can be
calculated from [38]:

Tinlet = Ts(1 −  m) / (1 −  0.5m) +  0.5Toutletm/(1 −  0.5m) (4.130)

where: 

Tinlet is the lubricant inlet temperature [°C];

Ts is the lubricant supply temperature [°C];

Toutlet is the lubricant outlet temperature [°C];

m is the hot oil carry over coefficient.

Cool oil

Pad Pad

Hot oil

Sliding
Tout Tin

FIGURE 4.54  ‘Hot oil carry over’ in a multiple pad bearing.

The hot oil carry over coefficient is a function of sliding speed and space between adjacent
pads. For a small gap width of 5 [mm] between pads, ‘m’ has a value of 0.8 at 20 [m/s] and 0.7
at 40 [m/s]. For a large gap width of 50 [mm] between pads, ‘m’ has a value of 0.55 at 20 [m/s]
and 0.5  at 40 [m/s]. The minimum value of hot oil carry over coefficient occurs at
approximately 40 [m/s] with a sharp rise in ‘m’ beyond this speed [38].

The effect of ‘hot oil carry over’ in a multipad thrust bearing was found to be sufficiently
strong to ensure that individual pad temperatures were reduced when the number of pads
was reduced from 8 to 3 [37]. This reduction in temperature occurred in spite of the greater
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concentration of frictional power dissipation per pad at constant load and speed. Even when
the ratio of combined pad area to area swept by the pads was lowered to less than 35% the
bearing still functioned efficiently. It is therefore unnecessary to fit a large number of closely
spaced pads in a high-speed thrust bearing because this merely allows hot lubricant to
recirculate almost indefinitely. The number of pads can be reduced for the same load capacity
thus achieving considerable economies in the manufacture of the bearing. This is illustrated
in Figure 4.55.

It can be seen that bearing temperature is reduced especially at high loads when four pads are
used instead of eight. The reduction in bearing temperature coincides with improved load
capacity. Removal of pads can raise load capacity under certain conditions, as shown in
Figure 4.55, and this is the result of a diminished loss of lubricant operating viscosity.
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FIGURE 4.55 Effect of pad number on the performance of a thrust bearing, a) bearing
temperature, b) power loss (adapted from [37] and [64]).

4.7 LIMITS OF HYDRODYNAMIC LUBRICATION

As has been implied throughout this chapter, hydrodynamic lubrication is only effective
when an appreciable sliding velocity exists. A sliding velocity of 1 [m/s] is typical of many
bearings. As the sliding velocity is reduced the film thickness also declines to maintain the
pressure field. This process is very effective as pressure magnitudes are proportional to the
square of the reciprocal of film thickness. Eventually though the film thickness will have
diminished to such a level that the small high points or asperities on each surface will come
into contact. Contact between asperities causes wear and elevated friction. This condition,
where the hydrodynamic film still supports most of the load but cannot prevent some
contact between the opposing surfaces, is known as ‘partial hydrodynamic lubrication’. When
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the sliding speed is reduced still further the hydrodynamic lubrication fails completely and
solid contact occurs. A lubricant may still, however, influence the coefficient of friction and
wear rate to some degree, as is discussed in subsequent chapters. Original research into the
limits of hydrodynamic lubrication was performed early in the 20th century by Stribeck [40]
and Gumbel [41]. The limits of hydrodynamic lubrication are summarized in a graph shown
in Figure 4.56.

When the friction measurements from a journal bearing were plotted on a graph against a
controlling parameter defined as ‘ηU/W’ it was found that, for all but very small sliding
speeds, friction ‘µ’ was proportional to the above parameter which is known as the ‘Stribeck
number’. When a critically low value of this parameter was reached, the friction rose from
values of about 0.01 to much higher levels of 0.1 or more. The rapid change in the coefficient
of friction represents the termination of hydrodynamic lubrication. Later work revealed that
hydrodynamic lubrication persists until the largest asperities are separated by only a few
nanometres of fluid. It was found that a minimum film thickness of more than twice the
combined roughness of the opposing surfaces ensures full hydrodynamic lubrication of
perfectly flat surfaces [3]. With the level of surface roughness attainable today on machined
surfaces, a minimum film thickness of a few micrometres could thus be acceptable. In fact for
small bearings, e.g. a journal bearing of 80 [mm] diameter, it is possible to use twice the
combined roughness as a minimum limit for film thickness. On the other hand for large
hydrodynamic bearings, larger clearances are usually selected because of the great difficulty in
ensuring that such a small minimum film thickness is maintained over the entire bearing
surface. Even if the bearing surfaces are machined accurately, elastic or thermal deflection
would almost certainly cause contact between the bearing surfaces. If contact between sliding
surfaces occurs then, particularly at high speeds of e.g. 10 [m/s], the dramatic increase in
frictional power dissipation can cause overheating of the lubricant and possibly seizure of the
bearing. Most hydrodynamic bearings, particularly the larger bearings, are designed to operate
at film thicknesses well above the estimated transition point between fully hydrodynamic
lubrication and wearing contact because:

· the transition loads and speeds are difficult to specify accurately,

· bearing failure is almost inevitable if hydrodynamic lubrication is allowed to fail
even momentarily.

0

0.1

0.2

0.3
Friction coefficient dependent on
non-hydrodynamic characteristics

Increasing coefficient of friction caused
by partial contact between
shaft and bush

Rise in friction due to high eccentricity
at limit of hydrodynamic lubrication

Friction coefficient determined by hydrodynamic theory

ηU
W

µ

Zero friction coefficient at zero sliding speed according to Petroff theory

FIGURE 4.56 Schematic diagram of changes in friction coefficient at the limits of
hydrodynamic lubrication.
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4.8 HYDRODYNAMIC LUBRICATION WITH NON-NEWTONIAN FLUIDS

Most fluids in use as lubricants either have a rheology that cannot be described as Newtonian
or are modified by additives to cause deviations from Newtonian behaviour. All fluids have
a non-zero density and therefore the hydrodynamic equations should ideally include the
effect of inertia and at high bearing speeds, turbulent flow can also occur. Some of these flow
effects are deleterious to bearing performance but others can be beneficial. The Reynolds
equation presented so far does not include the characteristics of complex fluids and the
refinement of hydrodynamic lubrication theory to model complex fluids is a subject of many
current research projects. Some of the problems associated with complex fluids in
hydrodynamics are outlined in this section.

Turbulence and Hydrodynamic Lubrication

In most bearings operating at moderate speeds, laminar flow of lubricant prevails but at high
speed, the lubricant flow becomes turbulent and this affects the load capacity and particularly
the friction coefficient of the bearing. Turbulent flow in a hydrodynamic bearing can be
modelled by introducing ‘turbulence coefficients’ into the Reynolds equation. An example of
a modified Reynolds equation used in the analysis of Michell pad bearings is in the form [24]:

 

+
∂
∂x

∂p
∂x( ) ∂h

∂x
∂

∂y
∂p
∂y( ) =

Gxh3

η
1
2

R2

L2

Gyh3

η (4.131)

where:

Gx and Gy are the turbulence coefficients defined as:
 

Gx =
1

12(1 + 0.00116Reh
0.916)

 

Gy =
1

12(1 + 0.00120Reh
0.854)

Reh is the local Reynolds number defined as:

Reh = hUρ / η

R is the radius of a bearing [m];

h is the film thickness [m];

U is the surface velocity [m/s];

L is the length of the bearing [m];

ρ is the oil density [kg/m3];

η is the oil viscosity [Pas].

The solution to this equation is usually obtained by computation since the ‘turbulence
coefficients’ are functions of film thickness. At the high speeds where turbulence occurs,
heating effects are quite significant and must be incorporated in the solution.

It was found that the onset of turbulence in the bearing results in a slight increase in load
capacity and marginal effect on stiffness coefficients (i.e. the variation in hydrodynamic load
with film thickness change), which can slightly alter the limiting speed before bearing
vibration occurs (i.e. vibration stability threshold). The main effect of turbulence is a large
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increase in bearing friction. The friction coefficient in a turbulent bearing is about 80% larger
than if laminar flow prevails [24,42]. To suppress turbulent flow additives in the form of oil
soluble macromolecules, e.g. polymethylmethacrylate, are used, but they are eventually
degraded by prolonged shearing [42].

Hydrodynamic Lubrication With Non-Newtonian Lubricants

Common examples of non-Newtonian lubricants are the multigrade oils with polymer
viscosity index improvers described in Chapter 3. There are two forms of deviation from
ideal Newtonian rheology which have been studied in terms of the effect on hydrodynamic
lubrication. The most common features of lubricating oil rheology are ‘shear-thinning’ and
‘viscoelasticity’.

When incorporating non-Newtonian lubricant behaviour into hydrodynamics it is necessary
to derive a controlling equation from a basic rheological formula relating shear stress to
shear rate. The introduction of special coefficients into Reynolds equation to allow for this
effect, in a similar manner to that conducted when considering turbulent flow, is inaccurate
as an analytical method [43]. This is because of the variation of the effective viscosity with
shear rate which depends on the position in the film. A detailed description of the analysis
and examples of the shear-thinning effect on standard lubricating oils is provided in [43]. A
shear-thinning non-Newtonian oil provides only a reduced load capacity as compared to a
Newtonian oil with the same apparent viscosity at near zero shear rate. An example of the
effect of shear-thinning on bearing load capacity is shown in Figure 4.57.

It can be seen from Figure 4.57 that the effect of shear-thinning is most pronounced at high
eccentricity ratios where shear rates are greatest. For example the load capacity of the
Newtonian lubricant at an eccentricity ratio of 0.6 is only equalled by the shear-thinning
lubricant at an eccentricity ratio of about 0.7 and there is an even greater difference at higher
eccentricities. This means that a Newtonian lubricant may provide a sharper increase in load
capacity with eccentricity ratio than non-Newtonian lubricants. At extremes of eccentricity,
i.e. high loads, the reduced load capacity compared to an equivalent Newtonian fluid may be
critical to bearing survival.
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FIGURE 4.57 Comparison of load capacity versus eccentricity ratio for a shear-thinning
lubricating oil and an equivalent Newtonian lubricating oil [43].
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In contrast, viscoelasticity, which is the combination of elasticity and viscosity in a fluid,
generally has a positive effect on load capacity. It has often been reported that the addition of
viscoelastic additives to lubricating oils raises the load capacity of journal bearings and
reduces any wear that might occur. A review of the work published on the effects of
viscoelastic lubricants in hydrodynamics is summarized in [44]. The strongest effect is in the
load capacity improvement at high eccentricity ratios which tends to prevent bearing failure
under extremes of load [45]. Viscoelastic lubricants can also raise the threshold of vibration
instability in hydrodynamic bearings with stiff shafts [44]. The substitution of a viscoelastic
lubricant may be a simple solution to bearing vibration.

Inertial Effects in Hydrodynamics

Fluid inertia, like turbulence, becomes significant at high bearing speeds and alters many
bearing performance characteristics. It is found that although cavitation is suppressed by fluid
inertia [46-50] in journal bearings, the effect on load capacity is quite small for high
eccentricity ratios, ε > 0.55 [50]. Inertia effects become significant when the reduced Reynolds
number is greater than unity, i.e. Re* > 1. The reduced Reynolds number is defined as:

 

Re* = (ρUh0/η)(h0/R) = ρUh0
2

ηR (4.132)

where:

h0 is the minimum film thickness [m];

R is the radius of the bearing [m].

For the analysis of bearings with significant inertia effects a modified form of the Reynolds
equation is used. The one-dimensional Reynolds equation which includes an inertia term is
in the form:

 

∂
∂x

h3 ∂p
∂x( ) dh

dx
+ h0Re*= ηU 6 ][ dH

dx (4.133)

where:

H is a parameter allowing for inertia effects [49].

‘H(x)’ is defined entirely in terms of higher powers of ‘h ’, ‘dh/dx’, ‘∂p/∂x’ and ‘∂2p/∂x2’
obtained from the standard Reynolds equation which ignores inertia effects. The full form of
the expression for ‘H(x)’ can be found in [49].

The effect of inertia in high speed turbulent journal bearings is to raise the vibration stability
threshold until it is almost identical to that predicted by laminar theory [51].

The influence of inertia is fundamental to the operation of ‘squeeze-film dampers’. A
squeeze film damper is a journal bearing which is fitted around a rolling contact bearing.
These systems are used in aircraft engines where rolling bearings prevent bearing failure in
the event of interruption to the lubricant supply. The journal bearing or ‘squeeze film
damper’ is used to provide damping of the shaft vibrations which are completely unaffected
(not suppressed) by the presence of the rolling bearings. A schematic diagram of a squeeze
film damper is shown in Figure 4.58.

At the high speeds which are typical of the operation of squeeze dampers, the journal bearing
creates higher friction than the rolling bearing so that it does not usually rotate. There are
always, however, imbalance forces and these form a rotating load vector with a high angular
velocity. The rolling bearing housing is therefore prevented from making contact with the
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external structure and tends to stay positioned concentrically with the outer bearing. The
stability of this bearing is analysed by applying the Reynolds equation to a journal bearing
operating at a low eccentricity ratio. It is found that unless fluid inertia effects are included
gross inaccuracies result in calculated values of vibration stability [52,53]. If the limit of
journal bearing stability against vibration is exceeded the squeeze damper will vibrate,
negating its intended purpose.

Compressible Fluids

In the analysis conducted so far it has been assumed that the fluid density is constant. The
assumption is nearly always valid with liquid lubricants since although liquids expand
thermally during bearing operation causing a reduction in density, this is a relatively small
effect and can be neglected. The situation is entirely different for bearings lubricated by gases,
i.e. gas bearings. The density of gases can vary significantly with pressure and temperature.
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FIGURE 4.58 Schematic diagram of the squeeze film damper.

A modified Reynolds equation is used for the analysis of bearings lubricated by fluids with
variable density. As already mentioned, the term 12(wh - w0) in the Reynolds equation (4.22)
describes the vertical flow across the film, or in other words it describes the rate of change in
the film thickness, i.e.:

 

12(wh − w0) = 12
dh
dt

Thus the Reynolds equation is in the form:
  

( ∂p
∂x)∂

∂x
∂

∂y
+ = 6Uη

∂h
∂x

+ 12η
∂h
∂t

h3

η ( ∂p
∂y)h3

η
(4.134)

The continuity of mass flow with variable density requires that:
 

( ∂ρ
∂t)∂

∂x
+ρu ( )∂

∂y
+ρv ( )∂

∂z
+ρw = 0
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Thus the Reynolds equation (4.134), incorporating variable density but still assuming
constant viscosity can be written in the form:

  

( ∂p
∂x)∂

∂x
h3ρ ( ∂p

∂y)∂
∂y

h3ρ+ = 6Uη
∂(hρ)

∂x
+ 12η

∂(hρ)
∂t (4.135)

According to the gas laws:
   

p
ργ = constantpVγ    or

For isothermal conditions γ = 1 and thus the pressure ‘p’ is proportional to density ‘ρ’:

p α ρ

This relation enables the replacement of density with pressure and equation (4.135) becomes:
  

( ∂p
∂x)∂

∂x
h3p ( ∂p

∂y)∂
∂y

h3p+ = 6Uη
∂(hp)

∂x
+ 12η

∂(hp)
∂t (4.136)

Introducing the non-dimensional parameters [2]:
 

p = pa p̄

h
c

h* = ⇒ h = ch*

x
B

x* = ⇒ x = Bx*

y
L

y* = ⇒ y = Ly*

p
pa

p = ⇒¯

where:

pa is the external ambient pressure [Pa];

c is the radial clearance [m];

B is the width of the bearing [m];

L is the length of the bearing [m];

and substituting into equation (4.136) yields:
  

[ ∂(pa

∂(Bx*)]∂
∂(Bx*)

(ch*)3(pa = 6Uη
∂(ch*pa

∂(Bx*)
+ 12η ∂tp̄)

p̄)
+ [ ∂(pa

∂(Ly*)]∂
∂(Ly*)

(ch*)3(pa p̄)
p̄) p̄) ∂(ch*pa p̄)

or:
 

c3pa
2

B2 [ ∂
∂x* (h*3 p̄

∂
∂x*

p̄ ) +
∂

∂y* (h*3 p̄
∂
∂y*

p̄ )] =
6ηUcpa

B [ ∂x*
+

2B
U ∂t ]∂(h* p̄ ) ∂(h* p̄ )B2

L2
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which simplifies to:
  

∂
∂x* (h*3 p̄

∂
∂x*

p̄ ) +
∂

∂y* (h*3 p̄
∂
∂y*

p̄ ) =
6ηUB

c2pa
[ ∂x*

+
2B
U ∂t ]∂(h* p̄ ) ∂(h* p̄ )B2

L2 (4.137)

The non-dimensional parameter:
  

= λ
6ηUB

c2pa
(4.138)

is known in the literature as the Harrison number in memory of the person who first
derived these equations [54]. The Harrison number is also called the compressibility number
[3]. It is apparent that the Harrison number is a function of bearing design and operating
parameters as well as ambient pressure.

The modified Reynolds equation (4.137) can now be used for analysis of bearings lubricated
with compressible fluids. The procedure is the same as outlined in the previous sections, i.e.
define film geometry and boundary conditions and then solve the Reynolds equation. For
example, assuming an infinitely long bearing, i.e., B/L ⇒ 0, running under steady conditions
where ∂h/∂t = 0, equation (4.137) becomes:

 

∂
∂x* (h*3 p̄

∂
∂x*

p̄ ) = λ
∂(h*

∂x*
p̄ )

which can now be integrated over a specified bearing geometry. More detailed analysis of
such bearings is discussed in [55].

Compressible Hydrodynamic Lubrication in Gas Bearings

Compressible hydrodynamic lubrication is typically found in gas bearings. The lubrication of
these bearings is characterized by extremely small film thicknesses which can restrict the free
movement of individual gas molecules. The mean free path of molecules in air at
atmospheric pressure is 0.064 [µm] and this is reduced with higher operating pressures.
When the film thickness is comparable to this value, then the gas begins to be subjected to
rarefaction and loses its continuity as a film. It may be asked, do similar processes happen
with liquids at very thin film thicknesses? The lubrication mechanism for liquids, in these
cases, is fundamentally different from classical hydrodynamics, introduced so far, and is
discussed in subsequent chapters. Returning to gases, a parameter known as the Knudsen
number is used to measure the degree of gas rarefaction at thin film thicknesses. The
Knudsen number is the ratio of the mean free path of gas molecules to the available range of
movement, i.e.:

 

Kn =
γ
h (4.139)

where:

Kn is the Knudsen number;

γ is the mean free path of a molecule [m], typically γ = 0.064 [µm] for air at standard
temperature and pressure;

TEAM LRN



190 ENGINEERING TRIBOLOGY

h is the film thickness [m].

When the Knudsen number is in the range between 0.01 < Kn < 0.1, which is typical of many
small bearings and corresponds to a film thickness in a range between 0.64 [µm] < h < 6.4
[µm] in atmospheric air, then the ‘slip flow regime’ applies. In this regime a thin layer of gas
close to the solid surface loses its fluid characteristic and is capable of ‘slipping’ against the
surface. In terms of the controlling equations, this means that the effective viscosity of the
gas declines with its proximity to the surface. The formation of a rarefied gas layer close to the
sliding surface and the occurrence of ‘slip’ is illustrated in Figure 4.59.

Non-zero
velocity
at wall

Effective
viscosity

Velocity
profile

Molecule-to-wall
collisions significant

Collisions between
molecules as in

free unenclosed gas

Mean
free
path

FIGURE 4.59 Rarefaction and surface-proximal viscosity loss in gas films at high Knudsen
numbers.

It is possible to model this phenomenon with another modified form of the Reynolds
equation. This equation is too complex and specialized to describe here, and more
information is available in [56,57]. The consequence of rarefaction effects is that gases (unlike
liquids) provide a declining load capacity as film thickness is reduced and that a compressible
gas bearing is far more likely to fail under excess load than a liquid lubricated bearing. A
graph of the relative load capacity of an inclined pad bearing against Knudsen number is
shown in Figure 4.60. The relative load capacity ‘Wn’ is defined as the calculated load capacity
for a given Knudsen number divided by the load capacity at zero Knudsen number. The
initial load capacities are calculated from a non-dimensionalized Reynolds equation and this
removes the effect of variation in bearing clearance on load capacity. A reduction in bearing
clearance is in fact the only means available to increase the Knudsen number, and as
clearance becomes smaller, load capacity increases. The data presented in Figure 4.60 clearly
shows that the increase in load capacity is diminished by rarefaction effects.

The major application of thin gas film bearings lies in data recording heads for computers.
Air is used as the lubricant for the recording heads which are designed to be separated from
the magnetic recording disc by a hydrodynamic film. The need for high recording densities in
magnetic discs necessitates the smallest possible air film thickness between the head and disc.
A typical film thickness is around 1 [µm] which is in the range of Knudsen number where
load capacity sharply decreases with declining film thickness. The decline in load capacity
means that the bearing can have a significant negative stiffness (i.e. anomalously low
stiffness) and is prone to ‘head crash’, which is when the recording head contacts and wears
the disc.
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FIGURE 4.60 Load capacity of a pad gas bearing versus Knudsen number [58].

4.9 REYNOLDS EQUATION FOR SQUEEZE FILMS

In the treatment of hydrodynamics presented so far, little mention has been made of load
capacity under a time dependent film thickness, e.g., cases where ∂h/∂t ≠ 0. Squeeze film is a
term denoting a hydrodynamic film that sustains a negative ∂h/∂t, i.e. when the opposing
surfaces are being squeezed together. An extremely useful characteristic of squeeze films is
that they provide increased load capacity (although temporary) when a bearing is suddenly
subjected to an abnormally high load. This feature is essential to the reliability of crankcase
bearings which must withstand transient combustion forces. A further aspect of squeeze
films is that the squeeze film force is always opposite in direction to the motion of either
bearing surface. This is a form of damping and, as will be shown in the next chapter on
‘Computational Hydrodynamics’, squeeze film forces contribute to the vibrational stability of
a bearing. To analyse squeeze film forces, the term ∂h/∂t is kept in the Reynolds equation and
is given precedence over the film geometry term ∂h/∂x. The Reynolds equation with the
squeeze term is in the form (eq. 4.134):

 

( ∂p
∂x)∂

∂x
∂

∂y
+ = 6U

∂h
∂x

+ 12
∂h
∂t

h3

η ( ∂p
∂y)h3

η

Assuming an isoviscous lubricant and zero entraining velocity this equation becomes:
 

+∂
∂x

h3 ∂p
∂x( ) = 12η∂h

∂t
∂

∂y
h3 ∂p

∂y( ) (4.140)

This equation defines the hydrodynamic pressure field when the wedge effect is absent, e.g.
when the load vector rotates as mentioned previously. It can be integrated in terms of a
specified bearing geometry to provide load capacity, maximum pressure or any other
required bearing characteristic in terms of ∂h/∂t. The ‘squeeze time’ which means the time
required for film thickness to decline to some critical minimum value can also be
determined by integrating ∂h/∂t with respect to time.
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To illustrate the principles involved, an example consisting of two long parallel plates
squeezed together as shown in Figure 4.61 is considered.

Pressure Distribution

For two parallel and infinitely long plates:
  

h ≠ f(x) and
∂p
∂y

= 0

x

y

h

Velocity
profile UVelocity

profile V

B
2

+B
2

−

B

0

L

z

Pressure
field

Squeeze velocity

FIGURE 4.61 Squeeze film between two parallel plates.

and equation (4.140) reduces to:
 

d2p
dx2 =

12η
h3

dh
dt

Integrating once:
 

dp
dx

=
12η
h3

dh
dt

x + C1 (4.141)

and again:
 

p =
6η
h3

dh
dt

x2 + C1x + C2 (4.142)

Boundary conditions are, from Figure 4.61:
  

p = 0 at x = ± B
2

at the edges of the plates

and the pressure gradient:
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dp
dx

= 0 at x = 0

Substituting into (4.141) and (4.142) yields:
 

C1 = 0

C2 = −
6ηB2

4h3

dh
dt

Substituting for ‘C1’ and ‘C2’ into (4.142) gives the pressure distribution as a function of dh/dt:
  

p =
6η
h3

dh
dt

x2 −( )B2

4 (4.143)

where the term dh/dt is negative for a positive squeeze direction as shown in Figure 4.61.

Load Capacity

The load that the plates can support, or more exactly the force separating the plates, can be
obtained by integrating the pressure distribution over the bearing area:

 

W = ⌠
⌡0

L

pdxdy⌠
⌡−B/2

B/2

The load per unit length is:
 

= pdx⌠
⌡−B/2

B/2W
L

substituting for ‘p’ from (4.143):
 

= dx⌠
⌡−B/2

B/2W
L

6η
h3

dh
dt

x2 −( )B2

4

and integrating yields:
  

= −
W
L

ηB3

h3

dh
dt (4.144)

For finite plates, equation (4.144) is modified by a computed coefficient ‘β’ shown in Table 4.6
for different B/L ratios [4]. Hence the equation of load capacity for finite plates as a function of
dh/dt becomes:

  

= −β
W
L

ηB3

h3

dh
dt (4.145)
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TABLE 4.6 Computed values of ‘β’ coefficient for load capacity of finite parallel plates [4].

   

B /L

β 0.421

1

0.498

5/6

0.580

2/3

0.633

1/2

0.748

2/5

0.790

1/3

0.845

1/4

0.874

1/5

0.937

1/10

1

0

Squeeze Time

The time necessary for the film thickness between parallel plates to change between specified
limits, the squeeze time, is found by rearranging (4.144):

 

dt = −
ηB3

h3

L
W

dh

Noting that for many problems, the load does not vary with time, i.e. W≠ f(t), and integrating
accordingly yields:

 

∆t = −
ηB3L

W
dh
h3

⌠
⌡h1

h2

and finally:
  

∆t =
ηB3L
2W

1
h2

2( )1
h1

2− (4.146)

Similarly for finite parallel plates, the squeeze time is given by:
  

∆t = β
ηB3L
2W

1
h2

2( )1
h1

2− (4.147)

and for flat circular plates:

  

∆t =
3πηR4

4W
1

h2
2( )1

h1
2− (4.148)

where:

∆t is the time required for the film thickness to decline from ‘h1’ to ‘h2’ [s];

R is the radius of a circular plate [m];

h1 is the initial film thickness [m];

h2 is the final film thickness [m];

W is the load [N].

In the systems where squeeze film lubrication persists the minimum film thickness is
usually determined by the combined surface roughnesses of the opposing faces and, in the
case of large bearings, by elastic deformation.
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Cavitation and Squeeze Films

In a system where positive and negative squeeze occurs in the presence of a liquid lubricant,
cavitation is almost inevitable. Cavitation affects squeeze film forces by the formation of
compressible bubbles in an otherwise incompressible lubricant. Bubbles can also persist or
grow in size by coalescence until the squeeze characteristics of the system are fundamentally
changed. The persistence of bubbles even under temporarily positive lubricant pressure is
due to the much slower rate of bubble dissolution as compared to the rate of bubble
formation. The process of bubble accretion under oscillating squeeze is illustrated in Figure
4.62.

The overall effect is to significantly reduce the load capacity from the values calculated by
hydrodynamic theory assuming no cavitation effects [59,60]. A model of oscillating squeeze
films with cavitation and bubble formation is described in [59]. The analysis of bubble
formation and its effect on load capacity is beyond the scope of the material discussed in this
chapter. A graphical comparison between dimensionless load capacity of an oscillating
squeeze film with and without cavitation is shown in Figure 4.63. The graph shows the load
capacity of a squeeze bearing, i.e. stationary shaft and bush with rotating load, in which the
lubricant is subjected to cyclic cavitation as illustrated in Figure 4.62.

Negative
squeeze

Small bubble formation from
dissolved air

Zero or positive
squeeze

Most bubbles are absorbed in
one large bubble (rapid process)

Cyclic
compression and expansion

Large bubble formation after several
cycles of positive and negative squeeze

FIGURE 4.62 Mechanism of bubble accretion under oscillating squeeze.
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The effect of cavitation on load capacity can be divided into three regimes based on
eccentricity ratio. The eccentricity ratio in this instance denotes the amplitude of shaft
movement at any given position as the rotating load ensures that the shaft is in continuous
movement. This mode of bearing operation is different from the more usual quasi-static
position of the shaft centre under uni-directional load. It can be seen from Figure 4.63 that at
low eccentricities, cavitation does not exert any significant effect but at eccentricities ranging
from low to medium values bubble formation is significant and load capacity drops
accordingly. At very high eccentricities, the bubbles become highly compressed which
significantly raises load capacity.
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FIGURE 4.63 Effect on load capacity of cavitation in an oscillating squeeze film [66].

Microscopic Squeeze Film Effects Between Rough Sliding Surfaces

In the Reynolds equation presented so far, it has been assumed for the purposes of analysis,
that the bearing surfaces are perfectly smooth. In most practical applications, this assumption
is very accurate despite the roughness present on any machined surface. When the film
thickness is reduced to a level where the depth of an asperity or the measured amplitude of
roughness is comparable to the film thickness then transient squeeze velocities may occur
when large asperities of opposing surfaces pass over each other. This concept of transient
squeeze between rough surfaces in close contact is illustrated in Figure 4.64.

The effect of transient squeeze on load capacity is still controversial and it is not quite clear
whether load capacity is reduced or increased [57]. Both forms of squeeze, positive and
negative, occur during asperity approach and separation so the net effect on load capacity is
small except for gases. In gases, the relationship between compression and pressure ensures
that the pressure increase due to positive squeeze is larger than the pressure decrease due to
expansion during negative squeeze. There is, as a result, a net load carrying effect for gases [3].

4.10 POROUS BEARINGS

Porous bearings are intended to provide hydrodynamic lubrication without the need for an
external lubricant supply. These bearings consist of a cylindrical bush made of compacted
metal powder which has been impregnated with a lubricant. A typical lubricant used is
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FIGURE 4.64 Transient squeeze between rough surfaces in close contact.

mineral oil and the metal powder is usually bronze. The operating principle is that oil is
drawn out of the unloaded parts of the bearing by hydrodynamic suction and then returned
to the bearing in the loaded area where hydrodynamic pressure is positive. Very little,
however, is known about the mechanism of oil recirculation around the bush during
operation. The hydrodynamic lubrication of porous bearings can be solved by incorporating a
leakage term ‘Kp’ into the right-hand side of the standard Reynolds equation:

 

+∂
∂x

h3 ∂p
∂x( ) ∂h

∂x
+ Kp

∂
∂y

∂p
∂y( ) = η ( )6U

∂p
∂z

h3

0
][

where:

Kp is a constant which depends on the permeability of the porous bearing;

(∂p/∂z)0 is the pressure gradient in the porous material immediately beneath the
bearing surface.

The full solution of this equation for narrow bearings is provided in [61].

A basic disadvantage of porous bearings as predicted by hydrodynamic theory is that the load
at ε = 1 is finite which is in contrast to infinite load for a plain journal bearing. The finite load
capacity ensures that it is relatively easy to cause seizure in a porous bearing by overload
compared to a plain bearing. As a result, porous bearings have suffered declining interest in
recent years.

4.11 SUMMARY

The theory of hydrodynamic lubrication has been presented to demonstrate how a basic
property of all liquids, such as viscosity, can be used to produce cheap, reliable bearings that
operate with low friction and wear. Like many important scientific principles, chance
observation played an important role in the recognition of hydrodynamic action as a basic
mechanism of bearing lubrication. The complete separation of sliding surfaces by a liquid
film under full hydrodynamic lubrication can allow bearings to operate indefinitely without
any wear. Any liquid or gas can be used for this form of lubrication provided that no
chemical attack of the bearing occurs. The disadvantage of hydrodynamic lubrication is that a
non-zero sliding or ‘squeeze’ velocity is required before load capacity is obtained. Some
damage to bearings during starting or stopping is inevitable because of this condition. There
is also the risk of a large rise in friction and possible bearing seizure if the limits of
hydrodynamic lubrication are exceeded by excessive load or insufficient speed. A further
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problem is that vibration induced by hydrodynamic instability may occur during operation at
high speeds and this should always be carefully controlled. Despite these deficiencies,
hydrodynamic lubrication is the preferred form of lubrication in most bearing systems.
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C O M P U T A T I O N A L5 H Y D R O D Y N A M I C S

5.1 INTRODUCTION

The differential equations which arose from the theories of Reynolds and later workers
rapidly exceeded the capacity of analytical solution. For many years some heroic attempts
were made to solve these equations using specialized and obscure mathematical functions
but this process was tedious and the range of solutions was limited. A gap or discrepancy
always existed between what was required in the engineering solutions to hydrodynamic
problems and the solutions available. Before numerical methods were developed, analogue
methods, such as electrically conductive paper, were experimented with as a means of
determining hydrodynamic pressure fields. These methods became largely obsolete with the
advancement of numerical methods to solve differential equations. This change radically
affected the general understanding and approach to hydrodynamic lubrication and other
subjects, e.g. heat transfer. It is now possible to incorporate in the numerical analysis of the
bearing common features such as heat transfer from a bearing to its housing. The application
of traditional, analytical methods would require to assume that the bearing is either
isothermal or adiabatic. Numerical solutions to hydrodynamic lubrication problems can now
satisfy most engineering requirements for prediction of bearing characteristics and
improvements in the quality of prediction continue to be found. In engineering practice
problems like: what is the maximum size of the groove to reduce friction before lubricant
leakage becomes excessive, or how does bending of the pad affect the load capacity of a
bearing?, need to be solved.

In this chapter the application of numerical analysis to problems encountered in
hydrodynamic lubrication is described. A popular numerical technique, the ‘finite difference
method’ is introduced and its application to the analysis of hydrodynamic lubrication is
demonstrated. The steps necessary to obtain solutions for different bearing geometries and
operating conditions are discussed. Based on the example of the finite journal bearing it is
shown how fundamental characteristics of the bearing, e.g. the rigidity of the bearing, the
intensity of frictional heat dissipation and its lubrication regime, control its load capacity.

5.2 NON-DIMENSIONALIZATION OF THE REYNOLDS EQUATION

Non-dimensionalization is the substitution of all real variables in an equation, e.g. pressure,
film thickness, etc., by dimensionless fractions of two or more real parameters. This process
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extends the generality of a numerical solution. A basic disadvantage of a numerical solution
is that data is only provided for specific values of controlling variables, e.g. one value of
friction force for a particular combination of sliding speed, lubricant viscosity, film thickness
and bearing dimensions. Analytical expressions, on the other hand, are not limited to any
specific values and are suited for providing data for general use, for example, they can be
incorporated in an optimization process to determine the optimum lubricant viscosity. A
computer program would have to be executed for literally thousands of cases to provide a
comprehensive coverage of all the controlling parameters. The benefit of non-
dimensionalization is that the number of controlling parameters is reduced and a relatively
limited data set provides the required information on any bearing.

The Reynolds equation (4.24) is expressed in terms of film thickness ‘h ’, pressure ‘p ’ ,
entraining velocity ‘U’ and dynamic viscosity ‘η’. Non-dimensional forms of the equation's
variables are following:

 

h* = h
c

x* = x
R

y* = y
L

p* = pc2

6U ηR

(5.1)

where:

h is the hydrodynamic film thickness [m];

c is the bearing radial clearance [m];

R is the bearing radius [m];

L is the bearing axial length [m];

p is the pressure [Pa];

U is the bearing entraining velocity [m/s], i.e. U = (U1 + U2)/2;

η is the dynamic viscosity of the bearing [Pas];

x , y are hydrodynamic film co-ordinates [m].

The Reynolds equation in its non-dimensional form is:
 

=∂
∂x* ( (∂p*

∂x*
h*3 + ( (R

L

2 ( (∂p*
∂y*

h*3 ∂h*
∂x*

∂
∂y* (5.2)

All terms in equation (5.2) are non-dimensional apart from ‘R’ and ‘L’ which are only present
as a non-dimensional ratio.

Although any other scheme of non-dimensionalization can be used this particular scheme is
the most popular and convenient. For planar pads, ‘R’ is substituted by the pad width ‘B’ in
the direction of sliding.

5.3 THE VOGELPOHL PARAMETER

The Vogelpohl parameter was developed to improve the accuracy of numerical solutions of
the Reynolds equation and was introduced by Vogelpohl [1] in the 1930's. The Vogelpohl
parameter ‘Mv’ is defined as follows:
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Mv = p*h*1.5
(5.3)

Substitution into the non-dimensional form of Reynolds equation (5.2) yields the ‘Vogelpohl
equation’:

  

= FMv + G∂2Mv

∂x*2 + ( (R
L

2 ∂2Mv

∂y*2 (5.4)

where parameters ‘F’ and ‘G’ for journal bearings are as follows:
 

∂h*
∂x*

+ ( (R
L

2[( (2 ∂h*
∂y*( (2 [0.75

h*2F =

∂2h*
∂x*2 + ( (R

L

2[ ∂2h*
∂y*2 [1.5

h*
+ (5.5)

 

∂h*( (
h*1.5G =
∂x* (5.6)

The Vogelpohl parameter facilitates computing by simplifying the differential operators of
the Reynolds equation, and furthermore it does not show high values of higher derivatives
in the final solution, i.e. dnMv/dx*n where n > 2, unlike the dimensionless pressure ‘p*’. This
is because, where there is a sharp increase in ‘p*’ close to the minimum of hydrodynamic
film thickness ‘h*’, ‘Mv’ remains at moderate values. Large values of higher derivatives cause
significant truncation error in numerical analysis. The characteristics of ‘Mv’ and ‘p*’ for a
journal bearing at an eccentricity of 0.95 are shown in Figure 5.1.

  

0 100 200

Degrees around bearing

Vogelpohl
parameter
Mv

Dimensionless
pressure p*

p*, Mv

L /D = 1
ε = 0.95
360° bearing

FIGURE 5.1 Variation of dimensionless pressure and the Vogelpohl parameter along the
centre plane of a journal bearing [4].
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It can be seen from Figure 5.1 that the introduction of the Vogelpohl parameter does not
complicate the boundary conditions in the Reynolds equation, since wherever p* = 0, also Mv

= 0 (zero values of ‘h’, i.e. solid to solid contact, are not included in the analysis). As discussed
later in this chapter, wherever cavitation occurs, the gradient of ‘Mv’ adjacent and normal to
the cavitation front is zero like that of ‘p*’.

Numerical solutions of the Reynolds equation are obtained in terms of ‘Mv’ and values of
‘p*’ found from the definition Mv/h*1.5 = p*.

5.4 FINITE DIFFERENCE EQUIVALENT OF THE REYNOLDS EQUATION

Journal and pad bearing problems are usually solved by ‘finite difference’ methods although
‘finite element’ methods have also been employed [2]. The finite difference method is based
on approximating a differential quantity by the difference between function values at two or
more adjacent nodes. For example, the finite difference approximation to ∂Mv/∂x* is given
by:

  

∂Mv

∂x*
≈

Mv,i+1 − Mv,i−1

2δx*( (
i Mv,i−1

Mv,i+1
Mv

x*x*i x*i+1x*i−1

Mv,i

2δx*

∂Mv

∂x*( (
i

Approximation to

(5.7)

where the subscripts i-1 and i+1 denote positions immediately behind and in front of the
central position ‘i’ and ‘δx*’ is the step length between nodes. A similar expression results for
the second differential ∂2Mv/∂x*2. This expression can be found according to the principle
illustrated in Figure 5.2.

The second differential ∂2Mv/∂x*2 is found by subtracting the expression for ∂Mv/∂x* at the
i-0.5 nodal position from the i+0.5 nodal position and dividing by δx*, i.e.:

  

δx*
≈

∂2Mv

∂x*2

∂Mv

∂x*( (
i−0.5

∂Mv

∂x*( (
i+0.5

−( (
i

(5.8)

where:
  

∂Mv

∂x*
≈

Mv,i+1 − Mv,i

δx*( (
i+0.5

 

∂Mv

∂x*
≈

Mv,i − Mv,i−1

δx*( (
i−0.5

substituting into (5.8) yields:
  

∂2Mv

∂x*2 ≈
Mv,i+1 + Mv,i−1 − 2Mv,i

(δx*)2( (
i
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Mv,i−1

Mv,i

Mv,i+1Closest approximations to
dMv

dx*
at (xi* − 1

2 δx*) and (xi* + 1
2 δx*)

Mv

dMv

dx*

x*

x*

Closest approximation to
d2Mv

dx*2 at xi*

xi* − 1
2 δx* xi* + 1

2 δx*xi*xi* − δx* xi* + δx*

xi* − 1
2 δx* xi* + 1

2 δx*xi*

FIGURE 5.2 Illustration of the principle for the derivation of the finite difference
approximation of the second derivative of a function.

The finite difference equivalent of (∂2Mv/∂x*2 + ∂2Mv/∂y*2) is found by considering the nodal
variation of ‘M v’ in two axes, i.e. the ‘x’ and ‘y’ axes. A second nodal position variable is
introduced along the ‘y’ axis, the ‘j’ parameter. The expressions for ∂Mv/∂y* and ∂2Mv/∂y*2 are
exactly the same as the expressions for the ‘x’ axis but with ‘i’ substituted by ‘j’. The
coefficients of ‘Mv’ at the ‘i’-th node and adjacent nodes required by the Reynolds equation
which form a ‘finite difference operator’ are usually conveniently illustrated as a ‘computing
molecule’ as shown in Figure 5.3.

The finite difference operator is convenient for computation and does not create any
difficulties with boundary conditions. When the finite difference operator is located at the
boundary of a solution domain, special arrangements may be required with imaginary nodes
outside of the boundary. The solution domain is the range over which a solution is
applicable, i.e. the dimensions of a bearing. There are more complex finite difference
operators available based on longer strings of nodes but these are difficult to apply because of
the requirement for nodes outside of the solution domain and are rarely used despite their
greater accuracy. The terms ‘F’ and ‘G’ can be included with the finite difference operator to
form a complete equivalent of the Reynolds equation. The equation can then be rearranged
to provide an expression for ‘Mv,i,j’ i.e.:

 

+ ( (R
L

2

2C1 + 2C2 + Fi,j

Mv,i,j =
C1( (Mv,i+1,j + Mv,i−1,j C2( (Mv,i,j+1 + Mv,i,j−1 − Gi,j

(5.9)
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where:
 

C1 =
1

δx*2

C2 =
1

δy*2

This expression forms the basis of the finite difference method for the solution of the
Reynolds equation. Its solution gives the required nodal values of ‘Mv’.

    

−2
δx*2

−2
δy*2

1
δx*2

1
δx*2

1
δy*2

1
δy*2

δy*
δx*

To boundary
of solution
domain

j-1

j

j+1

i-1 i i+1

FIGURE 5.3 Finite difference operator and nodal scheme for numerical analysis of the
Reynolds equation.

Definition of Solution Domain and Boundary Conditions

After establishing the controlling equation, the next step in numerical analysis is to define
the boundary conditions and range of values to be computed. For the journal or pad bearing,
the boundary conditions require that ‘p*’ or ‘Mv’ are zero at the edges of the bearing and also
that cavitation can occur to prevent negative pressures occurring within the bearing. The
range of ‘x*’ is between 0 - 2π (360° angle) for a complete bearing or some smaller angle for a
partial arc bearing. The range of ‘y*’ is from -0.5 to +0.5 if the mid-line of the bearing is
selected as a datum. A domain of the journal bearing where symmetry can be exploited to
cover either half of the bearing area, i.e. from y* = 0 to y* = 0.5, or the whole bearing area is
shown in Figure 5.4. Nodes on the edges of the bearing remain at a pre-determined zero
value while all other nodes require solution by the finite difference method. When
symmetry is exploited to solve for only a half domain, it should be noted that nodes on the
mid-line of the bearing are also variable and the finite difference operator requires an extra
column of nodes outside the solution domain, as zero values along the edge of the solution
domain cannot be assumed. This extra column is generated by adopting node values from
the column one step from the mid-line on the opposite side. In analytical terms this is
achieved by setting:
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Mv,i,jnode+1 = Mv,i,jnode−1 (5.10)

where ‘jnode’ is the number of nodes in the ‘j’ or ‘y*’ direction.

A split domain reduces the number of nodes but when analyzing a non-symmetric or
misaligned bearing then a domain covering the complete bearing area is necessary. The
domain in this case is the complete bearing with limits of ‘y*’ from -0.5 to +0.5 and the mid-
line boundary condition vanishes.

Sliding direction Load
line

i=1�
x* = 0

�
x* = π

i=INODE
x* = 2π

j=1

j=JNODE�
half bearing

j=JNODE
full bearing

Extra row for half bearing
Extra row of nodes

for overlap with x* = 0

FIGURE 5.4 Nodal pressure or Vogelpohl parameter domains for finite difference analysis of
hydrodynamic bearings.

Calculation of Pressure Field

It is possible to apply the direct solution method to calculate the pressure field but this is
quite complex. In practice the pressure field in a bearing is calculated by iteration procedure
and this will be discussed in the next section.

Calculation of Dimensionless Friction Force and Friction Coefficient

Once the pressure field has been found, it is possible to calculate the friction force and friction
coefficient from the film thickness and pressure gradient data. As discussed already in
Chapter 4 the frictional force operating across the hydrodynamic film is calculated by
integrating the shear stress ‘τ’ over the bearing area, i.e.:

 

F = ⌠
⌡0

L⌠
⌡0

2πR

τdxdy (5.11)

where the shear stress ‘τ’ is given by:
 

τ =
ηU
h

+
h
2

dp
dx

(5.12)

where: 

τ is the shear stress [Pa];

η is the dynamic viscosity of the lubricant [Pas];

U is the entraining velocity [m/s];
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h is the hydrodynamic film thickness [m];

p is the hydrodynamic pressure [Pa];

F is the friction force [N];

x is the distance in the direction of sliding [m];

y is the distance normal to the direction of sliding [m].

In a manner similar to the computation of pressure, the equation for friction force can be
expressed in terms of non-dimensional quantities. From (5.1) h = h*c, x = x*R and
p = p*(6UηR)/c2 and substituting into (5.12) yields:

 

τ =
ηU
c

1
h* )+

ch*
2

6UηR
c2

1
R

dp*
dx*

=
Uη
c

1
h*

+ 3h*( )( dp*
dx*

(5.13)

Substituting for ‘x’ and ‘y’ from (5.1) the ‘τdxdy’ in terms of non-dimensional quantities is:
 

τdxdy = τdx*dy*RL (5.14)

Substituting (5.14) and (5.13) into (5.11) results in an expression for frictional force in terms of
non-dimensional quantities:

  

F = ⌠
⌡0

L⌠
⌡0

2πR

τdxdy = RL⌠
⌡0

1⌠
⌡0

2π

τdx*dy*

= ⌠
⌡0

1⌠
⌡0

2π

dx*dy*
RLηU

c )1
h*

+ 3h*
dp*
dx*(

(5.15)

It can be seen from equation (5.15) that the non-dimensional shear stress ‘τ*’ is expressed as:
 

τ* =
1

h*
+ 3h*

dp*
dx*

(5.16)

and equation (5.15) can be re-written in the following form:
 

F = ⌠
⌡0

1⌠
⌡0

2π

τ*dx*dy* = F*
RLηU

c
RLηU

c )( (5.17)

The coefficient of friction is calculated by dividing the friction force by the load. A similar
quantity is also found when the dimensionless friction is divided by the dimensionless load.
Thus in journal bearings the friction coefficient is the ratio of circumferential friction force
divided by the load:

 

µ =
F
W

=

⌠
⌡0

L⌠
⌡0

2πR

τdxdy

⌠
⌡0

L⌠
⌡0

2πR

pdxdy
(5.18)
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where:

µ is the coefficient of friction;

W is the bearing load [N].

Load on a journal bearing is often expressed as:
 

⌠
⌡0

L⌠
⌡0

2πR

−cos(x*)pdxdyW = (5.19)

where the term -cos(x*) arises from the fact that load supporting pressure is located close to
x* = π or cos(x*) = -1. Any pressure close to x* = 0 merely imposes an extra load on the bearing
since it acts in the direction of the load. The negative sign refers to the fact that the load
vector does not coincide with the position of maximum film thickness.

Expressing equation (5.19) in terms of non-dimensional quantities yields:
 

6UηR
c2( )RL⌠

⌡0

1⌠
⌡0

2π

−cos(x*)p*dx*dy* = W*
6R2LU η

c2( )W = (5.20)

Substituting (5.17) and (5.20) into (5.18) gives the expression for coefficient of friction:
 

RLηU
c( )

=
F
W 6R2LU η

c2( )
F*
W*

= ( c
6R)( F*

W*)µ = (5.21)

hence:
 

F*
W*

= ( )6R
c

µ (5.22)

The presence of cavitation in the bearing adds some complication to the calculation of the
coefficient of friction. Within the cavitated region, the proportion of clearance space between
shaft and bush that is filled by lubricant is:

 

h*cav

h*

where:

hcav*  is the dimensionless film thickness at the cavitation front;

h* is the dimensionless film thickness at a specified position down-stream of the
cavitation front.

The average or ‘effective’ coefficient of friction is proportional to the lubricant filled fraction
of the clearance space and within the cavitated region ‘p*’ and ‘dp*/dx*’ are equal to zero.
The symbol for ‘effective’ dimensionless shear stress is ‘τe*’. Assuming a simple
proportionality between fluid filled volume and total shear force, an average value of ‘τe*’
that allows for zero shear stress between streamers of lubricant, is given by:
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τ*e  =
h*cav

h*2 (5.23)

This value of dimensionless shear stress is included in the integral for dimensionless friction
force (eq. 5.17) with no further modification.

Values of h* , ∂h*/∂x*, ∂h*/∂y* and ∂2h*/∂x*2 are also required in computation and the
expressions for these are:

h* = y*tcos(x*) + εcos(x* − β) + 1 (5.24)

where:

ε is the eccentricity ratio;

t is the misalignment factor;

β is the attitude angle.

Note that the variation in ‘h* ’ due to misalignment is dependent on ‘x*’ whereas the
variation in ‘h*’ due to eccentricity is also controlled by the attitude angle.

The derivatives of ‘h*’ are found by direct differentiation of (5.24), i.e.:
 

= −y*tsin(x*) − εsin(x* − β)
dh*
dx*

(5.25)

 

= tcos(x*)
dh*
dy*

(5.26)

 

= −y*tcos(x*) − εcos(x* − β)
d2h*
dx*2 (5.27)

Numerical Solution Technique for Vogelpohl Equation

The nodal values of ‘Mv’ are conveniently arranged in a matrix with ‘i’ and ‘j’ as the column
and row ordinates. The coefficients in equation (5.9) can also be organized into a ‘sparse’
matrix with all coefficients lying close to the main diagonal. It is therefore possible to solve
equation (5.9) by matrix inversion but this requires elaborate computation. Programming is
greatly simplified when iterative solution methods are applied. The Gauss-Seidel iterative
method is used in this chapter. All node values are assigned an initial zero value and the
finite difference equation (5.9) is repeatedly applied until convergence is obtained.

5.5 NUMERICAL ANALYSIS OF HYDRODYNAMIC LUBRICATION IN IDEALIZED
 JOURNAL AND PARTIAL ARC BEARINGS

A numerical solution to the Reynolds equation for the full and partial arc journal bearings is
necessary for the calculation of pressure distribution, load capacity, lubricant flow rate and
friction coefficient when the bearings are neither ‘infinitely long’ nor ‘infinitely narrow’.
This condition is valid for bearings with L/D ratio in the range 1/3 < L/D < 3, where ‘L’ is the
bearing length and ‘D’ is the bearing diameter. Equation (5.9) is solved numerically in order
to find the dimensionless pressure field corresponding to equation (5.2) and the other

TEAM LRN



COMPUTATIONAL HYDRODYNAMICS 211

important bearing parameters. An example of the flow chart of the computer program
‘PARTIAL’ for the analysis of a partial arc or full 360°, isothermal, rigid and non-vibrating
journal bearing is shown in Figure 5.5 while the full listing of the program with description
is provided in the Appendix. The program provides a solution for aligned and misaligned
journal bearings. Misalignment has a pronounced effect on bearing characteristics but cannot
be modelled by either the infinitely long or narrow bearing theories. Numerical methods
help to overcome this problem.

Example of Data from Numerical Analysis, the Effect of Shaft Misalignment

The computed solution to the classical Reynolds equation as applied to journal bearings has
been comprehensively used to obtain basic information for bearing design. An example of
this data was shown in Chapter 4 for the 360° journal bearing (Figure 4.32). Tables of data for
load and attitude angle as a function of eccentricity, L/D ratio and partial arc angle can be
found in [e.g. 4,5,6]. A computer program ‘PARTIAL’ for the analysis of a partial arc bearing is
listed in the Appendix. The program calculates the dimensionless load, attitude angle, Petroff
multiplier and dimensionless friction coefficient for a specified angle of partial arc bearing,
L/D, eccentricity and misalignment ratios. The solution is based on an isoviscous model of
hydrodynamic lubrication with no elastic deflection of the bearing.

   

   

Start

Acquire bearing
parameters

Eccentricity ε
L /D ratio
Arc angle α
Misalignment parameter t

Special settings
of finite difference

mesh?

No

Yes
Acquire number
of I and J nodes

of I and J nodes

Specify iteration
limits?

No

Yes
Acquire limits

Number of iteration cycles
Relaxation factor
Residual termination size

Set initial zero values of
M(I,J) and P(I,J)

Set initial values of arc position
as bisecting minimum film thickness

A

Use preset number

Use preset values
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End

No

A

Add 1 step to counter for
outer attitude angle iteration

Calculate film thickness h at each nodal position
and derivatives

DHDX, DHDY, D2HDX2, D2HDY2 etc.

No

Is iteration
within limits of sweep

number?

Yes

Calculate F and G parameters
of Vogelpohl equation

Calculate coefficients of
finite difference equation

Call subroutine to solve
Vogelpohl equation

Calculate difference between
load line and bisection of arc

Add (difference angle × relaxation factor)
to arc position angle

Call subroutine to calculate forces
parallel and normal to load line

Calculate P(I,J) from M(I,J) and H(I,J)

Is difference
between calculated attitude
angle and bisection angle

small enough?

Yes

Output: printing of pressure field etc.

Integration routine
for P(I,J) with cosine
and sine components

1

2
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Return
Yes

Set sweep number = 0

Is residual
too large + sweep number

within limit?

Add 1 to sweep number

Apply relaxed form of finite difference
equation for each (I,J) node

Calculate residual of MV field

No

1

FIGURE 5.5 Flow chart of the program for idealized, isothermal rigid and non-vibrating
journal bearing.

The effect of misalignment is very important in bearing design since it has a pronounced
influence on maximum hydrodynamic pressure. In Figure 5.6 this effect is illustrated for a
120° arc bearing, L/D = 1 and an eccentricity ratio of 0.7.

  

1

1.5

2

0 0.1 0.2 0.3 0.4 0.5 0.6

Misalignment parameter t

M
ax

im
um

 d
im

en
si

on
le

ss
 p

re
ss

ur
e

p*max

0.5

FIGURE 5.6 Effect of misalignment on maximum hydrodynamic pressure in a partial arc
bearing.

It can be seen that the maximum pressure is more than doubled as misalignment increases
from 0 to 0.5. The limiting value of misalignment before contact occurs between the shaft
and the bush is 0.6 for a value of eccentricity ratio of 0.7. This is based on equation (5.24)
which implies that the sum of eccentricity and half the misalignment must be less than 1 for
no solid contact.
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This effect can also be demonstrated easily by comparing the pressure fields for perfectly
aligned and misaligned bearings. The computed pressure field for a perfectly aligned 120°
partial arc bearing, L/D = 1 at an eccentricity ratio of 0.7 is shown in Figure 5.7 and the
computed pressure field for the same bearing with a misalignment parameter t = 0.5 is
shown in Figure 5.8. The data is obtained by executing program ‘PARTIAL’ and is arranged in
a perspective view to show the entire profile rather than just a section through ‘x*’ or ‘y*’.
All pressures are presented as percentages of the peak pressure.
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FIGURE 5.7 Computed pressure profile for 120° perfectly aligned partial bearing.
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FIGURE 5.8 Computed pressure field for 120° misaligned partial bearing.

It can be seen from Figures 5.7 and 5.8 that the misaligned bearing shows a skewed pressure
field with a relatively high pressure close to the minimum film thickness, whereas the
perfectly aligned bearing gives the more uniform distribution of pressure. The maximum

TEAM LRN



COMPUTATIONAL HYDRODYNAMICS 215

pressure for the perfectly aligned bearing is about 40% of the maximum pressure under
extreme misalignment for the conditions considered.

The computed data also shows that load capacity is hardly affected by misalignment apart
from a rise in load capacity immediately prior to shaft contact. The accepted view that
misalignment has no significant effect on load capacity [4] is confirmed but the above data
shows that other critical parameters are controlled by misalignment. For instance, certain soft
bearing materials, e.g. babbits, may suffer damage from excessive hydrodynamic pressure.

The data generated by the program ‘PARTIAL’ is in dimensionless form but for practical
applications the dimensioned quantities are usually required. The following example shows
how these dimensioned values can be found.

EXAMPLE

For a 120° partial arc bearing with L/D = 1, eccentricity ratio ε = 0.7 and misalignment
parameter t = 0.4 find the load capacity, the maximum pressure and minimum film
thickness. Assume that the bearing dimensions are R = 0.1 [m], L = 0.2 [m], c = 0.0002 [m]
and that the bearing entraining velocity is U = 10 [m/s] and the dynamic viscosity of the
lubricant is η = 0.05 [Pas].

· Solution

Executing the program ‘PARTIAL’ with a mesh size of 11 columns in the ‘x*’ direction
and 9 rows in the ‘y*’ direction yields: dimensionless load W* = 0.6029 and maximum
dimensionless pressure pmax*  = 1.2684.

Since the load ‘W’ and pressure ‘p’ expressed in non-dimensional terms are:

W = W*
6R2LUη

c2
 

p = p*
6RUη

c2
 

substituting the bearing data yields:

W =  0.6029 6 ×  0 .12 ×  0.2 ×  10 ×  0.05
0.00022   = 90.435 [kN]

pmax = 1.2684 6 ×  0.1 ×  10 ×  0.05
0.00022   = 9.513 [MPa]

The difference in lubricant film thickness or shaft clearance along the load line from
one side of the bearing to the other (i.e. the distance between the axes of the tilted and
non-tilted shaft measured at the edges of the bearing) is:

m = tc

Substituting gives:

m = 0.4 × 0.0002 = 8 × 10-5 [m]
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The minimum film thickness has two components: one due to eccentricity (as described
in Chapter 4, i.e. hmin,ecc = c(1 − ε)) and one due to misalignment and can be estimated
from the formula:

hmin = hmin,ecc −  0.5tc = c(1 −  ε) −  0.5tc

Misalignment is calculated from the centre of the bearing, hence the term ‘0.5tc’. Strictly
speaking an exact calculation should allow for the angle between the film thickness
variation due to misalignment and that due to eccentricity, i.e. the attitude angle. The
approximate method under-estimates the minimum clearance and therefore provides a
small margin of error biased towards reliable bearing operation.

Substituting for ‘c’, ‘ε’ and ‘t’ yields:

h min = 0.0002 × (1 −  0.7) −  0.5 ×  0.4 × 0.0002 = 2 × 10-5 [m]

It should also be mentioned that the small value of clearances in the bearing illustrates
the limitations of increasing the potential load capacity of a bearing by reducing the
nominal clearance. Reduction in clearance also increases the maximum film pressures
to a level where most bearing materials fail. For example, if the clearance is reduced by a
factor of 10, then the peak pressure is increased by a factor of 100 to 951.3 [MPa].

The likelihood of misalignment in real bearings is one of the major factors preventing the
measurement of shaft load from a limited number of film pressure measurements. Unless
the misalignment is accurately measured no assumptions can be made about the pressure
profile. This condition impedes what would be a very convenient means of load monitoring
on large journal bearings.

The effect of misalignment on friction coefficient can also be tested. The effect is relatively
mild and is limited to about 10% decline in friction coefficient as misalignment reaches its
maximum value before shaft and bush contact.

5.6 NUMERICAL ANALYSIS OF HYDRODYNAMIC LUBRICATION IN A REAL
 BEARING

The numerical analysis of the ideal bearing described in the previous section was compiled
many years ago. Present research is mostly directed to modelling effects such as heating and
elastic distortion in bearings. Heating and elastic distortion diminish the load capacity of a
bearing compared to the predictions of the classical Reynolds theory. The prevailing trends
towards higher speeds and loads have heightened the need for accurate predictions of load
capacity. Realistic modelling of the method of lubricant supply, i.e. the grooves and feed-
holes, requires detailed computation of the cavitation and reformation fronts. It also cannot
always be assumed that the lubricant is supplied from a groove equal in length to the bearing
and located directly above the load vector. Calculation of vibrational instability which is
known as ‘oil whirl’ or ‘oil whip’ also depends on numerical solutions. In the following
sections the computation methods allowing for these effects will be discussed.

5.6.1 THERMOHYDRODYNAMIC LUBRICATION

There are many examples where liquids can be heated by intense viscous shearing, e.g. a
hydrodynamic brake or viscous damper. This process occurs in a high speed bearing and the
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loss of viscosity due to heating causes a significant loss of bearing load capacity. An example
of this effect is illustrated in Figure 5.9 where the pressure field in a pad bearing predicted by
both the isoviscous (Reynolds) model and the isothermal model is shown.
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FIGURE 5.9 Pressure field in a pad bearing predicted by the isoviscous and isothermal
models of hydrodynamic lubrication [8].

It can be seen from Figure 5.9 that the isoviscous pressure field at any point is almost twice
that of the isothermal pressure field. The ratio between corresponding load capacities, in this
case, is also approximately 2 : 1.

The analysis of a hydrodynamic lubrication problem with allowance for viscous heating is
commonly known as thermohydrodynamics. Highly precise, more realistic solutions of
thermohydrodynamic problems include effects such as heat transfer to the bearing housing
and forced cooling of a bearing. The rise in temperature may also cause thermally induced
distortion of the film geometry [9] further complicating the analysis. In this section a
simplified example of thermohydrodynamic analysis for a rigid pad bearing which is either
perfectly adiabatic or isothermal is presented. Thermohydrodynamic analysis of a journal
bearing involves the same principles as for pad bearings but with the complication of
cavitation and reformation boundaries. This problem is, however, beyond the scope of this
book.

In thermohydrodynamic analysis real variables are used instead of non-dimensional
variables. Non-dimensionalization of thermohydrodynamics has not yet gained wide spread
usage because of the complexity and the lack of general agreement on one particular scheme
of non-dimensionalization.

Governing Equations and Boundary Conditions in Thermohydrodynamic Lubrication

In the analysis of thermohydrodynamic lubrication the equation allowing for heating effects,
the ‘energy equation’, is used. The energy equation is a simplified form of the heat transfer
equation commonly used in fluid mechanics.

Terms present in the heat transfer equation can be eliminated by an order of magnitude
analysis to yield only the convection terms and the conduction normal to the plane of the
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film. The characteristics of pressure and shear stress equilibrium in the oil film are
unchanged except that the viscosity is variable in all three dimensions, i.e. viscosity also
varies through the film thickness. Earlier solutions by, for example, Vohr [10] assumed that
viscosity was constant through the oil film thickness but this has since been found to be
inaccurate. The standard form of the Reynolds equation is therefore not adequate for
thermohydrodynamic analysis.

· Governing Equations in Thermohydrodynamic Lubrication for a One-Dimensional
Bearing

The energy equation for a one-dimensional bearing is given by [8]:
  

ρucpT
∂
∂x ( ) + ρwcpT

∂
∂z ( ) ∂2T

∂z2 = η )∂u
∂z( 2

− K (5.28)

where:

u is the velocity of the lubricant in the direction of sliding [m/s];

ρ is the density of the lubricant [kg/m3];

cp is the specific heat of the lubricant [J/kgK] (For the purposes of computation
notation ‘cp’ is used in this chapter for specific heat instead of ‘σ’);

K is the thermal conductivity of the lubricant [W/mK];

T is the operating temperature of the lubricant [K];

w  is the lubricant velocity normal to the horizontal plane of the oil film (i.e. in the
‘z’ direction) [m/s];

x is the co-ordinate in the direction of sliding [m];

z is the co-ordinate normal to the horizontal plane of the lubricant film [m].

Changes in lubricant viscosity with temperature can be calculated from, for example, Vogel
equation (Table 2.1):

  

η = aeb / (T − c) (5.29)

where:

η is the dynamic viscosity of the lubricant at the required temperature ‘T’ [Pas];

a, b, c are constants.

Changes in lubricant density with temperature due to thermal expansion can be evaluated
from, for example, the exponential law:

  

ρ = ρ0eζ (T − T0) (5.30)

where:

ρ is the density of the lubricant at the required temperature ‘T’ [kg/m3];

ρ0 is the density of the lubricant at the reference temperature ‘T0’ [kg/m3];
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ζ is an exponent of density-temperature dependence (typically ζ = 0.001) [K-1].

For oils, thermal expansion is not significant and is usually neglected.

As discussed already in Chapter 4, for a one-dimensional bearing, the equilibrium condition
for forces acting in the ‘x’ direction is given by:

  

∂p
∂x

−
∂
∂z

η )∂u
∂z( = 0 (5.31)

Since pressure is constant through the hydrodynamic film thickness, the pressure gradient in
the ‘z’ direction is equal to zero:

  

∂p
∂z

= 0 (5.32)

and the continuity of flow requires that:
 

∂u
∂x

+ = 0
∂w
∂z (5.33)

Integrating equation (5.31) with respect to ‘z’ yields the expression for ‘u’ at a particular value
of ‘x’ and ‘z’ in the oil film. This is the one-dimensional form of the Navier-Stokes equation,
i.e.:

 

z
η

dz + A⌠
⌡0

zdp
dx

uz =
dz
η

⌠
⌡0

z

+ U (5.34)

where ‘U’ is the bearing velocity [m/s] and ‘A’ is given by:
 

A =

z
η

dz⌠
⌡0

h

⌠
⌡0

h

dp
dx

−

dz
η

( ) − U

(5.35)

In the bearing considered the bottom surface is moving whereas the top surface is stationary,
i.e.:

u = U     at      z = 0     a n d

u = 0     at      z =h

The solution for ‘u ’ is found from the constant value of lubricant flow along the one-
dimensional bearing. Since there is no side leakage in one-dimensional bearings the
continuity of flow in the ‘x’ direction is maintained. In algebraic terms this means that the
integral of lubricant velocity across the film thickness is constant, i.e.:

TEAM LRN



220 ENGINEERING TRIBOLOGY

 

udz⌠
⌡

h∂
∂x ( ) = 0

0

(5.36)

The velocity ‘u’ can be expressed in terms of parameters ‘M’ and ‘N’ which are composed of
the integrals of viscosity ‘η’ [8], i.e.:

 

dp
dx

u = M + NU (5.37)

where the terms ‘M’ and ‘N’ are given by:
 

M =

z
η

dz⌠
⌡

h

⌠
⌡0

h dz
η

z
η

⌠
⌡

z

0

dz −
0

⌠
⌡0

z dz
η

(5.38)

 

N =

⌠
⌡

⌠
⌡

h dz
η

1 −
0

z

0

dz
η

(5.39)

Equations 5.34 and 5.35 can be rearranged to form terms that are products of ‘dp/dx’ or ‘U’,
i.e.:

 

udz =⌠
⌡

h

0

dp
dx

Mdz + U⌠
⌡

h

0

Ndz⌠
⌡

h

0

(5.40)

Substituting (5.40) into (5.36) gives the continuity of flow condition as an explicit equation for
dp/dx, i.e.:

  

d2p
dx2 Mdz +⌠

⌡
h

0

dp
dx

Mdz⌠
⌡

h

0
( )d
dx

Ndz = 0⌠
⌡

h

0

d
dx

+ U (5.41)

If the values of ‘M ’ and ‘N’ are calculated from a known or assumed viscosity field then a
one-dimensional elliptic equation for pressure is formed which can be solved iteratively.

The continuity equation (5.33) is more conveniently solved by differentiating with respect to
‘z’ [8] which gives:

 

= −
∂2w
∂z2

∂
∂z ( )∂u

∂x
(5.42)

This form of the continuity equation facilitates solution by iteration of the equivalent finite
difference equation (assuming that ‘u’ is already known).
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To summarize the application of equations (5.37), (5.40) and (5.42), a known or assumed
viscosity field is used to solve for pressure based on equation (5.41). The lubricant velocity in
the direction of sliding is found from equation (5.37) and the lubricant velocity normal to the
sliding direction from equation (5.42). Finally, based on this information a fluid temperature
field is found.

· Thermohydrodynamic Equations for the Finite Pad Bearing

For a bearing of finite length a very similar analysis to the two-dimensional case can be
applied [10]. The extra dimension, the ‘y’ axis, does not introduce any qualitative differences
to the analysis. The energy equation in its three-dimensional form is:

  

ρucpT
∂
∂x ( ) + ρwcpT

∂
∂z ( ) ∂2T

∂z2 = η )∂u
∂z[( 2

ρvcpT
∂

∂y ( ) + )∂v
∂z

2(+ ]− K (5.43)

where:

v is the lubricant velocity in the ‘y’ direction (i.e. the direction normal to sliding)
[m/s].

The equation for pressure is derived from the same principles as described in Chapter 4 for
the infinitely long bearing. Equations (5.31) and (5.32) are applied and in addition, an
equation for pressure equilibrium along the ‘y’ axis is introduced, i.e.:

 

=
∂p
∂y

∂
∂z ( )∂v

∂z
η (5.44)

with the boundary conditions:

v = 0     at      z = h     and      z= 0

This leads to an expression for ‘v’ as a function of dp/dy, based on reasoning similar to that
used in deriving equations (5.37), (5.38) and (5.39), i.e.:

 

v =

z
η

dz⌠
⌡0

h

⌠
⌡0

h dz
η

dp
dy

z
η

⌠
⌡

z

0

dz −

dz
η

⌠
⌡0

z( )( )
(5.45)

Substituting for ‘M’ equation (5.45) simplifies to:
 

v = M
dp
dy

(5.46)

An expression for ‘p’ in terms of derivatives with respect to ‘x’ and ‘y’ axis can now be
derived. This expression is comparable to the isothermal Reynolds equation. The continuity
of flow condition is given by:

 

∂
∂x

⌠
⌡

h

0

u∂z +
∂

∂y
⌠
⌡

h

0

v∂z = 0 (5.47)
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Substituting (5.40) and (5.46) into (5.47) yields:
 

∂
∂x

⌠
⌡

h

0

M∂z + U
∂

∂y
⌠
⌡

h

0

N∂z( )∂p
∂x

+ ⌠
⌡

h

0

M∂z(∂p
∂y ) = 0 (5.48)

This equation can be re-arranged to give:
 

(∂2p
∂x2 +

∂2p
∂y2)⌠⌡

h

0

M∂z + (∂p
∂x

+
∂p
∂y )∂

∂x
⌠
⌡

h

0

M∂z + U
∂
∂x

⌠
⌡

h

0

N∂z = 0
∂

∂y
(5.49)

The equation in this form can also be solved by Gaussian iteration of equivalent finite
difference equations.

Once the pressure field has been found, it is then possible to find values of ‘w ’ from the
three-dimensional continuity equation:

 

∂w
∂z

+
∂v
∂y

= 0+
∂u
∂x

(5.50)

According to the method proposed by Ettles [9] this can be differentiated with respect to ‘z’
giving:

 

(∂2w
∂z2 +

∂
∂z ) = 0

∂v
∂y

+
∂u
∂x (5.51)

When values of ‘u’ and ‘v’ are specified, this equation reduces to a one-dimensional equation
for ‘w’ which can be solved iteratively.

· Boundary Conditions

The boundary conditions for the thermohydrodynamic bearing can cause as much difficulty
as the controlling equations. Although the ideal bearings, in broad terms, can be classified as
either isothermal or adiabatic, real bearings are neither perfectly isothermal nor perfectly
adiabatic. The boundary conditions for adiabatic and isothermal bearings are illustrated in
Figure 5.10.

For an isothermal bearing all bearing surfaces remain at a fixed temperature whereas for an
adiabatic bearing the temperature gradient of the lubricant becomes zero close to the static
surface. The lack of temperature gradient close to the pad surface is caused by the absence of
heat conduction from the lubricant to the pad. The adiabatic boundary condition can result in
much higher temperatures than for the isothermal bearing. Fixed surface temperatures are
more convenient for computation since this enables the boundary temperature nodes of the
solution domain to be assigned a pre-determined value. For either isothermal or adiabatic
bearings, the temperature of the rotating surface remains constant for most practical levels of
sliding velocity. At the bearing outlet, the temperature gradient in the sliding direction, i.e.
∂T/∂x  declines to zero as the lubricant leaves the control volume with an unchanged
temperature.

The bearing inlet has a variable boundary condition which depends on the direction of
lubricant flow at the bearing inlet. If there is no ‘back-flow’, i.e. reverse flow of lubricant, at
the inlet as illustrated in Figure 5.10, then the lubricant maintains a pre-determined inlet
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temperature. Although the phenomenon of ‘hot oil carry over’ described in Chapter 4 may
also take place, it is not included in the model because of the analytical complexity it entails.
If back-flow occurs then the concept of an inlet temperature becomes invalid and it is
necessary to assume that continuity of temperature gradient is maintained across the inlet
boundary. In terms of computation, if back-flow occurs then it is necessary to iterate at the
inlet boundary and create an additional array of temperature nodes with values based on
linear extrapolation from inside the bearing. Boundary conditions for the three-dimensional
bearing, i.e. finite bearing, are similar to the two-dimensional bearing (i.e. width and film
thickness) with the addition that at the sides of the bearing ∂T/∂y = 0. Since the lubricant
always flows outwards from the sides, provision for back-flow at the sides is not required.
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FIGURE 5.10 Boundary conditions for a thermohydrodynamic pad.

Finite Difference Equations for Thermohydrodynamic Lubrication

The complexity of the governing equations of thermohydrodynamic lubrication precludes a
direct substitution of finite difference equivalents as was performed in the isoviscous case.
The particular problem is that the energy equation contains convection terms which enforce
a distinction between ‘down-stream’ and ‘up-stream’ in terms of lubricant flow. A finite
difference method must therefore include a way of enforcing directionality of lubricant flow
and this has to be specifically written into the computing procedure. The provision of a finite
difference mesh that allows for varying film thickness also necessitates modification of the
finite difference equations.

In order to solve this problem, a ‘control volume’ method has been introduced and adopted
by several workers [e.g. 7,8]. A control volume mesh of the oil film for static and moving
surfaces of the bearing was devised. An example of a control volume mesh composed of
trapezia with the dimensions normal to the plane of the lubricant film varying in proportion
to the lubricant film thickness is illustrated in Figure 5.11.

The grid-scheme shown in Figure 5.11 is two dimensional. Other researchers [e.g. 10] have
developed three-dimensional schemes which are more accurate but far more demanding of
computing time. The edges or faces of each control volume (which is a quadrilateral) are
given a code for use in the finite difference equations. Many researchers use points of the
compass, i.e. ‘North’, ‘South’, ‘East’ and ‘West’, to indicate the four directions of relevance.
These directions are denoted by the subscripts ‘N ’, ‘S’, ‘E’, and ‘W ’. ‘North’ and ‘South’
directions are also referred to as ‘Top’ and ‘Bottom’ and are denoted by the subscripts ‘T’ and
‘B’ respectively. The centre of the control volume is commonly referred to as a ‘Pole’ and is
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denoted by a subscript ‘p '. An example of the control volume mesh with this coding is
shown in Figure 5.12. The dimensions of the mesh are individually labelled to allow the
asymmetry of the control volume to be incorporated in the controlling equations.
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FIGURE 5.11 Control volume mesh used for computation in thermohydrodynamic
lubrication.

The control volume equations can be found in [8]:
 

(ap + E)Tp = aETE + aWTW + aNTN + aSTS + b + ETp,old (5.52)

where:
 

aE = −
∆ZE(ρu)ecp

2
(5.53)

 

aW =
∆ZW(ρu)wcp

2
(5.54)

 

aN =
K∆X
∆Zp

−
∆X(ρw)ncp

2 (5.55)

 

aS =
K∆X
∆Zp

+
∆X(ρw)scp

2 (5.56)

 

ap = aE + aW + aN + aS − Sp∆X∆Zp (5.57)

 

b = Sc∆X∆Zp
(5.58)

Tp,old is the temperature value from preceding iteration cycle;

K is the thermal conductivity of the lubricant [W/mK];

Sc is the temperature independent component of viscous heating [W/m3];

Sp is the temperature dependent component of viscous heating [W/m3K].
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FIGURE 5.12 Coded mesh of the control volume used in thermohydrodynamics [8].

The parameter ‘E’ is used to enforce flow directionality or convection into the controlling
finite difference equation (5.52). There are two values of ‘E’ and the selection is based on the
difference between lubricant flow ‘in’ and ‘out’ of the control volume.

E = E1  if  E1 > 0     and      E = 0  if  E1 ≤ 0 (5.59)

E1 = |aE| + |aW| + |aN| + |aS| − |aP| (5.60)

The inequality in equation (5.59) allows for reversal of flow which otherwise causes
numerical instability.

The subscripts for all the mass flow terms, e.g. (ρw)n, are lower case denoting that an average
between velocities at the central and peripheral node is taken; for example: wn = 0.5(wN + wP).

‘Sp’ and ‘Sc’ are terms representing viscous heating where allowance is made for the strong
influence of temperature on viscosity. These two quantities are derived from the basic
expression for viscous heating which is caused by the shearing of the lubricant:

  

)S = η
∂u
∂z( 2

(5.61)

where:

S is the intensity of viscous heating [W/m3];

The controlling equation for ‘Sp’ and ‘Sc’ is based on the assumption of a linear dependence of
the heat source term on temperature:

  

S = Sc + SpTp (5.62)

The precise forms of ‘Sp’ and ‘Sc’ are given by:
  

Sp =
S
ηp

dη
dTp,old

(5.63)
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)Sc = S
Tp

ηp
(1 −

dη
dTp,old

(5.64)

where all terms are as calculated from the previous sweep of iteration for temperature and
are referred to as ‘old’ values.

The exponential viscosity law can be written as (Table 2.1):
 

ηp = η0e−γTp (5.65)

where:

ηp is the predicted dynamic viscosity of the lubricant [Pas];

η0 is the dynamic viscosity of the lubricant at some reference temperature ‘T0’ [Pas];

γ is an exponent of viscosity-temperature dependence (typically γ = 0.05) [K-1].

or rearranged as:
  

= −γηp

dηp

dTp
(5.66)

Substituting (5.66) into (5.63) and (5.64) yields:
  

Sp = −γS (5.67)

 

)Sc = S
Tp

ηp
(1 −

dη
dTp,old

= S(1 + γTp) (5.68)

Treatment of Boundary Conditions in Thermohydrodynamic Lubrication

As mentioned already, the boundary conditions necessary when viscous heating is modelled
are considerably more complicated than in the isoviscous case.

The finite difference equations presented are arranged so that they allow solution by methods
appropriate to elliptic differential equations. This means that if iteration is used, the direction
or order in which nodes are iterated does not affect the solution. If the equations were of a
parabolic type then it would be necessary to iterate in the down-stream direction, i.e. apply a
marching procedure but when reverse flow occurs this method generally fails. A marching
procedure is a process of establishing nodal values in a specified sequence.

The temperature boundary conditions at the interfaces of the hydrodynamic film vary
according to the heat transfer mode of the bearing. It is thus necessary to modify the finite
difference mesh to provide a means of solving the thermohydrodynamic equations for the
specified boundary conditions. An example of the modified mesh is shown in Figure 5.13.
The mesh can be applied to solve both the isothermal and adiabatic cases.

If the isothermal bearing is studied, then the boundary conditions at the sliding surfaces
simplify to a fixed temperature for the boundary nodes. Iteration is then confined to interior
nodes without any need for extra arrays of imaginary nodes apart from at the outlet and inlet.
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On the other hand, if an adiabatic bearing is to be analyzed, then the boundary condition at
the pad surface changes to an unknown pad temperature but with a zero temperature
gradient normal to the plane of the lubricant film. In this case it is necessary to invoke an
imaginary array of temperature nodes above the pad surface with values of temperature
maintained equal to the adjacent pad surface temperature. Iteration then includes
temperature nodes at the interface between the pad and hydrodynamic film. Even for an
adiabatic pad, the temperature on the pad at the bearing inlet which involves just one node,
remains the same as the lubricant inlet temperature.
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FIGURE 5.13 Example of the modified mesh with accessories for boundary conditions in
thermohydrodynamic lubrication.

Provided that ‘reverse flow’ does not occur, the temperatures at the bearing inlet are equal to
the lubricant supply temperature. Temperatures at the outlet are unknown and can be
calculated by applying the boundary condition ∂T/∂x = 0. The condition ∂T/∂x = 0 relates to
the very slow change in temperature by cooling once the lubricant leaves the bearing exit.
There will only be a negligible variation in ‘T’ with respect to ‘x’ compared to changes within
the bearing where heat generation occurs. This condition can be accommodated by supplying
an extra column of nodes with temperatures equal to the adjacent node's outlet temperature.
The iteration procedure then includes the extra nodes at the bearing outlet. Wherever
reverse flow at the inlet of the oil film occurs, temperatures are iterated on the boundary
with the assumption that ∂u/∂x and ∂T/∂x remain constant across the boundary. This
condition is met by another column of nodes up-stream of the bearing inlet which maintain
the values of temperature and velocity calculated by linear extrapolation from node
temperatures inside the bearing.

Computer Program for the Analysis of an Infinitely Long Pad Bearing in the Case of
Thermohydrodynamic Lubrication

A computer program ‘THERMAL ’ for the analysis of both the isothermal and adiabatic
infinitely long pad bearings is listed and described in the Appendix. For bearings which are
neither isothermal nor adiabatic an estimation of the effects of bearing heat transfer can be
deduced from a comparison of data from the adiabatic and isothermal conditions which
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represents lower and upper limits of load capacity respectively. The program is based on a
two-level iteration in temperature and pressure and its flow chart is shown in Figure 5.14.

An initial constant temperature field equal to the oil inlet temperature is assumed and a
pressure solution calculated from the resulting viscosity field. A new temperature field is
then derived from the viscous shearing terms created by the pressure field. This new
temperature field is then used to produce a second viscosity field which completes the first
cycle of iteration. This iteration cycle is repeated until adequate convergence in the pressure
field between successive iterations of temperature is reached. On completion of the iteration,
pressure is integrated with respect to distance to obtain film force per unit length and the data
is then printed to complete the program.

Example of the Analysis of an Infinitely Long Pad Bearing in the Case of
Thermohydrodynamic Lubrication

The computer program ‘THERMAL’ described in the previous section provides a means of
calculating the reduction in load capacity of a bearing due to heating effects. To demonstrate
this effect the load capacity of a typical industrial bearing operating under conditions similar
to those studied by Ettles [9] was analyzed by this program. The bearing parameters were
chosen as typical of an industrial bearing.

The selected values of controlling parameters were as follows: bearing width (i.e. length in
the direction of sliding) 0.1 [m], maximum film thickness 10-4 [m], minimum film thickness
5 ×10-5 [m], lubricant viscosity temperature coefficient 0.05, lubricant specific heat 2000 [J/kgK],
lubricant density 900 [kg/m3] and lubricant thermal conductivity 0.15 [W/mK]. Two values of
viscosity were considered, 0.05 [Pas] and 0.5 [Pas] at the bearing inlet temperature of 50°C. The
performance of the bearing was studied over a range of sliding speeds from 1 to 100 [m/s] for
the lower viscosity and 0.3 to 20 [m/s] for the higher viscosity. Sliding speed values used for
computation were 0.3, 1, 3, 10, 20, 30 and 100 [m/s]. For higher speeds the computing time
required to obtain convergence was unfortunately far too long for practical use.

The calculated temperature distributions within an isothermal and adiabatic bearing are
illustrated in Figure 5.15. The temperature fields were obtained for a lubricant inlet viscosity
of 0.5 [Pas] and bearing sliding speed of 10 [m/s]. It can be seen from Figure 5.15 that the
maximum temperature occurs at the outlet of the bearing.
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FIGURE 5.14 Flow chart of the program for the analysis of a thermohydrodynamic pad
bearing.
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A strong effect of pad heat transfer on the temperatures inside the lubricant film is clear. The
maximum temperature in the isothermal bearing is 71°C, compared to 116°C for the adiabatic
bearing. The location of the maximum temperature is also different for these bearings. For
the isothermal bearing the peak occurs close to the middle of the bearing. A small decline in
temperature beyond this maximum is due to improved thermal conduction with reduced
film thickness. The location of the peak temperature in the adiabatic bearing is at the down-
stream end of the pad at the interface with the lubricant. The lubricant is progressively
heated to higher temperatures as it passes down the bearing and the pad surface becomes
very hot as it is remote from any source of cooling.
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FIGURE 5.15 Computed temperature field in isothermal and adiabatic pad bearing at high
sliding speed.

The dependence between bearing load (defined as load per unit length divided by the product
of sliding speed and viscosity) and sliding speed for both the adiabatic and isothermal bearing
at two different viscosity levels is shown in Figure 5.16. Defining the bearing load as load per
unit length divided by the product of sliding speed and viscosity allowed for comparison of
the heating effects on lubricants of different viscosity and at various sliding speeds.

At low sliding speeds close to 1 [m/s], the load parameter converges to a common value of
about 640,000 [dimensionless]. This indicates that load under these conditions is proportional
to the product of sliding speed and viscosity which agrees well with isoviscous theory of
hydrodynamic lubrication. As the sliding speed is increased, the load parameter declines and
heating effects are gradually becoming evident. It can be seen from Figure 5.16 that the
threshold sliding speed at which decreases in load capacity from the isoviscous level become
significant is lowered by the higher lubricant viscosity. At high sliding speeds, the rise in
lubricant viscosity may not provide as large an increase in load capacity as might be expected.
It can also be seen that an isothermal bearing has a higher load capacity than an adiabatic
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bearing. Improvements in cooling of a real bearing can therefore bring an improvement in
load capacity.
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FIGURE 5.16 Computed effect of lubricant heating on relative load capacity of a pad bearing.

5.6.2 ELASTIC DEFORMATIONS IN A PAD BEARING

Almost all plain bearings operate with very small clearances and a requirement of nearly flat
sliding surface. All bearings are made of material with a finite elastic modulus, if they
deform or bend there may be a significant deviation from the optimum surface geometry
considerably affecting the bearing performance. Pad bearings are particularly vulnerable to
this phenomenon which is known in the literature as ‘crowning’. In a Michell bearing, the
pad bends about the pivot point to form a curved or crowned shape which has a much lower
load capacity than a rigid pad. This effect can become extreme at small film thicknesses,
where even very limited deflections due to bending may severely distort the film geometry.

To illustrate this problem a one-dimensional pad has been selected as an example since the
relevant elastic deflections can be found from simple bending theory. The two-dimensional
case would require the analysis of deflections in a plate which is far more complex [9]. Elastic
deflections combined with thermohydrodynamic effects have also been analysed and a strong
interaction between these effects has been found [9,11].

An example of a computer program ‘DEFLECTION’ for analysis of an elastically deforming
one-dimensional pivoted Michell pad bearing is listed and described in the Appendix.
Thermal effects, although significant, have been omitted in the program because of
limitations of computing speed. The controlling equations of the bearing are the isoviscous
Reynolds equation and the elastic deformation equation:

  

=
d2z'
dx2

M'
EI (5.69)

where:

z' is the deflection of the pad in the ‘z’ direction [m];
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M' is the local bending moment [Nm];

E is the elastic modulus of the pad material [Pa];

I is the second moment of area of the pad [m4].

The pad is modelled as an infinitely long plate of uniform thickness so that ‘I’ (in terms of
second moment of area per unit length) is a constant. The bearing load is assumed to be
supported at the pivot. The pivot is located at the calculated centroid of hydrodynamic
pressure. A two level iteration procedure is used in this analysis. The isoviscous
hydrodynamic pressure field is first computed by iteration and then the bending moments
are found and the resulting pad deflection calculated. The hydrodynamic pressure field is
then re-iterated and a new series of pad deflections is found. The process is repeated until the
pad deflections converge to sufficient accuracy.

Hydrodynamic pressure is found from a finite difference equivalent of the one-dimensional
isoviscous Reynolds equation. The one-dimensional isoviscous Reynolds equation (4.25) can
be written as:

 

)U0h
dp
dx(d

dx
−

1
6η )(d

dx
h3 = 0 (5.70)

or as:
 

6ηU0

d2p
dx2− h3 = 0

dh
dx

− 3h2 dh
dx

dp
dx

(5.71)

The finite difference equivalent of this equation rearranged to give an expression for the
nodal pressure value is:

  

Pi = hi

0.5(Pi+1 + Pi−1) + 0.75(Pi+1 − Pi−1)δx
dh
dx

−
hi

3

3ηU0δx2)(
i

dh
dx)(

i (5.72)

The finite difference equation (5.72) forms the basis of the iteration for pressure. Since
cavitation due to extreme elastic deflection is also possible, even in a pad bearing, whenever
this occurs the negative pressures are set to zero.

The bending deflection equation is applied with the following boundary conditions:

· the bending moment ‘M'’ and shear force normal to the pad ‘S’ are equal to zero at
both ends of the pad bearing,

· the pad is balanced at the pivot point and there are no other forms of support to
the pad,

· pad deflection and deflection slope dz'/dx are zero at the pivot.

With these conditions, for x < xc where ‘xc’ is the position of the pressure centroid, the
expressions for ‘S’ and ‘M'’ are:

 

S =⌠
⌡0

x

pdx (5.73)

 

M' =⌠
⌡0

x

Sdx (5.74)
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For x > xc the expressions for ‘S’ and ‘M'’ can be written as:
 

S =⌠
⌡0

x

pdx −⌠
⌡0

B

pdx (5.75)

 

M' =⌠
⌡0

x

Sdx − (x − xc)⌠⌡0

B

pdx (5.76)

where ‘B’ is the width of the pad [m].

The deflection of the pad for all ‘x’ is found by integrating of (5.69) twice with respect to ‘z’
and is given by:

  

z' =⌠
⌡0

x

M'dx⌠
⌡0

x )( dx + C1x + C2 (5.77)

The constants ‘C1’ and ‘C2’ are:
 

C1 = −⌠
⌡0

xc

M'dx (5.78)

 

C2 = xc
⌠
⌡0

xc

M'dx  −⌠
⌡0

xc

M'dx⌠
⌡0

x )( dx (5.79)

Computer Program for the Analysis of an Elastically Deforming One-Dimensional Pivoted
Michell Pad Bearing

The flow chart of the computer program for the analysis of an elastically deforming one-
dimensional pivoted Michell pad bearing is shown in Figure 5.17. A two level iteration in
pressure and elastic deflection is conducted in order to determine the hydrodynamic pressure
of a deformable pad bearing.

Effect of Elastic Deformation of the Pad on Load Capacity and Film Thickness

The computer program ‘DEFLECTION’ described above can provide useful information for
the mechanical design of hydrodynamic bearings. For instance, the effect of pad thickness and
elastic modulus of pad material on the load capacity can be assessed with the aid of this
program. The effect of pad thickness on load capacity is demonstrated as an example of
possible applications of this program.

It is of practical importance to know how thick the bearing pad should be to provide
sufficient rigidity for a particular size of bearing and nominal film thickness. A reduction in
the hydrodynamic film thickness can increase load capacity but at the same time it also
increases bearing sensitivity to elastic distortion. Optimization of bearing characteristics is
therefore essential to the design process. The computed load capacity of a bearing of 1 [m] pad
width, lubricated by a lubricant of 1 [Pas] viscosity versus pad thickness is shown in Figure
5.18. The Young's modulus of the pad's material is 207 [GPa]. The hydrodynamic film
thickness is 2 [mm] at the inlet and 1 [mm] at the outlet of the pad.
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FIGURE 5.17 Flow chart of program to compute load capacity of an elastically deforming one-
dimensional pivoted pad bearing.

It can be seen from Figure 5.18 that as the pad thickness is reduced from 200 [mm] to 30 [mm]
the load capacity declines by 70%. When the thickness of the pad is 200 [mm], then the load
capacity is identical to that of the rigid pad. At the pad thickness of 100 [mm], load capacity is
only reduced by about 10% as compared to a rigid pad. It can thus be concluded that 100 [mm]
is close to the optimum pad thickness for this particular bearing. The relationships between
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the film thickness and pressure for pads of 100 [mm] and 30 [mm] thickness are shown in
Figures 5.19 and 5.20 respectively.
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FIGURE 5.18 Computed effect of pad thickness on the load capacity of a Michell pad bearing.
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FIGURE 5.19 Effect of elastic deflection on the hydrodynamic film thickness and pressure
profile for a 100 [mm] thick pad.

It can be seen from Figure 5.19 that with a pad thickness of 100 [mm], elastic deflection is
small and the pressure field is essentially the same as for a rigid bearing. When the pad
thickness is reduced to 30 [mm], however, the geometry of the bearing is distorted from a
tapered wedge to a converging-diverging film profile. For this pad thickness, the divergence
beyond the minimum film thickness is sufficiently small so that cavitation does not occur.
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The pressure profile does, however, shift forward along with the pivot point as shown in
Figure 5.20. With further reduction in either the pad thickness or the film thickness,
cavitation occurs and this causes a severe reduction in load capacity. Cavitation causes the
effective load bearing area to shrink and the load capacity declines even if specific
hydrodynamic pressures remain high.
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FIGURE 5.20 Effect of elastic deflection on the hydrodynamic film thickness and pressure
profile for a 30 [mm] thick pad.

From the example presented it is clear that the performance of pad bearings depends on the
use of high modulus materials and thick bearing sections. Low modulus materials such as
polymers, although attractive as bearing materials, would require a metal backing for all
bearings with the exception of very small pad sizes.

5.6.3 CAVITATION AND FILM REFORMATION IN GROOVED JOURNAL BEARINGS

Cavitation occurs in liquid lubricated journal bearings to suppress any negative pressures
that would otherwise occur. In the numerical analysis of complete journal bearings, as
opposed to partial arc bearings, cavitation and reformation must be included in the
numerical model. For partial arc bearings, it can be assumed that the inlet side of the bearing
is fully flooded and cavitation is usually limited to a small area down-stream of the load
vector. Full 360° journal bearings are lubricated through the lubricant supply holes or
grooves and the cavitation and reformation fronts that form around the grooves or holes
control the load capacity of the bearing. For the standard configuration of two grooves
positioned perpendicular to the load line, a cavitation front forms down-stream of each
groove and a reformation front is located up-stream of each groove. This is illustrated in
Figure 5.21 which shows the cavitation and reformation fronts on an ‘unwrapped’ lubricant
film.

A method of predicting the location of the cavitation and reformation fronts is required for
numerical analysis of the grooved bearing. The cavitation front can be determined by
applying the Reynolds condition that all negative pressures generated during computations
are set to zero. It is found that if this rule is applied then not only are all the negative
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pressures removed, but also the gradient of pressure normal to the cavitation front is zero as
predicted by Reynolds.

The reformation front creates considerably more difficulty in numerical modelling. The
boundary condition is based on mass conservation between the lubricant flow from the
cavitated and fully reformed oil film. One of the first analyses of reformation fronts was
performed by Elrod [12] based on a model of cavitation and film reformation which had been
developed by Jakobsson and Floberg [13] and Olsson [14]. The Jakobsson-Floberg-Olsson
model provides boundary conditions which satisfy the continuity condition for any geometry
of reformation fronts, and is applied in the computer program ‘GROOVE’ for the analysis of a
360° journal bearing. This particular model is the most appropriate amongst available
models for the solution of heavily loaded bearings. At light bearing loads, however, other
models may be more suitable. The program ‘GROOVE’ is listed in the Appendix.
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FIGURE 5.21 Location of cavitation and reformation fronts around grooves in a centrally
loaded 360° journal bearing.

At the reformation front the following equation of mass conservation applies.
  

h*c = h*r − h*r
3[∂p*

∂x*
+ (R

L)2

tanφ
∂p*
∂y*] (5.80)

where:

hc
* is the film thickness at the cavitation front directly up-stream (i.e. with the same

‘x*’ position);

hr
* is the film thickness at the reformation front;

φ is the angle of the adjacent section of the reformation front.

The angle ‘φ’ of the reformation front is shown in Figure 5.21. When the reformation front is
aligned to be parallel to ‘y*’ then φ = 0 and when the front is parallel to ‘x*’ then φ = π/2. In
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descriptive terms, equation (5.80) states that flow from a cavitation front which is constant
and equal to the Couette flow at this front should be equal to the increased Couette flow at
the reformation front minus the backwards pressure flow from the reformed oil film. This
condition imposes a significant positive pressure gradient at the reformation front because of
the step change from cavitated to full flow. This principle of film reformation is illustrated in
Figure 5.22.

 

Sliding direction

Minimum
film
thickness

Pr
es

su
re

Pressure
profile

Pressure profile obtained
when all positive pressures
are accepted as real

Flow without
opposing
pressure
gradient

Constant flow within cavitated region

SHAFT

JOURNAL

FIGURE 5.22 Continuity principle of film reformation in a hydrodynamic journal bearing.

The reformation condition may be applied to every positive pressure generated down-stream
of the cavitation front as an inequality based on finite difference approximations to the
pressure gradients. Positive pressures which do not satisfy this inequality are set to zero until
a front is established. A similar method was developed by Dowson et al. [15]. If the
reformation condition is not applied in the analysis then the extent of the non-cavitated
lubricant film will be over-estimated causing an imbalance between lubricant flow from the
grooves and lubricant flow out of the bearing. This creates a risk of underestimating the
lubricant consumption. The effect of lubricant starvation on the extent of the load-bearing
film would also be underestimated. Re-arranging equation (5.80) to isolate the pressure terms
gives:

 

∂p*
∂x*

+ (R
L)2

tanφ
∂p*
∂y*

h*r − h*c
h*r

3 = (5.81)

According to the finite difference method the terms ∂p*/∂x* a n d  ∂p*/∂y* can be
approximated by:

 

∂p*
∂x*

≈
P*i+1,j −  P*i,j

δx*
(5.82)
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∂p*
∂y*

≈
P*i,j+1 −  P*i,j

δy*
(5.83)

These terms when substituted into the modified form of the reformation condition (5.80)
give an expression for the pressure gradient at the reformation front in terms of three nodal
pressures. In the computer program ‘GROOVE’ the modified reformation condition with
finite difference equivalents of pressure gradients is applied as an inequality, i.e.:

 

≤
δx*

+
δy*

(R
L)2

tanφ(P*i,j+1 −  P*i,j)

h*r
3

h*r − h*c P*i+1,j −  P*i,j
(5.84)

Most of the difficulty in applying this condition arises because of the two following problems:

· devising criteria to discriminate between positive pressures which should be
subjected to this condition from the pressures which are remote from the
reformation front,

· deducing a value of ‘tanφ’ from a front of unknown geometry.

Methods adopted in the program ‘GROOVE’ will be described in greater detail in the next
section.

The pressure field between the cavitation and reformation fronts is found by the same
Vogelpohl equations in finite difference form which were applied earlier in the computer
program ‘PARTIAL’. Grooves are incorporated into the bearing by assigning a groove
pressure to nodes within the grooves and excluding these from iteration. The overlap at
x* = 2π and x* = 0 is allowed for by creating an extra row of nodes at x* = 2π + δx*, where ‘δx*’
is the mesh spacing in the ‘x*’ direction. This approach enables iteration up to x* = 2π with
values of ‘M v’ at x* = 0 being set equal to the values at x* = 2π at the end of each iteration
sweep.

The flow from the grooves is computed as well as the flow from the sides of the bearing. This
provides a check on the accuracy of calculations since the total groove flow should equal the
side flow. Perfect equality between these flows is unlikely because of truncation errors in the
finite difference scheme, thus the discrepancy between the flows provides an indication of
the precision of the computed results. The flow terms are given by the following expressions:

  

∂p*
∂y*(R

L)2

Q*side = − dx*h*3( )⌠
⌡0

2π

(5.85)

  

∂p*
∂x*

Q*axial = dy*h* − h*3( )⌠
⌡0

1

(5.86)

where:

Qside
* is the lubricant flow normal to the direction of sliding [non-dimensional];

Qaxial
* is the lubricant flow parallel to the direction of sliding [non-dimensional];
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Computer Program for the Analysis of Grooved 360° Journal Bearings

The example of a computer program ‘GROOVE’ for analysing of a grooved 360° journal
bearing is listed and described in the Appendix. The program incorporates the solution
procedure for the Vogelpohl parameter, used already in the program for partial bearing
analysis, as well as other procedures to define groove geometry and to apply the film
reformation condition. A flow chart of the program is shown in Figure 5.23.

An additional procedure for determining whether a positive nodal pressure belongs to a true
pressure field or should be checked by the reformation condition is used and the detailed
flow chart of the procedure is shown in Figure 5.24.

Example of the Analysis of a Grooved 360° Journal Bearing

The computer program ‘GROOVE’ described in the previous section provides a means of
calculating the lubricant flow from a bearing and testing the effect of groove geometry and
lubricant supply pressure on load capacity. Rapid estimations of load capacity can be found
from an analysis of an equivalent partial arc bearing, i.e. a partial arc that fits in the space
between the grooves. A large number of nodes is required to accurately estimate the pressure
gradients around the grooves which results in longer computing time.
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End

Print out pressure field, load, attitude angle, groove
and leakage flows, percentage error

B

Find maximum pressure

Calculate leakage flow and groove flow

Calculate percentage error between
groove flow and leakage flow

by integration of ∂p*
∂x*

and ∂p*
∂y*

FIGURE 5.23 Flow chart of a computer program for the analysis of grooved 360° journal
bearings.

Real lubricant flow is found from the dimensionless quantities by applying the following
relation:

 

Q*LUc
2

Q = (5.87)

where:

Q is the lubricant flow [m3/s];

Q* is the non-dimensional lubricant flow;

L is the length of the bearing [m];

U  is the entraining velocity [m/s];

c is the radial clearance [m].

The plots of non-dimensional load capacity and oil flow versus relative length of the grooves
for L/D = 0.25 and L/D = 1 are shown in Figures 5.25 and 5.26 respectively. The eccentricity
ratio is assumed to be constant and equal to 0.8 . It is also assumed that there is no
misalignment and the subtended angle of each groove is 36° . The mesh assumed for
computation has 21 nodes in the ‘x*’ direction and 11 nodes in the ‘y*’ direction. The pre-set
dimensionless groove pressure is equal to 0.05 for L/D = 0.25 and to 0.2 for L/D = 1; giving a
ratio of groove pressure to peak hydrodynamic pressure of approximately 0.1 in both cases.

The prime feature of the computed data is the very weak influence of groove geometry on
load capacity. This means that unless the groove is so small as to impose extreme lubricant
starvation on the bearing, hydrodynamic lubrication remains effective. The limitations
imposed by the node density prevent investigation of the minimum groove size to cause
lubricant starvation since the smallest groove length that can be computed is given by three
step lengths in the ‘J’ direction.

For the wider bearing with L/D = 1 side flow remains almost constant until a relative groove
length (i.e.: ratio of groove length to axial length of the bearing) of 0.5 is reached. It is
therefore possible to fit wide grooves with relative length equal to 0.5 into L/D = 1 bearings to
reduce the Petroff friction force without incurring an increased lubricant pumping power
loss. Petroff friction is negligible inside the groove because of the large clearance within the
groove. With the narrower bearing of L/D = 0.25, side-flow rises sharply with groove length
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Yes Is P(I,J)>0, as required by
the reformation inequality?
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Find slope angle φ of reformation front
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Search along Ith row for nearest
adjacent node of reformation front
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difference equation

Set
M(I,J)

=0

Yes Does node position (I,J)
lie between cavitation

and reformation fronts?
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Yes
Is H(I,J)≤HCAV(J)?

No

Adjust measured value of φ to allow
for film overlap at x* = 2π

Compute tan(φ)

Find pressures on adjacent nodes
for reformation condition

Set P(I,J)=0 and M(I,J)=0

Apply reformation condition

FIGURE 5.24 Detailed flow chart of procedure to apply reformation condition.

which implies that the groove length should be made as small as possible. The data obtained
also reveals that the distribution of flow between the up-stream and down-stream grooves is
not equal. At the eccentricity ratio of 0.8 selected for this example, the up-stream groove
consumed more lubricant with a flow rate of typically 80% of total side-flow. Although at
lower eccentricities the difference in groove flows becomes smaller, in almost all cases the
up-stream groove has the larger flow. The calculation of lubricant flow around the boundary
of a groove requires a very high density of nodes. When the pressure gradient at the up-
stream edge of a groove is very high, a pressure drop from full groove pressure to zero
within one mesh length may be less than the pressure gradient that would be formed in a
real bearing. In such cases, the truncation error of flow calculation becomes significant. The
side-flow is not subject to such problems and accurate values are computed in most cases.
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FIGURE 5.25 Dimensionless load and side flow versus relative groove length for L/D = 0.25,
pgroove*  = 0.05 and groove subtended angle 36°.
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FIGURE 5.26 Dimensionless load and side flow versus relative groove length for L/D = 1,
pgroove*  = 0.2 and groove subtended angle 36°.

Lubricant flow in bearings can be quite large. It can be seen from Figure 5.25 that for a 36°
subtended groove angle and 0.6 relative groove length, the dimensionless flow is about 6.8.

Assuming that the bearing entraining velocity is U = 10 [m/s], bearing length L = 0.2 [m] and
the radial clearance of the bearing is c = 0.0004 [m], then from equation (5.87) the value of
flow ‘Q’ is:

Q = 0.5 ×  6.8 ×  0.2 ×  10 ×  0.0004 = 2.72 ×  10-3 [m3/s] = 2.72 [litres/s]
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It is evident that in some cases hydrodynamic bearings can require large flow rates of
lubricant and accurate estimates of side and groove flow are essential information in bearing
design.

The shape of the cavitation and reformation fronts can also provide information on the
adequacy of lubricant supply to the bearing. An example of the effect of groove on pressure
distribution in a bearing of L/D = 1, eccentricity ratio of 0.7, is shown in Figures 5.27 and 5.28.
The relative groove length is equal to 0.2 and groove subtended angle is 72°. The perfectly
aligned case is shown in Figure 5.27 whereas the case with an extreme misalignment of 0.5 is
shown in Figure 5.28.
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FIGURE 5.27 Pressure profile of grooved perfectly aligned journal bearing of L/D = 1 and
eccentricity ratio of 0.7 (not to scale).
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FIGURE 5.28 Pressure profile of grooved misaligned journal bearing of L/D = 1 and
eccentricity ratio of 0.7 (not to scale).
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Misalignment has surprisingly little effect on the location of the reformation front or even
the cavitation front compared to its effect on the pressure peak. This feature is probably due
to the large film thickness in the cavitated regions of the hydrodynamic film which ensures a
small relative change in film thickness with misalignment. Lubricant flow rates are also
relatively unaffected by misalignment which renders unlikely the possibility of lubricant
starvation with increasing shaft misalignment. The high values of maximum pressure,
however, are undesirable.

5.6.4 VIBRATIONAL STABILITY IN JOURNAL BEARINGS

As discussed already in Chapter 4, hydrodynamic bearings are prone to a vibrational
instability known as ‘oil whirl’. Vibration characteristics of a hydrodynamic film can be
modelled by a series of stiffness and damping coefficients. These coefficients can be computed
from the solutions of the Reynolds equation. Vibration analysis of hydrodynamic bearings
can be directed to the computation of the shaft trajectory in a vibrating bearing. This
approach, however, involves a rigorous analysis of bearing instability and is a specialized
task requiring extensive computing. A much simpler mode of analysis for practical
engineering applications is discussed in this section. In this approach the limiting shaft speed
at the onset of vibration is calculated using the Routh-Hurwitz criterion of stability. The
criterion provides a conservative estimate of the shaft speed at which some level of
sustained vibration occurs. It has often been found that at moderate shaft speeds, shaft
vibration may occur but it is limited to a finite and safe amplitude. On the other hand at
higher speeds, there is no limit to the amplitude of vibration and the shaft will oscillate in
ever wider trajectories until it touches the bush which inevitably results in destruction of the
bearing.

In order to analyze shaft trajectories, the non-linear variation in stiffness and damping
coefficients with shaft position must be included in the analysis. The advantage of the
Routh-Hurwitz method is that only infinitesimal amplitudes of vibration are considered
which allow the use of linearized stiffness and damping coefficients. The linearized Routh-
Hurwitz analysis of bearing vibration and the computation method is described in the
following sections.

Determination of Stiffness and Damping Coefficients

Stiffness and damping coefficients are obtained by including in the Reynolds equation the
effect of small displacements and squeeze velocities. Stiffness and damping coefficients are
calculated from the change in pressure integral, by dividing the changes by the displacement
and squeeze velocity respectively. Magnitudes of displacements and squeeze velocities are
held at small values in order to minimize inaccuracy due to non-linear variation of film
forces. A cartesian coordinate system aligned with the direction of bearing load, shown in
Figure 5.29, is established and values of stiffness and damping coefficients normal and co-
directional with the load-line are then computed.

Four stiffness coefficients relating to the range of possible bearing movements ‘Kxx’, ‘Kyy’, ‘Kxy’
and ‘Kyx’ and four damping coefficients ‘Cxx’, ‘Cyy’, ‘Cxy’ and ‘Cyx’ are required for vibration
analysis. To find these coefficients the effect of small displacements on hydrodynamic
pressure integral must be analyzed.

Shaft displacements are modelled in the Reynolds equation in terms of their effect on dh/dx.
It is convenient to use non-dimensional forms of shaft displacement in terms of the radial
bearing clearance, i.e.:
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∆x
c

= ∆x* (5.88)

where:

∆x is the displacement of the shaft centre in the ‘x’ direction [m];

c is the radial clearance of the bearing [m];

∆x* is the non-dimensional displacement.

  

x

yω

W

FIGURE 5.29 Journal bearing coordinate configuration for vibration analysis.

A similar relationship applies to ‘∆y’, the displacement in the ‘y’ direction. The equation for
dh*/dx* is given in the following form according to basic geometrical principles:

∂h*
∂x* ( )=

∂h*
∂x* static

+
∂

∂x* [∆x*cos(x*) + ∆y*sin(x*) ] (5.89)

where:

x* refers to the film ordinate around the bearing;

∂h*

∂x*
static  

is the variation in film thickness for the static case.

The modified forms of ‘h*’ and ∂2h*/∂x*2 which are required for the Vogelpohl equation
follow the scheme already described and are given by:

h* = h*static + ∆x*cos(x*) + ∆y*sin(x*) (5.90)

∂2h*
∂x*2 ( )=

∂2h*
∂x*2

static

+
∂2

∂x*2[∆x*cos(x*) + ∆y*sin(x*) ] (5.91)

The Vogelpohl equation (5.4) is then solved in terms of the modified forms of ‘h*’ and its
derivatives, i.e. ∂h*/∂x*, ∂h*/∂y*, etc. Non-dimensional stiffness coefficients are defined as :
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K* =
Kc
W (5.92)

where:

K* is the non-dimensional stiffness;

K is the real stiffness (Note, in this section ‘K’ denotes the stiffness) [N/m];

c is the radial clearance of the bearing [m];

W is the bearing load [N].

This form of non-dimensionalization can be shown to be equivalent to:

∆W*
∆x*W*static

K* = (5.93)

Since ‘δx*’ is very small then:

   W* ≈ Wstatic
*    

In other words, non-dimensional stiffness coefficients are equal to the change in non-
dimensional load divided by the product of non-dimensional displacement and static non-
dimensional load. The change in load ‘∆W* ’, is calculated from the total load found by
integration of the hydrodynamic pressure field with the displacement parameters included,
and the static load, i.e.:

∆W
*
 = W* - Wstatic

* (5.94)

In exact terms, only the change in film force along the ‘x’ or ‘y’ axis is calculated not the
change in the total load. For example, ‘Kxx

* ’ stiffness is calculated according to the following
equation, i.e.:

∆W*x
∆x*W*

K*xx = (5.95)

where ‘∆Wx
*
’ is the load change in the ‘x’ direction, (i.e. first index denotes the axis along

which the deflection occurs, while the second index denotes the axis of the force).

Similarly stiffness ‘Kyx
*

 ’ is given by:

∆W*y
∆x*W*

K*yx = (5.96)

where ‘∆Wx
*
’ is the load change in the ‘y ’ direction. A similar convention applies for

stiffnesses ‘Kyy
* ’ and ‘Kxy

* ’.

Damping coefficients are found by adding appropriate squeeze terms to the Reynolds
equation. A non-dimensional squeeze term is defined as:
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w
cω

w* = (5.97)

where:

w  is the squeeze velocity [m/s];

c is the radial clearance of the bearing [m];

ω is the angular velocity of the shaft [rad/s].

and the non-dimensional form of the Reynolds equation with squeeze terms is given by:
  

∂
∂x*

∂p*
∂x*

h*3( ) + (R
L)2 ∂

∂y*
∂p*
∂y*

h*3( ) =
∂h*
∂x*

+ 2w* (5.98)

The squeeze velocity is not constant around the hydrodynamic film but varies in a
sinusoidal manner similar to the displacements. An expression for the dimensionless
squeeze velocity at any position on the hydrodynamic film in terms of squeeze velocities
along the ‘x’ and ‘y’ axes is given by:

 

w* = wx*cos(x*) + wy*sin(x*) (5.99)

The squeeze term ‘w*’ can be included in the parameter ‘G’ of the Vogelpohl equation, i.e.:
  

=
h*1.5

∂2Mv

∂x*2 + (R
L)2∂2Mv

∂y*2 = FMv + G

FMv +
∂h*
∂x*

+ 2w* (5.100)

Damping coefficients are computed in a similar manner to the stiffness coefficients, i.e. an
arbitrary infinitesimal squeeze velocity is applied to cause a change in the pressure integral.
The non-dimensional damping coefficient is defined in a similar manner to the non-
dimensional stiffness coefficient, i.e.:

  

cω
W

C* = C( ) (5.101)

where:

C* is the non-dimensional damping coefficient;

C  is the real damping coefficient [Ns/m].

Expressing (5.101) in terms of non-dimensional quantities gives the non-dimensional
damping coefficient, i.e.:

∆W*
w*W*

C* = (5.102)
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and a specific damping coefficient, e.g. ‘Cxx
* ’ is calculated according to:

∆W*x
w*x W*

C*xx = (5.103)

After determining all the necessary values of stiffness and damping coefficients the
vibrational stability of a bearing can be evaluated. There are various theories of bearing
vibrational analysis and the obtained stiffness and damping coefficients can be used in any of
these methods. A very useful theory for vibrational analysis of a journal bearing was
developed by Hori [7]. In this theory a simple disc of a mass ‘m’ mounted centrally on a shaft
supported by two journal bearings is considered. The disc tends to vibrate in the ‘x’ and ‘y’
directions which are both normal to the shaft axis. The configuration is shown in Figure 5.30.

   

m
k
2

k
2

Bearing Bearing
Combined shaft stiffness = k

Oscillation

Rotating mass e.g. turbine rotor

FIGURE 5.30 Hori's model for journal bearing vibration analysis.

There are two sources of disc deflection in this model; the shaft can bend and the two
bearings are of finite stiffness which allows translation of the shaft. This system was analyzed
by Newton's second law of motion to provide a series of equations relating the acceleration
of the rotor in either the ‘x’ or the ‘y’ direction to the mass of the disc, shaft and bearing
stiffnesses, and bearing damping coefficients. The description of this analysis can be found in
[7]. The equations of motion of the disc can be solved to produce shaft trajectory but this is
not often required since the most important information resulting from the analysis is the
limiting shaft speed at the onset of bearing vibration. The limiting shaft speed is derived
from the Routh-Hurwitz criterion which provides the following expression for the
‘threshold speed of self-excited vibration’ or the ‘critical frequency’ as it is often called:

  

A1A3A5
2

(A1
2 + A2A5

2 − A1A4A5)(A5 + γA1)
ω*c

2 = (5.104)

where:

A1,A2,A5 are the dimensionless stiffness and damping products;

ωc
* is the dimensionless bearing critical frequency.

The bearing critical frequency is also given by:

ωcω*c  =
(g /c)0.5 (5.105)

TEAM LRN



COMPUTATIONAL HYDRODYNAMICS 251

where:

ωc is the angular speed of the shaft [rad/s];

g is the acceleration due to gravity [m/s2];

c is the radial clearance of the bearing [m].

and the ‘γ’ parameter is expressed by:

W
γ =

kc
(5.106)

 where;

W is the weight on the shaft [N];

k is the stiffness of the shaft [N/m].

Since the ‘γ’ parameter is independent of bearing geometry is must be specified before
commencing computing of a solution to equation (5.104).

The ‘A’ terms relate to stiffness and damping coefficients in the following manner [7]:
 

A1 = K*xxC*yy − K*xyC*yx − K*yxC*xy + K*yyC*xx (5.107)

 

A2 = K*xxK*yy − K*xyK*yx (5.108)

 

A3 = C*xxC*yy − C*xyC*yx (5.109)

 

A4 = K*xx + K*yy (5.110)

 

A5 = C*xx + C*yy (5.111)

The analysis is completed with the calculation of the non-dimensional critical frequency ‘ωc
*’.

Computer Program for the Analysis of Vibrational Stability in a Partial Arc Journal
Bearing

An example of a computer program ‘STABILITY’ for analysis of vibrational stability in a
partial arc journal bearing is listed and described in the Appendix and its flow chart is shown
in Figure 5.31. The program computes the limits of bearing vibrational stability.

The Vogelpohl equation is solved by the same method described for the program ‘PARTIAL’.
Although the program ‘STABILITY’ specifically refers to partial arc bearings a similar
program could be developed for grooved bearings since the principles applied are the same.

Example of the Analysis of Vibrational Stability in a Partial Arc Journal Bearing

Comprehensive tables of a perfectly aligned bearing can be found in [7]. Of considerable
practical interest, however, is the effect of shaft misalignment on bearing critical frequency.
The computed results of the effect of shaft misalignment on critical frequency of a 120° partial
arc bearing, L/D = 1, eccentricity ratio 0.7 and dimensionless exciter mass 0.1, are shown in
Figure 5.32. A mesh density of 11 rows in both the ‘x*’ and ‘y*’ directions was applied in
computation.
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It can be seen from Figure 5.32 that there is a decline in critical frequency with increasing
misalignment. However, at extreme values of misalignment the critical frequency rises as a
result of the sharp increase in the principal stiffness coefficient ‘Kxx

* ’.

In practical bearing systems where misalignment is inevitable, operating the bearing at
speeds very close to the critical speed as predicted from the perfectly aligned condition is not
recommended. For example, if the value of radial clearance is 0.0002 [m] and g = 9.81 [m/s2]
then the conversion factor from non-dimensional to real frequency according to equation
(5.105) is equal to:

(g/c)0.5 = (9.81/0.0002)0.5 = 221.5 [Hz]

The calculated difference between the minimum dimensionless critical speed for the bearing
with a misalignment parameter of t = 0.2 and a perfectly aligned bearing is:

ωc,misaligned
*  - ωc,aligned

*  = 2.2647 -  1.8591 = 0.4056

which makes the difference in the angular speed of the shaft about:

221.5 ×  0.4056 = 89.6 [Hz] or  [rad/s]
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FIGURE 5.31 Flow chart of program for the analysis of vibration stability in partial arc
bearings.
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FIGURE 5.32 Effect of shaft misalignment on bearing dimensionless critical frequency.

5.7 SUMMARY

Numerical analysis has allowed models of hydrodynamic lubrication to include closer
approximations to the characteristics of real bearings than the original idealized analytical
solutions. Some adaptations of numerical models presented in current research literature
have been introduced in this chapter to illustrate the potential of computational methods.
The strong influence of secondary effects such as lubricant heating and bearing deformation
on load capacity is shown, together with possible methods of controlling the negative effects
these have on bearing performance. The scope of numerical analysis is continually being
extended. With increases in the speed of computing it may become possible to perform the
simultaneous analysis of several different effects on bearing performance, e.g. the combined
effect of heating, deformation and misalignment. The finite difference method used in
numerical analysis is versatile and simple to apply, but is also relatively inaccurate. Newer
methods of devising numerical equivalents of differential equations are being increasingly
adopted. However, the fundamental principles of numerical analysis outlined in this chapter
remain unaltered.
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H Y D R O S T A T I C6 L U B R I C A T I O N

6.1 INTRODUCTION

In hydrostatic lubrication the bearing surfaces are fully separated by a lubricating film of
liquid or gas forced between the surfaces by an external pressure. The pressure is generated by
an external pump instead of by viscous drag as is the case with hydrodynamic lubrication. As
long as a continuous supply of pressurized lubricant is maintained, a complete film is
present even at zero sliding speed. Hydrostatic films usually have a considerable thickness
reaching 100 [µm] and therefore prevent contact between the asperities of even the roughest
surfaces. This ensures a complete absence of sticking friction. Furthermore, the friction
generated by viscous shear of the lubricant decreases to zero at zero sliding speed. Hydrostatic
bearings can support very large masses and allow them to be moved from their stationary
positions with the use of minimal force. These extraordinary features of zero static friction
and high load capacity were applied, for example, in the 5.08 [m] diameter Mount Palomar
telescope and in many radar installations. With other types of bearing, starting friction is
inevitable and can cause distortion and damage to large structures. This problem is critical to
the design of large telescopes which rely on extreme accuracy of telescope positioning.

Hydrostatic bearings have a wide range of characteristics and need to be carefully controlled
for optimum effect. The following questions summarize the potential problems that an
engineer or tribologist might confront. If it is possible to generate films similar to
hydrodynamic films, how can these films be controlled and produced when needed? What
are the practical applications of this type of lubrication? What are the critical design
parameters of hydrostatic bearings? What is the bearing stiffness and how can it be
controlled? The engineer or tribologist should know how to find the answer to all these
questions.

According to available records, the first hydrostatic bearing was invented in 1851 by Girard
[1,2] who employed a bearing fed by high pressure water for a system of railway propulsion.
Since then there have been a number of patents and publications dealing with different
design aspects and incorporating various features. Some of these designs introduced genuine
improvements but the majority merely introduced complexity rather than simplicity and are
destined to be forgotten.

As well as the true hydrostatic bearing, hybrid bearings have also been developed. These are
hydrodynamic bearings assisted by an externally pressurized lubricant supply.
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In this chapter, the mechanism of film generation in hydrostatic bearings together with
methods of calculating basic bearing operational and design parameters are discussed.
Commonly used methods of controlling the bearing stiffness are also outlined.

6.2 HYDROSTATIC BEARING ANALYSIS

The analysis of hydrostatic bearings is much simpler than the analysis of hydrodynamic
bearings. It is greatly simplified by the condition that the surfaces of these bearings are
parallel.

Flat Circular Hydrostatic Pad Bearings

Consider, as an example, a flat circular hydrostatic pad bearing with a central recess as shown
in Figure 6.1 [2].

   

Pressure
profile

p� y�

�
�
�
�
�
�
�
�
�
�

�
�
�
�
�
�
�
�
�
�

h�

R�

R0�

p = pr�

p = pr�
p = 0�

r� dr�

Recess

ω

hr�

FIGURE 6.1 Flat circular pad bearing with a central recess.

· Pressure distribution

The pressure distribution can be calculated by considering the lubricant flow in a bearing. For
a bearing supplied with lubricant under pressure, the flow rate given by equation (4.18)
becomes:

 

qx = − h3

12η
∂p
∂x

Since the bearing is circular, the flow through the elemental ring at radius ‘r’ is:
 

Q = − h3

12η
∂p
∂r

2πr (6.1)

rearranging and integrating yields (surfaces are parallel, i.e. h ≠ f(r)):
 

p = − 6ηQ
πh3

dr
r

⌠
⌡

= − 6ηQ
πh3 lnr + C (6.2)
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Boundary conditions from Figure 6.1 are:

p = 0     at      r = R

Substituting into equation (6.2), yields the constant ‘C’:
 

C = 6ηQ
πh3 lnR (6.3)

Hence the pressure distribution for this type of bearing in terms of lubricant flow, bearing
geometry and lubricant viscosity is given by:

  

p = 6ηQ
πh3 ln( (R

r
(6.4)

· Lubricant Flow

By rearranging equation (6.4), the lubricant flow, i.e. the minimum amount of lubricant
required from the pump to maintain film thickness ‘h’ in a bearing, is obtained:

 

Q = πh3p
6η

1
ln(R /r)

Since at r = R0 , p = pr then:
  

Q = πh3pr

6η
1

ln(R /R0)
(6.5)

where:

pr is the recess pressure [Pa];

h is the lubricant film thickness [m];

η is the lubricant dynamic viscosity [Pas];

R is the outer radius of the bearing [m];

R0 is the radius of the recess [m];

Q is the lubricant flow [m3/s].

It can be seen that by merely substituting for flow (eq. 6.5), the pressure distribution (eq. 6.4) is
expressed only in terms of the recess pressure and bearing geometry, i.e.:

  

p = pr
ln(R /R0)
ln(R /r)

(6.6)

· Load Capacity

The total load supported by the bearing can be obtained by integrating the pressure
distribution over the specific bearing area:
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W = ⌠
⌡
A

pdA = ⌠
⌡

pdxdy⌠
⌡

A

It can be seen from the pressure distribution shown in Figure 6.1 that for the bearing
considered, the expression for total load is composed of two terms; one related to the recess
area and the other to the bearing load area. The general integral for load shown above can
therefore be conveniently divided into two integrals:

 

W = ⌠
⌡0

2π⌠
⌡0

R0

prrdθdr +⌠
⌡0

2π⌠
⌡R0

R

pr dθdr

W = prπR0
2 + 2π⌠

⌡R0�

prdr�
R�

p�

dr�
dθ

R�

y�

R0�

r�
x�

dx = dr�
dy = rdθ

pr�

W = prπR0
2 + 2πpr �

⌠
⌡R0�

rln �
R�

Substituting for pressure (eq. 6.6):

1�
ln(R /R0)�

( (R�
r�

dr�

Since the recess pressure is constant the
expression is reduced to:

(6.7)

Integrating by parts and substituting yields:
 

W = prπR0
2 + 2πpr

1
ln(R /R0)

ln( (R
r

r2

2
+ r2

4 R0

R

After simplifying, the expression for the total load that the bearing can support is:
  

W = prπ
2

R2 − R0
2

ln(R /R0)
[ [ (6.8)

where:

W is the bearing load capacity [N].

· Friction Torque

The frictional resistance of a rotating hydrostatic circular pad bearing consists only of friction
torque which is usually very small and can be calculated from:

  

T = ⌠
⌡
A

rdF (6.9)

In a similar manner to the expression for load, the expression for total torque has two
components; one related to the recess area and the other to the bearing load area:
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T = Tr + Tl

where:

T is the total friction torque [Nm];

Tr is the friction torque acting on the recess area [Nm];

Tl is the friction torque acting on the bearing load area [Nm].

The bearing surfaces are parallel which ensures a uniform film thickness, h = constant, hence
the velocity equation (4.11) becomes:

 

u = U z
h

It should be noted that in this bearing the upper surface is moving while the bottom surface
remains stationary. This is the opposite situation from the hydrodynamic pad bearing
discussed previously. Thus the following conditions for velocity apply:

U 1 = U     and      U2 = 0

Differentiation of the velocity equation gives the shear rate:
 

du
dz

= U
h

Thus the shear stress is:
 

du
dz

τ = η = ηU
h

The friction force in its differential form ‘dF’, also has two components; one referring to the
recess area and the other to the bearing load (land) area, i.e.:

 

dF = η rdθdr + ηU
hr

rdθdrU
h

(6.10)

where:

h is the hydrostatic film thickness in the bearing load area [m];

hr is the hydrostatic film thickness in the recess area [m].

Substituting (6.10) into (6.9) gives:
 

T =⌠
⌡0

2π⌠
⌡0

R0

η r2dθdr +U
hr

⌠
⌡0

2π⌠
⌡R0

η r2dθdrU
h

R

Expressing ‘U’ in terms of revolutions per second:
 

U = 2πrn

where:

n is the speed of the bearing [rev/s].

TEAM LRN



262 ENGINEERING TRIBOLOGY

and substituting gives:
 

T =⌠
⌡0

2π⌠
⌡0

R0

η r3dθdr +2πn
hr

⌠
⌡0

2π⌠
⌡R0

η r3dθdr2πn
h

R

Assuming constant viscosity and velocity and integrating yields:
  

T = π2ηn
hr

R0
4 + π2ηn

h
(R4 − R0

4) (6.11)

 where:

T is the torque needed to rotate the bearing [Nm].

Since in practical applications the recess depth ‘hr’ is at least 16 to 20 times the bearing film
thickness ‘h’ [2], the first term of equation (6.11) which is related to the recess area is very
small and may be neglected.

· Friction Power Loss

The friction power loss which is transmitted through the operating surfaces can be calculated
from:

Hf = Tω  = 2Tπn

where:

ω is the bearing angular velocity, ω = 2πn, [rad/s];

Hf is the friction power loss in the bearing [W].

Substituting for torque (eq. 6.11) yields:
  

Hf = 2π3ηn2 R0
4

hr
[ +

(R4 − R0
4)

h ] (6.12)

It has been suggested that in practice this equation gives slightly underestimated results due
to the neglect of the recess effects such as flow recirculation [2,7]. To allow for these effects it
has been proposed to increase the recess component in equation (6.12) by a factor of four [2,7].
Very often, however, in practical applications an allowance for these effects is made by
treating the whole bearing area as the bearing load area [2] and hence equation (6.12) becomes:

 

Hf =
2π3ηn2R4

h

Non-Flat Circular Hydrostatic Pad Bearings

Flat hydrostatic bearings are only suitable for supporting a load normal to the plane of
contact. In some mechanical systems it is, however, very convenient to support oblique loads
while allowing rotation and non-flat circular pad bearings are suitable for this purpose.
Examples of non-flat bearings used in mechanical equipment are bearings based on a conical
or hemi-spherical shape. The typical geometries of these bearings are shown in Figure 6.2.
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Non-flat circular pad bearings can be analysed in the same manner as already discussed for
flat circular pads. For example, the geometry of the conical bearing is shown in Figure 6.3 and
the following analysis is applicable.
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FIGURE 6.2 Typical geometries of non-flat hydrostatic bearings; a) footstep, b) spherical, c)
conical, d) hydrostatic screw thread.

Over the flat part of the bearing surface, hydrostatic pressure is equal to the supply pressure
while a nearly linear decrease in pressure prevails in the conical bearing region. The pressure
profile is then very similar to the flat pad bearing pressure profile already discussed. In the
conical bearing, pressure does show a fully asymptotic profile outside the constant pressure
region because the bearing radius ‘r’ increases at a slower rate with respect to distance
travelled by the escaping fluid. The calculation procedure of bearing operating parameters
such as pressure, load, flow and friction force is the same as for flat circular pad bearings. An
allowance has to be made, however, for the bearing geometry as shown in the following
sections.

· Pressure Distribution

In this bearing, the lubricant flow through an elemental ring at radius ‘r’ is given by the
equation:

TEAM LRN



264 ENGINEERING TRIBOLOGY

�
�
�

�
�
�
�

�
�
�
�

�
�
�
�

�
�
�
�

�
�
��

p�

y�

hr�

R�

R0�

p = pr�

p = 0�

r� dr�

ω
�
�
�

�
�
�
�

�
�
�
�

�
�
�
�

�
�
�

�
�

p = pr�

x�

φ

h� h�

FIGURE 6.3 Film geometry of conical hydrostatic bearing.

   

Q = − h3

12η
dp
dx

2πr

dx = dr
cosφ

and    dy = rdθ

substituting and integrating gives:

p = 6ηQ
πh3cosφ

ln( (R
r

y x

R

φ
dx

dr
φ

r

R0

dθ

where:

(6.13)

· Lubricant Flow

Rearranging (6.13) and substituting for boundary conditions, i.e. r = R0 at p = pr gives the
lubricant flow:

 

Q =
πh3prcosφ

6η
1

ln(R /R0)
(6.14)

As it was described for flat circular pad bearings, substitution of the flow expression into the
pressure equation (6.13), gives the pressure distribution in terms of recess pressure and
bearing geometry:

 

p = pr ln(R /R0)
ln(R /r)
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· Load Capacity

The total load capacity that the bearing can support is found by integration of pressure over
the bearing area:

 

W = ⌠
⌡0

cosφ
dr⌠

⌡0

R02π

prrdθ +⌠
⌡0

cosφ
dr⌠

⌡R0

R2π

prdθ

Substituting for ‘p’ and integrating gives the bearing load capacity ‘W’:
  

W = prπ
2cosφ

R2 − R0
2

ln(R /R0)
[ [ (6.15)

· Friction Torque

The friction torque is calculated from equation (6.9), according to the same principles as
outlined for flat circular pad bearings. The friction force in its differential form ‘dF’, also has
recess and bearing load components, i.e.:

 

dF = η rdθdr + ηU
hr

rdθU
h

dr
cosφ

where:

h is the hydrostatic film thickness in the bearing load area [m];

hr is the hydrostatic film thickness in the recess area [m].

Expressing ‘U’ in terms of revolutions per second ‘n’ and substituting into (6.9) yields:
 

T =⌠
⌡0

2π⌠
⌡0

R0

η r3dθdr +2πn
hr

⌠
⌡0

2π⌠
⌡R0

η dθdr2πn
h

R r3

cosφ

Assuming no change in viscosity ‘η’ and rotational velocity ‘n’ and integrating gives:
  

T =
π2ηn

hr

R0
4 +

π2ηn
h

(R4 − R0
4)

cosφ (6.16)

where:

T is the torque needed to rotate the bearing [Nm].

Similarly as with flat circular pad bearings, the recess component in these bearings is usually
very small and may be omitted for elementary estimates of friction torque.

· Friction Power Loss

The friction power loss which is transmitted through the operating surfaces for a conical
hydrostatic bearing is given by:

 

Hf = 2π3ηn2 R0
4

hr
[ +

(R4 − R0
4)

hcosφ ] (6.17)
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As discussed for flat circular pad bearings, the allowance for recess effects in practical
applications can be made by treating the recess area as a bearing load area and equation (6.17)
becomes:

 

Hf = 2π3ηn2R4

hcosφ

The procedure described above can be applied in a similar manner to any other bearing
geometry, e.g. square pads, rectangular pads, etc. More information about these bearings can
be found in [2].

6.3 GENERALIZED APPROACH TO HYDROSTATIC BEARING ANALYSIS

In hydrostatic bearing analysis, load and flow are frequently expressed for simplicity in terms
of non-dimensional parameters. Examples of this treatment are given below for flat circular
pads and flat square pads.

Flat Circular Pad Bearings

The load capacity and the lubricant flow rate are expressed in terms of non-dimensional load
and flow times a non-dimensional scale factor.

  

W = AprA = πR2prA (6.18)

  

Q =
prh

3

η B (6.19)

where:

A is the total pad area [m2];

A and B are non-dimensional load and flow coefficients defined as:
 

A = 1
2R2

R2 − R0
2

ln(R /R0)
[ [

 

B = π
6

1

ln(R /R0)

Non-dimensional coefficients A and B  are usually plotted against bearing dimensions as
shown in Figure 6.4 [2]. The bearing analysis and design is now greatly simplified since for
any given R/R0 ratio, the non-dimensional coefficients A and B  can easily be found and load
capacity and lubricant flow calculated. It can be noted that another parameter H is included
and its significance is explained in the next section.

Flat Square Pad Bearings

The load capacity and lubricant flow rate in flat square pad bearings can be expressed in a
similar manner to the circular pad bearings, i.e. in terms of non-dimensional coefficients:
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FIGURE 6.4 Design coefficients for flat circular pad bearings [2].

 

W = AprA = B2prA
 

Q =
prh

3

η B

where:

A is the total pad area;

B is the width of the bearing;

A and B   are non-dimensional load and flow coefficients.

The coefficients A and B  are plotted against bearing dimensions as shown in Figure 6.5 [2]. It
can be seen that the ratio of recess dimension to pad dimension C/B significantly affects load
capacity and lubricant flow rate.

6.4 OPTIMIZATION OF HYDROSTATIC BEARING DESIGN

The parameters of a hydrostatic bearing, such as bearing area, recess area, lubricant flow rate,
etc., can be varied to achieve either maximum stiffness, maximum load capacity for a given
oil flow or minimum pumping power. Since the bearing is almost entirely under external
control, it is possible to regulate the characteristics of these bearings to a far greater extent
than, for example, those of hydrodynamic bearings.

Minimization of Power

As can be seen from Figure 6.1, if the recess in the bearing is made almost as large as the
bearing diameter, then supply pressure is maintained over virtually the entire area of the
bearing. This would ensure a higher load capacity than with a smaller recess but with the
disadvantage of requiring a very high rate of lubricant supply pumping power.

The total power required is the sum of friction power and the pumping power, i.e.:

Ht = Hf + Hp
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FIGURE 6.5 Design coefficients for square pad bearings; C is the width of the recess [2].

Pumping power ‘Hp’ is defined as the product of the lubricant flow ‘Q’ and the recess pressure
‘pr’, i.e.:

Hp = Qpr

The total power describes the rate at which the friction and pumping energies are converted
into heat in the bearing. The heat dissipation rate is the product of mass flow rate, specific
heat and temperature, thus:

Ht = Qρσ∆T

where:

Q is the lubricant flow [m3/s];

ρ is the density of the lubricant [kg/m3];

σ is the specific heat of the lubricant [J/kgK];

∆T is the temperature rise [°C].

For most applications, however, the sliding speed is low so that the total power required ‘Ht’
and therefore the temperature rise ‘∆T’ are small. Possible hydrodynamic effects that may
occur at low operating speeds are also negligible. At high speeds however, hydrodynamic
effects become significant and the whole bearing design must be reconsidered.

Ratio of friction power to pumping power ‘ζ’ (i.e. ζ = Hf/Hp) can be used as a measure of the
proportion of the hydrodynamic effects to the hydrostatic effects. If the bearing is not rotating
then Hf = 0 and ζ = 0, and a purely hydrostatic load support mechanism is operating. As ‘ζ’
increases the hydrodynamic effects become more significant. The bearings operating with ζ ≥
1 are considered as ‘high speed bearings’ and with ζ « 1 as ‘low speed bearings’ [2]. When
ζ ≥ 3 then the hydrostatic and hydrodynamic effects on load are of the same order [2]. The ‘ζ’
factor is used as a design parameter in bearing optimization for minimum power and
maximum load.
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· Low Speed Recessed Bearings

In low speed bearings Hf ≈ 0, thus Ht ≈ Hp and ζ = 0. The bearing geometry can be optimized
so that at a given total bearing area, film thickness, viscosity and applied load the pumping
power is a minimum. This is achieved by calculating pumping power to load ratio, i.e.:

  

=
Hp

W
Ht

W
=

Qpr

W
(6.20)

Substituting for load (6.18) and flow (6.19), the ratio of pumping power to load expressed in
terms of non-dimensional coefficients becomes:

 

=
pr

(πR2prA)2

prh
3

η
B W( (

=
π2R4η
Wh3 B

A2

Hp

W

Thus:
  

=
π2R4η
Wh3

H
Hp

W (6.21)

The values of the ‘H’ coefficient for flat circular and square pad bearings can be found from
Figures 6.4 and 6.5 respectively [2].

· High Speed Recessed Bearings

The effects of viscous shear due to the relative motion between the surfaces, may become
significant if the bearing is forced to operate at high speeds. Since the ratio of friction power
to pumping power is expressed as:

ζ = Hf/Hp

The total power in terms of ‘ζ’ and ‘Hp’ is:

H t = (1 +  ζ)Hp

Substituting into (eq. 6.20) gives the power to load ratio for high speed bearings:
 

=
Ht

W
=

(1 + ζ)Qpr

W
(1 + ζ)Hp

W

rearranging yields:
  

=
π2R4η

(1 + ζ)Wh3

H
(1 + ζ)Hp

W
(6.22)

For any value of ‘ζ’ it is still necessary to find a minimum value of the ‘H’ parameter to
optimize the bearing geometry for maximum load and minimum power.

Other parameters such as viscosity and bearing clearance can also be optimized and the
details are given in [2]. For example, the lubricant viscosity can be optimized by calculating
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power losses and load capacity for a range of viscosities, while maintaining all the other
parameters at required design levels. The optimum clearance is obtained when the power
ratio ζ = 3 [2]. It has also been shown that the bearing gives the optimum performance when
the power ratio ‘ζ’ is between 1 ≤ ζ ≤ 3 [2]. The effect of optimization is relatively small since
the difference between the most and least effective procedures is only about 15% of total
bearing power consumption [2,8].

More information about hydrostatic bearing design methods can be found in [2,4,9].

Control of Lubricant Film Thickness and Bearing Stiffness

It can be seen from the derived equations that film thickness has no direct effect on
hydrostatic pressure field (i.e. equation 6.4) which is in direct contrast to hydrodynamic
lubrication. According to the theory presented so far, film thickness is free to vary and the
bearing has no stiffness in the direction of load. In real hydrostatic bearings, there is a distinct
stiffness which can reach very high values. Stiffness in fact depends on the pressure-flow
characteristic of the lubricant supply as is shown below.

The load and flow equations can be rearranged so that load is expressed in terms of flow. For
example, by rearranging equation (6.8), ‘pr’ is obtained in terms of load:

 

pr = 2W
π

ln(R /R0)
R2 − R0

2

Substituting this equation into the flow equation (6.5) and simplifying gives the load in
terms of flow, i.e.:

 

W = 3η (R2 − R0
2) Q

h3 (6.23)

When the above expression is examined, it is clear that the changes in load are related to
changes in lubricant flow, film thickness, bearing geometry and lubricant viscosity.
Assuming that the bearing geometry and lubricant viscosity remain constant, load still
depends on changes in flow and film thickness or vice versa. It can be seen from equation
(6.23) that if there is a sudden increase in load the lubricating film may collapse, and if there
is sudden decrease in load the lubricating film will increase and the bearing may become
unstable. By controlling the flow rate, it is possible to prevent both film collapse after a
precipitate increase in load and bearing instability caused by a sudden reduction in load. In
practical applications, the lubricant flow into the bearing is controlled by the following
methods:

· constant delivery pump,

· capillary,

· orifice,

· pressure sensors.

The parameter of bearing stiffness is introduced to describe variations in film thickness with
imposed load. If the load is increased by an amount ‘∆W’ then the film thickness is reduced
by a corresponding amount ‘-∆h’ (negative for squeeze, i.e. to allow for direction of load). The
stiffness is defined as the limit of the ratio:

 

λ = − lim ∆W
∆h∆W ⇒ 0

= − dW
dh
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Thus the stiffness is a measure of the force necessary to produce changes in film thickness.
Each of the lubricant flow control methods employed in a bearing will give a different
stiffness, i.e. a different response to the load changes as shown below.

· Stiffness With Constant Flow Method

Lubricant is delivered at a constant rate of ‘Q’ to the bearing when a constant delivery pump
or constant flow valve is used. The constant flow valve has a variable orifice controlled by
the flow itself. A pump is rarely used to supply just a single bearing since this arrangement is
impractical and expensive.

The lubricant flow required from the pump to maintain the film thickness ‘h’ is given by
equation (6.19):

 

Q = prh
3

η
B

Rearranging this equation gives the recess pressure in terms of lubricant flow rate:
 

pr = Qη
h3B

Substituting this into equation (6.18) defines the load in terms of lubricant flow rate:
 

W = AQηA
h3B

Differentiation of this expression with respect to film thickness enables the stiffness for
constant flow to be obtained:

 

λ = − dW
dh

= 3AQηA
h4B

hence:
 

λ = 3W
h (6.24)

It can be seen from the above analysis that the bearing stiffness controlled by a constant flow
method depends on bearing temperature, i.e. the viscosity term present in the stiffness
equation. The prime benefit of this mode of bearing control is that a constant lubricant flow
rate is maintained which is extremely important in large multiple bearing systems. The
disadvantage is that the stiffness cannot be varied to suit design requirements. High bearing
stiffness is essential to the accuracy of precision machine tools. For this reason, more
elaborate methods of lubricant supply have been applied to hydrostatic bearings.

· Stiffness With Capillary Restrictors

A capillary or narrow diameter tube can be introduced between the main lubricant supply
line and the bearing recess as shown in Figure 6.6 as a means of controlling lubricant flow.
The capillary diameter and length are selected so that the required bearing stiffness is
obtained. The theory of capillary controlled stiffness is outlined below.
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The flow rate through a straight capillary is given by the Hagen-Poiseuille equation. This
equation applies to the tubes with high ‘l/d’ ratios, i.e. l/d > 100 and a Reynolds number less
that 2000, i.e. Re < 2000:

 

Q = ps − pr

kcη

where:

Q is the flow rate through the capillary [m3/s];

ps is the lubricant supply pressure [Pa];

pr is the bearing recess pressure [Pa];

η is the lubricant dynamic viscosity [Pas];

kc is the capillary constant.
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FIGURE 6.6 Flat circular pad bearing with capillary controlled flow.

The capillary constant ‘kc’ can be calculated from:

 

kc = 128 × l
πd4

where:

l is the capillary length [m];

d is the capillary diameter [m].

Equating the flow through the capillary to the total lubricant flow (eq. 6.19) gives:
 

=ps − pr

kcη
prh

3

η
B

Rearranging:
 

pr =
ps

1 + kch
3B

Substituting into the load expression (eq. 6.18):
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W =
ApsA

1 + kch
3B

Differentiating with respect to film thickness gives the stiffness with a capillary restrictor [2]:
  

λ = 3W
h

1
1 + 1 / (kch

3B) (6.25)

A comparison of equations (6.24) and (6.25) reveals that a capillary restrictor gives a lower
stiffness than a constant flow device. It is also possible with this method of controlling the
lubricant flow, to vary stiffness to suit specific design requirements as opposed to the fixed
values of stiffness provided by the constant flow device. It can also be noted that the lubricant
viscosity is eliminated when equating the flow through the capillary to the total lubricant
flow. Hence the bearing stiffness in this case is independent of temperature since the effect of
viscosity on flow through the bearing is balanced by the viscosity effect on flow through the
capillary.

· Stiffness With an Orifice

In some applications an orifice is fitted to the lubricant supply line as shown in Figure 6.7.
Although this device is very simple it controls lubricant flow quite effectively and allows
some freedom in the selection of load and stiffness characteristics.
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FIGURE 6.7 Flat circular pad bearing with orifice controlled flow.

The flow rate through an orifice of diameter ‘d’ is:

Q = πd2�

2�
ps − pr�

2ρ( (1 /2�

Cd�

where:

Q is the flow rate through the orifice [m3/s];

d is the diameter of the orifice [m];

ps is the lubricant supply pressure [Pa];

pr is the bearing recess pressure [Pa];

ρ is the lubricant density [kg/m3];

Cd is the discharge coefficient.
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Equating flow through the orifice to the total lubricant flow through the bearing (6.19):

πd2�

2�
ps − pr�

2ρ( (1 /2�

Cd�=
prh

3 �

η B�

Rearranging:

πd2η
2h3B�

ps − pr�

2ρ( (1 /2�

Cd�pr =

Substituting into the expression for load (6.18) gives:

Aπd2ηA �
2h3B�

ps − pr�

2ρ( (1 /2�

Cd�W =

The bearing stiffness with an orifice is found by differentiating with respect to film thickness
‘h’:

3Aπd2ηA �
2h4B�

ps − pr�

2ρ( (1 /2�

Cd�λ = − dW�
dh�

=

Hence:
 

λ = 3W
h (6.26)

which is the same expression for stiffness as found in the case of the constant flow method.
Although the orifice is easy to apply it has one major deficiency. The flow characteristics of
an orifice can easily be altered by erosive wear from contaminant particles in the lubricant.
The stiffness and flow characteristics will gradually vary with time unless very clean
lubricant is used. The bearing stiffness with this method of lubricant flow control may be
affected by the operating temperature. Similar effects will also be observed when the constant
flow method is applied. The orifices are in general more compact than capillaries and give
fractionally greater stiffnesses [2]. Although the traditionally quoted values of discharge
coefficient are between 0.6 - 0.65, detailed testing has demonstrated that there could be some
significant variations from this value [10]. For example, in cases when either the flow rate of
lubricant is low or the orifice diameter and lubricant viscosity are large then the value of ‘Cd’
is less than 0.6 and may even be as low as 0.4 [10].

· Stiffness With Pressure Sensors

In more sophisticated systems, pressure sensors can be used to provide feedback of recess
pressure for control purposes. By applying these devices a hydrostatic bearing of even infinite
stiffness can be designed and built. Most pressure sensors are based on a diaphragm which
deflects under increased hydrostatic pressure to allow a greater flow of lubricant. The most
common type of diaphragm valve is the Mohsin [5] valve shown below in Figure 6.8.
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FIGURE 6.8 Diaphragm pressure sensor valve developed by Mohsin [5].

There are two basic limitations to diaphragm bearings; it is necessary to adjust the spring
force on the diaphragm to match the bearing stiffness and high stiffness is only maintained
up to a certain load where bearing deflection rises sharply with any further increase in load.
More detailed information about pressure sensing valves can be found in [2].

6.5 AEROSTATIC BEARINGS

In some applications a gas is used to lubricate the bearings and these are known as aerostatic
bearings. The mechanism of film generation is the same as in liquid bearings. Gas lubricated
bearings offer some advantages such as:

· gas viscosity increases with temperature thus reducing heating effects during over-
load or abnormal operating conditions,

· some gases are chemically stable over a wider temperature range than hydrocarbon
lubricants,

· a non-combustible gas eliminates the fire hazard associated with hydrocarbons,

· if air is selected as the hydrostatic lubricant, then it is not necessary to purchase or
recycle the lubricant,

· gases can offer greater cleanliness and non-toxicity than fluid lubricants.

The viscosities of some gases used in aerostatic bearings are shown in Table 6.1.

TABLE 6.1 Viscosities of various gases at 20°C and 0.1 [MPa] pressure.
 

Gas Viscosity [Pas]

Hydrogen 8.80 × 10-6

Helium 1.96 × 10-5

Nitrogen 1.76 × 10-5

Oxygen 2.03 × 10-5

Carbon Dioxide 1.47 × 10-5

Air 1.82 × 10-5
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Aerostatic bearings are used in the precision machine tool industry, metrology, computer
peripheral devices and in dental drills, where the air used in the bearing also drives the drill.
They are particularly useful for high speed applications and where precision is required since
very thin film thicknesses are possible. The main disadvantage, however, is that the load
capacity of gas lubricated bearings or aerostatic bearings is much lower than the load capacity
of fluid lubricated bearings of the same size. The most commonly used gas is air, but other
gases such as carbon dioxide and helium have been used in specialized systems, e.g. nuclear
technology.

The analysis of aerostatic bearings is very similar to liquid hydrostatic bearings. The main
difference, however, is that the gas compressibility is now a distinctive feature and has to be
incorporated into the analysis. Since the pressures generated in these bearings are much
lower than in liquid lubricated bearings, ambient pressure cannot be neglected and is also
included in the analysis. For example, assuming isothermal behaviour of the gas, the main
performance parameters of the aerostatic flat circular pad bearings can be calculated from the
following formulae [6].

Pressure Distribution

The pressure distribution is found from a simplified form of the compressible Reynolds
equation for radial coordinates with angular symmetry and negligible sliding velocity. The
derivation of the pressure distribution can be found in [5] and the final form of the equation
for pressure at any given radial position between the recess and bearing edge is:

  

p = ps ln(R /R0)
[ [0.5ln(r /R0)1 − [[ pr

pa1 − (( 2

(6.27)

where:

ps is the supply pressure [Pa];

pr is the recess pressure [Pa];

pa is the ambient pressure [Pa];

R is the outer radius of the bearing [m];

R0 is the radius of the recess [m];

r is the radius from the centre of the circular thrust bearing [m].

In spite of the apparent complexity of the above expression, the pressure distribution
approximates to a linear decline of pressure with distance from the recess.

Gas Flow

The gas flow in flat circular aerostatic bearings is given by the expression:
  

Q =
πh3

12η ln(R /R0)
pr

2 − pa
2

pr
(6.28)

where:

h is the film thickness [m];

η is the gas dynamic viscosity [Pas];
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Q is the gas flow (i.e. amount of gas required to maintain the film thickness ‘h’ in a
bearing) [m3/s].

Load Capacity

The expression for load capacity is found by integrating the pressure distribution over the
bearing area. The resulting expression is very complex and is available in [5]. To estimate the
load capacity it is useful to introduce a proportionality constant between the load capacity and
nominal load based on recess pressure and bearing area, i.e.:

  

K* =
W

prπR 2 (6.29)

where:

W is the bearing load capacity [N];

pr is the recess pressure [Pa];

R is the outer radius of the bearing [m].

Values of ‘K*’ as a function of the ratio of bearing radius to recess radius are shown in Figure
6.9.

Radius ratio

1 2 5 10 20 50 100

R /R0�
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 r
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FIGURE 6.9 Values of load factor as a function of bearing geometry for a circular pad
aerostatic thrust bearing.

Friction Torque

The friction torque or friction coefficient of a gas bearing is not usually considered because its
value is extremely small unless the bearing is operating at a very high sliding speed. If it is
necessary to estimate a friction torque, a Petroff approximation can be used. In other words,
the shear rate should be multiplied by the gas viscosity and bearing area. The viscosity of
most gases is not greatly affected by temperature so that the ambient temperature value of
viscosity can safely be used even if the gas leaves the bearing at a high temperature. At high
sliding speeds, turbulent flow of gas in the bearing may occur and this should be checked by
computing the local Reynolds number based on film thickness. The friction torque for flat
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circular pad bearings can be calculated from equation (6.11) provided that laminar flow
prevails.

EXAMPLE

Calculate the load capacity of a 0.1 [m] radius flat circular aerostatic bearing with radius
ratio of 2, and recess pressure of 1 [MPa]. From Figure 6.9, K* = 0.63. The load capacity is
then:

W = π × 106 × 0.12 × 1 × 0.63 = 19 792 [N].

Power Loss

The power loss for most slow sliding speed gas bearings is determined by the pumping power
required since the friction power loss is extremely small. As mentioned already the pumping
power is the product of gas flow rate and the total pressurization required (including losses in
capillaries and supply lines). If the friction power loss is significant then this should be added
to the pumping power loss to give the total power loss. The friction power loss for flat
circular pad bearings can be calculated from equation (6.12).

6.6 HYBRID BEARINGS

Hybrid bearings function by the combined action of hydrostatic and hydrodynamic
lubrication. A bearing technology resembling a hybrid bearing was described in Chapter 4
where a pressurized lubricant supply is used to prevent metallic contact during starting or
stopping of a Michell pad bearing. The principle of augmenting hydrodynamic lubrication
with a hydrostatic effect or vice versa has been developed further than this limited
application. The distinction between a true ‘hybrid bearing’ and the pressurized lubricant
supply to a journal bearing is that in the latter case, the purpose of the extra supply is to
supply cool lubricant into the hottest part of the bearing.

An important difference between hybrid and hydrostatic bearings is the absence of recesses in
the hybrid bearings. Recesses cause reduced hydrodynamic pressures in the loaded parts of
the bearing which are where hydrostatic gas or liquid outlets are usually positioned. As
discussed previously, lubricant supply outlets are usually located remote from the loaded
part of the bearing for efficient hydrodynamic lubrication. An example of a hybrid journal
bearing is shown in Figure 6.10.

Where several lubricant outlets are used it is important to avoid interconnection of the
supply lines. If the supply lines are connected then recirculating flow of lubricant will occur
which reduces the hydrodynamic pressure.

The basic parameters of these bearings such as pumping power and size are designed as for a
hydrostatic bearing and any hydrodynamic effect which improves bearing performance is
regarded as a bonus [2].

6.7 STABILITY OF HYDROSTATIC AND AEROSTATIC BEARINGS

Hydrostatic bearings are subject to vibrational instability particularly under variable loads or
where a gas is used as the lubricant. The mechanism causing vibrational instability is the
same as discussed already in hydrodynamic lubrication, i.e. a resonance dependent on the
stiffness and damping coefficients of the load-carrying film and the coupled mass. ‘Oil whirl’
can also occur in hydrostatic and hybrid journal bearings at high speeds in a similar manner
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to hydrodynamic bearings. Most high-speed externally pressurized bearings are aerostatic and
the analysis of the corresponding vibrational stability is highly specialized. For the practical
prevention of vibrational instability it is important to minimize the depth of the recess in a
hydrostatic bearing since this increases the storage capacity of energy in the bearing,
particularly so if gas is used. The depth of the recess should only be a small multiple of the
design film thickness, e.g. only 10 to 20 times larger but not 100 times larger. A high bearing
stiffness can raise the critical vibration speed in these bearings. The bearing stiffness may be
increased by supplying a gas under higher pressure. The method of gas or liquid supply is
also important, restrictors and capillary compensation are associated with vibration
problems. More information on bearing stability can be found in [2] and [5].
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FIGURE 6.10 Hybrid journal bearing; a) with slots as gas outlets, b) with holes as gas outlets.

6.8 SUMMARY

Hydrostatic lubrication provides complete separation of sliding surfaces to ensure zero or
negligible wear and very low friction. Hydrostatic lubrication is based on the same physical
principles as hydrodynamic lubrication but has certain fundamental differences. There is no
friction force at infinitesimal sliding speeds unlike hydrodynamic lubrication which is a
uniquely useful characteristic in the design and operation of precision control systems. The
disadvantage of hydrostatic lubrication is a complete reliance on an external pressurized
supply of lubricant which means that the pump must be reliable and the supply lines free of
dirt that might block the flow of lubricant. Hydrostatic lubrication with a gas, which is known
as aerostatic lubrication, can provide very low friction even at extremely high sliding speeds
because of the low viscosity of gases. Quasi-ideal characteristics of zero wear and friction are
obtained with hydrostatic or aerostatic lubrication at low to medium contact stresses but a
more complicated technology, e.g. the application of an external high pressure pump, is
required in comparison to other forms of lubrication. Bearing stiffness in these bearings can
also be manipulated more easily than with other types of bearings to suit specific design
requirements.
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E L A S T O H Y D R O D Y N A M I C7 L U B R I C A T I O N

7.1 INTRODUCTION

Elastohydrodynamic lubrication can be defined as a form of hydrodynamic lubrication where
the elastic deformation of the contacting bodies and the changes of viscosity with pressure
play fundamental roles. The influence of elasticity is not limited to second-order changes in
load capacity or friction as described for pivoted pad and journal bearings. Instead, the
deformation of the bodies has to be included in the basic model of elastohydrodynamic
lubrication. The same refers to the changes in viscosity due to pressure.

The existence of elastohydrodynamic lubrication was suspected long before it could be proved
or described using specific scientific concepts. The lubrication mechanisms in conformal
contacts such as those encountered in hydrodynamic and hydrostatic bearings were well
described and defined and the reasons for their effectiveness were well understood.
However, the mechanism of lubrication operating in highly loaded non-conformal contacts,
such as those which are found in gears, rolling contact bearings, cams and tappets, although
effective was poorly understood. The wear rates of these devices were very low which
implied the existence of films sufficiently thick to separate the opposing surfaces, yet this
conclusion was in direct contradiction to the calculated values of hydrodynamic film
thicknesses. The predicted values of film thickness were so low that it was inconceivable for
the contacting surfaces to be separated by a viscous liquid film. In fact, the calculated film
thicknesses suggested that the surfaces were lubricated by films only one molecule in
thickness. In experiments specifically designed to permit only lubrication by monomolecular
films, much higher wear rates and friction coefficients were obtained. This apparent
contradiction between the empirical observation of effective lubrication and the limits of
known lubrication mechanisms could not be explained for a considerable period of time. The
entire problem acquired an aura of mystery and many elaborate experiments and theories
were developed as a result. From the view point of an engineer, the answers to the questions
of what controls the lubrication mechanism and how it can be optimized are very important,
since heavily loaded point contacts are often found, and provision for effective lubrication of
these contacts is critical.

In the 1940's a substantial amount of work was devoted to resolving elastohydrodynamics
and the first realistic model which provided an albeit approximate solution for
elastohydrodynamic film thickness was proposed by Ertel and Grubin. The work was
published by Grubin in 1949 [1]. It was found that the combination of three effects:
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hydrodynamics, elastic deformation of the metal surfaces and the increase in the viscosity of
oil under extreme pressures are instrumental to this mechanism. This lubrication regime is
referred to in the literature as elastohydrodynamic lubrication which is commonly
abbreviated to EHL or EHD. At this stage, it should be realized that elastohydrodynamic
lubrication is effectively limited to oils as opposed to other viscous liquids because of the
pressure-viscosity dependence. It was shown theoretically that under conditions of intense
contact stress a lubricating oil film can be formed. The lubricated contacts in which these
three effects take place are said to be operating elastohydrodynamically, which effectively
means that the contacting surfaces deform elastically under the hydrodynamic pressure
generated in the layer of lubricating film. The lubricating films are very thin, in the range of
0.1 to 1 [µm], but manage to separate the interacting surfaces, resulting in a significant
reduction of wear and friction. Although this regime generally operates between non-
conforming surfaces, it can also occur under certain circumstances in the contacts classified as
conformal such as highly loaded journal and pad bearings which have a significant
component of contact and bending deformation. However, enormous loads are required for
this to occur and very few journal or pad bearings operate under these conditions. Significant
progress has been made towards a complete understanding of the mechanism of
elastohydrodynamic lubrication. The pioneering work in this field was conducted by Martin
(1916) [2], followed by Grubin (1949) [1] and was continued by Dowson and Higginson [3],
Crook [4], Cameron and Gohar [5] and others.

In this chapter the fundamental mechanisms of film generation in elastohydrodynamic
contacts, together with the methods for calculating the minimum film thickness in rolling
bearings and gears will be outlined. Some particular characteristics of elastohydrodynamic
contacts such as traction and flash temperature will be discussed, along with the methods of
their evaluation.

7. 2 CONTACT STRESSES

From elementary mechanics it is known that two contacting surfaces under load will deform.
The deformation may be either plastic or elastic depending on the magnitude of the applied
load and the material's hardness. In many engineering applications, for example, rolling
contact bearings, gears, cams, seals, etc., the contacting surfaces are non-conformal hence the
resulting contact areas are very small and the resulting pressures are very high. From the
view point of machine design it is essential to know the values of stresses acting in such
contacts. These stresses can be determined from the analytical formulae, based on the theory
of elasticity, developed by Hertz in 1881 [6-8]. Hertz developed these formulae during his
Christmas vacation in 1880 when he was 23 years old [7].

Simplifying Assumptions to Hertz's Theory

Hertz's model of contact stress is based on the following simplifying assumptions [6]:

· the materials in contact are homogeneous and the yield stress is not exceeded,

· contact stress is caused by the load which is normal to the contact tangent plane
which effectively means that there are no tangential forces acting between the
solids,

· the contact area is very small compared with the dimensions of the contacting
solids,

· the contacting solids are at rest and in equilibrium,

· the effect of surface roughness is negligible.
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Subsequent refinements of Hertz's model by later workers have removed most of these
assumptions, and Hertz's theory forms the basis of the model of elastohydrodynamic
lubrication.

Stress Status in Static Contact

Consider two bodies in contact under a static load and with no movement relative to each
other. Since there is no movement between the bodies, shearing does not occur at the
interface and therefore the shear stress acting is equal to zero. According to the principles of
solid mechanics, the planes on which the shear stress is zero are called the principal planes.
Thus the interface between two bodies in a static contact is a principal plane on which a
principal stress ‘σ1’ is the only stress acting. It is also known from solid mechanics that the
maximum shear stress occurs at 45° to the principal plane, as shown in Figure 7.1.

If the contact load is sufficiently high then the maximum shear stress will exceed the yield
stress of the material, i.e. τmax > k, and plastic deformation takes place. Material will then
deform (slip) along the line of action of maximum shear stress. The maximum shear stress
‘τmax’, also referred to in the literature as ‘τ45°’ since it acts on planes inclined at 45° to the
interface (in static contacts), is given by:

  

τmax = τ45° = ±k = ±
σ1 − σ3

2( ( (7.1)

The stresses ‘σx’, ‘σz’ and ‘τ’ vary with depth below the interface. An example of the stress field
beneath the surface of two parallel cylinders in static contact is shown in Figure 7.2 [9].

For a circular contact, the subsurface stress field is very similar [9]. It can be seen from Figure
7.2 that the maximum shear stress ‘τ45°’ occurs at some depth below the surface. This depth
depends on load and is therefore related to the contact area. In a circular contact for example,
the maximum shear stress occurs at approximately 0.6a, where ‘a’ is the radius of the contact
area.

Stress Status in Lubricated Rolling and Sliding Contacts

In a lubricated rolling contact, the contact stresses are affected by the lubricating film
separating the opposing surfaces and the level of rolling and sliding. The hydrodynamic film
generated under these conditions and the relative movement of the surfaces cause
significant changes to the original static stress distribution and will be discussed later.

Rolling, in general, results in an increase in contact area and a subsequent modification of
the Hertzian stress field in both dry and lubricated conditions. The most critical influence on
subsurface stress fields, however, is exerted by sliding. To illustrate the effect of sliding on the
stress distribution, consider two bodies in contact with some sliding occurring between them.
Frictional forces are the inevitable result of sliding and cause a shear stress to act along the
interface, as shown in Figure 7.3.

The frictional stress acting at the interface is balanced by rotating the planes of principal
stresses through an angle ‘φ’ from their original positions when frictional forces are absent.
The magnitude of the angle ‘φ’ depends on the frictional stress µq acting at the interface
according to the relation:

φ = 1/2cos−1(µq/k)
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FIGURE 7.1 Stress status in a static contact; σ 1, σ 3 are the principal stresses, p  is the
hydrostatic pressure, k is the shear yield stress of the material.
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FIGURE 7.2 Subsurface stress field for two cylinders in static contact; pmax is the maximum
contact pressure, b is the half width of the contact rectangle [9].

The variation with depth below the interface of the principal shear stress ‘τmax’ for a cylinder
and the plane on which it slides is shown in Figure 7.4. The contours show the principal
shear stress due to the combined normal pressure and tangential stress for a coefficient of
friction µ = 0.2 [9]. It can clearly be seen that as friction force increases, the maximum shear
stress moves towards the interface. Thus there is a gradual increase in shear stress acting at
the interface as the friction force increases. This phenomenon is very important in crack
formation and the subsequent surface failure and will be discussed later.

7.3 CONTACT BETWEEN TWO ELASTIC SPHERICAL OR SPHEROIDAL BODIES

Elastic bodies in contact deform and the contact geometry, load and material properties
determine the contact area and stresses. The contact geometry depends on whether the
contact occurs between surfaces which are both convex or a combination of flat, convex and
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concave. In this section the methods of defining the contact geometry and calculating the
contact stresses and deformations are described.
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FIGURE 7.3 Stresses in a contact with sliding; σ 1, σ3 are the principal stresses, p is the
hydrostatic pressure, k is the shear yield stress of the material, µ is the coefficient
of friction, q is the stress normal to the interface or compressive stress due to
load, φ is the angle by which the planes of principal stress are rotated from the
corresponding zero friction positions to balance the frictional stress.
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FIGURE 7.4 Subsurface stress field for a cylinder sliding on a plane; pmax is the maximum
contact pressure, b is the half width of the contact rectangle [9].

Geometry of Contacting Elastic Bodies

The shape of the contact area depends on the shape (curvature) of the contacting bodies. For
example, point contacts occur between two balls, line contacts occur between two parallel
cylinders and elliptical contacts, which are most frequently found in many practical
engineering applications, occur when two cylinders are crossed, or a moving ball is in contact
with the inner ring of a bearing, or two gear teeth are in contact. The curvature of the bodies
can be convex, flat or concave. It is defined by convention that convex surfaces possess a
‘positive curvature’ and concave surfaces have a ‘negative curvature’ [7]. The following
general rule can be applied to distinguish between these surfaces: if the centre of curvature
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lies within the solid then the curvature is positive, if it lies outside the solid then the
curvature is negative. This distinction is critical in defining the parameter characterizing the
contact geometry which is known as the reduced radius of curvature.

· Two Elastic Bodies With Convex Surfaces in Contact

The configuration of two elastic bodies with convex surfaces in contact was originally
considered by Hertz in 1881 and is shown in Figure 7.5.

  

x

y

x

yRay
Rax

RbxRby

W

W

Elliptical
contact area

Body A

Body B

a
b

FIGURE 7.5 Geometry of two elastic bodies with convex surfaces in contact.

The reduced radius of curvature for this case is defined as:
  

=1
R'

+1
Rx

=1
Ry

+1
Rax

+1
Rbx

+1
Ray

1
Rby

(7.2)

where:
 

=1
Rx

+1
Rax

1
Rbx

 

=1
Ry

+1
Ray

1
Rby

Rx is the reduced radius of curvature in the ‘x’ direction [m];

Ry is the reduced radius of curvature in the ‘y’ direction [m];

Rax is the radius of curvature of body ‘A’ in the ‘x’ direction [m];
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Ray is the radius of curvature of body ‘A’ in the ‘y’ direction [m];

Rbx is the radius of curvature of body ‘B’ in the ‘x’ direction [m];

Rby is the radius of curvature of body ‘B’ in the ‘y’ direction [m].

Convention

The method of arranging the ‘x’ and ‘y’ coordinates plays an important role in the calculation
of contact parameters. It is important to locate the ‘x’ and ‘y’ coordinates so that the following
condition is fulfilled:

  

≥1
Rx

1
Ry

(7.3)

When this rule is applied, the coordinate ‘x’ determines the direction of the semiminor axis
of the contact and the coordinate ‘y’ determines the direction of the semimajor axis [7]. If
1/Rx = 1/Ry then there is a circular contact and when 1/Rx < 1/Ry then it is necessary to
transpose the directions of the coordinates, i.e. ‘x’ becomes ‘y’ and vice versa and ‘Rx’ becomes
‘Ry’.

· Two Elastic Bodies With One Convex and One Flat Surface in Contact

The geometry of a contact between a flat surface and a convex surface is shown in Figure 7.6.
The reduced radius of curvature for this case is defined according to (7.2) as:

 

=1
R'

+1
Rx

=1
Ry

+1
Rax

+1
Rbx

+1
Ray

1
Rby

  

x

y
RayRax

W

Elliptical
contact area

Body A

Body B

FIGURE 7.6 Geometry of two bodies with one convex and one flat surface in contact.

Since one of the contacting surfaces is a plane then it has infinite radii of curvature, i.e.:
 

Rbx = Rby = ∞
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and the reduced radius of curvature becomes:
  

=1
R'

+1
Rx

=1
Ry

+1
Rax

1
Ray

(7.4)

· Two Elastic Bodies With One Convex and One Concave Surface in Contact

The contact geometry between a convex and a concave surface is shown in Figure 7. 7.
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FIGURE 7.7 Geometry of two bodies with one convex and one concave surface in contact.

Body ‘B’ has a concave surface and according to the convention its curvature is negative, i.e.
‘Rbx’ and ‘Rby’ are negative. The reduced radius of curvature for this contact according to
equation (7.2) becomes:

 

=1
R'

+1
Rx

=1
Ry

−1
Rax

+1
Rbx

−1
Ray

1
Rby

(7.5)

or
  

=1
R'

+1
Rax

1
Ray

( ) +1
Rbx

1
Rby

( )−

where:
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Rx
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Rax

1
Rbx

 

=1
Ry

−1
Ray

1
Rby

Contact Area, Pressure, Maximum Deflection and Position of the Maximum Shear Stress

The evaluation of contact parameters is essential in many practical engineering applications.
The most frequently used contact parameters are:

· the contact area dimensions,

· the maximum contact pressure, often called the Hertzian stress,

· the maximum deflection at the centre of the contacting surfaces,

· the position of the maximum shear stress under the surface.

The contact area depends on the geometry of the contacting bodies, load and material
properties. In most cases, the contact area is enveloped by an ellipse such as in the case of two
cylinders crossed at an angle ≠ 90°. A circular contact area is found between two balls in
contact or when two cylinders are crossed at 90°. The contact area between two parallel
cylinders is enclosed by a narrow rectangle. Contact pressures and deflections also depend on
the geometry of the contacting bodies.

Since the formulae for contact parameters were originally developed by Hertz, terms such as
Hertzian contacts or Hertzian stresses can frequently be found in the literature. The solution
suggested by Hertz requires the determination of the ellipticity parameter together with
complete elliptic integrals. This is usually accomplished by numerical procedures or charts.
Numerical iterative procedures were suggested by Hamrock and Anderson in 1973 [10,11].
The simplified equations for the determination of these parameters were developed later in
1977 by Brewe and Hamrock [12,11]. The formulae for the calculations of contact parameters
are summarized in this section. More specialized and detailed information about the above
parameters can be found in [e.g. 7,9,11,13].

· Contact Between Two Spheres

The contact area between two spheres is enveloped by a circle. The formulae for the main
contact parameters of two spheres in contact, shown in Figure 7.8, are summarized in Table
7.1.

TABLE 7.1 Formulae for contact parameters between two spheres.

  

a = 3WR'
E'( )1 /3

a

circle

pmax = 3W
2πa2

Hemispherical
pressure
distribution

paverage = W
πa2 δ = 1.0397 W2

E'2R'( )1 /3

τmax = 1
3

pmax

at a depth of
z = 0.638a

Contact area
dimensions

Average
contact
pressure

Maximum
shear stress

Maximum
contact
pressure

Maximum
deflection
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where:

a is the radius of the contact area [m];

W is the normal load [N];

p is the contact pressure (Hertzian stress) [Pa];

δ is the total deflection at the centre of the contact (i.e. δ = δA + δB; where ‘δA’ and
‘δB’ are the maximum deflections of body ‘A’ and ‘B’ respectively) [m];

τ is the shear stress [Pa];

z is the depth under the surface where the maximum shear stress acts [m];

E ' is the reduced Young's modulus [Pa];

R ' is the reduced radius of curvature [m].
  

RA

W

Circular
contact area

Body A

RB

Body B a

W

FIGURE 7.8 Geometry of the contact between two spheres.

The reduced Young's modulus is defined as:
  

=1
E'

+1 − υA
2

EA
[ ]1

2
1 − υB

2

EB
(7.6)

where:

υA and υB are the Poisson's ratios of the contacting bodies ‘A’ and ‘B’ respectively;

EA and EB are the Young's moduli of the contacting bodies ‘A’ and ‘B’ respectively.

For example, reduced Young's modulus for contact between steel spheres of υsteel = 0.3 and Esteel

= 2.1 × 1011 [Pa] is: E' = 2.308 × 1011 [Pa].
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It can be noted that for the spheres:

Rax = Ray = RA  and   Rbx = Rby = RB

where:

RA and RB are the radii of the spheres ‘A’ and ‘B’ respectively.

Substituting into equation (7.2) gives:
  

=1
R'

+1
Rx

=1
Ry

+1
RA

+1
RB

+1
RA

1
RB

= 2( )+1
RA

1
RB

(7.7)

where:
 

=1
Rx

=1
Ry

+1
RA

1
RB

It should be noted that in some publications the reduced radius for the contact between two
spheres is defined as:

 

1
R'

= +1
RA

1
RB

and consequently the formulae for the contact area dimension ‘a’ and the maximum
deflection ‘δ’ are presented in the slightly altered form:

  

a = 3WR'
2E'( )1 /3

δ = 1.31 W2

E'2R'( )1 /3

,

EXAMPLE

Find the contact parameters for two steel balls. The normal force is W = 5 [N], the radii
of the balls are RA = 10 × 10-3 [m] and RB = 15 × 10-3 [m]. The Young's modulus for both
balls is E = 2.1 × 1011 [Pa] and the Poisson's ratio of steel is υ = 0.3.

· Reduced Radius of Curvature

Since Rax = Ray = RA = 10 × 10-3 [m] and Rbx = Rby = RB = 15 × 10-3 [m] the reduced radii of
curvature in the ‘x’ and ‘y’ directions are:
  

=1
Rx

+1
Rax

1
Rbx

= 1
10 × 10−3 + 1

15 × 10−3 = 166.67 ⇒ Rx = 6 × 10−3 [m]

   

=1
Ry

+1
Ray

1
Rby

= 1
10 × 10−3 + 1

15 × 10−3 = 166.67 ⇒ Ry = 6 × 10−3 [m]

Note that 1/Rx = 1/Ry, i.e. condition (7.3) is satisfied (circular contact), and the reduced
radius of curvature is:
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1
R'

= +1
Rx

1
Ry

= 166.67 + 166.67 = 333.34 ⇒ R' = 3 × 10−3 [m]

· Reduced Young's Modulus
   

=1
E'

+1 − υA
2

EA
[ ]1

2
1 − υB

2

EB

= +1 − 0.32

2.1 × 1011[ ]1
2

1 − 0.32

2.1 × 1011 ⇒ E' = 2.308 × 1011 [Pa]

· Contact Area Dimensions
   

a = 3WR'
E'( )1 /3

= 3 × 5 × (3 × 10−3)
2.308 × 1011( )1 /3

= 5.799 × 10−5 [m]

· Maximum and Average Contact Pressures
   

pmax = 3W
2πa2 = 3 × 5

2π (5.799 × 10−5)2 = 709.9 [MPa]

  

paverage = W
πa2 = 5

π (5.799 × 10−5)2 = 473.3 [MPa]

· Maximum Deflection
   

δ = 1.0397 W2

E'2R'( )1 /3

= 1.0397 52

(2.308 × 1011)23 × 10−3( )1 /3

= 5.6 × 10−7 [m]

· Maximum Shear Stress
  

τmax = 1
3

pmax = 1
3

709.9 = 236.6 [MPa]

· Depth at which Maximum Shear Stress Occurs
  

z = 0.638a = 0.638 × (5.799 × 10−5) = 3.7 × 10−5 [m]

· Contact Between a Sphere and a Plane Surface

The contact area between a sphere and a plane surface, as shown in Figure 7.9, is also circular.
The contact parameters for this configuration can be calculated according to the formulae
summarized in Table 7.1.

The radii of curvature of a plane surface are infinite and symmetry of the sphere applies so
that Rbx = Rby = ∞ and Rax = Ray= RA. The reduced radius of curvature according to (7.2) is
therefore given by:
  

=1
R'

+1
Rx

=1
Ry

+1
RA

+1
∞

+1
RA

1
∞

= 2
RA

(7.8)
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Body B

RA

W

Circular
contact area

Body A

W a

FIGURE 7.9 Contact between a sphere and a flat surface.

where:
 

Rx = Ry = RA

EXAMPLE
Find the contact parameters for a steel ball on a flat steel plate. The normal force is
W = 5 [N], the radius of the ball is RA = 10 × 10-3 [m], the Young's modulus for ball and
plate is E = 2.1 × 1011 [Pa] and the Poisson's ratio is υ = 0.3.

· Reduced Radius of Curvature

Since the radii of the ball and the plate are Rax = Ray = 10 × 10-3 [m] and Rbx = Rby = ∞ [m]
respectively, the reduced radii of curvature in ‘x’ and ‘y’ directions are:
  

=1
Rx

+1
Rax

1
Rbx

= 1
10 × 10−3 + 1

∞
= 100 ⇒ Rx = 0.01 [m]

   

=1
Ry

+1
Ray

1
Rby

= 1
10 × 10−3 + 1

∞
= 100 ⇒ Ry = 0.01 [m]

Condition (7.3), i.e. 1/Rx = 1/Ry is satisfied (circular contact), and the reduced radius of
curvature is:

  

1
R'

= +1
Rx

1
Ry

= 100 + 100 = 200 ⇒ R' = 5 × 10−3 [m]

· Reduced Young's Modulus
   

E' = 2.308 × 1011 [Pa]
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· Contact Area Dimensions
   

a = 3WR'
E'( )1 /3

= 3 × 5 × (5 × 10−3)
2.308 × 1011( )1 /3

= 6.88 × 10−5 [m]

· Maximum and Average Contact Pressures
   

pmax = 3W
2πa2 = 3 × 5

2π (6.88 × 10−5)2 = 504.4 [MPa]

   

paverage = W
πa2 = 5

π (6.88 × 10−5)2 = 336.2 [MPa]

· Maximum Deflection
   

δ = 1.0397 W2

E'2R'( )1 /3

= 1.0397 52

(2.308 × 1011)25 × 10−3( )1 /3

= 4.7 × 10−7 [m]

· Maximum Shear Stress
  

τmax = 1
3

pmax = 1
3

504.4 = 168.1 [MPa]

· Depth at which Maximum Shear Stress Occurs
   

z = 0.638a = 0.638 × (6.88 × 10−5) = 4.4 × 10−5 [m]

· Contact Between Two Parallel Cylinders

The contact area between two parallel cylinders is circumscribed by a narrow rectangle. The
geometry of parallel cylinders in contact is shown in Figure 7.10 and the formulae for the
main contact parameters are summarized in Table 7.2.

TABLE 7.2 Formulae for contact parameters between two parallel cylinders.

  

b = 4WR'
π lE'( )1 /2

rectangle

pmax = W
πbl

Elliptical
pressure
distribution

paverage = W
4bl

δ = 0.319 W
E'l( ) τmax

= 0.304pmax

at a depth of
z = 0.786b

Contact area
dimensions

Average
contact
pressure

Maximum
shear stress

Maximum
contact
pressure

Maximum
deflection

2l

2b 2
3[ )]+ ln(4RARB

b2×

where:

b is the half width of the contact rectangle [m];
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l is the half length of the contact rectangle [m];

R ' is the reduced radius of curvature for the two parallel cylinders in contact [m].
For the cylinders: Rax = RA, Ray = ∞, Rbx = RB, Rby = ∞ where ‘RA’ and ‘RB’ are the
radii of the cylinders ‘A’ and ‘B’ respectively.

Substituting into equation (7.2) yields:
  

=1
R'

+1
Rx

=1
Ry

+1
RA

+1
RB

+1
∞

1
∞

= +1
RA

1
RB

(7.9)

where:

1
Rx

 = 1
RA

 +  1
RB

   and   1
Ry

 = 0

The rest of the parameters are as defined for Table 7.1.

  

RA

R B

W Rectangular
contact area

Body A

W

Body B

2b
2l

2l

2b

FIGURE 7.10 Geometry of the contact between two parallel cylinders.

EXAMPLE

Find the contact parameters for two parallel steel rollers. The normal force is W = 5 [N],
radii of the rollers are RA = 10 × 10-3 [m] and RB = 15 × 10-3 [m], Young's modulus for both
rollers is E = 2.1 × 1011 [Pa] and the Poisson's ratio is υ = 0.3. The length of both rollers is
2l = 10 × 10-3 [m].
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· Reduced Radius of Curvature

Since the radii of the cylinders are Rax = RA = 10 × 10-3 [m], Ray= ∞ and Rbx = RB = 15 × 10-3

[m], Rby= ∞ respectively, the reduced radii of curvature in the ‘x’ and ‘y’ directions are:
   

=1
Rx

+1
Rax

1
Rbx

= 1
10 × 10−3 + = 166.671

15 × 10−3 ⇒ Rx = 6 × 10−3 [m]

   

=1
Ry

+1
Ray

1
Rby

= + 1
∞

= 01
∞

⇒ Ry = ∞ [m]

Since 1/Rx > 1/Ry condition (7.3) is satisfied and the reduced radius of curvature is:
   

1
R'

= 1
Rx

= 166.67 ⇒ R' = 6 × 10−3 [m]

· Reduced Young's Modulus
   

E' = 2.308 × 1011 [Pa]

· Contact Area Dimensions
   

= 4 × 5 × (6 × 10−3)
π × (5 × 10−3) × (2.308 × 1011)( )1 /2

= 5.75 × 10−6 [m]b = 4WR'
π lE'( )1 /2

· Maximum and Average Contact Pressures
  

pmax = W
πbl

= 5
π × (5.75 × 10−6) × (5 × 10−3)

= 55.4 [MPa]

  

paverage = W
4bl

= 5
4 × (5.75 × 10−6) × (5 × 10−3)

= 43.5 [MPa]

· Maximum Deflection
  

= 2.40 × 10−8 [m]

δ = 0.319 W
E'l[ ] 2

3[ )]+ ln(4RARB

b2

= 0.319[ ] 2
3[ )]+ ln(4 × (10 × 10−3) × (15 × 10−3)

(5.75 × 10−6)2
5

(2.308 × 1011) × (5 × 10−3)

· Maximum Shear Stress
  

τmax = 0.304pmax = 0.304 × 55.4 = 16.8 [MPa]

· Depth at which Maximum Shear Stress Occurs

  

   

z = 0.786b = 0.786 × (5.75 × 10−6) = 4.5 × 10−6 [m]
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· Contact Between Two Crossed Cylinders With Equal Diameters

The contact area between two cylinders with equal diameters crossed at 90° is bounded by a
circle. This configuration is frequently used in wear experiments since the contact parameters
can easily be determined. The contacting cylinders are shown in Figure 7.11 and the contact
parameters can be calculated according to the formulae summarized in Table 7.1.

  

Circular
contact area

a

RB

W

Body B

W

RA

Body A

FIGURE 7.11 Geometry of the contact between two cylinders of equal diameters with axes
perpendicular.

Since RA = RB then in this configuration Rax = ∞, Ray = RA, Rbx = RB and Rby = ∞. The reduced
radius according to (7.2) is given by:

  

=1
R'

+1
Rx

=1
Ry

+1
∞

+1
RB

+1
RA

1
∞

= 2
RA

(7.10)

which is the same as for a sphere on a plane surface.

If the cylinders are crossed at an angle other than 0° or 90°, i.e. their axes are neither parallel
nor perpendicular, then the contact area is enclosed by an ellipse. Examples of the analysis of
such cylindrical contacts can be found in the specialized literature [14]. The formulae for
evaluation of parameters of elliptical contacts are described next.

EXAMPLE

Find the contact parameters for two steel wires of the same diameter crossed at 90°. This
configuration is often used in fretting wear studies. The normal force is W = 5 [N], radii
of the wires are RA = RB = 1.5 × 10-3 [m], the Young's modulus for both wires is E = 2.1 ×

1011 [Pa] and the Poisson's ratio is υ = 0.3.
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· Reduced Radius of Curvature

Since the radii of the wires are Rax = ∞, Ray= RA = 1.5 × 10-3 [m], and Rbx = RB = 1.5 × 10-3 [m],
Rby= ∞ respectively, the reduced radii of curvature in the ‘x’ and ‘y’ directions are:
   

=1
Rx

+1
Rax

1
Rbx

= +1
∞

1
1.5 × 10−3 = 666.67 ⇒ Rx = 0.0015 [m]

   

=1
Ry

+1
Ray

1
Rby

= + 1
∞

= 666.671
1.5 × 10−3 ⇒ Ry = 0.0015 [m]

Since 1/Rx = 1/Ry condition (7.3) is satisfied and the reduced radius of curvature is:
   

1
R'

= +1
Rx

1
Ry

= 666.67 + 666.67 = 1333.34 ⇒ R' = 7.5 × 10−4 [m]

· Reduced Young's Modulus
   

E' = 2.308 × 1011 [Pa]

· Contact Area Dimensions
  

a = 3WR'
E'( )1 /3

= 3 × 5 × (7.5 × 10−4)
2.308 × 1011( )1 /3

= 3.65 × 10−5 [m]

· Maximum and Average Contact Pressures
  

pmax = 3W
2πa2 = 3 × 5

2π (3.65 × 10−5)2 = 1791.9 [MPa]

  

paverage = W
πa2 = 5

π (3.65 × 10−5)2 = 1194.6 [MPa]

· Maximum Deflection
  

δ = 1.0397 W2

E'2R'( )1 /3

= 1.0397 52

(2.308 × 1011)2 × (7.5 × 10−4)( )1 /3

= 8.9 × 10−7 [m]

· Maximum Shear Stress
   

τmax = 1
3

pmax = 1
3

1791.9 = 597.3 [MPa]

· Depth at which Maximum Shear Stress Occurs
  

z = 0.638a = 0.638 × (3.65 × 10−5) = 2.3 × 10−5 [m]
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· Elliptical Contact Between Two Elastic Bodies, General Case

Elliptical contacts are found between solid bodies which have different principal relative
radii of curvature in orthogonal planes. Examples of this are encountered in spherical
bearings and gears. The contact area is described by an ellipse. An illustration of this form of
contact is shown in Figure 7.5 and the formulae for the main contact parameters are
summarized in Table 7.3.

TABLE 7.3 Formulae for contact parameters between two elastic bodies; elliptical contacts,
general case.

   

a = k1
3W R'

E'( )1 /3

ellipse

pmax = 3W
2πab

paverage = W
πab

δ = 0.52k3 τmax = k4pmax

at a depth of
z = k5b

Contact area
dimensions

Average
contact
pressure

Maximum
shear stress

Maximum
contact
pressure

Maximum
deflection

a

b

b = k2
3W R'

E'( )1 /3

Elliptical
pressure
distribution

W2

E'2R'( )1 /3

≈ 0.3pmax

where:

a is the semimajor axis of the contact ellipse [m];

b is the semiminor axis of the contact ellipse [m];

R ' is the reduced radius of curvature [m];

k1, k2, k3, k4, k5 are the contact coefficients.

The other parameters are as defined previously. Contact coefficients can be found from the
charts shown in Figures 7.12 and 7.13 [13]. In Figure 7.12 the coefficients ‘k1’, ‘k2’ and ‘k3’ are
plotted against the ‘k0’ coefficient which is defined as:

 

k0 =

−1
Rax

1
Ray

[( ) −1
Rbx

1
Rby

( )+
2 2

+ 2 −1
Rax

1
Ray

( ) −1
Rbx

1
Rby

( )cos2φ]1 /2

+1
Rax

( +1
Ray

+1
Rbx

1
Rby

)
where:

φ is the angle between the plane containing the minimum principal radius of
curvature of body ‘A’ and the plane containing the minimum principal radius
of curvature of body ‘B’. For example, for a wheel on a rail contact φ = 90° while
for parallel cylinders in contact φ = 0°.

The remaining contact coefficients ‘k4’ and ‘k5’ are plotted against the k2/k1 ratio as shown in
Figure 7.13.

A very useful development in the evaluation of contact parameters is due to Hamrock and
Dowson [7]. The method of linear regression by the least squares method has been applied to
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derive simplified expressions for the elliptic integrals required for the stress and deflection
calculations in Hertzian contacts. The derived formulae apply to any contact and eliminate
the need to use numerical methods or charts such as those shown in Figures 7.12 and 7.13.
The formulae are summarized in Table 7.4. Although they are only approximations, the
differences between the calculated values and the exact predictions from the Hertzian
analysis are very small. This can easily be demonstrated by applying these formulae to the
previously considered examples, with the exception of the two parallel cylinders. In this case
the contact is described by an elongated rectangle and these formulae cannot be used. In
general, these equations can be used in most of the practical engineering applications.

  

1.5

2.0

0.5

1.0
1

2

5

10

0

0 0.2 0.4 0.6 0.8 1.00.1 0.3 0.5 0.7 0.9

k0

k3

k2

k1

FIGURE 7.12 Chart for the determination of the contact coefficients ‘k1’, ‘k2’ and ‘k3’ [13].

  

0.2

0.3

0.4

0.5

0.6

0.7

0.8

0 0.2 0.4 0.6 0.8 1.00.1 0.3 0.5 0.7 0.9

k2/k1

k4 & k5

k4

k5

(line contact) (point contact)

FIGURE 7.13 Chart for the determination of contact coefficients ‘k4’ and ‘k5’ [13].
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TABLE 7.4 Approximate formulae for contact parameters between two elastic bodies [7].

  

a = 6k2εWR'
πE'( )1 /3

ellipse

pmax = 3W
2πab

paverage = W
πab

δ = ξ

Contact area
dimensions

Average
contact
pressure

Simplified
elliptical
integrals

Maximum
contact
pressure

Maximum
deflection

a

b

4.5
εR'[( )( 1 /3

b = 6εWR'
πkE'( )1 /3

W
πkE')2]

Ellipticity parameter

ε = 1.0003 +
0.5968Rx

Ry

ξ = 1.5277 + 0.6023ln
Ry

Rx
( )

k = 1.0339
Ry

Rx
( )0.636

where:

ε and ξ are the simplified elliptic integrals;

k is the simplified ellipticity parameter. The exact value of the ellipticity
parameter is defined as the ratio of the semiaxis of the contact ellipse in the
transverse direction to the semiaxis in the direction of motion, i.e. k = a/b.
The differences between the ellipticity parameter ‘k’ calculated from the
approximate formula, Table 7.4, and the ellipticity parameter calculated from
the exact formula, k = a/b, are very small [7].

The other parameters are as defined already.

EXAMPLE

Find the contact parameters for a steel ball in contact with a groove on the inside of a
steel ring (as shown in Figure 7.7). The normal force is W = 50 [N], radius of the ball is
Rax = Ray = RA = 15 × 10-3 [m], the radius of the groove is Rbx = 30 × 10-3 [m] and the radius
of the ring is Rby = 60 × 10-3 [m]. The Young's modulus for both ball and ring is E = 2.1 ×

1011 [Pa] and the Poisson's ratio is υ = 0.3.

· Reduced Radius of Curvature

Since the radii of the ball and the grooved ring are Rax = 15 × 10-3 [m], Ray= 15 × 10-3 [m]
and Rbx = -30 × 10-3 [m] (concave surface), Rby= -60 × 10-3 [m] (concave surface) respectively,
the reduced radii of curvature in the ‘x’ and ‘y’ directions are:
  

=1
Rx

+1
Rax

1
Rbx

= ⇒ Rx = 0.03 [m]+ = 33.331
15 × 10−3

1
−30 × 10−3

  

=1
Ry

+1
Ray

1
Rby

= + = 50.01
15 × 10−3

1
−60 × 10−3 ⇒ Ry = 0.02 [m]

Since 1/Rx < 1/Ry condition (7.3) is not satisfied. According to the convention it is
necessary to transpose the directions of the coordinates, so ‘Rx’ and ‘Ry’ become:

Rx = 0.02 [m]   and   Ry = 0.03 [m]
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and the reduced radius of curvature is:
   

1
R'

= +1
Rx

1
Ry

= 50.0 + 33.33 = 83.33 ⇒ R' = 0.012 [m]

· Reduced Young's Modulus
   

E' = 2.308 × 1011 [Pa]

· Contact Coefficients

The angle between the plane containing the minimum principal radius of curvature of
the ball and the plane containing the minimum principal radius of the ring is:

φ = 0°

The contact coefficients are:
  

k0 =

−1
Rax

1
Ray

[( ) −1
Rbx

1
Rby

( )+
2 2

+ 2 −1
Rax

1
Ray

( ) −1
Rbx

1
Rby

( )cos2φ]1 /2

+1
Rax

( +1
Ray

+1
Rbx

1
Rby

)

=

−1
15 × 10−3

1
15 × 10−3[( ) −1

−60 × 10−3
1

−30 × 10−3( )+
2 2

+ 2 −
15 × 10−3

1
15 × 10−3( ) −1

−60 × 10−3
1

−30 × 10−3( )cos0°]1 /2

+1
15 × 10−3( +1

15 × 10−3 +1
−60 × 10−3

1
−30 × 10−3)

1

= 0.2= 16.67
83.33

From Figure 7.12, for k0 = 0.2:

k1 = 1.17,  k2 = 0.88  and  k3 = 1.98

and from Figure 7.13 where k2/k1 = 0.88/1.17 = 0.75, the other constants have the
following values:

k4 = 0.33  and  k5 = 0.54

· Contact Area Dimensions
  

a = k1
3W R'

E'( )1 /3

= 1.17 3 × 50 × 0.012
2.308 × 1011( )1 /3

= 2.32 × 10−4 [m]
  

b = k2
3W R'

E'( )1 /3

= 0.88 3 × 50 × 0.012
2.308 × 1011( )1 /3

= 1.75 × 10−4 [m]
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· Maximum and Average Contact Pressures
   

pmax = 3W
2πab

= 3 × 50
2π (2.32 × 10−4) × (1.75 × 10−4)

= 588.0 [MPa]

   

paverage = W
πab

= 50
π (2.32 × 10−4) × (1.75 × 10−4)

= 392.0 [MPa]

· Maximum Deflection
   

δ = 0.52k3
W2

E'2R'( )1 /3

= 0.52 × 1.98 502

(2.308 × 1011)20.012( )1 /3

= 1.6 × 10−6 [m]

· Maximum Shear Stress
   

τmax = k4pmax = 0.33 × 588.0 = 194.0 [MPa]

· Depth at which Maximum Shear Stress Occurs
  

z = k5b = 0.54 × (1.75 × 10−4) = 9.5 × 10−5 [m]

It can easily be found that the Hamrock-Dowson approximate formulae (Table 7.4) give
very similar results, e.g.:

· Ellipticity Parameter
 

= 1.3380k = 1.0339
Ry

Rx
( ) 0.03

0.02( )0.636

= 1.0339
0.636

· Simplified Elliptical Integrals
  

= 1.3982ε = 1.0003 +
0.5968Rx

Ry

= 1.0003 +
0.5968 × 0.02

0.03
 

= 1.7719ξ = 1.5277 + 0.6023ln
Ry

Rx
( ) = 1.5277 + 0.6023ln 0.03

0.02( )
· Contact Area Dimensions
  

= 6 × 1.33802 × 1.3982 × 50 × 0.012
π (2.308 × 1011)( )1 /3

= 2.32 × 10−4 [m]a = 6k2εWR'
πE'( )1 /3

   

= 1.73 × 10−4 [m]b = 6εWR'
πkE'( )1 /3

= 6 × 1.3982 × 50 × 0.012
π × 1.3380 × (2.308 × 1011)( )1 /3
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· Maximum and Average Contact Pressures
   

pmax = 3W
2πab

= 3 × 50
2π (2.32 × 10−4) × (1.73 × 10−4)

= 594.8 [MPa]

   

paverage = W
πab

= 50
π (2.32 × 10−4) × (1.73 × 10−4)

= 396.5 [MPa]

· Maximum Deflection
   

= 1.7719 = 1.6 × 10−6 [m]

δ = ξ 4.5
εR'[( )( 1 /3W

πkE')2]
4.5

1.3982 × 0.012[( )( 1 /350
π1.3380 × (2.308 × 1011))2]

When comparing the results obtained by the Hertz theory and the Hamrock-Dowson
approximation it is apparent that the differences between the results obtained by both
methods are very small. Errors due to the approximation on reading values of contact
coefficients from Figures 7.12 and 7.13 may contribute significantly to the difference.

The benefits of applying the Hamrock-Dowson formulae to the evaluation of contact
parameters are demonstrated by the simplification of the calculations without any
compromise in accuracy. Hence the Hamrock-Dowson formulae can be used with confidence
in most practical engineering applications.

Total Deflection

In some practical engineering applications, such as rolling bearings, the rolling element is
squeezed between the inner and outer ring and the total deflection is the sum of the
deflections between the element and both rings, i.e.:

δT = δo + δi (7.11)

where:

δT is the total combined deflection between the rolling element and the inner and
outer rings [m];

δo is the deflection between the rolling element and the outer ring [m];

δi is the deflection between the rolling element and the inner ring [m].

According to the formula from Table 7.4, the maximum deflections for the inner and outer
conjunctions can be written as:

 

δi = ξi
4.5

εiRi'[( )( 1 /3W
πkiE')2]

(7.12)
 

δo = ξo
4.5

εoRo'[( )( 1 /3W
πkoE')2]
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where ‘i’ and ‘o’ are the indices referring to the inner and outer conjunction respectively.
Note that each of these conjunctions has a different contact geometry resulting in a different

reduced radius ‘R'’, ellipticity parameter ‘k’ and simplified integrals ‘ξ ’ and ‘ε’ .
Introducing coefficients which are a function of the contact geometry and material properties,
i.e.:

 

Ki = πkiE'
4.5ξi

3( )εiRi'
1 /2

(7.13)
 

Ko = πkoE'
4.5ξo

3( )εoRo'
1 /2

The deflections can be written as:
 

δi = ( )W 2 /3

Ki
 

δo = ( )W 2 /3

Ko

and
 

δT = ( )W 2 /3

KT

Substituting into equation (7.11) yields:
 

=( )W 2 /3 ( )W 2 /3

+ ( )W 2 /3

KT KoKi

(7.14)

By rearranging the above expression the coefficient ‘KT’ for the total combined deflection, in
terms of the ‘Ki’ and ‘Ko’ coefficients, can be obtained [7], i.e.:

  

=
1 [(( )1 2 /3

+ ( )1 2 /3]3 /2

KT KoKi

(7.15)

It should be realized that the deflections and furthermore the pressures resulting from
different loads cannot be superimposed. This is because Hertzian deflections are not linear
functions of load.

7.4 ELASTOHYDRODYNAMIC LUBRICATING FILMS

The term elastohydrodynamic lubricating film refers to the lubricating oil which separates
the opposing surfaces of a concentrated contact. The properties of this minute amount of oil,
typically 1 [µm] thick and 400 [µm] across for a point contact, and which is subjected to
extremes of pressure and shear, determine the efficiency of the lubrication mechanism under
rolling contact.

TEAM LRN



306 ENGINEERING TRIBOLOGY

Effects Contributing to the Generation of Elastohydrodynamic Films

The three following effects play a major role in the formation of lubrication films in
elastohydrodynamic lubrication:

· the hydrodynamic film formation,

· the modification of the film geometry by elastic deformation,

· the transformation of the lubricant's viscosity and rheology under pressure.

All three effects act simultaneously and cause the generation of elastohydrodynamic films.

· Hydrodynamic Film Formation

The geometry of interacting surfaces in Hertzian contacts contains converging and diverging
wedges so that some form of hydrodynamic lubrication occurs. The basic principles of
hydrodynamic lubrication outlined in Chapter 4 apply, but with some major differences.
Unlike classical hydrodynamics, both the contact geometry and lubricant viscosity are a
function of hydrodynamic pressure. It is therefore impossible to specify precisely a film
geometry and viscosity before proceeding to solve the Reynolds equation. Early attempts by
Martin [2] were made, for example, to estimate the film thickness in elastohydrodynamic
contacts using a pre-determined film geometry, and erroneously thin film thicknesses were
predicted.

· Modification of Film Geometry by Elastic Deformation

 For all materials whatever their modulus of elasticity, the surfaces in a Hertzian contact
deform elastically. The principal effect of elastic deformation on the lubricant film profile is
to interpose a central region of quasi-parallel surfaces between the inlet and outlet wedges.
This geometric effect is shown in Figure 7.14 where two bodies, i.e. a flat surface and a roller,
in elastic contact are illustrated. The contact is shown in one plane and the contact radii are
‘∞’ and ‘R’ for the flat surface and roller respectively.

  

x
hf

heB

W

R

U

hg =
x2

2R

y

heA

Body A

Body B

FIGURE 7.14 Effects of local elastic deformation on the lubricant film profile.

The film profile in the ‘x’ direction is given by [15]:
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h = hf + he + hg

where:

hf is constant [m];

he is the combined elastic deformation of the solids [m], i.e. he = heA + heB;

hg is the separation due to the geometry of the undeformed solids [m], i.e. for the
ball on a flat plate shown in Figure 7.14 hg = x2/2R;

R is the radius of the ball [m].

· Transformation of Lubricant Viscosity and Rheology Under Pressure

The non-conformal geometry of the contacting surfaces causes an intense concentration of
load over a very small area for almost all Hertzian contacts of practical use. When a liquid
separates the two surfaces, extreme pressures many times higher than those encountered in
hydrodynamic lubrication are inevitable. Lubricant pressures from 1 to 4 [GPa] are found in
typical machine elements such as gears. As previously discussed in Chapter 2, the viscosity of
oil and many other lubricants increases dramatically with pressure. This phenomenon is
known as piezoviscosity. The viscosity-pressure relationship is usually described by a
mathematically convenient but approximate equation known as the Barus law:

 

ηp = η0eαp

where:

ηp is the lubricant viscosity at pressure ‘p’ and temperature ‘θ’ [Pas];

η0 is the viscosity at atmospheric pressure and temperature ‘θ’ [Pas];

α is the pressure-viscosity coefficient [m2/N].

As an example of the radical effect of pressure on viscosity, it has been reported that at contact
pressures of about 1 [GPa], the viscosity of mineral oil may increase by a factor of 1 million
(106) from its original value at atmospheric pressure [15].

With sufficiently hard surfaces in contact, the lubricant pressure may rise to even higher
levels and the question of whether there is a limit to the enhancement of viscosity becomes
pertinent. The answer is that indeed there are constraints where the lubricant loses its liquid
character and becomes semi-solid. This aspect of elastohydrodynamic lubrication is the focus
of present research and is discussed later in this chapter. For now, however, it is assumed
that the Barus law is exactly applicable.

Approximate Solution of Reynolds Equation With Simultaneous Elastic Deformation and
Viscosity Rise

An approximate solution for elastohydrodynamic film thickness as a function of load, rolling
speed and other controlling variables was put forward by Grubin and was later superseded by
more exact equations. Grubin's expression for film thickness is, however, relatively accurate
and the same basic principles that were originally established have been applied in later
work. For these reasons, Grubin's equation is derived in this section to illustrate the
principles of how the elastohydrodynamic film thickness is determined.

The derivation of the film thickness equation for elastohydrodynamic contacts begins with
the 1-dimensional form of the Reynolds equation without squeeze effects (i.e. 4.27):
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dp
dx

= 6Uη h − h
h3( )

where the symbols follow the conventions established in Chapter 4 and are:

p is the hydrodynamic pressure [Pa];

U  is the surface velocity [m/s];

η is the lubricant viscosity [Pas];

h is the film thickness [m];

h is the film thickness where the pressure gradient is zero [m];

x is the distance in direction of rolling [m].

Substituting into the Reynolds equation the expression for viscosity according to the Barus
law yields:

 

dp
dx

= 6Uη0eαp h − h
h3( ) (7.16)

To solve this equation, Grubin introduced an artificial variable, known as the ‘reduced
pressure’, defined as:

  

q = ( )1
α

1 − e−αp (7.17)

Differentiating gives:
 

dq
dx

= e−αp dp
dx

When this term is substituted into the Reynolds equation (7.16), a separation of pressure and
film thickness is achieved:

 

dq
dx

= 6Uη0
h − h

h3( ) (7.18)

Two independent controlling variables, i.e. ‘x ’ and ‘h ’, however, still remain and
replacement of either of these variables by the other (since x = f(h)) is required for the
solution. The argument used to achieve this reduction in unknown variables is perhaps the
most original and innovative part of Grubin's analysis.

Grubin observed that at the inlet of the EHL contact, the contact pressure rises very sharply as
predicted by Hertzian contact theory. If a hydrodynamic film is established, then the
hydrodynamic pressure should also rise sharply at the inlet. This sharp rise in pressure can
be approximated as a step jump to some value in pressure comparable to the peak Hertzian
contact pressure. If this pressure is assumed to be large enough then the term e−αp « 1 and it
can be seen from equation (7.17) that q ≈ 1/α. Grubin reasoned that since the stresses and the
deformations in the EHL contacts were substantially identical to Hertzian, the opposing
surfaces must almost be parallel and thus the film thickness is approximately uniform
within the contact. Inside the contact therefore, the film thickness h = constant so that h = h.
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Since ‘h’ occurs where ‘pmax’ takes place Grubin deduced that there must be sharp increase in
pressure in the inlet zone to the contact as shown in Figure 7.15. It therefore follows that
according to this model q ≈ 1/α = constant, dq/dx = 0 and h = h within the contact.

  

Grubin’s model of
contact pressurepmax

p

Hertzian
pressure

BODY A

BODY B

Steep pressure
jump at inlet

h̄

FIGURE 7.15 Grubin's approximation to film thickness within an EHL contact.

A formal expression for ‘q’ is found by integrating (7.18);
  

q = 6Uη0
⌠
⌡h∞

h1

dx
h − h

h3( ) (7.19)

where:

h1 is the inlet film thickness to the EHL contact [m];

h∞ is the film thickness at a distance ‘infinitely’ far from the contact [m].

Since q ≈ 1/α the above equation (7.19) can be written in the form:
 

⌠
⌡h∞

h1

q = = 6Uη0

1
α

dx
h − h

h3( ) (7.20)

After replacing one variable with another (i.e. expressing ‘x’ in terms of ‘h’), this integral is
solved numerically by assuming that the values of film thickness ‘h’ are equal to the distance
separating the contacting dry bodies plus the film thickness within the EHL contact. The
constant of integration is zero for the selected limits of this integral since at any position
remote from the contact, p = 0 and therefore q = 0. The following approximation was
calculated numerically for the integral as applied to a line contact:

  

dx = 0.131
LE'R'( )W −0.625

R'2( )b
R'( )h −1.375⌠

⌡h∞

h1 h − h
h3( ) (7.21)

where:

R' is the reduced radius of curvature [m];

E' is the reduced Young's modulus [Pa];

L is the full length of the EHL contact, i.e. L = 2l, [m];
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b is the half width of the EHL contact [m];

h is the film thickness where the pressure gradient is zero, i.e. Grubin's EHL film
thickness as shown in Figure 7.15 [m];

W is the contact load [N].

Rearranging (7.20) gives:
  

⌠
⌡h∞

dx =
6Uη0α

1h1 h − h
h3( ) (7.22)

The integral term is then eliminated by substituting equation (7.22) into equation (7.21), i.e.:
  

1.275
LE'R'( )W 0.625

bU η0α
R'2

=
R'( )h −1.375

(7.23)

Expressing equation (7.23) as a unit power of h / R ' yields:
  

= 1.193
R'( )h

bUη0α
R'2( )−0.7273

LE'R'( )W −0.4545

(7.24)

Substituting for contact width ‘b’ the Hertzian contact formula (Table 7.2) yields a more
convenient expression for routine film thickness calculation. The expression for ‘b’ (Table
7.2) is:

 

b =
π lE'( )4WR' 1 /2

=
πLE'( )8WR' 1 /2

Substituting into (7.24) gives Grubin's expression for film thickness in the
elastohydrodynamic linear contact, i.e.:

 

= 1.657
R'( )h

R'
Uη0α( )0.7273

LE'R'( )W −0.0909

(7.25)

It can be seen that all the variables are combined in dimensionless groups making the
interpretation of the irrational exponents easier.

Grubin was able to demonstrate with the above expression that oil films with sufficient
thickness to separate typical engineering surfaces existed in concentrated line contacts. The
values of film thickness provided by this approximate formula are surprisingly accurate. The
relative effects of load, rolling velocity and pressure-viscosity dependence are shown in
terms of indices that correspond closely to more exact analyses. The comparatively weak
effect of load should be noted which explains the high load-capacity of elastohydrodynamic
films. More advanced solutions of the elastohydrodynamic film thickness equation involve
the 2-dimensional Reynolds equations and more sophisticated inlet conditions. Grubin also
assumed that the contact was 'fully flooded', i.e. the rolling elements moved in a bath of oil.
More exact work has allowed for the effect of oil shortage in the contact and thermal effects at
high speeds. The exact analysis of elastohydrodynamic lubrication involves a simultaneous
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iterative numerical solution of the equations describing hydrodynamic film formation,
elastic deformation and piezoviscosity in a lubricated Hertzian contact. These are the same
fundamental equations which are described above, but they are solved directly without any
analytical simplifications. The numerical procedures and mathematics involved are
described in detail in [7,11].

Pressure Distribution in Elastohydrodynamic Films

In a static contact, the pressure distribution is hemispherical or ellipsoidal in profile
according to classical Hertzian theory. The pressure field will change, however, when the
surfaces start moving relative to each other in the presence of a piezoviscous lubricant such
as oil. Relative motion between the two surfaces causes a hydrodynamic lubricating film to
be generated which modifies the pressure distribution to a certain extent. The greatest
changes to the pressure profile occur at the entry and exit regions of the contact. The
combined effect of rolling and a lubricating film results in a slightly enlarged contact area.
Consequently at the entry region, the hydrodynamic pressure is lower than the value for a
dry Hertzian contact. This has been demonstrated in numerous experiments. The opposing
surfaces within the contact are almost parallel and planar and film thickness is often
described in this region by the central film thickness ‘hc’. The lubricant experiences a
precipitous rise in viscosity as it enters the contact followed by an equally sharp decline to
ambient viscosity levels at the exit of the contact. To maintain continuity of flow and
compensate for the loss of lubricant viscosity at the contact exit, a constriction is formed close
to the exit. The minimum film thickness ‘h0’ is found at the constriction as shown in Figure
7.16. The minimum film thickness is an important parameter since it controls the likelihood
of asperity interaction between the two surfaces. Viscosity declines even more sharply at the
exit than at the entry to the contact. A large pressure peak is generated next to the constriction
on the upstream side, and downstream the pressure rapidly declines to less than dry Hertzian
values. The peak pressure is usually larger than the maximum Hertzian contact pressure and
diminishes as the severity of lubricant starvation increases and dry conditions are
approached [7]. The size and the steepness of the pressure peak depends strongly on the
lubricant's pressure-viscosity characteristics.

  

h0hc ConstrictionContacting
surfaces

p Hertzian
pressure
distribution

U

Elastohydrodynamic
pressure
distribution

FIGURE 7.16 Hydrodynamic pressure distribution in an elastohydrodynamic contact; hc is the
central film thickness, h0 is the minimum film thickness.

The end constriction to the EHL film is even more distinctive for a ‘point’ contact, e.g. two
steel balls in contact. In this case the contact is circular and the end constriction has to be

TEAM LRN



312 ENGINEERING TRIBOLOGY

curved in order to fit into the contact boundary. This effect is known as the ‘horse-shoe’
constriction and is shown later in Figure 7.22 which illustrates a plan view of the EHL film
(as opposed to the side view shown in Figure 7.16). The minimum film thickness in a point
contact is found at both ends of the ‘horse-shoe’ and at these locations the film thickness is
only about 60% of its central value.

Elastohydrodynamic Film Thickness Formulae

The exact analysis of elastohydrodynamic lubrication by Hamrock and Dowson [7,16]
provided the most important information about EHL. The results of this analysis are the
formulae for the calculation of the minimum film thickness in elastohydrodynamic contacts.
The formulae derived by Hamrock and Dowson apply to any contact, such as point, linear or
elliptical, and are now routinely used in EHL film thickness calculations. They can be used
with confidence for many material combinations including steel on steel even up to
maximum pressures of 3-4 [GPa] [11]. The numerically derived formulae for the central and
minimum film thicknesses, as shown in Figure 7.16, are in the following form [7]:

  

= 2.69
R'
hc

E'R'( )Uη0
0.67( )0.53

αE'
E'R'2( )W −0.067( )1 − 0.61e−0.73k

(7.26)

  

= 3.63
R'
h0

E'R'( )Uη0
0.68( )0.49

αE'
E'R'2( )W −0.073( )1 − e−0.68k

(7.27)

where:

hc is the central film thickness [m];

h0 is the minimum film thickness [m];

U is the entraining surface velocity [m/s], i.e. U = (UA + UB)/2, where the subscripts
‘A’ and ‘B’ refer to the velocities of bodies ‘A’ and ‘B’ respectively;

η0 is the viscosity at atmospheric pressure of the lubricant [Pas];

E ' is the reduced Young's modulus (7.6) [Pa];

R ' is the reduced radius of curvature [m];

α is the pressure-viscosity coefficient [m2/N];

W is the contact load [N];

k is the ellipticity parameter defined as: k = a/b, where ‘a’ is the semiaxis of the
contact ellipse in the transverse direction [m] and ‘b ’ is the semiaxis in the
direction of motion [m].

As mentioned already, the approximate value of the ellipticity parameter can be calculated
with sufficient accuracy from:

 

k = 1.0339
Rx

( )Ry
0.636

where:

Rx , Ry are the reduced radii of curvature in the ‘x’ and ‘y’ directions respectively.
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It can be seen that for line contacts k = ∞ and for point contact k = 1. It has been shown that
the above EHL film thickness equations are applicable for ‘k’ values between 0.1 and ∞ [17].

The non-dimensional groups in equations (7.26) and (7.27) are frequently referred to in the
literature as:

· the non-dimensional film parameter
  

=H
R'
h

· the non-dimensional speed parameter

  

=
E'R'( )Uη0U

· the non-dimensional materials parameter
  

= (αE')G

· the non-dimensional load parameter =
E'R'2( )W

W

· the non-dimensional ellipticity parameter

 

k =
b
a

Effects of the Non-Dimensional Parameters on EHL Contact Pressures and Film Profiles

The changes in the non-dimensional parameters have varying effects on the EHL film
thicknesses and pressures. To demonstrate these effects, Hamrock and Dowson allowed one
specific parameter to vary while holding all the other parameters constant [7].

· Effect of the Speed Parameter

As would be expected from the need for relative movement to generate a hydrodynamic
pressure field, the speed parameter has a strong effect on EHL. The influence of the speed
parameter ‘U ’ on the pressure and film thickness profiles is shown in Figure 7.17. The
pressure and film profiles are calculated for: k = 6, W = 7.371 × 10-7 and G = 4.522 × 103 [7].

It can be seen that in the inlet region there is a gradual increase in pressure with speed and a
corresponding decline in pressure in the outlet region of the Hertzian contact area. The effect
of elevated speed is to radically distort the pressure profile from the Hertzian form to the
profile of a sharply pointed peak. This change in pressure profile increases the maximum
contact pressure for a given load which may cause damage to the underlying material. When
the speed parameter is reduced, the pressure profile reverts to the Hertzian form, but with a
pressure peak at the exit constriction. The effect of the speed parameter on the film thickness
profile is to (a) increase film thickness, (b) reduce the proportion of contact area where the
two surfaces are virtually parallel, and (c) increase the proportion of contact area covered by
the exit constriction. The first effect, i.e. increase in the film thickness, is the most significant;
while the importance of the other effects is unclear. It is evident that the film thickness
varies considerably with speed, which illustrates the dominant effect of the non-dimensional
speed parameter on the minimum film thickness in elastohydrodynamic contacts.

These findings have been confirmed experimentally by many researchers. The experiments
usually demonstrated a remarkable agreement with theory. The pressure distribution,
position of the pressure peak and film profile could be accurately and effectively predicted at
a particular velocity and load. There was, however, some discrepancy concerning the height
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of the pressure peak since the measured peak was very much smaller than that predicted by
theory. This was eventually rectified by introducing the lubricant compressibility into the
calculations which resulted in a reduction in the pressure spike [18].
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FIGURE 7.17 Effects of speed parameter ‘U’ on the pressure and film thickness in an EHL
contact; b is the semiaxis of the contact ellipse in the direction of motion [7].

· Effect of the Materials Parameter

In general terms, the type of materials used will determine the regime of hydrodynamic
lubrication, whether it is true EHL or some other variant. For example, substituting rubber
for steel reduces the contact stress sufficiently to preclude the pressure dependent viscosity
rise found in EHL. It is, however, difficult to show the effect of small variations of the
materials parameter on EHL since the dimensioned parameters defining the materials
parameter, such as the reduced Young's modulus, are also included in the non-dimensional
load and speed parameters. The minimum film thickness as a function of the material
properties and these other parameters can be written as [7]:

Hmin α G0.45

· Effect of Load Parameter

Load also has a strong effect on film thickness in general and more importantly on the
minimum film thickness at the exit constriction. Figure 7.18 shows the effect of varying load
parameter on hydrodynamic pressure and film thickness for constant values of ellipticity,
speed parameter and materials parameter: k = 6, U = 1.683 × 10-12, G = 4.522 × 103 [7].
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FIGURE 7.18 Effects of load parameter on pressure and film thickness in EHL contacts; b is as
defined previously [7].

It can be seen that as the load is increased, hydrodynamic pressure becomes almost
completely confined inside the nominal Hertzian contact area. This effect is so strong that
with an increase in load, pressure outside the contact area, i.e. at the inlet, actually declines.
The increase in load also causes an increase in film thickness between the inlet and exit
constriction which is a re-entrant profile. This feature is attributed to lubricant
compressibility [7].

It is evident that the central film thickness declines with load till a certain level where film
thickness becomes virtually independent of load. This is a very useful feature of EHL but it
should also be noted that the minimum film thickness at the constriction does not decline
significantly with increased load.

· Effect of Ellipticity Parameter

Ellipticity has a strong effect on the hydrodynamic pressure profile and film thickness. Figure
7.19 shows pressure and film thickness profiles for ‘k’ ranging from 1.25 to 6 for the following
values of the non-dimensional controlling parameters: U = 1.683 × 10-12, W = 1.106 × 10-7 and
G = 4.522 × 103 [7]. The profile is shown for a section codirectional with the rolling velocity.

The pressure ‘spike’ is predicted for k = 1.25 and 2.5 but not for k = 6. The film thickness
appears to increase in proportion to ‘k’ and this trend is due to the relative widening of the
contact which enhances the generation of hydrodynamic pressure for a given film thickness
by preventing side leakage of lubricant. The re-entrant form of the film profile when k = 1.25
is attributed to lubricant compressibility. When the compressibility is considered, the local
film thickness is reduced by an amount corresponding to the change in fluid volume with
pressure.
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FIGURE 7.19 Effect of ellipticity parameter on pressure and film thickness in an EHL contact;
b is as defined previously [7].

Lubrication Regimes in EHL - Film Thickness Formulae

Although the EHL film thickness equations (7.26) and (7.27) apply to most of the
elastohydrodynamic contacts, there may be some practical engineering applications where
more precise formulae can be used. For example, in heavily loaded contacts where the elastic
deformations and changes in viscosity with pressure are significant, equations (7.26) and
(7.27) give accurate film thickness predictions. However, there are other engineering
applications, such as very lightly loaded rolling bearings where the elastic and viscosity
effects are small, yet the contacts are classified as elastohydrodynamic. The magnitude of
elastic deformation and changes in lubricant viscosity depend mostly on the applied load and
the Young's modulus of the material. Depending on the values of load and material
properties, the changes in film geometry and lubricant viscosity can be either more or less
pronounced. In general, four well defined lubrication regimes are distinguished in full-film
elastohydrodynamics [7]. Each of these regimes is characterized by the operating conditions
and the properties of the material. Accurate equations for minimum film thickness have
been developed for each of these regimes which are:

· isoviscous-rigid body (comparable to classical hydrodynamics),

· piezoviscous-rigid body,

· isoviscous-elastic body,

· piezoviscous-elastic body (as discussed in this chapter).

In engineering calculations it is important to first assess which EHL regime applies to the
contact or mechanical component under study and then apply the appropriate equation to
determine the minimum film thickness.
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It has also been observed in the literature that the set of non-dimensional parameters used in
the film thickness formulae (7.26 and 7.27), i.e. ‘H’, ‘U’, ‘G’, ‘W’ and ‘k’, can be reduced by one
parameter without any loss of generality. New non-dimensional parameters expressed in
terms of those already defined have been suggested [7]:

· the non-dimensional film parameter (new)

 

H = H
U( )W 2

^

· the non-dimensional viscosity parameter (new)

  

GV =
U2

GW3

· the non-dimensional elasticity parameter (new)

 

GE =
U2

W8 /3

· the non-dimensional ellipticity parameter (unchanged)

 

k =
b
a

The utility of this simplification of controlling parameters is that it enables identification of
the operating parameters and also facilitates the construction of a chart defining the regimes
of elastohydrodynamic lubrication.

The film thickness formulae for the four regimes of EHL mentioned above are presented
below starting with the simplest case of isoviscous-rigid body.

· Isoviscous-Rigid

In the isoviscous-rigid regime, elastic deformations are small and can be neglected. The
maximum film pressure is too low to significantly increase the lubricant viscosity. This
regime is typically found in very lightly loaded rolling bearings.

The non-dimensional minimum and central film thickness can be calculated from the
formula [7]:

  

2( )αa[ ]0.131tan−1Hmin = Hc = 128αaλb
2 + 1.683

2
^ ^

(7.28)

where:

Hmin is the non-dimensional minimum film thickness;

Hc is the non-dimensional central film thickness;

αa and λb are coefficients which can be calculated from:
 

RBαa =
RA

≈ 0.955k

 

k( )0.698
λb =

−1

1 +

k is the ellipticity parameter as previously defined.
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It can be seen that the minimum film thickness is only a function of the geometry of the
contact.

· Piezoviscous-Rigid

In the piezoviscous-rigid regime, the elastic deformations are very small and can be neglected
but the film pressures are sufficiently high to significantly increase the lubricant viscosity
inside the contact. This regime is typically found in moderately loaded cylindrical tapered
rollers and some piston rings and cylinder liners. The non-dimensional minimum and
central film thickness for this regime can be calculated from the equation [7]:

  

Hmin = Hc = 1.66GV
2 /3(1 − e−0.68k)

^ ^

(7.29)

· Isoviscous-Elastic

In the isoviscous-elastic regime of EHL, the elastic deformations of contacting surfaces make
a considerable contribution to the thickness of the generated film. The film pressures are
either too low to raise the lubricant viscosity or else the lubricant viscosity is relatively
insensitive to pressure. A prime example of such a lubricant is pure water (but not
necessarily an aqueous solution of another substance). This regime is typically found between
contacting solids with low Young's moduli, e.g. human joints, seals, tyres, etc.

The non-dimensional minimum and central film thickness can be calculated from the
following equations [7]:

 

Hmin = 8.70GE
0.67(1 − 0.85e−0.31k)

^

(7.30)

 

Hc = 11.15GE
0.67(1 − 0.72e−0.28k)

^

(7.31)

· Piezoviscous-Elastic

Under piezoviscous-elastic conditions, film thickness is controlled by the combined action of
elastic deformation and viscosity elevation as discussed previously. This regime is a form of
fully developed elastohydrodynamic lubrication typically encountered in rolling bearings,
gears, cams and followers, etc.

The non-dimensional minimum and central film thicknesses can be calculated from the
formulae [7]:

 

Hmin = 3.42GV
0.49GE

0.17(1 − e−0.68k)
^

(7.32)

  

Hc = 3.61GV
0.53GE

0.13(1 − 0.61e−0.73k)
^

(7.33)
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Identification of the Lubrication Regime

As mentioned earlier, it is important to identify which lubrication regime a specific machine
component is operating in before applying a film thickness equation. Hamrock and Dowson
produced a map of lubrication regimes [7,19] to simplify this identification. An example of
this map for a value of the ellipticity parameter, k = 1, is shown in Figure 7.20 [7].
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FIGURE 7.20 Map of lubrication regimes for an ellipticity parameter k =1 [7].

Elastohydrodynamic Film Thickness Measurements

Various elastohydrodynamic film thickness measurement techniques have been developed
over the years. These can be generally classified as electrical resistance, capacitance, X-ray,
mechanical and optical interferometry methods.

The electrical resistance method involves measuring the electrical resistance of the
lubricating film. The method is useful for the detection of lubricating films, but there are
some problems associated with the assessment of the film thickness. The resistance is almost
zero when metal-to-metal contact is established between the asperities of opposite surfaces
and then increases in quite a complex manner with the thickness of lubricating film. The
method is primarily used in detecting the breakdown of lubricating films in contact. Many
difficulties arise in the evaluation of film thickness and the method is rather unreliable.

The electrical capacitance method involves the measurement of the electrical capacity of the
lubricating film. The film thickness can be estimated to reasonable accuracy by this method.
A major problem associated with this method is that the dielectric constant of the lubricating
oil varies with temperature and pressure. The constant must be determined before the
measurements of film thickness. The electrical capacitance method was pioneered by Crook
[20] who measured the film thickness between steel rollers and refined later by Dyson et al.
[21].

The X-ray method involves passing an X-ray beam through the lubricated contact between
two surfaces. Since the lubricant scarcely absorbs the X-rays whereas the absorption by the
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metallic contacting bodies is very strong, the differences in film thickness can be detected.
The technique was originally developed by Sibley et al. [22,23]. In the experiments conducted,
the X-ray beam was shone along the tangent plane between two lubricated rolling discs and
the film thickness was evaluated from the radiation intensity measurements of the emerging
beam. The problems in applying this technique are principally associated with maintaining
the parallelism of the beam to the common tangent of the contacting surfaces and with the
calibration of film thickness [7].

The mechanical methods involve the measurements of differences in strain caused by
elastohydrodynamic films. Strain-gauges are used for measurements. The method was
developed by Meyer and Wilson [24] to measure the EHL film thickness in a ball bearing. The
main advantage of this method is that it can be used for EHL film thickness evaluation in
real operating machinery. The other methods usually require the simulation of the EHL
contact in an experimental apparatus.

The optical interferometry method of elastohydrodynamic film thickness measurement was
first pioneered by Kirk [25] and Cameron and Gohar [26]. In its original form, the method
utilizes a steel ball which is driven in nominally pure rolling by a glass disc as shown in
Figure 7.21. The disc is coated on one side with an approximately 10 [nm] thick semi-
reflecting layer of chromium. When the disc is rotated in the presence of lubricant an
elastohydrodynamic film is formed between the ball and the disc. White light is shone
through the contact between the glass disc and the steel ball. The semi-reflecting chromium
layer applied to the surface of the disc reflects off some of the light while some light passes
through the lubricant and is reflected off the steel ball. The intensity of the two reflected
beams is similar and they will either constructively or destructively interfere to produce an
interference pattern, resulting in a graduation of colours depending on film thickness. Since
the elastohydrodynamic film thickness is of the same order as the wavelength of visible
light, it can be used to measure the generated elastohydrodynamic film thickness. The
interference pattern is reflected back through the objective to the viewing port of the
microscope. The corresponding optical film thickness is determined from the colours of the
optical interference pattern and the real film thickness found after dividing the optical film
thickness by the refractive index of the fluid.
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FIGURE 7.21 Schematic diagram of the apparatus for measurement of the EHL film thickness
by the optical interferometry technique.

A schematic representation of the observed image for a point contact is shown in Figure 7.22.
The ‘horse-shoe’ shaped constriction found in the elastohydrodynamic film is clearly
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evident. One of the great advantages of this method is that a ‘contour map’ of the contact can
be obtained from the image [26].

The method of interferometric film measurement, however, has to be calibrated before its
application, i.e. the film thickness corresponding to a particular fringe colour must be
known. Calibration can be performed by using sodium monochromatic light to illuminate
the contact. There are distinct advantages in using monochromatic light for calibration. As
the film thickness increases, there are corresponding phase changes in the observed
interference fringes. Since the sodium light used is monochromatic there is no graduation of
colours and as the phase change occurs there is a corresponding change only from black to
yellow and vice versa. When white light is used the phase change would be manifested by a
colour change from yellow through red and blue to green, etc. (the colour change cycle will
repeat). The phase changes found with monochromatic light can be related to the film
thickness since the change in colour occurs at every λ/4 increase in the film thickness (where
‘λ’ is the wavelength of sodium light, i.e. λ = 0.59 [µm]). A calibration curve between film
thickness and the corresponding phase change is obtained. The technique of obtaining this
calibration curve is described in [27]. During the calibration process, the ball is placed on a
stationary glass disc covered with oil. When stationary, the observed image is dark in the
centre and the zero order fringe defines the Hertzian contact diameter. The speed of the disc
is then slowly increased until a phase change occurs and all the dark fringes in the contact
turn to yellow and then the yellow fringes turn dark, etc. The measurements are now
conducted with white light since the change in colours (phase change) are already related to
corresponding changes in the film thickness. In this manner a calibration curve, allocating a
specific film thickness to a particular colour, is obtained.
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FIGURE 7.22 Schematic representation of the interferometric image of the contact area under
EHL conditions [69].

It may be noticed that the optical interferometry method of elastohydrodynamic film
thickness measurement also allows for the accurate measurements of the pressure-viscosity
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coefficient at high shear rates. Since the variables such as film thickness ‘hc’, load ‘W ’,
velocity ‘U’, reduced radius of curvature ‘R'’, lubricant viscosity at atmospheric pressure ‘η0’,
reduced Young's modulus ‘E'’ and the ellipticity parameter ‘k’ are known then the pressure-
viscosity coefficient ‘α’ can be calculated from equation (7.26). The major advantage of using
this technique in the evaluation of pressure-viscosity coefficient is that the coefficient is
being determined at the realistically high shear rates which operate in EHL contacts. High
pressure viscometers which are usually used in determining the values of pressure-viscosity
coefficient give its values at very low shear rates of about 102 - 103 [s-1] . Since the shear rates
found in elastohydrodynamic contacts are very high, in the range of 106 - 107 [s-1], this
methods gives more realistic estimates of the pressure-viscosity coefficient.

The major limitation of the optical interferometry method is that one of the contacting
bodies must be transparent. This restriction limits optical interferometry as essentially a
laboratory technique.

To summarize, although it is possible to measure EHL film thickness accurately in a
laboratory apparatus simulating real contacts, the measurement of EHL film thickness in
practical engineering machinery is very difficult and accurate results are almost impossible to
obtain.

7.5 MICRO-ELASTOHYDRODYNAMIC LUBRICATION AND MIXED OR PARTIAL EHL

In the evaluation of EHL film thickness it has been assumed that the contacting surfaces
lubricated by elastohydrodynamic films are flat. In practice, however, the surfaces are never
flat, they are rough, covered by features of various shapes, sizes and distribution. The
question arises of how the surface roughness affects the mechanism of elastohydrodynamic
film generation. For example, it has been reported that many engineering components
operate successfully, without failure, with a calculated minimum film thickness of the same
order as the surface roughness [28]. However, the question is: how are these surfaces
lubricated?

If the surface asperities are of the same height as the elastohydrodynamic film thickness then
one may wonder whether there is any separation at all between the surfaces by a lubricating
film. For example, EHL film thickness is often found to be in the range of 0.2 - 0.4 [µm] which
is similar to the surface roughness of ground surfaces.

Local film variation as a function of local surface roughness is perhaps best characterized by a
parameter proposed by Tallian [29]. The ratio of the minimum film thickness to the
composite surface roughness of two surfaces in contact is defined as:

 

λ = h0

(σA
2 + σB

2)0.5
(7.34)

where:

h0 is the minimum film thickness [m];

σA is the RMS surface roughness of body ‘A’ [m];

σB is the RMS surface roughness of body ‘B’ [m];

λ is the parameter characterizing the ratio of the minimum film thickness to the
composite surface roughness.

Measured values of ‘λ’ have been found to correlate closely with the limits of EHL and the
onset of damage to the contacting surfaces. A common form of surface damage is surface
fatigue where spalls or pits develop on the contacting surfaces and prevent smooth rolling or
sliding. It is also possible for wear, i.e. surface material uniformly removed from the
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contacting surface, to occur when EHL is inadequate. The rapidity of pitting and spalling or
simple wear is described in terms of a fatigue life which is the number of rolling/sliding
contacts till pitting is sufficient to prevent smooth motion between the opposing surfaces.
The relationship between ‘λ’ and fatigue life is shown in Figure 7.23.
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FIGURE 7.23 Effects of minimum film thickness and composite surface roughness on contact
fatigue life [29].

It has been found that if ‘λ’ is less than 1, surface smearing or deformation accompanied by
wear can occur. When ‘λ’ is between 1 and 1.5 surface distress is possible. The term ‘surface
distress’ means that surface glazing and spalling will occur. When the surface has been
‘glazed’, it is assumed that the original surface roughness has been suppressed by extreme
plastic deformation of the asperities. For the values of ‘λ’ between 1.5 and 3 some glazing of
the surface may occur, however, this glazing will not impair bearing operation or result in
pitting. At values about 3 or greater minimal wear can be expected with no glazing. When ‘λ’
is greater than 4, full separation of the surfaces by an EHL film can be expected.

As mentioned already it has been found that a great percentage of machine elements operate
quite well even though λ ≈ 1, i.e. in the region of ‘possible surface distresses’. This would
suggest that in order for lubrication to be effective, elastic deformation which flattens the
asperities occurs and elastohydrodynamic lubrication is established between the asperities.
This poorly understood process where asperities are somehow prevented from contacting
each other is known as ‘micro-elastohydrodynamic lubrication’ or ‘micro-EHL’.

Partial or Mixed EHL

In many instances of EHL, direct contact between the deformed asperities will still occur in
spite of the presence of micro-EHL. If the lubricating film separating the surfaces is such that
it allows some contact between the deformed asperities then this type of lubrication is
considered in the literature as ‘mixed’ or ’partial lubrication’. The contact load is shared
between the contacting asperities and the film when mixed or partial lubrication prevails.
The theory describing the mechanism of partial elastohydrodynamic lubrication was
developed by Johnson, Greenwood and Poon [30]. It was found that during partial
lubrication, the average surface separation between two rough surfaces is about the same as
predicted for smooth surfaces. It has also been found that the average asperity pressure
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depends on the composite (RMS) surface roughness ‘σ’ and, since the mean separation of
rough surfaces approximately equals the minimum film thickness ‘h0’, the number of
contacting asperities is also a function of ‘λ’, i.e. λ = h0/σ [11,30]. In the central part of the EHL
film, the asperity pressure is nearly uniform. From the simple examination of the EHL film
thickness equations (7.26) and (7.27) it is clear that the film thickness is almost independent
of load. Thus the asperity pressure must also be load independent. With the increasing load,
the contact area increases and consequently the number of asperity contacts increases [31]. The
number of asperities deforming plastically depends on the plasticity index and the ‘λ’
parameter. According to the classical Greenwood-Williamson model the plasticity index is
defined as [31]:

if         E'
H

 ×   σ*
r

0.5
 < 0.6     elastic contact and

if         E'
H

 ×   σ*
r

0.5
 > 1     plastic contact

where:

E ' is the composite Young's modulus [Pa]. Note that the composite Young's
modulus differs from the reduced Young's modulus (eq. 7.6) by a factor of 2, i.e.:

=1
E'

+1 − υA
2

EA

1 − υB
2

EB
(7.35)

H is the hardness of the deforming surface [Pa];

σ* is the standard deviation of the surface peak height distribution [m];

r is the asperity radius, constant in this model [m].

In this theory, however, the effects of asperity interaction, which could affect the mechanism
of lubrication by raising the entry temperature to the contact, were not considered [30]. More
information on plasticity index can be found in Chapter 10.

The shape of the asperities, not just their size compared to the EHL film thickness, is believed
to be important. In a model by Tallian et al. [32] it was assumed that the shape of asperity
peaks is prismatic with a rounded tip whereas Johnson et al. [30] assumed hemispherical
shape of the peaks. It has been found that the ‘sharp peaks’, i.e. asperities with high slope or
low radius sustained a higher proportion of the contact load than ‘flat peaks’, i.e. asperities
with a low slope or large radius. Improved surface finish enables a diminished fraction of
contact load supported by the asperities and the likelihood of a perfect elastohydrodynamic
film is enhanced. When surfaces are polished to an extreme smoothness, however, a
contrary trend to lowered load capacity is probable. It has often been observed in engineering
practice that if the surface is too smooth, e.g. with a surface roughness of 0.001 [µm] Ra, then
there is a risk of sudden seizure. In this instance it is commonly believed that small asperities
play a useful role as a reservoir for the lubricant by entrapment between asperities. Under
extremes of contact pressures the trapped lubricant can be expelled by asperity deformation to
provide a final reserve of lubricating oil. The effect of surface roughness on partial EHL is
illustrated in Figure 7.24.

Another characteristic feature of this lubrication regime is a progressive change in contact
geometry and surface roughness because of wear occurring. The primary effect of lubrication
is to alter the distribution of wear within the contact and create a wedge shaped film
geometry [70]. It has been found that the plane of the wear scar on the ball slid against a steel
disc is tilted relative to the plane of sliding. Under dry sliding conditions this ‘tilt’ of the wear
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scar does not occur, i.e. wear scar remains parallel to the worn surface. The ‘tilt’ is also not
observed for very smooth surfaces. The amount of wear that produces this ‘tilt’ is limited to a
depth which is approximately equal to the original surface roughness. At high levels of
surface roughness, the EHL film sustains a reduction in minimum film thickness and ‘tilt’
formation is obscured or prevented by rapid wear of the contact [70].
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FIGURE 7.24 Effect of roughness and asperity shape on survival of EHL films.

Micro-Elastohydrodynamic Lubrication

Micro-EHL is a poorly understood lubrication concept that has only recently been invoked to
explain the survival of heavily loaded concentrated contacts.

A lubrication mechanism acting when two surfaces have a relative separation of λ ≈ 1 was
proposed by Sayles [33]. It was suggested that on the contacting surfaces there are features of
the surface waviness which exhibit wavelengths of the same order but shorter than the
contact width. On these features a much finer random surface texture of very much shorter
wavelength is superimposed, as shown in Figure 7.25. These surface features may deform
elastically under EHL pressures to conform with similar features on the other contacting
surface. Surfaces with wavy features are found in most practical applications.

 

b

FIGURE 7.25 Surface texture of the contacting surfaces; b is the semiaxis of the contact ellipse
in the direction of motion.

The size of an asperity or a protuberance from the surface has a strong influence on the load
required for plastic deformation. In simple terms, when an asperity becomes smaller, its
corresponding radius of curvature must also be reduced whatever the shape of the asperity.
Applying the Hertzian theory of contact stresses, the load required to generate a constant
stress in an asperity declines sharply with diminished radius of curvature. For a surface
composed of asperities with a range of radii of curvature, a combined occurrence of limited
elastic deformation and severe plastic deformation is possible. Returning to the concept of
surface wavelength, an approximate proportionality between surface wavelength and radius
of curvature can be assumed and this observation was developed further in Sayles model as
is described below.

The wavelengths smaller than the contact width constitute the surface features that can be
deformed elastically, while the fine surface texture forms the smaller features which can be
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deformed plastically or even partially removed during metal-to-metal contact. It is thought
that the elastic deformation of surface features forces them to conform to the opposing
surface and allows full EHL or micro-EHL lubrication to prevail despite the low λ values, e.g.
λ ≈ 1. Experiments conducted on an optical interferometry rig seem to confirm this theory
[34]. Studies of contacts generated between a glass disc and a steel ball deliberately roughened
by laser irradiation revealed that the elastic deformations taking place between the wave
features, which were smaller then the width of the contact, seemed to play a major role in
inhibiting the metal-to-metal contacts under EHL conditions. In such cases it is plausible that
micro-EHL functions between these elastically deforming surface features. The directionality
of roughness is also significant [35]. Micro-EHL is favoured by alignment of the grooves or
‘lay’ of a surface roughness normal to the direction of rolling or sliding since this
arrangement creates a series of microscopic wedges. It was also found that lubricating oils
containing additives in high concentrations, such as ZnDDP, tend to influence the measured
EHL film thickness. ZnDDP, in particular, was found to increase film thickness at low rolling
speeds where it is believed there is sufficient time between successive contacts for a
protective film to form on the worn surface [71].

The possible mechanism of micro-EHL is shown in Figure 7.26 where the asperities are
separated by transient squeeze films. The high viscosity of oil in an EHL contact would
ensure that such squeeze forces are large enough to deform and flatten the asperities.
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FIGURE 7.26 Mechanism of micro-elastohydrodynamic lubrication.

There are many different models of the micro-elastohydrodynamic lubrication regime [e.g.
36-40] in which the lubrication film between a single asperity and a smooth surface in rolling,
sliding and even collision between the asperities is considered.

An example of such analysis is shown in the work of Houpert and Hamrock [41] where the
problem of a single asperity (surface bump) of approximately half the Hertzian contact width,
passing through a rolling-sliding line contact was considered. The results of the numerical
simulation are shown in Figure 7.27. It can be seen that under very high pressures, the shape
of the bump and the pressure profile change. A large pressure spike is formed on the bump
traversing the contact.

When the surface is covered with a series of small bumps and other imperfections there will
be a number of corresponding pressure peaks superimposed on the smooth macroscopic
pressure distribution as these surface features pass through the contact representing the
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micro-EHL pressure disturbances. The size of these pressure peaks depends on the asperity
wavelength and height. Studies of the elastohydrodynamic lubrication of surfaces with such
wavy features seem to indicate that such pressure ripples can indeed develop on a nominally
smooth elastohydrodynamic pressure distribution [11,42]. If the local pressure variation is
sufficiently large then elastic asperity deformation takes place and the micro-
elastohydrodynamic lubricating films are generated inhibiting contact between the asperities.
The generated local pressures can significantly affect the stress distribution underneath the
deforming asperities which can influence wear (i.e. contact fatigue). It was found that under
practical loads the localized stress directly under the surface defect can often exceed the yield
stress of the material [11,43].

   

x
b

x =

p
pmax

0

0.5

1.0

1.5

-3 -2 -1 0 1

Profile with bump
Profile without bump

Undeformed
bump

FIGURE 7.27 Pressure distribution and surface deformation of a single asperity passing
through the EHL contact, where W = 2.5 × 10-5, U = 1.3 × 10-11, G = 8000, slide to
roll ratio U2/U1 - 1 = 10, depth of the bump 1 [µm], width of the bump 0.5 [µm]
[41].

The phenomenon of micro-EHL is a very important research topic of many current and
future studies. The development of an accurate model of micro-EHL is fundamental to
tribology since it relates to the lubrication of real, rough surfaces.

7.6 SURFACE TEMPERATURE AT THE CONJUNCTION BETWEEN CONTACTING
 SOLIDS AND ITS EFFECT ON EHL

Surface temperature has a strong effect on EHL, as is the case with hydrodynamic lubrication.
Elevated temperatures lower the lubricating oil viscosity and usually decrease the pressure-
viscosity coefficient ‘α’. A reduction in either of these parameters will reduce the EHL film
thickness which may cause lubricant failure. Excessively high temperatures may also
interfere with some auxiliary mechanisms of lubrication necessary for the stable functioning
of partial EHL. Lubrication mechanisms auxiliary to partial EHL involve monomolecular
films and are discussed in Chapter 8 on ‘Boundary and Extreme Pressure Lubrication’. The
maximum contact temperature is of particular engineering interest especially in predicting
problems associated with excessive surface temperatures which may lead to transitions in the
lubrication mechanisms, changes in the wear rates through structural changes in the surface
layers, and the consequent failure of the machinery.
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Calculation of Surface Conjunction Temperature

EHL is almost always found in concentrated contacts and in order to estimate the
temperature rise during sliding contact, it is convenient to model the contact as a point or
localized source of heat as a first approximation. In more detailed work, the variation of
temperature within the contact is also considered, but this is essentially a refinement only.
Since the intense release of frictional heat occurs over the small area of a concentrated
contact, the resulting frictional temperatures within the contact are high, even when outside
temperatures are close to ambient.

The temperatures at the interface between contacting and mutually sliding solids is known
as the ‘surface conjunction temperature’. It is possible to calculate this temperature by
applying the laws of energy conservation and heat transfer. Most of the energy dissipated
during the process of friction is converted into heat, resulting in a significant local surface
temperature rise. For any specific part of the sliding surface, frictional temperature rises are
of very short duration and the temperatures generated are called ‘flash temperatures’. From
the engineering view point it is important to know the expected values of these
temperatures since they can severely affect not only EHL but also wear and dry friction
through the formation of oxides, production of metallurgically transformed surface layers,
alteration of local geometry caused by thermal expansion effects, or even surface melting [44].
As well as the transient ‘flash temperatures’ there is also a steady state ‘flash temperature
rise’ at the sliding contact. When the contact is efficiently lubricated, the transient flash
temperatures are relatively small and are superimposed on a large, steady-state temperature
peak. In dry friction, or where lubrication failure is imminent, the transient flash
temperatures may become larger than the steady-state component [45].

The flash temperature theory was originally formulated by Blok in 1937 [46] and developed
further by Jaeger in 1944 [47] and Archard in 1958 [48]. The theory provides a set of formulae
for the calculation of flash temperature for various velocity ranges and contact geometries.

According to Blok, Jaeger and Archard's theory, the flash temperature is the temperature rise
above the temperature of the solids entering the contact which is called the ‘b u l k
temperature’. The maximum contact temperature has therefore two components: the bulk
temperature of the contacting solids and the maximum flash temperature rise, i.e.:

Tc = Tb + Tfmax (7.36)

where:

Tc is the maximum surface contact temperature [°C];

Tb is the bulk temperature of the contacting solids before entering the contact [°C];

Tfmax is the maximum flash temperature [°C].

Evaluation of the flash temperature is basically a heat transfer problem where the frictional
heat generated in the contact is modelled as a heat source moving over the surface [46,47].
The following simplifying assumptions are made for the analysis:

· thermal properties of the contacting bodies are independent of temperature,

· the single area of contact is regarded as a plane source of heat,

· frictional heat is uniformly generated at the area of the contact,

· all heat produced is conducted into the contacting solids,

· the coefficient of friction between the contacting solids is known and attains some
steady value,

· a steady state condition (i.e. ∂T/∂t = 0, the temperature is steady over time) is
attained.
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Some of these assumptions appear to be dubious. For example, the presence of the lubricant
in the contact will affect the heat transfer characteristics. Although most of the heat produced
will be conducted into the solids, a portion of it will be convected away by the lubricant
resulting in cooling of the surfaces. An accurate value of the coefficient of friction is very
difficult, if not impossible, to obtain. The friction coefficient is dependent on the level of the
heat generated as well as many other variables such as the nature of the contacting surfaces,
the lubricant used and the lubrication mechanism acting. Even when an experimental
measurement of the friction coefficient is available, in many cases the friction coefficient
continually varies over a wide range. It is therefore necessary to calculate temperatures using
a minimum and maximum value of friction coefficient. Temperatures at the beginning of
sliding movement should also be considered since flash temperatures do not form
instantaneously. Flash temperatures tend to stabilize within a very short sliding distance but
the gradual accumulation of heat in the surrounding material and consequent slow rise in
bulk temperature should not be overlooked.

Not withstanding these assumptions, the analysis gives temperature predictions which,
although not very precise, are a good indication of the temperatures that might be expected
between the operating surfaces.

As already mentioned flash temperature calculations are based on the assumption that heat
generated at the rate of:

q = Q/A

where:

Q is the generated heat [W];

A is the contact area [m2].

is conducted to the solids. The frictional heat generated is expressed in terms of the
coefficient of friction, load and velocity, i.e.:

Q = µW|UA - UB|

where:

µ is the coefficient of friction;

W is the normal load [N];

UA is the surface velocity of the solid ‘A’ [m/s];

UB is the surface velocity of the solid ‘B’ [m/s].

There is no single algebraic equation giving the flash temperature for the whole range of
surface velocities. A non-dimensional measure of the speed at which the ‘heat source’
moves across the surface called the ‘Peclet number’ has been introduced as a criterion
allowing the differentiation between various speed regimes. The Peclet number is defined as
[47]:

L = Ua/2χ

where:

L is the Peclet number;

U is the velocity of a solid (‘A’ or ‘B’) [m/s];

a is the contact dimension [m], (i.e. contact radius for circular contacts, half width
of the contact square for square contacts and the half width of the rectangle for
linear contacts);
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χ is the thermal diffusivity [m2/s], i.e. χ = K/ρσ where:

K is the thermal conductivity [W/mK];

ρ is the density [kg/m3];

σ is the specific heat [J/kgK].

The Peclet number is an indicator of the heat penetration into the bulk of the contacting
solid, i.e. it describes whether there is sufficient time for the surface temperature distribution
of the contact to diffuse into the stationary solid. A higher Peclet number indicates a higher
surface velocity for constant material characteristics.

Since all frictional heat is generated in the contact, the contact is modelled and treated as a
heat source in the analysis. Flash temperature equations are derived, based on the
assumption that the contact area moves with some velocity ‘U’ over the flat surface of a body
‘B’ as shown in Figure 7.28.
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a

Contact area
A = πa2

Contact area
A = 4b2

Contact area
A = 4bl

2b

2b

2b

2l

Body A

Body B

FIGURE 7.28 Geometry of the circular, square and linear contacts.

The heat transfer effects vary with the Peclet number as shown schematically in Figure 7.29.
The following velocity ranges, defined by their Peclet number, are considered in flash
temperature analysis:

L < 0.1 one surface moves very slowly with respect to the other. There is enough
time for the temperature distribution of the contact to be established in
the stationary body. In this case, the situation closely approximates to
steady state conduction [44],

0.1 < L < 5 intermediate region. One surface moves faster with respect to the other
and a slowly moving heat source model is assumed,

L > 5 one surface moves fast with respect to the other and is modelled by a fast
moving heat source. There is insufficient time for the temperature
distribution of the contact to be established in the stationary body and the
equations of linear heat diffusion normal to the surface apply [44]. The
depth to which the heat penetrates into the stationary body is very small
compared to the contact dimensions.

Flash temperature equations are given in terms of the heat supply over the contact area, the
velocity, and the thermal properties of the material. They are derived based on the
assumption that the proportion of the total heat flowing into each contacting body is such
that the average temperature over the contact area is the same for both bodies. The flash
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temperature equations were developed by Blok and Jaeger for linear and square contacts
[46,47] and by Archard for circular contacts [48].

 

Velocity of frictional heat source

Temperature
profile
at contact
centre

Temperature profile resembles
stationary heat transfer

Severe distortion of temperature
profile by velocity of heat source

Velocity of frictional heat source

Low Peclet number

High Peclet number

FIGURE 7.29 Frictional temperature profiles at low and high Peclet numbers.

· Flash Temperature in Circular Contacts

In developing the flash temperature formulae for a circular contact, it was assumed that the
portion of the surface in contact is of height approximately equal to the contact radius ‘a’. The
temperature at the distance ‘a’ from the surface is considered as a bulk temperature ‘Tb’ of the
body. This can be visualised as a cylinder of height equal to its radius with one end in contact
and the other end maintained at the bulk temperature of the body. The geometry of the
contact is shown in Figure 7.28.

Average and maximum flash temperature formulae for circular contacts and various
velocity ranges are summarized in Table 7.5. The average flash temperature corresponds to
the steady-state component of flash temperature, while the maximum value includes the
transient component. The maximum flash temperature occurs when the maximum load is
concentrated at the smallest possible area, i.e. when the load is carried by a plastically
deformed contact [48].

· Flash Temperature in Square Contacts

Flash temperature equations for square contacts have been developed by Jaeger [47].
Although square contacts are rather artificial the formulae might be of use in some
applications. The geometry of the contact is shown in Figure 7.28. The formulae for various
velocity ranges are summarized in Table 7.6. Constants ‘C 1’ and ‘C 2’ required in flash
temperature calculations for the intermediate velocity range are determined from the chart
shown in Figure 7.30 [47].
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TABLE 7.5 Average and maximum flash temperature formulae for circular contacts.

    

L < 0.1

Tfa
= 0.5NL = π

4
or

Peclet
number

Average flash temperature
Tfa

Maximum flash temperature
Tfmax

qa
K

Tfa
= 0.25

µWUA − UB
Ka

0.1 < L < 5

Tfa
= 0.5αNL = α π

4
or

qa
K

Tfa
= 0.25α

µWUA − UB
Ka

α ranges from 0.85 at L = 0.1 to
0.35 at L = 5

L > 5

Tfa
= 0.435NL0.5 = π

3.251
or

q
K

Tfa
= 0.308

µWUA − UB
Ka

U( )χa 0.5

Ua( )χ 0.5

Tfmax
= 1.64Tfa

Tfmax
= 0.25N'L'

or

Tfmax
= 0.222

µU
K ( )0.5

pyW

Tfmax
= 0.25βN'L'

or

Tfmax
= 0.222β

µU
K ( )0.5

pyW

β ranges from 0.95 at L = 0.1 to
0.50 at L = 5

Tfmax
= 0.435γN'L'0.5

or

Tfmax
= 0.726γµpy

U
Kρσ( )0.5

γ ranges from 0.72 at L = 5 to
0.92 at L = 100.
For L > 100, γ = 1

W
py

or in general

where:

Tfa is the average flash temperature [°C];

Tfmax is the maximum flash temperature [°C];

µ is the coefficient of friction;

W is the normal load [N];

py is the flow or yield stress of the material [Pa];

UA, UB are the surface velocities of solid ‘A’ and solid ‘B’ respectively [m/s];

U is the velocity of solid ‘A’ or ‘B’;

a is the radius of the contact circle [m] (Figure 7.28);

χ is the thermal diffusivity, χ = K/ρσ, [m2/s];

K is the thermal conductivity [W/mK];

ρ is the density [kg/m3];

σ is the specific heat [J/kgK];

α, β, γ are coefficients;

L is the Peclet number; L = Ua/2χ = Uaρσ/2K;
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N is the variable [°C], defined as:

N = πq/ρσU

where:

q = Q/πa2 = µW|UA -  UB|/πa2

is the rate of heat supply per unit area (circular) [W/m2];

L ' is the variable defined as:

L' = U
2χ

 W
πpy

0.5

N ' is the variable [°C], defined as:

N' = πµpy/ρ σ

TABLE 7.6 Average and maximum flash temperature formulae for square contacts.

   

L < 0.1

Tfa
= 0.946

or

Peclet
number

Average flash temperature
Tfa

Maximum flash temperature
Tfmax

qb
K

Tfa
= 0.237

µWUA − UB
Kb

0.1 < L < 5

Tfa
= C1

2
π

or

χq
KU

Tfa
= 0.159C1

µWUA − UB
Kb

C1 from Figure 7.30.

L > 5

Tfa
= 1.064

or

q
K

Tfa
= 0.266

µWUA − UB
Kb

U( )χb 0.5

Ub( )χ 0.5

Ub( )χ

Tfmax
= 1.122

or

qb
K

Tfmax
= 0.281

µWUA − UB
Kb

Tfmax
= C2

2
π

or

χq
KU

Tfmax
= 0.159C2

µWUA − UB
Kb

C2 from Figure 7.30.

Tfmax
=

or

2q
K

Tfmax
= 0.399

µWUA − UB
Kb

πU( )2χb 0.5

Ub( )χ 0.5

Ub( )χ

where:

b is the half width of the contact square [m] (Figure 7.28);

L is the Peclet number; L = Ub/2χ;

q is the rate of heat supply per unit area (square) [W/m2];

q = Q/4b2 = µW|UA -  UB|/4b2

The other variables are as already defined.
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· Flash Temperature in Line Contacts

Flash temperature formulae for line contacts for various velocity ranges are summarized in
Table 7.7 [47]. They are applicable in many practical cases such as gears, roller bearings, cutting
tools, etc. The contact geometry is shown in Figure 7.28 and constants ‘C3’ and ‘C4’ required in
flash temperature calculations for the intermediate velocity range are determined from the
chart shown in Figure 7.30 [47].

TABLE 7.7 Average and maximum flash temperature formulae for line contacts.

   

L < 0.1

Tfa
=

or

Peclet
number

Average flash temperature
Tfa

Maximum flash temperature
Tfmax

Tfa
= 0.318

µWUA − UB
Kl

0.1 < L < 5

Tfa
= C3

2
π

or

χq
KU

Tfa
= 0.159C3

µWUA − UB
Kl

C3 from Figure 7.30.

L > 5

Tfa
= 1.064

or

q
K

Tfa
= 0.266

µWUA − UB
Kl

U( )χb 0.5

Ub( )χ 0.5

Ub( )χ

4χq
πKU (−2.303Llog102L )+ 1.616L

Ub( )χ

(−2.303Llog102L + 1.616L)×

Tfmax
=

or

Tfmax
= 0.318

µWUA − UB
Kl

Tfmax
= C4

2
π

or

χq
KU

Tfmax
= 0.159C4

µWUA − UB
Kl

C4 from Figure 7.30.

Tfmax
=

or

2q
K

Tfmax
= 0.399

µWUA − UB
Kl

πU( )2χb 0.5

Ub( )χ 0.5

Ub( )χ

4χq
πKU (−2.303Llog10L )+ 1.116L

Ub( )χ

(−2.303Llog10L + 1.116L)×

where:

b is the half width of the contact rectangle [m] (Figure 7.28);

l is the half length of the contact rectangle [m] (Figure 7.28);

L is the Peclet number; L = Ub/2χ;

q is the rate of heat supply per unit area (rectangle) [W/m2];

q = Q/4bl = µW|UA -  UB|/4bl

The other variables are as already defined.

It can be seen from Tables 7.5 and 7.6, that the average flash temperature equations for
circular and square contacts are identical apart from a small difference in the proportionality
constant. The shape of the contact, with the exception of elongated contacts, has a small effect
on flash temperature and the average flash temperature formulae for square sources can be
used for most irregular shapes of sources [47].
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FIGURE 7.30 Diagram for evaluation of constants ‘C ’ required in flash temperature
calculations for the intermediate velocity range [47].

True Flash Temperature Rise

The heat generated in frictional contacts is divided between the contacting solids. The
proportion of the total heat flowing to each body is determined on the basis that the average
surface temperature is the same for both bodies [48]. A simple way of estimating the true
temperature rise in the contact is to initially assume that all the heat generated is supplied to
body ‘A’. The appropriate flash temperature equation for a given speed and contact geometry
conditions is then selected and a flash temperature ‘TfA’ calculated. The next step in the
calculation procedure is to assume that all the heat generated is transferred to body ‘B’. The
appropriate flash temperature equation for this second model is then selected and the
corresponding flash temperature ‘TfB’ calculated. It should be noted that for each body, the
flash temperature equations adequate for their speed conditions must be selected. For
example, both surfaces of meshing gears move with high velocity thus equations for Peclet
number L > 5 apply to both bodies ‘A’ and ‘B’. On the other hand, in some applications where
only one of the surfaces moves fast and the other moves very slowly, the equations for L > 5
and L < 0.1 should be applied consecutively. In such cases the flash temperatures are
calculated assuming that initially all frictional energy is conducted to the moving surface and
then that all frictional energy is conducted to the stationary surface. The true flash
temperature rise must be the same for both solids in contact and is calculated from:

1/Tf = 1/TfA + 1/TfB (7.37)

For example, for two fast moving surfaces in line contact, the maximum temperature rise of
the conjunction ‘Tfmaxc’ is given by the expression:

1/Tfmaxc = 1/TfmaxA + 1/TfmaxB (7.38)

Substituting the expressions for maximum flash temperature from Table 7.7 for L > 5, the
commonly used equations for maximum temperature rise in line contacts are obtained, i.e.:

  

Tfmaxc
=

1.11µWUA − UB
(2l)(2b)0.5[(KρσU)A

0.5 + (KρσU)B
0.5]

(7.39)
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If the contacting solids are of the same material then their thermal constants are also the
same and the above equation can be written as:

  

Tfmaxc
=

1.11µWUA
0.5 − UB

0.5
(2l)(2b)0.5(Kρσ )0.5

(7.40)

or in terms of the reduced radius of curvature ‘R'’ and Young's modulus ‘E'’ as:
  

2 l( )W 0.75

Tfmaxc
=

0.62µUA
0.5 − UB

0.5
(Kρσ )0.5 R'( )E' 0.25

(7.41)

where:

E ' is the reduced Young's modulus [Pa]. For two solids of the same material:

E' = EA/(1 -  υA
2) = EB/(1 -  υB

2)

R ' is the reduced radius of curvature of the undeformed surfaces [m].

or in terms of maximum contact pressure as:
 

Tfmaxc
=

2.45µpmax
1.5UA

0.5 − UB
0.5

(Kρσ )0.5 E'( )R' 0.5

(7.42)

where:

pmax is the maximum contact pressure [Pa].

Although the procedure outlined does not always provide precise values of the temperature
distribution over the entire interface between contacting solids it greatly facilitates the
physical interpretation of frictional temperatures. For example, consider a pin-on-disc
machine with the pin and the disc manufactured from the same material. Since the pin is
stationary, low speed conditions of heat transfer apply, whereas high speed conditions apply
to the disc. The interfacial temperature of the disc will be very much lower than that of the
pin since the disc is constantly presenting fresh cool material to the interface. Hence the
temperature distribution at the interface will be mostly determined by the heat flow
equations in the disc [44,49]. Another example of this effect which is more closely related to
EHL is the difference in frictional temperatures between a large and a small gear-wheel when
meshed together.

The maximum flash temperature rise is located towards the trailing region of the contact and
its location depends on the Peclet number as shown in Figure 7.31 [47].

The maximum flash temperature distribution for high speed conditions in circular contacts
is shown in Figure 7.32 [44]. It can be seen that the maximum temperature is about
Tfmax = 1.64Tfa and occurs at the centre of the trailing edge of the contact.

It should be noted that the heat source considered in the analysis was treated as uniform, i.e.
the frictional energy generated is uniformly distributed over the contact area. It has been
found that for the non-uniform heat sources arising from the Hertzian pressure distribution,
the value of ‘qmax’ is almost unaffected by the non-uniform distribution of ‘q ’ [44,49].
However, it was found that the maximum temperature for a circular contact is increased by
16% compared to the uniform heat source, and its location is moved inward from the
trailing edge [44].
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FIGURE 7.31 Flash temperature rise variations with Peclet number [47].
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FIGURE 7.32 Flash temperature distribution in circular contacts for the high speed condition
(adapted from [44]). 

As already mentioned the calculated flash temperature rise must be added to the bulk
temperature to obtain the temperature of the conjunction, i.e.:

Tc = Tb + Tfmax

The above equation is valid if the bulk temperatures of the two solids entering the contact
are the same. If the bulk temperatures of the contacting solids differ then a new adjusted
value of bulk temperature must be calculated and substituted into the above equation. The
adjusted value of bulk temperature is evaluated from the formula [51]:

  

Tbnew
=

2
1 (TbA

+ TbB) +
2
1 ( )(TbA

− TbB)n + 1
n − 1

(7.43)

where:

n is a constant calculated from:

UAρAσAKA

UBρBσBKB
( )0.5
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Tbnew is the new adjusted bulk temperature [°C];

TbA is the bulk temperature of body A [°C];

TbB is the bulk temperature of body B [°C].

The other variables are as already defined.

For 0.2 ≤ n ≤ 5 the average bulk temperature can be calculated with sufficient accuracy from:

Tbnew = 0.5 ×  ( TbA +  TbB) (7.44)

Flash temperature under the surface drops rapidly with depth. For example, for L = 2 at a
depth of 15 [µm] below the surface, the temperature drops to about 0.1 of its initial value at
the rear end of the source. Thus any thermal stresses or thermally induced microstructure
transformations caused by flash temperature fluctuations are very superficial [47].

EXAMPLE

Find the maximum flash temperature rise for two steel rollers of radii RA = 10 × 10-3 [m]
and RB = 15 × 10-3 [m], working under a load of 5 [kN] and rotating at different speeds of
UA = 2 [m/s] and UB = 1 [m/s]. Assume that the thermal and material properties of the
rollers are the same and are: Young's modulus E = 2.1 × 1011 [Pa], Poisson's ratio υ = 0.3,
thermal conductivity K = 46.7 [W/mK], density ρ = 7800 [kg/m3] and specific heat σ = 460
[J/kgK]. The length of both rollers is 2l = 10 × 10-3 [m]. The bulk temperature of the
rollers is TbA = TbB = 80°C and the coefficient of friction is µ = 0.2.

· Reduced Radius of Curvature

Since the dimensions of the rollers are the same as in the example already considered
the reduced radius of curvature is:

   

R' = 6 × 10−3 [m]

· Reduced Young's Modulus
   

E' = 2.308 × 1011 [Pa]

· Half Width of the Contact Rectangle (Table 7.2)
   

b =
π lE'( )4WR' 0.5

= 4 × (5 × 103) × (6 × 10−3)
π × (5 × 10−3) × (2.308 × 1011)( ) = 1.82 × 10−4 [m]

0.5

· Thermal Diffusivity
  

χ =
ρσ
K = 46.7

7800 × 460
= 13.02 × 10−6 [m2/s]

· Peclet Number
 

LA =
2χ

UAb = 2 × (1.82 × 10−4)
2 × (13.02 × 10−6)

= 13.98
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LB =
2χ

UBb = 1 × (1.82 × 10−4)
2 × (13.02 × 10−6)

= 6.99

Note that LA and LB > 5.

· True Maximum Flash Temperature of the Conjunction
   

Tfmaxc
=

1.11µWUA
0.5 − UB

0.5
(2l)(2b)0.5(Kρσ )0.5

=
1.11 × 0.2 × (5 × 103)

(10 × 10−3) × (2 × 1.82 × 10−4)0.5(46.7 × 7800 × 460)0.5

 2 −   1 
= 186.2 [°C]

This value is added to the bulk temperature of the rollers in order to obtain the true
maximum temperature of the conjunction, i.e.:

   Tc = Tb + Tfmaxc = 80° + 186.2°  = 266.2 [°C]

The same result is obtained when applying the two other flash temperature formulae
7.41 and 7.42. For example, calculating flash temperature in terms of the maximum
contact pressure equation (7.42) yields:
   

pmax =
πbl
W

= = 1748.96 [MPa]
π (1.82 × 10−4) × (5 × 10−3)

5 × 103

hence:
   

2.45 × 0.2 × (1748.96 × 106)1.5

(46.7 × 7800 × 460)0.5

 2 −   1 

= 184.91 [°C]

Tfmaxc
= 6 × 10−3

2.308 × 1011( )0.5

Frictional Temperature Rise of Lubricated Contacts

All surface lubricating films can affect the surface temperatures through changes in the
coefficient of friction. The temperature of the substrate is usually not affected by these films
as long as the presence of a film does not affect friction. However, when a lubricating film is
relatively thick and the lubricant has sufficiently low thermal conductivity the conjunction
temperature can be significantly altered by the presence of a lubricating film.

In elastohydrodynamic contacts the surfaces are separated by thin, low thermal conductivity
films. The oil viscosity in these contacts varies with pressure from a low value at the entry
side to a maximum at the centre to a low value at the exit. Consequently the force needed to
shear the lubricating film will also vary along the contact. Thus in the middle of the lamellar
elastohydrodynamic film heat is generated at a greater rate since the viscosity attains its
highest value. In this region the rates of heat generation are proportional to viscosity [48] and
are highest at the centre of the film. Variations in rates of heat generation will obviously
affect the temperature distribution on the surfaces but due to a slow temperature response to
these variations this effect will be small. The main effect, however, is in the increase of the
maximum temperature in the oil film and this maximum temperature has the tendency to
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move towards the centre of the parallel film [48]. Experimental measurements of
temperature within an EHL film by infra-red spectroscopy have confirmed these theoretical
predictions of a temperature maximum at the centre of the EHL film [52,53]. Since the middle
of the parallel elastohydrodynamic film is where heat is generated and dissipated at the
greatest rate, then the heat distribution between two solids depends on their thermal
properties and the EHL film thickness. In effect two surfaces can have different temperatures
as long as they are separated by a film. Their temperatures will be the same if the film
disappears and the separation ceases to exist. The temperature profiles of a contact lubricated
by an EHL film and a dry sliding contact are shown schematically in Figure 7.33.

  

BODY A

BODY B

Ta

Tb

Surface temperatures

EHL film

Temperature profile
at centre of film

Temperatures in an EHL contact

BODY A

BODY B

Temperatures in a dry contact

T T
Ta = Tb

Identical temperatures at conjunction

FIGURE 7.33 Temperature profiles in an EHL contact and in a dry contact.

The difference in temperature between the centre of the lubricant film and the surfaces can
be as large as 60°C or even higher in spite of the extreme thinness of an EHL film which is
usually only 0.1 to 1 [µm] thick. The high temperatures occurring in the EHL contacts can
explain why the EHL film, once formed, can fail, resulting, for example, in scuffing in gears.
The temperatures within the EHL conjunction may be high enough for the lubricant to
decompose and cause lubricating film failure. It is possible to discriminate between the
temperature of the lubricating oil and the surface temperatures of a contacting solid in an
EHL contact by the difference in emissivity between the oil and the metal or sapphire
surfaces. An example of the temperature fields of the contacting surface and the peak oil
temperature [52] are shown in Figure 7.34. The measurements were taken at the maximum
contact stress of 1.05 [GPa], sliding speed 1.4 [m/s] and a naphthenic mineral oil was used as
the lubricant.

The most important difference between the temperature field of the surface of the contacting
solid (a steel ball) and the lubricant oil temperature field is the much greater variability of the
latter. The surface temperature varies at a near uniform gradient with position from a
temperature maximum close to the exit restriction of the EHL contact. In contrast, the
lubricant temperature field reveals a number of peaks or ‘hot spots’ distributed along the exit
constriction of the EHL contact. The high lubricant temperature may be the result of intense
viscous heat generation in the oil which has a much lower heat capacity/unit volume than
steel. Under these experimental conditions the EHL film is on the point of sustaining
thermally induced collapse or ‘burn out’ and this mode of failure may be the fundamental
limit to all EHL films.

Even when the EHL film is not subjected to high levels of sliding and load, thermal effects
can still be significant. At high rolling speeds, viscous shear heating at the inlet will cause the
lubricant to enter the EHL contact with reduced viscosity and a corresponding lowered film
thickness [54]. The relation between film thickness and rolling speed as predicted by the
Dowson-Higginson formulae (7.26 and 7.27) is an overestimate of the film thickness at high
rolling speeds. Errors in the Dowson-Higginson formulae become significant at film
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thicknesses higher than 1 [µm] and rolling speeds greater than 10 [m/s] [54]. However, a
maximum or limiting film thickness was not observed even for the highest of rolling speeds.
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FIGURE 7.34 Experimental measurements of surface temperature and oil temperature in an
EHL contact (adapted from [52]).

Mechanism of Heat Transfer Within the EHL Film

Frictional heat is transmitted through lubricating oil film mainly by convection and
conduction [55]. Other forms of heat transfer such as by bubble nucleation during boiling may
occur in EHL contacts operating at a high sliding speed and load but these mechanisms of
heat transfer have not yet been observed. As mentioned in Chapter 4, the balance between
convection and conduction depends largely on the lubricating oil film thickness. An
example of an approximate calculation of the relative importance of convection and
conduction is shown below.

EXAMPLE

Find the ratio of convected to conducted heat in a rolling contact bearing operating with
a surface velocity of U = 15.71 [m/s]. The contact width between the inner race and a
roller is B = 0.0001 [m] and the film thickness is h = 0.5 [µm]. The bearing is lubricated by
mineral oil of thermal diffusivity χ = 8.4 × 10-6 [m2/s]. Substituting these values into
equation (4.126) yields:
 

= 0.084 × 10−6 2 × 0.0001
15.71(0.5 × 10−6)2

Hcond

Hconv

= 4.278

This result implies that conduction is a far more significant mechanism than convection for
thin EHL films as opposed to the much thicker lubricant films found in journal or pad
bearings. Some reductions in EHL film temperatures may therefore be achieved by supplying
lubricants with conductivities much greater than conventional oils.
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Effect of Surface Films on Conjunction Temperatures

Surface films of solids such as metal oxides can also affect the surface temperature to a
varying degree, depending on their thermal properties. If a solid layer is a good heat
conductor then the surface temperature will be lowered, whereas if its thermal conductivity
is low relative to the bulk material then the surface temperature will be increased.
Significant modification of frictional temperature rises are, however, only found when the
thickness of solid film material is much greater than molecular dimensions [47,48]. Films of
solid material, particularly oxides, are also instrumental in controlling the friction
coefficient, but this aspect of frictional temperatures in dry or lubricated contacts is discussed
in later chapters.

Measurements of Surface Temperature in the EHL Contacts

The temperature in EHL contacts has recently been measured by infra-red spectroscopy. One
of the contacting surfaces was made of material transparent to infra-red radiation and hard
enough to sustain high Hertzian contact stresses. Sapphire or diamond has been used for this
purpose [56,57] in an arrangement shown schematically in Figure 7.35. The high shear
stresses and shear rates prevailing in an EHL contact and the relatively small volume of
liquid available to dissipate the frictional heating ensure that high contact temperatures are
reached even when very little power is dissipated by friction. An example of a surface
temperature rise above bulk inlet temperature, measured by infra-red spectroscopy through
the centre of a sphere-on-plane contact, is shown in Figure 7.36 [56]. The lubricant used in the
experiments was a synthetic perfluoroether tested at sliding speeds ranging from 0.5 to 2
[m/s] and a maximum contact pressure of 1.05 [GPa] [56].

 

Sliding
velocity

EHL film

Infra-red
radiation

IR radiometric
microscope

Sapphire disc

Hertzian
width

FIGURE 7.35 Schematic diagram of the apparatus for the determination of surface
temperature profile by infra-red spectroscopy [56].

A temperature rise approaching 80°C at the centre of the contact was found even under the
relatively mild conditions of the test. However, the exact mechanism by which contact
temperatures can prevent effective EHL is still poorly understood [56-58].

A fundamental limitation of the infra-red spectroscopic measurement of surface temperature
is the need for a special transparent window to function as one of the contacting surfaces.
This requirement precludes common engineering materials such as steel from being used for
both contacting surfaces. A conventional thermocouple embedded in the contacting material
is unsuitable for the measurements because the temperature rise is confined to the surface.
The only way that a thermocouple can be used with accuracy is if a lamellar thermocouple is
attached to the surface. A lamellar thermocouple is made by depositing on the surface
successive thin films approximately 0.1 [µm] thick of insulants and two metals. The
specialized form of thermocouple required to measure flash temperatures is illustrated
schematically in Figure 7.37.
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FIGURE 7.37 Lamellar thermocouple suitable for the measurement of flash temperature.

The lamellar thermocouple requires elaborate coating equipment for its manufacture and is
not very durable against wear. The measurement of surface temperature can be a very
difficult experimental task and for most studies it is more appropriate to estimate it by
calculating the range of surface temperatures that may be found in the particular EHL
contact.

7.7 TRACTION AND EHL

Traction is the application of frictional forces to allow the transmission of mechanical energy
rather than its dissipation. The most common example of the distinction between traction
and friction is the contact between a wheel and a road. When the wheel rolls without
skidding, traction is obtained and the frictional forces available enable propulsion of a
vehicle. When skidding occurs, the same frictional forces will now dissipate any mechanical
energy applied to the wheel. Thus the difference between traction and friction is in the way
that the mechanical energy is processed, e.g. in the case of traction this energy is transmitted
between the contacting bodies (i.e. one body is driving another) whereas with friction it is
dissipated. Traction can also be applied to lubricated contacts in spite of the relatively low
coefficients of friction involved. EHL contacts can provide sufficiently high traction to be
used as interfaces for variable speed transmissions. Unique features of variable speed
transmissions such as infinitely variable output speed, almost a constant torque over the
speed range and low noise make them particularly attractive for applications in computers,
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machine tools and the textile industry, or even in motor vehicles. A lubricated contact is
selected to suppress wear which would otherwise shorten the lifetime of the transmission.
The operating principles of these transmissions are shown schematically in Figure 7.38.
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FIGURE 7.38 Schematic diagram of the operating principles of a variable speed toroidal
transmission.

The level of traction in an EHL contact also accelerates wear of the corresponding
rolling/sliding elements and traction should therefore be controlled wherever possible. This
topic is discussed further in later chapters.

It is possible to analyze the traction force in an EHL contact and obtain a good agreement
between theory and experiment although the models involved are fairly complex [55,59]. A
basic simplification used in most analyses of traction is to assume a uniform film thickness
inside the EHL contact and ignore the end constriction. This is a film geometry similar to
Grubin's original model of EHL. When traction is applied, there is a small but non-zero
sliding speed between the contacting surfaces. This non-zero sliding speed is inevitable since
all the tractional force in an EHL contact is the result of viscous shear. The envisaged
simplified film geometry and velocity profiles of the sheared lubricant are shown in Figure
7.39.
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FIGURE 7.39 Simplified film geometry and generation of traction in an EHL contact.
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From an elementary analysis of the relationship between shear rate and shear stress in a
Newtonian fluid, discussed in Chapter 2, it can be seen that the traction force is a product of
contact area, local viscosity and velocity difference between the surfaces divided by film
thickness, i.e.:

F = η × A × ∆U/h (7.45)

For the purposes of argument it is assumed that either the local viscosity remains constant in
the EHL contact or that its average value can be found. In more refined analyses, however,
the local variation of viscosity is included. Under conditions of constant load, geometry and
lubricant characteristics, the contact area, local viscosity and film thickness remain almost
invariant. A ‘coefficient of traction’ is obtained by dividing the traction force by load, i.e.:

µT = F/W (7.46)

where:

µT is the traction coefficient;

F is the traction force [N];

W is the contact load [N].

Substituting for traction force (7.45) yields:

µT = ηA∆U / hW = κ × ∆U (7.47)

where:

η is the dynamic viscosity of the lubricant [Pas];

A is the contact area [m2];

∆U is the surface velocity (i.e. velocity difference between the contacting surfaces)
[m/s];

h is the film thickness [m];

κ is constant defined as: κ = ηA / hW [s/m].

The velocity difference is often normalized as a coefficient which is obtained by division
with the larger velocity. This coefficient is known in the literature as the ‘slide to roll ratio’
and is defined as:

∆U/U = (UA -  UB)/UA

where:

∆U  is the velocity difference [m];

UA, UB are the surface velocities of body ‘A’ and ‘B’ respectively [m].

The relationship between the traction coefficient and the slide to roll ratio then is:

µT = κ' × ∆U/UA

where:

κ ' is the coefficient defined as: κ' = κUA.

The velocity difference between the contacting surfaces is usually extremely small and for
EHL traction systems a single ‘velocity’ value is often given in the literature instead of
accurate values of ‘UA’ and ‘UB’.
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This extremely simple and approximate analysis predicts a straight proportionality between
traction coefficient and slide to roll ratio and this is verified experimentally for low levels of
slide to roll ratio. At higher slide to roll ratios this proportionality is lost and an entirely
different pattern is observed. A schematic representation of the relationship between traction
coefficient and slide to roll ratio is shown in Figure 7.40.
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FIGURE 7.40 Typical traction curve (adapted from [67]).

The relationship between traction coefficient and slide to roll ratio is initially linear but later
reaches a maximum value of traction coefficient beyond which there is a gradual decline in
traction coefficient. In general, the peak traction coefficient occurs at about 0.1 or 10% of slide
to roll ratio. For most lubricants, however, the traction peak is at about 1% of slide to roll
ratio. Traction beyond slide to roll ratios of 10% is not usually considered for use in
technology. The traction characteristic is usually divided into three regions, the linear region,
the nonlinear region and the thermal region. The extent of the linear region depends
strongly on pressure [67]. In the nonlinear region, non-Newtonian lubricant rheology is the
controlling factor while at high slide to roll ratios in the thermal region, viscous heating of
the lubricant by intense shearing is the most significant influence. Most of the complexity in
modelling traction originates from the inclusion of thermal and non-Newtonian effects.

A Simplified Analysis of Traction in the EHL Contact

The analysis of traction is very complicated. The general approach to traction problems
illustrated in this section is based on a simplified example.

Consider two cylinders in contact such as are shown in Figure 7.10. The cylinders are rotating
with the velocities ‘UA’ and ‘UB’ in the presence of a lubricant. As shown already in Chapter 4
the friction force generated between the cylinders can be calculated from equation (4.35):

F = 
0

L

τdxdy
−b

b⌠
⌡

⌠
⌡

where:

b is the half width of the contact rectangle [m];

L is the length of the contact rectangle [m].

In terms of frictional force per unit length, the double integral (4.35) is reduced to a single
integral:
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= ±⌠
⌡−b

b

dx −F
L

dp
dx

h
2

⌠
⌡−b

b

dx
(UA − UB)η

h (7.48)

Two terms are present in the above equation. The first relates to the asymmetry of the
pressure field and the second is a true traction term. The first term is present even when
there is no sliding (i.e. UA = UB) and does not contribute to traction, it is in fact the rolling
resistance of the EHL contact. The origin of rolling resistance in EHL is unclear, it may be the
result of energy dissipation in compressing the lubricant or it may be a result of elastic
hysteresis in the deformation of the contacting bodies (or differences in the velocity gradient
in the centre and convergent inlet region of the EHL film). There are also other probable
sources of rolling resistance. The second term in equation (7.48) relates directly to traction
and is by far the larger term. It can be noticed that it only becomes relevant when sliding (i.e.
UA ≠ UB) in the contact takes place. Hence the traction force per unit length in sliding is given
by:

 

=
Fsl

L
⌠
⌡−b

b

dx
(UA − UB)η

h (7.49)

where:

Fsl is the traction force in sliding [N].

Assuming that in the EHL contact considered the surfaces are parallel (i.e. h ≠ f(x)) and the
sliding velocity is constant, equation (7.49) can be simplified to:

 

=
Fsl

L
⌠
⌡−b

b

ηdx
UA − UB

h (7.50)

The viscosity of the lubricant, however, changes with the pressure. So in order to solve this
equation two other equations, one describing the pressure distribution and the other
describing the viscosity-pressure relationship, must be applied. The simplest solution is
obtained by assuming the Barus pressure-viscosity dependence:

 

η = η0eαp

and the Hertzian equation for contact stress [55], i.e.:
 

p = pmax( )x2

b21 −
1 /2

Substituting these equations into (7.50) yields:
 

=
Fsl

L
⌠
⌡−b

b

η0exp
UA − UB

h
dxαpmax( )x2

b21 −
1 /2[ ] (7.51)

Even in this very simplified approach the integral obtained for traction force is quite difficult
to solve and apart from that it also suffers from some inaccuracy. In more accurate numerical
work, the Roelands relationship between pressure and viscosity (described in Chapter 2) is
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often employed. Furthermore the analysis so far does not include non-Newtonian or
thermal effects which further complicate the mathematics involved. For example, non-
Newtonian behaviour of the lubricant has been modelled by applying an Eyring relation
between shear stress and shear rate given by [59]:

 

= τ0sinh
du
dh ( )η

τ
τ0

(7.52)

where:

η is the reference, Newtonian, viscosity [Pas];

du/dh is the shear rate [s-1];

τ0 is the reference shear stress acting on a lubricant (when Newtonian) [Pa];

τ is the actual shear stress acting on a lubricant [Pa].

It can be seen from this equation that at low shear rates when τ ≈ τ0 the Newtonian law
applies since equation (7.52) reduces to:

τ = ηdu
dh

The increase in shear rate greatly complicates the determination of the traction force since ‘τ‘
from a formula modelling the non-Newtonian behaviour of the lubricant (e.g. 7.52) is
substituted into (4.35) and the outlined procedure for traction force determination repeated.
In such cases more refined equations describing the pressure field, viscosity-pressure
relationship and thermal effects are also incorporated.

Thermal effects are modelled by a modified form of the flash temperature theory, described
in the previous section, where the heat is assumed to be generated through an EHL film of
finite thickness and released to the contacting surfaces by conduction. In the simple theory of
flash temperature, the frictional heat source was assumed to be planar without any thickness.
A significant temperature variation through the film thickness is contained in the refined
model of traction [59] and the analysis is extremely complex. A reasonable agreement
between experiment and theory has, however, been found.

Non-Newtonian Lubricant Rheology and EHL

Even a simple mineral oil can reveal non-Newtonian characteristics at the extreme
conditions of shear found in EHL. There are two aspects to the problem; EHL by non-
Newtonian lubricants and the phenomenon of complex rheology under extreme conditions.

Non-Newtonian lubricants are, in most cases, mineral oils blended with ‘viscosity index
improvers’ (VI improvers), described in Chapter 3. Under the conditions of intense shearing
found in an EHL contact, molecular alignment and temporary viscosity loss occurs [60,61].
Molecular alignment means that the long linear molecules of VI improver are forced to lie
parallel to the rolling/sliding surfaces within the EHL contact. The effectiveness of VI
improvers at postponing the decline in viscosity with temperature is greatly reduced by this
process. Molecular alignment and viscosity loss was observed at the inlet to the EHL contact
so that even before the VI enhanced lubricant had entered the EHL contact, the effect of the
VI improver was already nullified [61]. As well as VI improvers, oils contain a wide range of
other additives and these may affect lubricant rheology in EHL contacts by as yet unknown
mechanisms. A study of a refined mineral oil blended with a range of additives such as
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dispersants, anti-wear additives and friction modifiers found that the EHL film thickness
increased significantly for all additives tested [62]. The measured film thicknesses were in the
range between 0.2 [µm] and 1 [µm] which is too large for monomolecular films to have any
effect on modifying the lubricant rheology. A form of additive antagonism was observed
when the film thickness increase obtained from an anti-wear additive was eliminated by the
addition of detergent to the lubricating oil. It is possible that the combination of high levels
of pressure, shear rate and the extreme thinness of an EHL film, ensures that lubricant
rheology is easily affected by small amounts of dissolved or colloidal material.

Even a plain mineral oil which shows Newtonian rheology when measured in a
conventional viscometer reveals non-Newtonian characteristics within an EHL film. Two
basic concepts that frequently appear in the literature are ‘glass transition’ and ‘limiting shear
stress’. The ‘glass transition’ is a term used to describe a change from the liquid state to an
amorphous solid or glassy state under the conditions of extreme pressure and shear rate as
found in EHL [63,64]. The effect of pressure is to raise the temperature where the reverse glass
transition occurs, i.e. from glassy to liquid state. In most oils the transition temperature at
atmospheric pressure is close to 0°C while at pressures of about 1 [GPa], the transition is
closer to 100°C [63]. The lubricating oil therefore transforms to the glassy state even though
the temperatures in the EHL contact can be relatively high. The most direct effect of the glass
transition is on traction rather than film thickness [63]. The difference between a solid and a
liquid is that the former has a finite shear stress while the latter can in theory sustain an
infinite shear stress. In terms of traction, the glass transition in lubricating oils implies that
the oil in an EHL contact will reach a limiting shear stress which in turn limits the
maximum traction coefficient. This aspect of lubricant rheology is modelled in the theory of
traction by exponential functions to relate viscous stress and shear rate. Glass transition has
relatively little influence on EHL film thickness unless it affects the EHL inlet conditions
which virtually control the film thickness [63,64].

It is also possible that the lubricant slips at the interface between a liquid and a solid surface
in apparent contradiction of some basic principles of fluid mechanics [65]. A discontinuity in
the velocity profile was detected in a ball on plane contact during mixed sliding and rolling
of the ball but not during pure rolling [65]. The concept of ‘lubricant slip’ under sliding is
illustrated schematically in Figure 7.41. It is not clear, however, whether this phenomenon
relates directly to the glass transition, but this is clear confirmation of lubricant failure by
quasi-solid shear.

 

Velocity profile

Velocity
discontinuity

Failure by shear of glassy lubricant

EHL
contact

FIGURE 7.41 Lubricant slip or velocity discontinuity in an EHL contact.

Non-uniform shear by the lubricant or ‘limiting shear stress’ has been considered as the
cause of failure of EHL films under sliding [66] but the effect of heating which is inevitable
under sliding conditions was not included in these models and no definite conclusion was
found. The limiting shear stress of an oil is believed to decline significantly with increased
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temperature [56] and this characteristic cannot be neglected in any model of EHL with sliding
present.

EHL Between Meshing Gear Wheels

From the view point of practical engineering an important EHL contact takes place between
the lubricated teeth of opposing gears. As is the case with rolling bearings, it is essential to
maintain an adequate EHL film thickness to prevent wear and pitting of the gear teeth. The
same fundamental equations for EHL film thickness described for a simple Hertzian contact
also apply for gears. However, before applying the formulae for contact parameters and
minimum film thickness it is necessary to define reduced radius of curvature, contact load
and surface velocity for a specific gear. The contact geometry is illustrated in Figure 7.42.
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ψ

ψ

OB

OA
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P
S

C
C2

RB

RA

R
A sinψ + S

RBsinψ − S
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Pitch circle

Base circle
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Pitch circle

W

W

hB

hA

FIGURE 7.42 Contact geometry of meshing involute gear teeth.

The surface contact velocity is expressed as:
 

U =
UA + UB

2
=

ωARAsinψ + ωBRBsinψ
2

where:

RA, RB are the pitch circle radii of the driver and follower respectively [m];

ψ is the pressure angle (acute angle between contact normal and the common
tangent to the pitch circles);

ωA, ωB are the angular velocities of the driver and follower respectively [rad/s].

Since:

RA

RB
 = ωB

ωA

Then the contact surface velocity is:
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U = ωARAsinψ = ωBRBsinψ (7.53)

Assuming that the total load is carried by one tooth only then, from Figure 7.42, the contact
load in terms of the torque exerted is given by:

W = TB

hB
 = TB

RBcosψ (7.54)

where:

W is the total load on the tooth [N];

hB is the distance from the centre of the follower to interception of the locus of the
contact with its base circle, i.e. hB = RBcosψ [m];

TB is the torque exerted on the follower [Nm].

The torque exerted on the driver and the follower expressed in terms of the transmitted
power is calculated from:

 

TA =
H
ωA

= 9.55
H
NA

 

TB =
H
ωB

= 9.55
H
NB

where:

NA, NB are the rotational speeds of the driver and follower respectively [rps];

H is the transmitted power [kW].

Substituting into (7.54) yields the contact load. The minimum and central EHL film
thicknesses can then be calculated from formulae (7.26) and (7.27).

The line from ‘C1’ to ‘C2’ (Figure 7.42) is the locus of the contact and it can be seen that the
distance ‘S’ between the gear teeth contact and the pitch line is continuously changing with
the contact position during the meshing cycle of the gears. It is thus possible to model any
specific contact position on the tooth surface of an involute gear by two rotating circular discs
of radii (RAsinΨ  + S) and (RBsin Ψ - S) as shown in Figure 7.42. This idea is applied in a
testing apparatus generally known as a ‘twin disc’ or ‘two disc‘ machine shown schematically
in Figure 7.43. Since the gear tooth contact is closely simulated by the two rotating discs, these
machines are widely used to model gear lubrication and wear and in selecting lubricants or
materials for gears. It is much cheaper and more convenient experimentally to use metal
discs instead of actual gears for friction and wear testing. The wear testing virtually ensures
the destruction of the test specimens and it is far easier to inspect and analyse a worn disc
surface than the recessed surface of a gear wheel.

It may also be apparent that the fixed dimensions of the discs only allow modelling of one
particular position in the contact cycle. Of particular importance to friction and wear studies
is the increasing amount of sliding as the contact between opposing gear teeth moves away
from the line of shaft centres. The radii of curvature also vary with position of gear teeth so
that the ‘two-disc’ test rig is not entirely satisfactory and another model gear apparatus such
as the ‘Ryder gear tester’ may be necessary for some studies. A recently developed test-
apparatus where two contacting discs are supplied with additional movement of their
corresponding shafts allows a much closer, more realistic simulation of the entire gear tooth
contact cycle [68].
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ωA

ωB

RBsinψ − S

W

RAsinψ + S

W

FIGURE 7.43 Schematic diagram of a ‘two disc‘ machine used to simulate rolling/sliding
contact in meshing gears, i.e.: for S = 0 pure rolling and for S ≠ 0 rolling/sliding
in EHL contact; S  is the distance between the pitch line and the gear teeth
contact [m].

7.8 SUMMARY

A fundamental lubrication mechanism involved in highly loaded concentrated contacts was
discussed in this chapter. The remarkable efficiency of elastohydrodynamic lubrication in
preventing solid to solid contact even under extreme contact stresses prevents the rapid
destruction of many basic mechanical components such as rolling bearings or gears. EHL is,
however, mostly confined to mineral or synthetic oils since it is essential that the lubricant is
piezo-viscous. The mechanism of EHL involves a rapid change in the lubricant from a
nearly ideal liquid state outside of the contact to an extremely viscous or semi-solid state
within the contact. This transformation allows the lubricant to be drawn into the contact by
viscous drag while generating sufficient contact stress within the contact to separate the
opposing surfaces. If a simple solid, i.e. a fine powder, is supplied instead, there is no viscous
drag to entrain the powder and consequently only poor lubrication results. A non-piezo-
viscous lubricant simply does not achieve the required high viscosity within the contact
necessary for the formation of the lubricating film. The formulae for the calculation of the
EHL film thickness are relatively simple and are based on load, velocity, dimensions and
elastic modulus of the contacting materials. As well as providing lubrication of concentrated
contacts, the EHL mechanism can be used to generate traction, i.e. where frictional forces
enable power transmission. A unique combination of high tractive force with minimal wear,
reduced noise levels, infinitely variable output speed and an almost constant torque over the
speed range can be obtained by this means.
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8.1 INTRODUCTION

In many practical applications there are cases where the operating conditions are such that
neither hydrodynamic nor EHL lubrication is effective. The question then is: how are the
interacting machine components lubricated and what is the lubrication mechanism
involved? The models of lubrication which are thought to operate under such conditions are
discussed in this chapter. The traditional name for this type of lubrication is �boundary
lubrication� or �boundary and extreme-pressure lubrication�. Neither of these terms describe
accurately the processes at work since they were conceived long before any fundamental
understanding of the mechanisms was available. Several specialized modes of lubrication
such as adsorption, surface localized viscosity enhancement, amorphous layers and sacrificial
films are commonly involved in this lubrication regime to ensure the smooth-functioning
and reliability of machinery. The imprecise nature of present knowledge about these modes
or mechanisms of lubrication contrasts with their practical importance. Many vital items of
engineering equipment such as steel gears, piston-rings and metal-working tools depend on
one or more of these lubrication modes to prevent severe wear or high coefficients of friction
and seizure.

Boundary and E.P. lubrication is a complex phenomenon. The lubrication mechanisms
involved can be classified in terms of relative load capacity and limiting frictional
temperature as shown in Table 8.1, and they will be described in this chapter.

These lubrication mechanisms are usually controlled by additives present in the oil. Since
the cost of a lubricant additive is usually negligible compared to the value of the mechanical
equipment, the commercial benefits involved in this type of lubrication can be quite large.

In general, boundary and E.P. lubrication involves the formation of low friction, protective
layers on the wearing surfaces. One exception is when the surface-localized viscosity
enhancement takes place. The occurrence of surface-localized viscosity enhancement,
however, is extremely limited as is explained in the next section.

The operating principle of the boundary lubrication regime can perhaps be best illustrated by
considering the coefficient of friction. In simple terms the coefficient of friction �µ� is defined
as the ratio of frictional force �F� and the load applied normal to the surface �W�, i.e.:

µ = F/W (8.1)
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TABLE 8.1 Categories of boundary and E.P. lubrication.

Temperature Load Lubrication mechanisms

Low
Low

High

High

Medium

High

Viscosity enhancement close to contacting surface, not specific to 
lubricant.

Friction minimization by coverage of contacting surfaces with 
adsorbed mono-molecular layers of surfactants.

Irreversible formation of soap layers and other viscous materials on 
worn surface by chemical reaction between lubricant additives and 
metal surface.

Surface-localized viscosity enhancement specific to lubricant additive 
and basestock.

Formation of amorphous layers of finely divided debris from reaction 
between additives and substrate metal surface.

Reaction between lubricant additives and metal surface.

Formation of sacrificial films of inorganic material on the worn 
surface preventing metallic contact and severe wear.

Since the contacting surfaces are covered by asperities, �dry� contact is established between the
individual asperities and the �true� total contact area is the sum of the individual contact
areas between the asperities. Assuming that the major component of the frictional force is
due to adhesion between the asperities (other effects, e.g. ploughing, are negligible), then the
expression for frictional force �F� can be written as:

F = Atτ

where:

F is the frictional force [N];

At is the true contact area [m2];

τ is the effective shear stress of the material [Pa].

Applied load can be expressed in terms of contact area, i.e.:

W = Atpy

where:

py is the plastic flow stress of the material (close in value to the indentation
hardness) [Pa].

Substituting for �F� and �W� to (8.1) yields:

µ =  τ/py (8.2)

This simple model explains the rationale behind boundary lubrication. It can be seen from
equation (8.2) that in order to obtain a low coefficient of friction, material of low shear
strength and high hardness is required. These requirements are clearly incompatible.
However, if a low shear-strength layer can be formed on a hard substrate then low
coefficients of friction can be achieved. Thus, in general terms, the fundamental principles
behind boundary and E.P. lubrication involve the formation of low shear-strength
lubricating layers on hard substrates. It is evident that, since with most materials the ratio of
�τ� and �py� does not vary greatly, changing the material type has little effect on friction.
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8.2 LOW TEMPERATURE - LOW LOAD LUBRICATION MECHANISMS

For a very large range of sliding speeds and loads, classical hydrodynamic lubrication prevails
in a lubricated contact. As the sliding speed is reduced, hydrodynamic lubrication reaches its
limit where the hydrodynamic film thickness declines until eventually the asperities of the
opposing surfaces interact. This process was originally investigated by Stribeck and has
already been discussed in Chapter 4.

At low speeds, under certain conditions, contact between opposing surfaces can be prevented
by the mechanism involving surface-localized viscosity enhancement. In other words, a thin
layer of liquid with an anomalously high viscosity can form on the contacting surfaces.
Hydrodynamic lubrication or quasi-hydrodynamic lubrication then persists to prevent solid
contact and severe wear. In such cases linear molecules of a hydrocarbon align themselves
normally to the contacting surfaces to form a lubricating, protective layer as shown in Figure
8.1. Since the molecules are polar the opposite ends are attracted to form pairs of molecules
which are subsequently incorporated into the viscous surface layer. At the interface with the
metallic substrate the attractive force of the free end of the molecules to the substrate is
sufficient to firmly bond the entire layer.

FIGURE 8.1 Low-temperature, low-load mechanism of lubrication [1].

It has been found that linear molecules are more effective than other hydrocarbons in
preventing solid contact. The variation in film thickness between parallel discs as a function
of the square root of squeeze time for paraffinic oil and cyclohexane is shown in Figure 8.2 [2].
According to the theory of hydrodynamic lubrication described in Chapter 4, there is a linear
decline in film thickness with square root of squeeze time but as can be seen from Figure 8.2
this linearity is soon lost. The MS-20 oil contains paraffinic molecules which are
approximately linear and this allows for the formation and persistence of a thicker film than
for cyclohexane. Cyclohexane is a non-linear molecule which impedes the linear alignment
of molecules and therefore the resulting film is less effective in preventing solid contact.

The effectiveness of this mechanism of lubrication is limited to low temperatures and low
loads. The data shown in Figure 8.2 was obtained at contact pressures of 0.4 [MPa], and further
work revealed that at contact pressures beyond 2 [MPa] the residual film thickness is very
small [2]. Since in many contacts pressures in the range of 1 [GPa] are quite common, the
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disadvantages of this lubrication mechanism are obvious. The temperature also has a
pronounced effect on these films. It was found that even relatively low operating
temperatures of about 50°C can result in severe decline in the film thickness [2]. Since the
practical applications in which this mode of boundary lubrication occurs are extremely
limited, the topic does not incite much technological interest and has consequently been
neglected by most researchers.
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FIGURE 8.2 Detection of permanent films formation as evidence of a surface-proximal layer
of aligned molecules [2].

8.3 LOW TEMPERATURE - HIGH LOAD LUBRICATION MECHANISMS

The lubrication mechanism acting at low temperature and high load is of considerable
practical importance. It is generally known as �adsorption lubrication�. This mechanism of
lubrication is quite effective with contact pressures up to 1 [GPa] and relatively low surface
temperatures between 100 - 150°C. Adsorption lubrication is different from either
hydrodynamic, EHL or even the viscous layer described in the previous section in that the
opposing contact surfaces are not separated by a thick layer of fluid. A mono-molecular layer
separates the contacting surfaces and this layer is so thin that the mechanics of asperity
contact are identical to that of dry surfaces in contact. This mono-molecular layer is formed
by adsorption of the lubricant or, more precisely, lubricant additives on the worn surface. The
lubricating effect or friction reduction is caused by the formation of a low shear strength
interface between the opposing surfaces.

It can be seen from equation (8.2) that the role of adsorption lubrication is to reduce the
effective shear stress �τ� at the interface without affecting the plastic flow stress �py� of the
substrate. This is achieved by the formation of an adsorbed film on the surface which
introduces a plane of weakness parallel to the plane of sliding. This principle is illustrated in
Figure 8.3 which shows a schematic comparison of contact between dry unlubricated solids
and solids with a lubricant film on asperity peaks.

If the film is thin, then any structural weakness in the direction of the contact load will be
compensated by the substrate. The shear stress anisotropy or low shear stress in the plane of
sliding is obtained by inducing a discontinuity in intermolecular bonding between opposite
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sides of the sliding interface. At all locations other than the interface, bonding between atoms
even of different substances, e.g. film material and substrate, is relatively strong. The
characteristics of adsorbed layers, in particular of polar organic substances, allow this system
to form on metallic surfaces. The reasons for this are discussed next.
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same as substrate
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Direct contact between
clean (dry) surfaces

Surfaces with low interfacial shear stress

FIGURE 8.3 Lubrication by a low shear strength layer formed at asperity peaks.

Model of Adsorption on Sliding Surfaces

Organic polar molecules such as fatty acids and alcohols adsorb on to metallic surfaces and
are not easily removed. Speculation about the role of these substances in lubrication has a
long history [3]. Effective adsorption is the reason why a metallic surface still feels greasy or
slippery after being wetted by a fatty substance and will remain greasy even after vigorous
wiping of the surface by a dry cloth. Adsorption on a metallic surface of organic polar
molecules produces a low friction, mono-molecular layer on the surface as shown in Figure
8.4. The polarity of the adsorbate is essential to the lubrication mechanism. Polarity means
that a molecule is asymmetrical with a different chemical affinity at either end of the
molecule. For example, one end of a molecule which is the carboxyl group of a fatty acid,
�-COOH�, is strongly attracted to the metallic surface while the other end which is an alkyl
group, �-CH3�, is repellant to almost any other substance.

Strong adsorption ensures that almost every available surface site is occupied by the fatty acid
to produce a dense and robust film. The repulsion or weak bonding between the contacting
alkyl groups ensures that the shear strength of the interface is relatively low. The ratio of τ/py

and therefore the friction coefficient is low compared to bare metallic surfaces in contact. This
is the adsorption model of lubrication first postulated by Hardy and Doubleday [4,5] and later
developed by Bowden and Tabor [6]. The fatty acids are particularly effective because of their
strong polarity, but other organic compounds such as alcohols and amines have sufficient
polarity to be of practical use.
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Intermolecular contact
and load support

Carboxyl group
(i.e. −COOH)

Alkyl tail
(i.e. −CH3)

Fatty
acid
molecule

Weak bonding or repulsion between
opposing −CH3 groups provides low

interfacial shear stress

Strong bonding between carboxyl
group and substrate

2 nm approximately

FIGURE 8.4 Low friction mono-molecular layer of adsorbed organic polar molecules on
metallic surfaces.

From the view point of lubrication, adsorption can be divided into two basic categories:
�physisorption� and �chemisorption�. The latter generally occurs at higher temperatures than
the former and is consequently more useful as a lubrication mechanism in practical
applications.

· Physisorption

Physisorption or �physical adsorption� is the classical form of adsorption. Molecules of
adsorbate may attach or detach from a surface without any irreversible changes to the surface
or the adsorbate. Most liquids and gases physisorb to most solid surfaces, but there is almost
always an upper temperature limit to this process. In physisorption van der Waals or
dispersion forces provide the bonding between substrate and adsorbate as illustrated in
Figure 8.5.

 

Adsorbate

Van der Waals, dispersion
forces, or other low-energy
bonding mechanism

Substrate

FIGURE 8.5 Schematic illustration of physisorption.

Physisorption is effective in reducing friction provided that temperatures do not rise much
above ambient temperature. This effect is illustrated in Figure 8.6 where the results from
friction experiments with a steel ball traversing a platinum or a copper surface covered with
a paraffin (docosane) or a fatty acid (lauric) are shown [6]. Docosane is a straight hydrocarbon
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without any carboxyl groups, while lauric acid is a fatty acid similar to stearic acid but has a
shorter chain length. The shorter chain length usually results in poorer lubricating capacity
for the same conditions.

 

0 100 200

Temperature [°C]

0

0.1

0.2

0.3

0.4

0.5µmax

A B C D

A Paraffin (docosane)
lubricating platinum

B Fatty acid (lauric)
lubricating platinum

C Copper laurate
lubricating platinum

D Fatty acid (lauric)
lubricating copper

FIGURE 8.6 Effect of temperature on friction of platinum and copper surfaces lubricated by
docosane and lauric acid [6].

It can be seen from Figure 8.6 that there is a sharp rise in friction at some �transition
temperature� which is about 45°C for the platinum surfaces lubricated by docosane and about
70°C for the platinum surfaces lubricated with lauric acid. A similar sharp increase in friction
is observed for copper laurate applied to platinum and lauric acid applied to copper but the
transition temperatures are much higher, about 95°C. The difference in performance between
copper and platinum is that the former has sufficient reactivity to induce chemisorption and
to produce a mono-molecular layer of copper laurate. Similar friction characteristics are
achieved when copper laurate is directly applied to platinum. The friction transition
temperatures manifested by sharp rises in friction for docosane and lauric acid lubricating
platinum occurred at temperatures close to the melting points of docosane (44°C) and stearic
acid (69°C). This proximity is not coincidental and relates to the phenomenon of surface
melting of the monomolecular layer of adsorbate [7]. An ordered layer of adsorbate is critical
to the effectiveness of adsorption lubrication. When the melting point is exceeded this order
is lost and the adsorbed film ceases to function as a lubricating layer, as illustrated
schematically in Figure 8.7.

Where physisorbed films are well established, there is strong evidence that the adsorbate
molecules form a close-packed normally aligned layer. Early studies revealed that the average
area per molecule of n-octadecylamine on platinum was 0.3 [nm2] [8]. In a later more accurate
study using radio-actively labelled stearic acid, a packing density of 0.189 [nm2] per molecule
was found [9]. This is very close to the theoretical maximum packing density of 0.185 [nm2]
per molecule.

Breakdown in the structure of a physisorbed film with increasing temperature was also
studied by X-ray diffraction methods [10-13]. The X-ray diffraction pattern from the adsorbed
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film was observed only at low temperatures. As the temperature increased, this pattern
gradually faded to reveal the pattern of the underlying metal. In a separate study it was also
demonstrated that breakdown of the low temperature crystalline structure of fatty acids
occurred on platinum at a temperature close to the melting point of each acid [14].

Below critical temperature

Substrate

Ordered film analogous to solid

Above critical temperature

Substrate

Disordered film analogous to liquid

FIGURE 8.7 Surface melting of adsorbed film.

· Chemisorption

Chemisorption or �chemical adsorption� is an irreversible or partially irreversible form of
adsorption which involves some degree of chemical bonding between adsorbate and
substrate as illustrated schematically in Figure 8.8.

Since most common metals, e.g. iron, are reactive, this form of adsorption has practical
significance. The strength of chemical bonding between the adsorbate and substrate which
affects the friction transition temperature depends on the reactivity of the substrate material
as shown in Table 8.2 [15]. All the materials listed in Table 8.2 were lubricated with lauric acid
and the friction transition temperature was determined. The fraction of lauric acid reacting
with the metallic surface expressed in terms of the percentage of a retained monolayer after
washing was also measured by radio-tracers.

 

Adsorbate

Strong bonding via electron
exchange with substrate atoms

Substrate

e-e- e-e- e-e- e-e- e-e-

FIGURE 8.8 Mechanism of chemisorption.

It can be seen from Table 8.2 that zinc, cadmium, copper and magnesium are comparatively
well lubricated by lauric acid with low coefficients of friction and high transition
temperatures. The common characteristic of all these metals is that some of the lauric acid
has been irreversibly adsorbed onto the metallic surface, even though magnesium shows
anomalously low reactivity. On the other hand the inert metals such as platinum and silver
show high friction coefficients and low transition temperatures. Glass, which is virtually
inert, is also poorly lubricated by lauric acid. No permanent retention of lauric acid is found
on platinum, silver or glass. Other metals such as nickel, aluminium and chromium also
conform to the pattern of high friction coefficient and poor retention of lauric acid. The
reasons for the low reactivity of these metals are, however, still unclear.
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TABLE 8.2 Frictional data for lauric acid lubricating metals of varying reactivity [15].

 

Zinc 0.04 94 10.0 Smooth
Cadmium 0.05 103 9.3 Smooth
Copper 0.08 97 4.6 Smooth
Magnesium 0.08 80 Trace Smooth
Platinum 0.25 20 0.0 Intermittent
Nickel 0.28 20 0.0 Intermittent
Aluminium 0.30 20 0.0 Intermittent
Chromium 20 Trace Intermittent
Glass 20 0.0 Intermittent (irregular)
Silver 0.55 20 0.0 Intermittent (marked)

0.34
0.3 − 0.4

Material Coefficient of
friction at 20°C

Transition
temperature [°C]

% acid*
reacting

Type of sliding
at 20°C

* Estimated amount of acid involved in the reaction assuming formation of a normal salt.

A major difference between chemisorption and physisorption is that chemisorbed films are,
at least in part, irreversibly bound to the substrate surface. Even washing by strong solvents,
which removes physisorbed films, does not remove chemisorbed films. It was found
experimentally, for example, that while some stearic acid was removed by strong solvents a
certain minimum quantity equal to 38% of a close packed monolayer always remained [9].
However, not all adsorbates are sufficiently reactive to initiate chemisorption. A long-chain
alcohol did not show any retention even on the base metals [16] while stearic acid showed
permanent retention on base metals such as zinc and cadmium but not on noble metals such
as platinum and gold.

Although chemisorption has the irreversible characteristics of a chemical reaction it does not
generally proceed to the stage where the original molecule is destroyed. In some
environments, however, e.g. vacuum, the complete destruction of a molecule can take place.
If, for example, fatty acids were applied as a dilute vapour in a vacuum to a clean iron surface
then they would completely decompose to simple gases such as methane, carbon monoxide
and hydrogen [17]. This process is an example of catalytic decomposition of organic
compounds on clean metallic surfaces. The process may take place in practical wear
situations, for example, when a nascent surface is produced under severe load. The nascent
surfaces produced during the wear process are usually hot and very catalytic during their
short life-time. Since a strongly adsorbed monolayer is not formed a high coefficient of
friction results.

· Influence of the Molecular Structure of the Lubricant on Adsorption Lubrication

The molecular structure or shape of the adsorbate has a very strong influence on the
effectiveness of lubrication. In addition to the basic requirement that the adsorbing molecules
be polar, preferably with an acidic end group for attraction to a metallic surface, the shape of
the molecule must also facilitate the formation of close packed monolayers. This latter
requirement virtually ensures that only linear molecules are suitable for this purpose.
Although the molecules can be of different sizes as shown in Figure 8.9, the size of the
molecule is critical. It was found, for example, that the friction transition temperature for
fatty acids increased when their molecular weight was raised [6]. More importantly, there is a
critical minimum chain length of fatty acids required in order to provide effective
lubrication.

It was found that the minimum chain length for effective lubrication is n = 9 (pelargonic
acid) [6]. An increase in �n� from 9 to 18 (stearic acid) raises the friction transition temperature
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by about 40°C. Short chain fatty acids with n ≤ 8 do not show any useful lubricating
properties.

The effect of chain length on lubrication may be explained in terms of the relatively weak
bonding between CH2 groups of adjacent fatty acid molecules compared to the bonding at the
base of the film as illustrated in Figure 8.10. It seems that a sufficiently large number of paired
CH2 is required to ensure the strength of the adsorbed monolayer.

 

Substrate

O
OH

C

H C H

H C H

O
OH

C

H C H

H C H

H C H

H C H

H

H C H

HPelargonic acid
minimum effective
chain length n = 9

3

2

1

Stearic acid
(popular additive)
chain length n = 18

3

2

1

17

FIGURE 8.9 Chain length of a fatty acid.

The effect of chain length is quite strong. For example, n = 18 alcohol provides a lower
coefficient of friction when used with steel than n = 12 fatty acid, despite the far stronger
attraction fatty acids have to metals [18].

Numerous
weak bonds

to adjacent
molecules

Substrate

Strong bond to substrate
One strong bond
to substrate

Collective strength
of weak bonds
between adjacent
molecules to
enhance durability
of film

FIGURE 8.10 Bonding between fatty acid molecules to ensure the strength of the adsorbed
monolayer.

Deviations from the ideal linear molecular shape can severely degrade the lubricating
properties of an adsorbate. For example, the differences in friction characteristics become
clearly visible for various isomers of octadecanol which include linear and branched
molecular configurations [19]. This effect is illustrated in Figure 8.11 where the friction
coefficients of a steel ball on a steel plate lubricated by varying concentrations of stearic and
isostearic acid in paraffinic oil are shown [20].
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FIGURE 8.11 Effect of varying concentrations of stearic and isostearic acid in paraffinic oil on
the coefficient of friction [20].

The difference between the molecular shape of stearic and isostearic acid is that in the latter
there are 17 main chain carbon atoms with one branching to the side as opposed to 18 main
chain carbon atoms in the former. As can be seen from Figure 8.11 this small difference
causes the coefficient of friction between steel surfaces to almost triple. The possible effect of
the branched isomerism is illustrated in Figure 8.12.

Substrate

Optimal linear molecules

Thin interaction zone

Adsorbate

Boundary of strong repulsive
forces smooth on molecular

scale: good shear stress
anisotropy

Strong cohesive bonding
to resist shear forces

Straight molecule
(e.g. stearic acid)

Substrate

Thick interaction zone

Irregular profile of molecular
repulsion and deep interaction
zone resulting in high friction

with opposing surface
Weak cohesive forces
vulnerable to shear

Branched molecule
(e.g. isostearic acid)

Adsorbate

FIGURE 8.12 Disruption of adsorbate film structure by branched molecule.

The branched molecular shape results in two detrimental effects:

· complete surface coverage is difficult to achieve so that the probability of metallic
contact is increased,

· there is a deeper interaction zone between opposing adsorbate surfaces allowing
stronger bonding between adsorbate films resulting in higher coefficients of
friction.

Although it is often assumed that fatty acids are among the most effective adsorption
lubricants available, other organic compounds such as amines are also fairly effective and are
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used as lubricant additives to reduce friction. However, the range of commonly cited
compounds is fairly narrow.

Hydrocarbons containing silicon and oxygen groups have also been tried. These compounds
are generally referred to in the literature as �silanes� (note that this can easily be confused
with an entirely different group of compounds). It was found that under repeated sliding the
durability of monolayers formed by silanes was far superior to other adsorption lubricants
[21]. The structure of a monolayer of the typical silane compound is shown in Figure 8.13.

 

O
Si

O

O
Si

O

O
Si

O

O
Si

O

O
Si

O

FIGURE 8.13 Structure of the monolayer of a silane compound, an adsorption lubricant with
durability superior to fatty acids [21].

The critical difference between the silane and the fatty acid monolayers is the lateral
anchoring between silane molecules caused by bonding between adjacent oxygen and silicon
atoms. Removal of individual molecules which creates holes in the film is effectively
prevented by the strong lateral bonds, so the monolayer can sustain at least 10,000 cycles of
sliding without any increase in friction. In contrast, a monolayer of stearic acid fails after 100
cycles under the same conditions.

It has also been found that an additional hydroxyl group on the fatty acid chain enables cross
polymerization of the adsorbate film at high additive concentrations resulting in a significant
reduction in friction [22]. An adsorbate with its modified structure is shown in Figure 8.14.

Much of the knowledge of adsorbate films is still provisional. Although effective forms of
adsorption are known, these can always be superseded by newly developed adsorbates.

a) b)

Stearic acid α-Hydroxy palmitic acid

CH3(CH2)13CHCOOH

OH

CH3(CH2)16COOH

FIGURE 8.14 Diagram of a fatty acid (a) and a polymerized derivative (b) [22].
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· Influence of Oxygen and Water

Atmospheric oxygen and water are always present in lubricated systems unless actively
excluded. These two substances are found to have a strong influence on adsorption
lubrication since chemically active metals such as iron react with oxygen and water. A surface
film of oxide is formed on the metallic surface immediately after contact is made with
oxygen. This oxide film is later hydrated by water. Unless the conditions of wear are severe,
the oxide film usually survives sliding damage and forms a substrate for adsorbates. The
removal of these oxide films by severe wear, however, can result in the failure of adsorption
lubrication.

An early study of this phenomenon performed by Tingle involved the temporary removal of
the oxide film from a metallic surface by a cutting tool as illustrated in Figure 8.15 [23].

 

Substrate

Oxide
layer

Contaminants
Tool

Nascent or
unoxidized
surface

FIGURE 8.15 Removal of oxide films from metallic surfaces by a cutting tool.

A surface layer of the material of thickness about 50 - 100 [µm] is removed. This ensures the
complete removal of the surface oxide film which is in fact less than 1 [µm] thick. Unless a
high vacuum is maintained, the oxide film rapidly reforms [24]. On the other hand if the
surface is covered by a lubricant then a virtually unoxidized surface may persist for perhaps
as long as a few seconds [25]. Placing the slider directly behind the tool on the steel surface
covered with oil enables the measurement of the frictional characteristics of a virtually
unoxidized surface. Some information about the effectiveness of adsorption lubrication
under severe conditions when metal oxide films become disrupted by wear can be obtained
in this manner. The schematic diagram of the apparatus is shown in Figure 8.16 [23].

Cutting tool

Force
transducer

Load

Surface movement Friction characteristic
of nascent surface found

Lubricant

FIGURE 8.16 Schematic diagram of an apparatus for the evaluation of lubricant frictional
characteristics with clean metallic surfaces (adapted from [23]).

The frictional characteristics of some chemically active and noble metals are shown in Figure
8.17. The friction tests were performed on uncut metallic surfaces which have previously
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been polished and cleaned by abrasion underwater, on cut metallic surfaces under a layer of
lubricant and on surfaces previously cut in air and washed with water. In this manner the
effects of an aged oxide film, nascent surface and recently formed oxide film on friction were
assessed. The lubricant used was a solution of lauric acid (a fatty acid) in purified paraffinic
oil [23].

It can be seen from Figure 8.17 that all the metals except platinum and silver exhibit a
significant rise in coefficient of friction when the surface is unoxidized. Platinum and other
noble metals are lubricated by the mechanism of physisorption which is insensitive to
substrate chemistry and therefore unaffected by the presence of any oxide or contaminant
films. For other metals, some of which are commonly used as bearing materials (e.g. iron,
copper and zinc), the unoxidized surface has very strong effect on coefficient of friction. This
means that if the oxide film covering these metals is removed, e.g. by severe wear, then a
lubrication functioning by adsorption will fail. The similarity in friction data obtained for the
�aged� and �freshly formed� oxide film indicates that the ageing or maturing of an oxide film is
not particularly important.

The reason why nascent surfaces do not allow the establishment of adsorbed films may be
due to their extreme reactivity. As discussed earlier, fatty acids decompose to form gaseous
hydrocarbons in the presence of clean surfaces [17]. The formation of gas in minute quantities
on a surface is clearly entirely unfavourable to lubrication. In contrast, the surfaces covered
by oxides only allow a very limited reaction with the fatty acids in the form of chemisorption,
which is in fact fundamental to lubrication [26,27].
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FIGURE 8.17 Friction data for metals with clean and oxidized surfaces [23]. 

This indicates a fundamental weakness of adsorption lubrication. If during wear, asperity
contact is sufficiently severe to remove not only adsorbed layers but also the underlying
oxide film, then areas of bare metallic surface can form and persist on the worn surfaces as
illustrated in Figure 8.18. Bare metallic surfaces are prone to seizure or severe wear and this
problem is discussed further in the chapter on �Adhesion and Adhesive Wear�.

Despite the importance of this work, Tingle's contribution has largely been ignored in the
literature and his experiments have never been repeated. The effect of ambient oxygen and
water on friction and wear has also been studied. It has been found that lubricating oil is
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ineffective in preventing severe wear in a steel-on-steel sliding contact without oxygen and
water [28]. It has also been found that oxygen alone gives more favourable results than water
without oxygen but the combination of oxygen and water provides the lowest friction and
wear. Studies of a range of lubricants and lubricant additives revealed that ambient oxygen
and water enhance the functioning of most lubricants except certain phosphorous additives
for which water has a harmful effect [29-31].

 

Substrate

Surface hydration
of iron oxide

Fe2O3

Fe

Adsorption films absent
on oxide-free asperity peaks

FIGURE 8.18 Formation of bare metallic surface, unfavourable for adsorption lubrication, by
removal of oxide films.

· Dynamic Nature of Adsorption Under Sliding Conditions

Almost all of the fundamental research on adsorption lubrication is devoted to mono-
molecular films of adsorbate which have been allowed to reach chemical and thermal
equilibrium. As more recently observed, however, it is extremely unlikely that adsorbate
films can equilibriate under sliding conditions [32]. Most of the data available on adsorption
films has been obtained under rigorously controlled conditions during which cleaning of the
specimen surfaces and deposition of the lubricant films take many hours. The friction tests
themselves are performed at extremely slow sliding speeds with several minutes between
successive sliding contacts. In modern equipment, however, such as high speed gears, the
repetition rate of frictional contacts may reach several hundred cycles per minute. The
differences between a dynamic form of adsorption lubrication and the classic equilibrium
model remain poorly understood.

An experiment designed to find whether friction is determined by the balance between
adsorption and removal of the monolayer by friction under dynamic conditions was
conducted on a steel-on-steel contact based on a ball and cylinder apparatus [33]. The
coefficient of friction was measured as a function of concentration of various surfactants
(adsorbing agents) in pure hexadecane (inert neutral carrier fluid). Surfactants studied were
fatty acids, i.e. lauric, myristic, palmitic, stearic and behenic of varying chain length �n� from
11 to 21. A transition concentration was found for all lubricants tested where the friction
coefficient declined sharply from a value characteristic of hexadecane to a level dictated by
the additive or surfactant as shown in Figure 8.19.

The �transition concentration�, where the rate of decline of friction coefficient with increasing
concentration of fatty acid decelerates, has a value close to 0.5 [mol/m3] for most of the fatty
acids. This concentration is modelled as the minimum concentration where the fatty acids
will replenish a friction-damaged adsorbate film under the conditions of repetitive sliding
contact. It is also assumed that adsorption lubrication is not effective unless the adsorbate
film is in near-perfect condition, i.e. has very few holes or vacant sites in it. In the case where
equilibrium adsorption prevails a simple linear dependence of friction with fatty acid
concentration would be expected. The rate-limiting step in the formation of an adsorbate film
under sliding conditions is believed to be re-adsorption and a minimum concentration of
fatty acid is required for this process to occur within the time available between successive
sliding contacts. This model is illustrated schematically in Figure 8.20.
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FIGURE 8.19 Effect of solute fatty acid concentration on friction coefficients [33].

Some models of adsorption under dynamic conditions suggest that the rapidity of processes
in high speed wearing contacts can in fact provide favourable as opposed to destructive
effects on lubrication. A phenomenon known as the �Borsoff effect�, where the apparent
limiting temperature for adsorption lubrication is raised by increasing the speed of a rotary
sliding mechanism, has been modelled in terms of the suppression of desorption of an
adsorbed film [34,35]. In this model, it is hypothesized that if the pulses of frictional heat
become shorter than the average residence time of an adsorbed molecule then the activation
energy of desorption becomes significant. The adsorbed film would have a greater chance of
survival at high sliding speeds where pulses of frictional heat become very short and also
usually more intense. This idea, however, did not persist in the literature and it has to be
concluded that dynamic effects comprise another poorly understood aspect of lubrication by
adsorbates.

Substrate

Film damage after one sliding contact

Substrate

Restoration of the adsorbate film

Gaps in film after friction Re-adsorption after friction

Rate limiting
process

FIGURE 8.20 Model of adsorption kinetics under sliding conditions.

· Mixed Lubrication and Scuffing

Most sliding contacts of practical importance, e.g. high speed gearing, are not lubricated by
either purely hydrodynamic, elastohydrodynamic or by classical adsorption lubrication.
Usually two lubrication mechanisms act simultaneously and both are essential for lowering
friction and wear in the contact. In many cases most of the applied load is supported by
hydrodynamic or EHL lubrication. However, some additional lubrication mechanism is
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required to reduce friction and wear in contacts between large asperities from opposing
surfaces. Even if the fraction of load supported by non-hydrodynamic means is small, severe
wear and perhaps seizure can occur if this additional component of lubrication is not
available. This particular lubrication regime where several mechanisms act simultaneously
is termed �mixed lubrication�. The current model of this lubrication regime is illustrated
schematically in Figure 8.21.

EHL film pressure profile

Perturbation due to asperity contact

Asperity
collision Asperity

collisionSubstrate

Substrate

EHL film shape for perfectly smooth contact

EHL film Adsorbed film

Inter-
molecular
contact
between
adsorbates

FIGURE 8.21 Model of mixed lubrication.

Mixed lubrication allows much smaller film thicknesses than pure hydrodynamic
lubrication or EHL. Reduced film thickness coincides with increased load and contact
pressure, if other factors remain unchanged, and this characteristic is the basic reason for the
importance of �mixed lubrication�.

Although in most cases when this lubrication regime is active the collisions between
asperities are prevented from inducing any severe forms of wear, a sudden and severe mode
of lubrication failure known as �scuffing� or �scoring� in the U.S.A can occur. This can cause
serious industrial problems since scuffing can occur precipitately in an apparently well
lubricated contact. Scuffing often takes place in heavily loaded gears.

An example of changes in the oil film thickness for the root and pitch line of the gear teeth
versus applied load is shown in Figure 8.22. The film thickness is shown as the voltage drop
across the contact. It can be seen that the film is thicker at the pitch line where there is almost
pure rolling between contacting surfaces while at the root of the gear tooth where a
significant amount of sliding is present the film is thinner.

At a certain load level a rapid collapse in oil film thickness at the root of the gear tooth
occurred. This was also manifested by a sharp rise in friction and destruction of the wearing
surfaces. It can be seen from Figure 8.22 that there is no gradual decline in film thickness to a
zero value and there is no pre-indicator of film collapse. These characteristics constitute a
major limitation in the application of lubricated gears.
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FIGURE 8.22 Experimental observation of oil film collapse and initiation of scuffing in
heavily loaded gears [36].

The rapidity of scuffing and the destruction of the original surfaces greatly impede any
investigations into the original causes of scuffing. In fact, in cases of severe scuffing, the oil
may burn and the steel teeth may sustain metallurgical modification as well as plastic
deformation. A generalized view of events leading to severe scuffing is illustrated in Figure
8.23.

It is possible for systems to recover from a mild scuffing which further demonstrates the
complexity of the problem. A comprehensive review of scuffing models can be found in
[37,118].

In simple terms, it can be reasoned that the desorption of an adsorbed film sets in motion a
train of events leading to the complete destruction of a mechanical component. This view,
however attractive, is only part of the description of scuffing and there are many other
influences occurring which make scuffing an almost intractable problem. The best known
theory of scuffing, particularly in gears, is the Blok limiting frictional temperature theory
[38,39]. It was postulated by Blok that when a critical temperature is reached on the sliding
surfaces, scuffing will be initiated. The temperature on a sliding surface is the sum of
ambient temperature, steady state frictional heating and transient friction temperature which
is a function of load and sliding speed. The critical temperature was observed to be in the
region of 150°C. The theory unfortunately lacks a specific explanation as to why there should
be a critical temperature. It has often been assumed that this temperature relates to the
desorption temperature but experimental studies suggest that this is only a crude
approximation. The concept of steady state and transient temperatures in a mixed lubrication
sliding contact are illustrated in Figure 8.24.

The concept of temperature under mixed lubrication shown in Figure 8.24 is far from simple.
Exactly which temperatures contribute to scuffing has rarely been discussed in detail partly
because of the difficulty in measuring transient temperatures only occurring on the surface of
a moving object and attained for about 10 [ms]. Blok's critical temperature criterion is not
particularly reliable since, although a critical temperature does exist, it varies in a complex
and unpredictable manner [40] and the criterion usually underestimates the scuffing
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resistance of a sliding contact occasionally giving an overestimate of permissible loads and
sliding speeds [41].

Stage 1
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Large frictional heat

Thermally induced film collapse (desorption, viscosity loss, catalytic degradation, etc.)
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Seizure

Lubricated friction
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instability

First signs
of scuffing

Critical
event

Large heat release

Propagation to next asperity

FIGURE 8.23  Sequence of events leading to scuffing.

For these reasons, one reliable means of avoiding scuffing is to apply relatively conservative
gear design standards. Also, as will be discussed later, E.P. lubricants can prevent scuffing
when the limit of adsorption lubrication is reached. There is, however, no quantitative
measure available for estimating, for example, how much extra load can be applied if special
anti-scuffing lubricants are used.

Interpretation of scuffing in terms of friction transition temperatures has been the object of
extensive studies [e.g. 42-44]. Initially a series of tests on a model friction apparatus with low
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FIGURE 8.24 Model of transient and steady state temperatures in a mixed lubrication sliding
contact.

sliding speed to suppress frictional temperature rises was conducted [42], followed by the
testing of the same theory on tribometers with higher sliding speeds [43,44]. The following
model for scuffing based on the thermodynamics of adsorption was developed [44]:

lnC = −Ea / (RTt) + constant (8.3)

where:

C is the concentration of the additive in the solvent base stock [%wt];

Ea is the adsorption heat of the additive on the metallic surface [kJ/kmol];

R is the universal gas constant [kJ/kmolK];

Tt is the friction transition temperature [K].

According to this model, when the transition temperature is exceeded, damage to the
adsorbate film is more rapid than film repair so that the adsorption film is progressively
removed. High friction and wear are then inevitable.

For a narrow range of experimental conditions agreement between the model (8.3) and
experimental data was obtained. In Figure 8.25 the relationship between the concentration of
fatty acids of varying chain length dissolved in purified inert mineral oil and transition
temperature is shown [42].

The data provides a linear plot which is in agreement with theory. The gradient of the graph
which is a measure of the heat of adsorption is also approximately the same as the heat of
adsorption determined by more exact tests. On the other hand, it has been found that a 1%
solution of oleic acid improved the lubrication capabilities of white oil even though the
transition temperature for oleic acid was clearly exceeded [45]. In other words, this indicates
that fatty acids do not function merely by adsorption lubrication and some new theories are
necessary.

An attempt to estimate the critical temperature in EHL contacts where scuffing or film failure
is likely to occur based on heat of adsorption, sliding speed and melting point of lubricant has
been made [35,113,114]. The practical applications of the expression found are extremely
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limited because the data referring to one of the variables, i.e. melting temperature of the
lubricant, is only available for pure compounds, not for mixtures, which commercial oils are.
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FIGURE 8.25 Relationship between friction transition temperature and concentration of
some adsorption additives [42].

It should be realized that an EHL pressure field also affects both the concentration of
additives within the EHL contact and the mechanism of adsorption lubrication by raising the
critical temperature for desorption [115,125]. It has been found that under EHL pressure the
concentration of additives in plain mineral oil (but not certain synthetic oils) tends to decline
to less than half the bulk oil concentration [125]. Although the causes of this effect remain
unclear, the implications for additive function within the EHL contact and its consequences
on scuffing appear very significant. According to Langmuir's theory of adsorption, elevated
pressure increases the fraction of the surface covered by adsorbate for any given temperature.
The critical temperature for scuffing to occur is modelled as the temperature where the
fractional surface coverage by adsorbate declines to less than half of the available atomic sites
on the surface [116]. The critical temperature is approximately 150°C in slow speed sliding
experiments but is between 300°C and 400°C in full scale scuffing tests where a substantial
EHL pressure field is present [115]. Thus the equations which attempt to predict the critical
temperature of scuffing according to Blok's theory but which do not allow for the pressure
dependence might give incorrect results.

The increase in critical desorption temperature with pressure suggests a mechanism of
combined instability in a lubricated contact. Consider an experiment conducted on a �two
disc� apparatus where the discs are subjected to a progressive increase in load until scuffing
occurs. Assume that initially the EHL pressure is low and the desorption temperature is close
to that obtained in low speed tests. As the load is increased the contact temperatures,
frequency of asperity contact and hydrodynamic pressure increase. The critical desorption
temperature also increases so that effective adsorption lubrication is maintained. At some
level of load, however, a limiting EHL pressure is reached. The limiting EHL pressure may
either be due to lubricant characteristics or may be determined by the hardness of the disc
materials. Further increases in load merely tend to increase the contact area or shift a greater
proportion of the load onto asperity contacts. At this stage, two events may occur; either
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there is direct desorption of the adsorbate lubricating films caused by excessive contact
temperature or there is a progressive collapse in EHL pressure caused by the asperity
interference. When pressure declines the adsorbed films become unstable. The collapse in
pressure can be limited to asperity contacts only while the bulk pressure field remains
unaffected. If there is a localized reduction in hydrodynamic pressure then the critical
desorption temperature will precipitately decline to allow local desorption of the adsorbate
film. Scuffing will then be initiated from localized adhesive contacts between asperity peaks
denuded of adsorbate film. This mechanism of combined instability is illustrated in Figure
8.26.

Stable operation

Load increasing

Scuffing

Uncontrolled
scuffing

Critical temperature

Contact temperature

EHL pressure

Direct mechanism of adsorbate
film instability and removal

Stable operation

Load increasing

Scuffing

Uncontrolled
scuffing

Critical temperature

Contact temperature

Indirect mechanism of adsorbate
film instability and removal

No macroscopic change in contact
temperature during initiation of scuffing

EHL pressure

Localised decline in
EHL pressure and
critical temperature

FIGURE 8.26 Combined instability in EHL pressure field and adsorbate lubricating films as
cause of scuffing.

As may be deduced from Figure 8.26, it is still unclear whether any collapse in EHL or micro-
EHL induces desorption and scuffing or whether desorption occurs first and the resultant
surface damage causes the cessation of EHL.

A phenomenon of catalytic oil decomposition is believed to contribute to scuffing too. At
high temperatures found in a heavily loaded EHL film, whenever asperity contact occurs, i.e.
when the EHL film thickness becomes comparable to the combined surface roughness of the
contacting surfaces, the exposure of nascent surfaces worn by asperity interaction may directly
affect the base oil of the lubricant which may have severe consequences for the lubricant
film. It is known that a major feature of nascent surface is its elevated catalytic activity
compared to quiescent, oxidized metal [17,119-121]. Nascent surface typically catalyzes
decomposition reactions of organic compounds found in oil to release low molecular weight
products that are often gaseous [119]. Such catalysis can have a destructive effect on the
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lubricating capacity of an oil. It has been suggested that scuffing occurs when there is
sufficient nascent surface exposed by mechanical wear to cause the rate of chemical
degradation of oil inside the contact to exceed the rate at which it can be replenished [121].
When a critical rate of degradation is reached, contact closure by partial failure of lubrication
further reduces the supply rate of oil. This causes a sharp transition to unstable lubrication
and scuffing from stable lubrication below a critical load. The catalysed decomposition
products are unlikely to facilitate lubrication since they do not possess the physical capacity to
sustain the extremely high shear rates prevailing in the EHL contacts. These products tend to
accumulate between asperity contacts and when their concentration becomes high enough,
lack of lubrication occurs leading to scuffing [115]. In addition, the decomposition products
most probably surround the contact excluding fresh lubricating oil or else under the
influence of extreme frictional heating they react and chemically bind both sliding surfaces.
This last effect could cause a catastrophic rise in friction levels. The schematic illustration of
this �catalytic model of scuffing� is shown in Figure 8.27.

An important method of controlling scuffing would appear to be the prevention of nascent
metal surface by covering the sliding surfaces with coatings of non-metallic materials such as
ceramics. Steel gears coated with titanium nitride and carbide have been found to offer good
scuffing resistance in gearbox tests compared to uncoated steel gears [122]. Selection of a stable
lubricant is also important since the decomposition of perfluoroalkyether lubricating oils has
been found to initiate scuffing and wear of metal surfaces [123,124].

Load

Load

Rotation

Rotation

Oil

Lubricated
contact

Surface 1

Surface 2

Hot, reactive nascent
surface catalyses
decomposition of oil

Oil film collapses
when sufficient

degradation of oil occurs

Collision of asperities
and formation of
nascent surface

Figure 8.27 Schematic illustration of catalytic model of scuffing of metal surfaces lubricated
by an oil.

In other more mechanically orientated studies, it was also found that operational parameters
such as loading history and run-in procedure have a strong influence on scuffing and
measured critical temperatures [46-48]. The critical temperature appears therefore to be a
function of many parameters not just pressure, heat of adsorption and sliding speed. Despite
the poor understanding of scuffing, research in this area has become scant in recent years.
This may be due to the fact that scuffing belongs to �industrial tribology� which has a
relatively low priority compared to other aspects of tribology [49].

· Metallurgical Effects

The effect of alloying and heat treatment to produce a specific microstructure also exerts a
major influence on whether a low coefficient of friction can be obtained by oil-based
lubrication. Frictional characteristics of steel-on-steel contacts versus temperature for two
steels, a martensitic plain carbon steel and an austenitic stainless steel, are shown in Figure
8.28 [50]. Both steels are lubricated by mineral oil.

It can be seen from Figure 8.28 that the coefficient of friction of the austenitic stainless steel
rises sharply at 160°C reaching values greater than unity by 200°C. In favourable contrast, the
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FIGURE 8.28 Frictional characteristics of plain carbon and stainless steels versus temperature
under mineral oil lubrication [50].

coefficient of friction of the plain carbon martensitic steel remains moderate in the range of
0.2 - 0.3. The difference between these two steels can be explained in terms of reactivity since
the austenitic steel is considered to be less reactive than the martensitic steel because of the
latter's greater lattice strain. The greater reactivity causes more rapid formation or repair of
oxide films and re-adsorption of surfactant films under conditions of repeated sliding contact.
In another study [52] it was found that austenitic steels have lower friction transition
temperatures than martensitic steels.

Similar tests conducted with additive enriched oils revealed that low alloy steels exhibit
lower coefficients of friction than high alloy steels [51]. It appears that both the phase of the
steel and the alloying content are the controlling factors in lubricant performance. For
example, chromium was found to raise the scuffing load for austenitic steels [53] while the
contrary effect was found in other cases [54-56] where martensitic and ferritic steels were
tested. In a comprehensive study where the effect of different alloying elements on scuffing
resistance was tested, it was found that irrespective of the alloying elements the
microstructure has controlling effect on scuffing load. For example, ferrite gives the highest
scuffing loads and since martensite and cementite are less �reactive� they lower the scuffing
load [57].

Austenite is the most unsuitable phase and gives very low scuffing loads. The failure load for
austenites is less than one tenth of the failure load for ferritic steels [57]. Thus hardening of
steels does not provide increased protection against scuffing since this induces martensite
with a corresponding reduction in ferrite.

· Interaction Between Surfactant and Carrier Fluid

In the model of adsorption lubrication discussed so far, the fatty acid or surfactant was either
applied neat to the test surface or as a solution in an inert fluid. In practice, the �carrier fluid�
or �base stock� can also influence the lubrication mechanism. It was found that the heat of
adsorption of stearic and palmitic acid on iron powder were up to 50% greater with
hexadecane as the carrier fluid than with heptane [58]. The heat of adsorption dictates the
friction transition temperature. For example, if hexadecane is used as a carrier fluid in
preference to heptane, a higher friction transition temperature can be expected.

This aspect of adsorption lubrication has also been relatively neglected, partly because of the
difficulty in manipulating mineral oil as a carrier fluid. With the adoption of synthetic oils
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which offer a much wider freedom of chemical specification, systematic optimization of the
heat of adsorption may eventually become practicable.

8.4 HIGH TEMPERATURE - MEDIUM LOAD LUBRICATION MECHANISMS

There has always been much interest in oil based lubrication mechanisms which were
effective at high temperatures.

The primary difficulty associated with lubrication is temperature, whether this is the result of
process heat, e.g. a piston ring, or due to frictional energy dissipation, e.g. a high speed gear.
Once the temperature limitations of adsorption lubrication were recognized the search began
for �high temperature mechanisms'. Although these mechanisms have remained elusive
some interesting phenomena have been discovered.

Two basic mechanisms involved in high temperature lubrication at medium loads have
been found: chain matching and formation of thick films of soapy or amorphous material.
Chain matching is the modification of liquid properties close to a sliding surface in a manner
similar to the �low temperature - low load� mechanism but effective at far higher
temperatures and contact pressures, and dependent on the type of additive used. The thick
colloidal or greasy films are deposits of material formed in the sliding contact by chemical
reaction. They separate the opposing surfaces by a combination of very high viscosity and
entrapment in the contact.

Chain Matching

Chain matching refers to the improvement of lubricant properties which occurs when the
chain lengths of the solute fatty acid and the solvent hydrocarbon are equal. This is a concept
which is not modelled in detail but which has periodically been invoked to explain some
unusual properties of oil-based lubricants.

In a series of �four-ball� tests the scuffing load was found to increase considerably when the
dissolved fatty acid had the same chain length as the carrier fluid lubricant [43]. An example
of scuffing load data versus chain length of various fatty acids is shown in Figure 8.29. Three
carrier fluids (solvents) were used in the experiments, hexadecane, tetradecane and decane of
chain lengths of 16, 14 and 10 respectively.

The maximum in scuffing load occurred at a fatty acid chain length of 10 for decane, 14 for
tetradecane and 16 for hexadecane. To explain this effect, it was hypothesized that a coherent
viscous layer forms on the surface when chain matching occurred. This is similar to the �low
temperature - low load� mechanism discussed previously except that much higher contact
stresses, > 1 [GPa], and higher temperatures, > 100°C, are involved and furthermore the
mechanism is dependent on the type of additive used. It was suggested that when chain
matching occurs, a thin layer with an ordered structure forms on the metallic surface. The
additive, since it usually contains polar groups, may even act by bonding this layer to the
surface. If the chain lengths do not match then a coherent surface structure cannot form and
the properties of the surface-proximal liquid remain similar to those of the disordered state
of bulk fluid as shown in Figure 8.30.

To support this argument, the near surface viscosity under hydrodynamic squeeze conditions
was measured and a large viscosity was found when chain matching was present [43]. The
relationship between the viscosity calculated from squeeze rates versus distance from the
surface for pure hexadecane and hexadecane plus fatty acids of varying chain length is shown
in Figure 8.31.

Although chain matching has been confirmed in other studies [59,60] many researchers have
failed to detect this effect and still remain sceptical [33]. Recently, however, an influence of
fatty acids on EHL film thickness was also detected [61]. Film thickness or separation distance
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versus rolling speed under EHL lubrication by pure hexadecane and hexadecane with stearic
acid present as a saturated solution is shown in Figure 8.32.

0

1

2

Se
iz

ur
e 

lo
ad

 [k
N

]

0 10 20

Number of carbon atoms in saturated additive

5 15 25

A

B

C

Hexadecane

Tetradecane

Decane

FIGURE 8.29 Scuffing loads as a function of fatty acid chain length for various aliphatic
hydrocarbon carrier oils [43].
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FIGURE 8.30 Model of chain matching.

It can be seen from Figure 8.32 that EHL film thicknesses for pure hexadecane and a
hexadecane solution of stearic acid diverge significantly. At very low speeds hexadecane gives
no residual film on the surface while the stearic acid/hexadecane solution gives separation of
about 2 [nm]. This effect can be attributed to an adsorbed layer of stearic acid. As speed
increases and an EHL film is generated the film thickness for both lubricating liquids
becomes the same and the effect of stearic acid is diminished.
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FIGURE 8.31 Viscosity versus distance between squeezing surfaces for pure hexadecane and
hexadecane with dissolved fatty acids of chain lengths 14, 16 and 18 [43].
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FIGURE 8.32 Effect of dissolved fatty acid on EHL film [61]. 

The effects of various fatty acids on friction, i.e. lauric, palmitic and stearic acid added to
hexadecane, were tested under heavily loaded conditions between sliding steel surfaces [62].
At low friction a layer of adsorbate, thicker than a monolayer, was detected by contact
resistance measurements. After the friction transition temperature was exceeded and the
friction coefficient rose, this layer seemed to decline to negligible values. However, the
highest friction transition temperature of about 240°C was recorded when the chain length of
the fatty acid matched that of the hexadecane, i.e. at 16 which corresponds to palmitic acid.
For the other acids, the friction transition temperature was much lower, between 120°C and
160°C.
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Thick Films of Soapy or Amorphous Material

Almost all additives used to control friction and wear can react chemically with the worn
metallic surface. This means that in addition to adsorbate films and viscous surface layers, a
layer of reaction product can also form on the sliding contact surface. It is virtually
impossible to control this process once the additive is present in the oil. Until recently this
aspect of additive interaction was hardly considered since the reaction products were usually
assumed to be extraneous debris having little effect on film thicknesses, friction and wear.
Recently, however, the idea of films thicker than a mono-molecular adsorbate layer but
thinner than the typical EHL film thickness has been developed [62,63,67-69]. The thickness of
this film is estimated to be in the range of 100 - 1000 [nm] and the limitations of desorption at
high frictional temperatures have been avoided. The consistency or rheology of these films
varies from soapy, which implies a quasi-liquid, to a powder or amorphous solid.

· Soap Layers

Soap layers are formed by the reaction between a metal hydroxide and a fatty acid which
results in soap plus water. If reaction conditions are favourable, there is also a possibility of
soap formation between the iron oxide of a steel surface and the stearic acid which is
routinely added to lubricating oils. The iron oxide is less reactive than alkali hydroxides but,
on the other hand, the quantity of �soap� required to form a lubricating film is very small.
Soap formation promoted by the heat and mechanical agitation of sliding contact was
proposed to model the frictional characteristics of stearic acid [62,63]. In the theory of
adsorption lubrication, it was assumed that only a monolayer of soap would form by
chemisorption between the fatty acid and underlying metal oxide, e.g. copper oxide and lauric
acid to form copper laurate. No fundamental reason was given as to why the reaction would
be limited to a monolayer.

The soap formed by the reaction between a fatty acid and metal is believed to lubricate by
providing a surface layer much more viscous than the carrier oil as shown schematically in
Figure 8.33 [62].

 

Steel

Fe + Fatty acid ⇒ Fe based soap
e.g. Ferrous stearate

Oil layer
Fatty acid

Viscous soap layer ≈0.1µm

Heat

FIGURE 8.33 Formation of a viscous soap layer on steel by a reaction between iron and a fatty
acid in lubricating oil.

The presence of a viscous layer functioning by the mechanism of hydrodynamic lubrication
was deduced from electrical contact resistance measurements [62]. When there was a
measurable and significant contact resistance, the thick viscous layer was assumed to be
present. Dependence on hydrodynamic lubrication was tested by applying the Stribeck law.
According to the Stribeck law, the following relationship applies at the limit of
hydrodynamic lubrication:

logU +  logυ  −  logW = constant (8.4)
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where:

U is the sliding velocity [m/s];

υ is the kinematic viscosity [m2/s];

W is the load [N].

The apparatus used to measure friction was a reciprocating steel ball on a steel plate,
oscillating at short amplitude and high frequency as shown schematically in Figure 8.34. The
value of the constant in equation (8.4) was found by measuring the loads and velocities
where oil film collapse, manifested by a sharp increase in temperature (Figure 8.34), occurred
during lubrication by plain mineral oil. Assuming that the constant is only a function of film
geometry and independent of the lubricant it is possible to calculate the viscosity of the soap
film. An example of the experimental results obtained with 0.3% stearic acid in hexadecane is
shown in Figure 8.35 [62].
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e.g. 2 mm

Test
steel
plate

Controlled
electric
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FIGURE 8.34 Experimental principles involved in detecting viscous soap layers during
reciprocating sliding, a) schematic diagram of the test apparatus, b) sharp
increase in friction temperature indicating collapse of lubricating film (adapted
from [62]).

It can be seen from Figure 8.35 that the calculated viscosity is in the range between 200 - 2000
[cS] which is similar to the viscosity of a soap under the same temperature.

The limitation associated with this mode of lubrication is that like chemisorption, reaction
with an oxidized metallic substrate is a pre-requisite. Steels and other active metals such as
copper or zinc would probably form soap layers whereas noble metals and non-oxide
ceramics are unlikely to do so.

· Amorphous Layers

It is known from common experience that the process of sliding involves grinding which
can reduce the thickness of any interposed object. Lumps of solid can be ground into fine
powders and, at the extreme, a crystal lattice can be dismantled into an amorphous assembly
of atoms and molecules. This process is particularly effective for brittle or friable substances.
As discussed already, many lubricant additives function by reacting with a substrate to form a
deposit or film of reacted material which is inevitably subjected to the process of
comminution imposed by sliding. This material, finely divided (i.e. as very fine particles) or
with an amorphous molecular structure, can have some useful load carrying properties and
can also act as a lubricant.
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FIGURE 8.35 Relation between temperature, sliding speed and viscosity of the soap layer
formed in sliding contact during lubrication by stearic acid in hexadecane [62].

The process of amorphization of interposed material can be illustrated by a bubble raft
analogue of a crystal lattice. Each bubble is analogous to an atom and, when closely packed,
the bubbles resemble a crystal lattice if regular and an amorphous distribution if irregularly
arranged [64]. An example of a bubble raft model of a sliding interface is shown in Figure 8.36.

Material close to the sliding surfaces tends to be crystalline because of the tendency to align
with a plane surface. The bulk of the material, however, is amorphous because the shearing
caused by sliding does not follow exact planes parallel to the sliding direction. Instead,
transient ripples of shear waves completely disrupt any pre-existing crystal structure as
shown in Figure 8.37.

Amorphous layers of phosphates containing iron and zinc have been found in steel sliding
contacts when zinc dialkyldithiophosphate (ZnDDP) was used as a lubricant additive [65,66].
The formation of these amorphous layers is associated with anti-wear action by the ZnDDP
for reasons still unclear.

Finely divided matter as small as the colloidal range of particles has been shown to be capable
of exerting a large pressure of separation between metallic surfaces [67]. Very little pressure is
required to compress a spherical powder particle to a lozenge shape, but when this lozenge
shaped particle is further deformed to a lamina, the contact pressure rises almost
exponentially. This can be visualized by considering the indentation of a layer of powder
supported by a hard surface using a hemispherical punch. Initial indentation requires little
force but it is very hard to penetrate the powder completely. The deformation process of a soft
spherical powder particle is illustrated schematically in Figure 8.38.

When the compression force is sufficiently large, the soft material is entrapped within the
harder surface as illustrated in Figure 8.38. The resultant strain in the hard material may
cause permanent deformation which could be manifested by scratching and gouging [67]. The
compression tests reported were performed without simultaneous sliding. The films
deposited by ZnDDP presumably have the ability to roll and shear within the sliding contact
while individual �lumps� of material are not further divided into smaller pieces.
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Crystalline

Amorphous layer

Crystalline

FIGURE 8.36 Bubble raft analogy of crystal/amorphous structure of the material separating
sliding surfaces [64].

FIGURE 8.37 Rippling shear fronts under sliding using the bubble raft analogy as a
mechanism of destruction of the crystal lattice [64].
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FIGURE 8.38 Deformation process of a soft material between two harder surfaces.

These deposited films of solid powder or amorphous material on metallic surfaces would not
suffer from the drawback of desorption at a limiting temperature or viscosity loss with
increasing temperature as adsorbed films do. The mechanism which is involved in
formation of these films evidently forms the basis of the high temperature lubricating
properties of ZnDDP as compared to fatty acids. This research, however, is very recent and
the current models will most probably be revised in the future.

A further intriguing aspect of phosphorus-based additives is the spontaneous formation of
deposits under a full elastohydrodynamic film [68,69]. Both pure phosphonate esters and
solutions of phosphonate esters in paraffin tested by optical interferometry showed an
increase in the EHL film thickness from about 200 [nm] to 400 [nm] over 2 [hours] of testing at
100°C. An example of this increase in EHL film thickness versus rolling time for a 3%
solution of didodecyl phosphonate in purified mineral oil is shown in Figure 8.39.

Surface analysis of the rolling track of the EHL contact revealed that the deposited layer was
composed of a polymerized network of iron phosphate with some organic groups included.
This indicated that the iron had reacted with the phosphorous additive to form a thick layer
on the surface. The layer was extremely viscous and waxy in consistency and almost
insoluble in organic solvents. Polymerization by cross-linkage between phosphate and iron
atoms was also detected. It therefore seemed possible that an irregular network of repeating
phosphate and organic groups and iron atoms formed to create an amorphous structure. This
particular process may be the only confirmed observation of a so called �friction polymer� [70].
Friction polymer in general terms refers to the polymerization of hydrocarbon lubricants in
contact with metal whose oxide film has been removed by friction. A clean metallic surface,
particularly of steel, is believed to have strong powers of catalysis which can induce the
formation of hydrocarbon polymer films on the worn surface. These films are believed to
reduce friction and wear.

8.5 HIGH TEMPERATURE - HIGH LOAD LUBRICATION MECHANISMS

A lubrication mechanism acting at high temperature and high load is generally known as
lubrication by sacrificial reaction films or �Extreme Pressure lubrication� (often abbreviated to
E.P. lubrication). This mechanism takes place in lubricated contacts in which loads and
speeds are high enough to result in high transient friction temperatures sufficient to cause
desorption of available adsorption lubricants. When desorption of adsorbed lubricants
occurs, another lubrication mechanism based on sacrificial films is usually the most effective
means available of preventing seizure or scuffing. The significance of temperature has led to
the suggestion that this mode of lubrication be termed �Extreme Temperature Lubrication� [6]
but this term has never gained wide acceptance. It seems that the term �Extreme
Temperature� is too ambiguous for practical use since oils are never used at extreme
temperatures and furthermore the contact stresses under which E.P. lubricants are effective
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and commonly used considerably exceed the limiting contact stresses of many high
temperature lubricants. For example, sulphur-based E.P. additives used in pin-on-disc sliding
tests ensure moderate wear rates up to 2 [GPa] while methyl laurate (an adsorption lubricant)
fails at about 1.3 [GPa] and allows scuffing. Plain mineral oil shows an even lower ability to
operate under high contact stress, resulting in excessive wear rates at contact pressures below
1 [GPa] [71].
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FIGURE 8.39 Increase in EHL film thickness due to chemical reaction between the iron
substrate and the phosphonate additive [68].

Model of Lubrication by Sacrificial Films

Current understanding of E.P. lubrication is based on the concept of a sacrificial film. The
existence of this film is difficult to demonstrate as it is thought to be continuously destroyed
and reformed during the wear process. However, a great deal of indirect evidence has been
compiled to support the existence of such sacrificial films. The model of lubrication by a
sacrificial film between two discs is illustrated in Figure 8.40.

The main effect of severe contact loads is to remove the oxide film from asperity peaks
during contact with opposing surfaces. As already mentioned, the oxide-free surface of most
metals is extremely reactive. If a lubricant additive containing sulphur, chlorine or
phosphorus is present then a sulphide, chloride, phosphide or phosphate film rapidly forms
on the exposed or �nascent� surface. The adhesion between opposing asperities covered with
these films is much less than for nascent metallic surfaces and this forms the basis of the
lubricating effect. The asperities are able to slide past each other with the minimum of
damage and wear while the film material is destroyed by the shearing that inevitably occurs.
If this mechanism fails, asperity adhesion and severe wear occurs as described in the section
on �Mixed Lubrication and Scuffing'. In general terms the lubrication mechanism by
sacrificial films depends on rapid film formation by a reactive E.P. additive and on sufficient
time and temperature for the reaction films to form.

The evidence for the formation of sacrificial films has gradually been gathered over time. It
was originally observed that when wear tracks and contacts were lubricated by oils containing
sulphur, the sulphur accumulated in the heavily loaded regions [72-74]. The concept of an
iron sulphide film was then proposed [75] and later confirmed when surface analysis was
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FIGURE 8.40 Model of lubrication by a sacrificial film.

sufficiently advanced to detect traces of iron sulphide on the steel surface [76]. Films of iron
sulphide were then produced on steel surfaces to test their lubricating effect and it was found
that their survival time in a sliding contact was very short [77].

When the temperature of rubbing steel specimens was deliberately lowered below the �E.P.
start temperature� (i.e. the minimum temperature for which the E.P. reaction becomes
effective, producing a lubricating effect), any lubricating effect rapidly disappeared even
though it has been well developed at a higher temperature [78]. In a more elaborate test, the
friction characteristics of a carbon steel pin sliding against a stainless steel ball were compared
with those of a stainless steel pin sliding against a carbon steel ball while lubricated by an E.P.
oil. The load capacity of the stainless steel pin sliding against a carbon steel ball was higher
than when the friction pair materials were exchanged. Static corrosion tests of the sulphur
additive outside of the sliding contact showed that stainless steel did not react or corrode as
rapidly as plain carbon steel [78]. Since the pin is subjected to a very intense wearing contact a
sacrificial film is unlikely to form on its surface whatever the material. It is therefore
preferable for the ball to be made of reactive material, i.e. carbon steel, to allow a sacrificial
film to form on the surface outside the sliding contact giving higher load capacity and better
wear resistance. A model of this film formation is schematically illustrated in Figure 8.41.

Additive Reactivity and Its Effect on Lubrication

In order for an E.P. additive to effectively form sacrificial films it must be chemically active
and react with worn metallic surfaces [75,79]. An �active� E.P. additive gives a higher seizure
load than a �mild� E.P. additive [76]. The seizure load is the load sufficient to cause seizure of
the balls in a �four-ball� test. In this test one ball is rotated under load against three stationary
balls until seizure occurs. This test is commonly used in characterizing lubricating oils. Exact
comparisons of additive chemical reactivity and E.P. performance are rather rare in the
literature because of the limited practical need for them and experimental difficulties
involved. One test measuring corrosion by E.P. additives and load carrying capacity was
conducted on a �hot wire� and �four-ball� test rigs simultaneously [80]. The operating principle
of a hot wire corrosion apparatus is shown in Figure 8.42. A wire submerged in a bath of the
test oil is heated by electric current to induce corrosion of the wire. Since the corrosion
product, e.g. iron sulphide, usually has a much higher resistivity than the metal wire, the
increase in resistance provides a measure of the depth of the corrosion.

The temperature of the wire, which also affects its resistance, is held constant during the test.
There is a short period of time required for the wire to reach a steady temperature. The
corrosion rates are usually sufficiently slow so that it can be assumed that no corrosion occurs

TEAM LRN



BOUNDARY AND EXTREME PRESSURE LUBRICATION 391

 

Vigorous film
regrowth µ

Time

Low friction

Poor film
regrowth

µ

Time

High frictionInert
metal

Reactive
metal

Inert
metal

Reactive
metal

Sacrificial
action
of film
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FIGURE 8.42 Schematic diagram of a �hot wire� corrosion apparatus.

during this period. The �hot wire� method has certain drawbacks since it is possible for non-
uniform corrosion of the wire to occur which may corrupt the experimental data. Unless a
high pressure is maintained in a test chamber a vapour jacket will surround the wire. The
vapour has a different chemical characteristic from the liquid oil and additive reactivity
becomes a function of hydraulic pressure [81]. The �hot wire� method is an adequate and
effective method for demonstrating a general relationship between chemical activity and
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lubricating effect for a wide range of additives. However, an exact comparison between
similar additives also requires an independent confirmation by other methods.

To specifically evaluate both reactivity and lubricating effect of oils two parameters �K� and
�K1� are introduced, i.e.:

K = logWtest oil / logWwhite oil (8.5)

and

K1 = logκ test oil / logκwhite oil (8.6)

where:

K is the relative load capacity of the E.P. lubricant;

K1 is the relative corrosivity of the E.P. lubricant;

Wtest oil is the mean Hertzian load where gross wear begins in a four-ball test with test
oil. The mean of several measurements is usually taken [N];

Wwhite oil is the mean Hertzian load where gross wear begins in a four-ball test with
white oil. The mean of several measurements is usually taken [N];

κtest oil is the corrosion constant of the test oil [m2/s];

κwhite oil is the corrosion constant of the white oil [m2/s].

The corrosion constant �κ � can be deduced from the Wagner parabolic law of high
temperature corrosion,i.e.:

d2 = κt (8.7)

where:

d is the average depth of corrosion [m];

t is the corrosion time [s].

An example of the plot of �K� versus �K1� for various sulphur, chlorine and phosphorus based
E.P. lubricants is shown in Figure 8.43.

It is evident from Figure 8.43 that the performance of a lubricant is proportional to its
corrosivity or film formation rate. It is also clear that there are fundamental differences
among the additives depending on the active element. Sulphur is the most effective
element, i.e. it provides the greatest lubricating effect for the least corrosion, followed by
phosphorus and chlorine. The reasons for this variation are still unknown.

A large range of compounds have been tested as E.P. additives and it was found that effective
additives have a weakly bonded active element. A frequently studied additive is
dibenzyldisulphide (DBDS), the molecular structure of which is shown in Chapter 3, Figure
3.18. In this molecule, two sulphur atoms are arranged in a chain linking two benzyl groups.
This molecular structure is relatively weak and the sulphur is easily released to react with
contacting metal. It is also possible to increase the sulphur chain length, e.g. have four
sulphur atoms in one molecule, and this further increases the instability or reactivity of the
compound. Pure elemental sulphur without any inhibiting organic radical is highly reactive
with steel and other metals and hence can be very effective as an E.P. additive for severe
conditions. More information on the formulation of the molecular structure of E.P. additives
can be found in [82].
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FIGURE 8.43 The relationship between corrosivity and lubricating effect of some E.P.
lubricants [80].

For any given application, the reactivity of the E.P. additive is usually adjusted to provide
just sufficient lubricating effect without causing excessive corrosion. If the additive is too
reactive, e.g. elemental sulphur, the attendant corrosion can cause almost as much wear and
damage as the scuffing that would have otherwise occurred. Wear induced by E.P. additives
is discussed further in the chapter on �Corrosive and Oxidative Wear�.

Nascent Metallic Surfaces and Accelerated Film Formation

Sliding between metals under high contact pressures is generally believed to disrupt
naturally occurring oxide layers and expose a �nascent surface�. As discussed earlier, this
phenomenon may impede adsorption lubrication. For sacrificial film lubrication, the
exposure of the nascent surface can accelerate the formation of these films and promote a
lubricating effect. It is very difficult to demonstrate experimentally the transient removal of
oxide films during sliding contact but some evidence of this was provided by applying the
technique of ellipsometry [83]. Ellipsometry is an optical technique that detects oxide films by
the interference between fractions of light reflected from the base and outer surface of an
oxide film. Enhancement of the experimental method with a laser and light polarizer
revealed that very small patches of surface, typically 10 - 30 [µm] in diameter, with no
detectable oxide film formed on the wearing surface of hard martensitic steel during high
stress (0.1 [GPa]) sliding contact [83].

A nascent surface is far more reactive than an oxidized surface because: (i) there is no oxide
barrier between the metal and reactants, (ii) the surface atoms release electrons known as
�Kramer electrons� to initiate reactions [84], (iii) the nascent surface formed by sliding contains
numerous defects which provide catalytic sites for reactions [85]. These characteristics of
nascent surfaces are schematically illustrated in Figure 8.44 and are discussed in detail in [86].

The release of electrons is critical to the initiation of a reaction between the E.P. additive and
the metal. Low energy electrons emitted by the surface ionize molecules of the additive and
then these ionic radicals (transformed additive molecules) adsorb onto positive points on the
surface [87]. The electron emission is associated with initial oxidation of the surface by
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FIGURE 8.44 Characteristics of nascent surfaces.

atmospheric oxygen [84,88] or possibly by initial sulphidization. The positive points or
electron vacancies have only a minute life-time. On the surface of a typically conductive
metal this is only about 10-13 [s] but this is sufficient to initiate chemical reactions. Surface
adsorption reactions are therefore activated by the low energy electrons and may progress
very rapidly. The model of an ionic reaction mechanism between E.P. additives and a
metallic surface is shown in Figure 8.45.
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FIGURE 8.45 Ionic model of reaction between an additive and a worn surface [87].

Measurements of reaction rates between sulphur and a nascent steel surface [89] show that
the rate of sulphidization by elemental sulphur is about 1000 times more rapid for a nascent
surface than for an oxide surface. This speed of reaction ensures that a thin film of
sulphidized material, perhaps 5 [nm] thick, would form in a few milliseconds instead of over
several seconds. A sacrificial film based on this thin film could be sustained even at high
contact rates, i.e. when the angular speed is several thousand revolutions per minute [25]. It
was also found that the presence of a nascent steel surface lowered the temperature at which
a measurable reaction rate occurred between steel and E.P. additives [90].

To summarize, the nascent surfaces play a significant role in lubrication by sacrificial films
through: (i) raising the film formation rates to a level sufficient to sustain lubrication by the
sacrificial film mechanism in practical high speed contacts, (ii) confining the corrosive attack
by the E.P. additive, particularly at low temperatures, to asperity peaks, i.e. to locations where
a nascent surface is most often found. These characteristics are illustrated schematically in
Figure 8.46.
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FIGURE 8.46 Preferential formation of sacrificial films at localized areas of nascent metallic
surface.

Influence of Oxygen and Water on the Lubrication Mechanism by Sacrificial Films

Oxygen and water or atmospheric moisture exert a strong influence on E.P. lubrication as
well as on adsorption lubrication. Oxygen is a competing reagent to the E.P. active element,
e.g. sulphur, for the nascent steel surface. The chemistry of oxidation is fundamentally
similar to sulphidization, chloridization and even phosphidization. Oxygen is present in air
and is not excluded from most sliding contacts. Pure films of sulphide or of other E.P. active
elements are rarely found in practical systems. It is found, for example, that when E.P.
lubrication is effective the wear debris is mostly iron oxides [91]. High concentrations of
sulphur on worn surfaces are found to coincide with scuffed regions while smooth surfaces
are covered with oxygen rich layers [92]. More recently, however, it was found that, provided
scuffing did not occur, oxygen is more densely concentrated on worn surfaces than sulphur
when lubricated by E.P. additives [93]. Films rich in sulphur were found only if oxygen was
deliberately excluded from the surrounding environment by imposing an atmosphere of
pure nitrogen [93]. The requirements of thermodynamic equilibrium ensure that sulphides
are eventually oxidized to sulphates and later oxides in the presence of oxygen. In a study of
oxygen and sulphur interactions with clean metallic surfaces under high vacuum, it was
found that a monoatomic layer of sulphur, probably bonded as sulphide to the iron surface,
was gradually converted to iron oxide when oxygen was admitted to the vacuum [94].

These characteristics of an E.P. lubricated system can be interpreted in terms of a chemical
system subject to mechanical intervention. At the asperity peaks where a nascent surface is
repeatedly formed, sulphidization occurs because this is the far more rapid process. Any
sulphide debris from the sacrificial films collects in the oil where it is oxidized by dissolved
oxygen. In between the asperity peaks, a slower form of corrosion or chemical attack occurs
which causes the compounds closest to thermodynamic equilibrium to form, i.e. oxides or
oxidation products of sulphides. This duplex structure and formation of the E.P. film is
illustrated schematically in Figure 8.47.

The lubrication mechanisms under E.P. conditions, i.e. high temperature and high load, are
only indirectly controlled by the presence of an additive. The lubrication mechanism
therefore functions largely according to the Le Chatelier principle. When conditions are
moderate the system responds by producing the compounds which are closest to
thermodynamic equilibrium. On the other hand, under severe conditions, i.e. onset of
scuffing, chemical reactions respond to the most immediate disturbance, which is a large
quantity of unreacted metallic surface. In that case, the most rapid means of neutralizing the
metallic surface becomes the primary response.

A further complication in the elucidation of the role of oxygen is the difficulty in precisely
defining the structure of the E.P. film. As discussed above, chemical reactions and film
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formation at asperity peaks may be very different from events occurring in the grooves and
spaces between asperities. Surface analysis is most effective in providing an average chemical
composition of a surface. However, the establishment of a surface �map� of, for example,
sulphides is a very laborious if not impossible task requiring the application of modern
surface analysis techniques. In other words it is relatively simple to determine the
composition of the bulk of the surface while overlooking the small but critical areas of
asperity peaks. Most work has shown that E.P. films are at least 1 [µm] thick simply because
that thickness of sulphide films has been observed on worn surfaces [76,95]. Although much
thinner films between 10 - 50 [nm] have also been suggested [78,96], they are still too thick to
be sacrificial films.

The presence of these �tough� thick films was originally used as evidence for E.P. lubrication.
The rapid destruction of thick sulphide films by sliding contact precludes their survival in
E.P. systems apart from the relatively unworn spaces between asperities. In a study of
sulphide films on steel surfaces, it was found that the product of several hours corrosion by
sulphur on steel, i.e. a thick sulphide film, was destroyed by less than 20 passes of a steel
slider [97] which in a high speed sliding contacts would last for about one second or less. An
E.P. film where there is an accumulation of corrosion product between asperities with short-
lifetime or transient films present on asperity peaks is suggested as the most probable [25] and
is illustrated in Figure 8.48.

Thin film ≈ 10 nm

Substrate

Thick film ≈ 1 µm:
smoothing effect

Accumulation of film between asperities to reduce
roughness and promote hydrodynamic lubrication

FIGURE 8.48 Probable structure of the E.P. film.

Oxygen is not only a strong chemical reagent which actively modifies the chemistry of a
sacrificial film but it has also been found to improve the lubricating effect. The heat of
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adsorption of fatty acids on iron sulphide is raised considerably by a small amount of
oxidation [97]. The heat of adsorption of unoxidized iron sulphide is similar to iron oxides.
This means that the role of oxygen may be to extend the temperature limits of adsorption
lubrication when surfactants and E.P. additives are simultaneously employed as additives.
Oxygen may also suppress excessive corrosion by E.P. additives since it was found that
removal of oxygen from a lubricated system caused a more severe sulphidization without
any increase in maximum load capacity [98]. A mixed oxide/sulphide film was also found to
have a much higher load capacity than a pure sulphide film under certain conditions of load
and sliding [99]. A graph of critical load versus measured ratios of surface sulphur to oxygen
concentrations from the wear scars of a four-ball test is shown in Figure 8.49. The critical load
is defined as the maximum load which permits smooth sliding up to 200°C.

 

0

1

2

3

4

0 1 2

Ratio of sulphur to oxygen surface concentration at 200°C

C
ri

ti
ca

l l
oa

d
 [k

N
]

FIGURE 8.49 Influence of sulphur to oxygen ratio in the wear scar film on the critical load
[96].

When only a film of oxides is present then the critical load is very low, less than what is
provided by a predominantly sulphidized film. By far the highest level of critical load is
found when the sulphur and oxygen are present in approximately equal quantities. This data
may, however, relate more to relative distributions of oxides and sulphides on and between
asperity peaks rather than to film composition.

Differences between E.P. additives in terms of their chemical composition are also revealed
by the differences in the oxide, sulphide and sulphate composition of wear scar films [100].
Films on metallic surfaces lubricated by sulphur-based E.P. additives consisted of a mixture of
oxides, sulphides and occasionally sulphates. Each additive shows a characteristic
composition of sulphides and oxides for a given set of sliding conditions. The relative
oxide/sulphide/sulphate composition may depend on the rates of sulphidization and
oxidation during film formation [25]. When elemental sulphur is present, sulphide films
form very rapidly and remain as almost pure sulphide until their removal by wearing
contact. When a milder additive is used, the sulphide forms slowly, if at all, and is usually
heavily contaminated by oxide and sulphate.
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In contrast to oxygen, the influence of water or moisture on sacrificial film lubrication has
scarcely been studied. One investigation found that water can interfere with the functioning
of E.P. additives but the reason for this effect has not been suggested [28].

Mechanism of Lubrication by Milder E.P. Additives

Measurements of sulphidization rates on nascent steel surfaces revealed that not all E.P.
additives show rapid reaction rates [89]. The sacrificial film mechanism of E.P. lubrication is
probably not the only mechanism that can occur and there are differing views on this subject.
Most of the existing theories suggest that E.P. additives also function by a modified form of
adsorption lubrication. The sulphidization reaction is not necessarily considered to be
spontaneous and E.P. additives are thought to be initially adsorbed onto the surface
[76,101,102]. This adsorption provides a useful lubricating effect or wear reducing effect at
moderate loads and is called the �anti-wear� effect which is often abbreviated to �AW�. An
increase in loads, sliding speeds or operating temperatures, causes the adsorbed additive to
decompose on the worn surface leaving the sulphur atom (or any other active element) to
react with the iron of the worn metal. This mechanism is illustrated in Figure 8.50.
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FIGURE 8.50 Reaction mechanism of milder E.P. additives [101].

When the additive finally decomposes to produce a sulphide film, organic residue molecules
such as alkanes and olefins are released. Identification of these molecules in order to confirm
this model has proved difficult because of their extreme dilution caused by the lubricating
oil. It has also been suggested that the conversion of an adsorbed film of additive to a
sulphide film occurs mainly in the wearing contact where the temperatures are highest.
Outside of the wearing contact, adsorption of the additive is the predominant process. This
mechanism appears to be more appropriate for milder additives such as DBDS, than for
elemental sulphur, since these additives are not observed to form sulphide films rapidly at
the operating temperatures of lubricating oil, i.e. 100 - 180°C [89]. The model of this
mechanism is illustrated in Figure 8.51.

The unresolved aspect of this model is how the adsorbed film simultaneously protects
against strong adhesion between opposing asperities and decomposes to a sulphide film. As
will be discussed in the chapter on �Adhesion and Adhesive Wear�, more than a monolayer
of film material is required to prevent adhesion between asperities.

Function of Active Elements Other than Sulphur

Phosphorus and chlorine are generally believed to provide a lubricating effect similar to
sulphur. When a phosphorous compound containing a phosphate radical is reactive to a
metallic surface, a metallic phosphate film is formed on the worn surface increasing the load
capacity characteristic of E.P. lubrication [30,103]. Tricresylphosphate (TCP) and zinc
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dialkyldithiophosphate (ZnDDP) are usually used for this purpose although, as discussed in
Chapter 3, the zinc and sulphur present in ZnDDP considerably complicate the film
formation by this additive [104]. The lubricating effect of phosphorous additives depends on
the presence of oxygen but a clear pattern of interaction has not yet been established.
Although in early tests, oxygen was found to promote the lubricating effect of TCP [30,103], in
other studies it was observed that ZnDDP, but not other phosphorous compounds, gave
enhanced lubrication in the presence of oxygen [105].

 

Region of EHL contact:
· High temperatures
· Additive decomposition
· Sulphide formation

Oil
Adsorption by
additives onto

surface

Surface
temperature

FIGURE 8.51 Sulphide film formation in high contact temperatures as a model for mild E.P.
additives.

Chlorine is useful as an active element in E.P. additives. A chlorinated fatty acid ester was
found to give a higher load capacity in a four-ball test than either sulphur or phosphorus
compounds [106]. The mechanism of lubrication by chlorine based additives is believed to
involve sacrificial films in the same manner as sulphur [75]. One limitation of chlorine
additives is the low melting temperature of iron chlorides. When the transient temperature
in a sliding contact reaches 680°C, melting of the iron chloride causes failure of the sacrificial
film mechanism resulting in seizure [107]. Most chlorine compounds used as additives are
toxic, e.g. chlorinated paraffins, or else decompose to release hydrochloric acid in the presence
of water. Interest in these additives is therefore limited.

E.P. lubrication is not only restricted to sulphur, phosphorus and chlorine. Any element
capable of reacting with a metallic surface to form a sacrificial film can be suitable. Additives
based on tin which reacts with iron oxides to form an organometallic complex containing
both iron and tin on the surface have also been proposed [108]. Research on these complexes
is only in its initial stage.

Lubrication With Two Active Elements

Practical experience has revealed that the combination of two active elements, e.g. sulphur
and phosphorus or sulphur and chlorine, gives a much stronger lubricating effect than one
element alone. The sulphur-phosphorus system is most widely used because of the
instability of chlorine compounds.

The effect of combining additives is demonstrated in Figure 8.52 which shows the data from
Timken tests. The mineral oils used in these tests were enriched with the additives dibenzyl
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disulphide and dilauryl hydrogen phosphate. By using these additives separately and
together the effect of phosphorus, sulphur and phosphorus-sulphur on seizure load was
found [109].
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FIGURE 8.52 Comparison of seizure loads for sulphur, phosphorus and sulphur-phosphorus
enriched lubricants [109].

It can be seen that although the phosphorous additive by itself is ineffective as compared to
the sulphur additive, the combination of phosphorus and sulphur is significantly better than
either additive acting in isolation. Unfortunately the Timken test imposes severe sliding
conditions on the lubricant which may not be representative of typical operating conditions
of practical machinery. The IAE (Institute of Automotive Engineers) and IP (Institute of
Petroleum) 166 gear tests conducted with the same additives revealed that the phosphorus-
based additive allowed the same seizure or failure loads for a much smaller concentration
than the sulphur-based additive [109]. The critical difference between the Timken test and the
gear tests is the slide/roll ratio. The Timken test involves pure sliding while the gear tests
only impose sliding combined with rolling. It appears that the sulphur originated surface
films are more resistant to the shearing of pure sliding than films formed from phosphorous
additives.

The chemistry of steel surfaces after lubrication by sulphur-phosphorus oils was also studied
[109,110]. Films found on wear scars formed under severe conditions, e.g. the Timken test,
consisted mostly of sulphur. However, under milder load and lower slide/roll ratios, which
are characteristic for general machinery, it was found that phosphorus predominates in the
wear scar films. This pattern of film chemistry versus sliding severity is illustrated
schematically in Figure 8.53.

It can be seen from Figure 8.53 that a sulphur-phosphorus based lubricant provides
considerable versatility in lubricating performance. The sulphur is essential to prevent
seizure under abnormally high loads and speeds while phosphorus maintains low friction
and wear rates under normal operating conditions.
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FIGURE 8.53 Dependence of sulphur-phosphorus wear scar film chemistry on severity of
sliding conditions.

The relative benefits of sulphur versus phosphorus can also be discussed in terms of their
ability to provide effective lubrication under shock loading. It was found that sulphur based
additives tend to provide better lubrication, i.e. maintain a moderate coefficient of friction,
during a precipitate increase in load than phosphorus based additives [109]. Phosphorus based
additives are characterized by a progressive decline in friction and accumulation of
phosphorus on the worn surface. It appears that in these cases mechanisms other than
sacrificial film lubrication may be involved. The most probable mechanism seems to be
lubrication by an amorphous layer which was discussed previously.

Temperature Distress

Temperature distress is a term used to describe high friction occurring over a relatively
narrow band of intermediate temperature in lubrication by an oil. An example of this effect is
shown in Figure 8.54 which illustrates the friction coefficient versus temperature results
from a four-ball test where the lubricant tested is white oil with tributylphosphate [111].

The tests were conducted at a relatively high contact stress of approximately 2 [GPa] and, to
ensure negligible frictional transient temperatures, at a very low sliding speed of 0.2 [mm/s].
Friction, initially moderate at room temperature, rises to a peak between 100 - 150°C followed
by a sharp decline at higher temperatures. This phenomenon is the result of a significant
difference between the desorption temperature of surfactants from the steel surface and the
lowest temperature where rapid sacrificial film formation can occur. In this test, the
surfactants were relatively scarce consisting only of impurities or oxidation products in the
white oil. In practical oil formulations, however, surfactants are carefully chosen so that the
desorption temperature is higher than the �start temperature� of sacrificial film lubrication.
The concept of wide temperature range lubrication which is achieved by employing in
tandem adsorption and sacrificial film lubrication is illustrated in Figure 8.55.

It can be seen that when only the fatty acid is applied, the coefficient of friction is quite low
below a critical temperature and then sharply rises. Conversely when the E.P. additive (in an
E.P. lubricant) is acting alone, the coefficient of friction remains high below a critical
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FIGURE 8.54 Experimental friction characteristic of a phosphate E.P. lubricant versus
temperature [111].

temperature and then there is a sharp drop. Effective lubrication, i.e. a low coefficient of
friction over a wide range of temperatures, is obtained when these two additive types are
combined. This model of temperature distress assumes that the mechanisms of adsorption
and sacrificial film lubrication are entirely independent. The formation of partially oxidized
sulphide films can influence the desorption temperature so that the range of temperature
distress is not necessarily the exact temperature difference between desorption and sacrificial
film formation acting in isolation.
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FIGURE 8.55 Co-application of adsorption and sacrificial film lubrication to ensure a wide
temperature range of lubrication function [6].
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Speed Limitations of Sacrificial Film Mechanism

As discussed in this chapter, sacrificial films formed on severely loaded surfaces require some
finite period of time to reform between successive sliding contacts. In most research it is
assumed that the formation time is so short that it does not exert a significant limitation on
lubricant performance. It was found, for example, that E.P. additives were effective in raising
the maximum load before scuffing only at low sliding speeds [112]. In low speed tests
performed under pure sliding using a pin-on-ring machine, when an E.P. additive was
present, the scuffing load was increased by a factor of 2 compared to that of plain oil. At
higher speeds the E.P. additives had almost no effect on the scuffing load. It is speculated that
at high speeds the sacrificial films did not form and as a result the E.P. additives were
ineffective.

Tribo-emission From Worn Surfaces

Tribo-emission is a term describing the emission of electrons, ions and photons as a response
to friction and wear processes. The mechanisms involved in tribo-emission are complex and
not known in detail [130]. However, it is speculated that triboemission precedes and is even
necessary for tribochemical reactions to occur in the tribocontact. The best researched is the
emission of already mentioned low energy electrons (Figures 8.44 and 8.45), also called
exoelectrons. One of the mechanisms proposed, involving tribo-emission of electrons, is
described below.

During wear surface cracks are generated as a result of severe deformation of the worn
surface. In general, when a crack forms there is an imbalance of electrons on opposite faces of
the crack [e.g. 126-128]. This imbalance is particularly evident in ionic solids which are
composed of alternating layers of anions and cations. For example, when a crack develops in
aluminium oxide, one side of the crack will contain oxide anions while the opposite side
will contain aluminium cations. The narrow gap between opposing faces of a crack causes
formation of a large electric field gradient (electric field gradient is controlled by the distance
between opposite electric charges). This electric field is sufficient to cause electron escape
from the anions [128]. It is believed that not all the electrons which escape from the anions
are collected by the cations on the opposing crack face. This results in tribo-emission or the
release of electrons into the wider environment under the action of sliding. The
phenomenon is schematically illustrated in Figure 8.56.

In dry sliding tests under vacuum, ceramics exhibit a strong tribo-emission of electrons
because of their ionic crystalline structure while metals reveal a lesser tendency since the
high electron mobility in a metal tends to equalize electron distribution on either side of the
crack. Tribo-emission also occurs during sliding in air or under a lubricant but the electrons
are not easily detected as their path length in air is much shorter than that in vacuum. Water
and possibly other gases or liquids may influence tribo-emission of electrons by
chemisorption on the exposed surfaces of the crack about to release electrons. Irradiation by
high energy radiation such as gamma-rays appears to activate worn surfaces to significantly
raise the level of tribo-emission, the detailed physical causes of this phenomenon are still
poorly understood [129].

Tribo-emission of positive and negative ions, as well photons, has been detected during wear
of ceramics in n-butane of various pressure [127]. In this case the wear mechanism was
explained in terms of gas discharge due to high electric field generated on the wear surface
when charges are separated. The ionized gas molecules may then recombine generating
molecules different from the original gas. A completely different mechanism of tribo-
emission was also suggested for a similar ceramic-diamond abrasive contact [130]. Tribo-
emission from MgO scratched by diamond was attributed to excited defects created by
abrasion in the solid phase.
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Figure 8.56 Schematic illustration of the mechanism of crack-induced tribo-emission.

The tribo-emission accelerate chemical reactions such as oxidation or polymerization of the
lubricant under boundary lubrication conditions [127] and is an example of mechanical
activation. The tribo-emission is beneficial if it promotes formation of wear and friction
reducing surface films but is harmful if these films or a lubricant are degraded to produce a
sludge or other forms of debris. Therefore it is important to know whether the tribo-
emission triggers the tribochemical reactions and whether these reaction products influence
wear and friction characteristics.

8.6 BOUNDARY AND E.P. LUBRICATION OF NON-METALLIC SURFACES

Most of the discussion on boundary and E.P. lubrication in this chapter refers to lubrication
of metallic surfaces. Increased interest in the tribological applications of ceramics has resulted
in more research into boundary lubrication of ceramics, especially at elevated temperatures.
Both E.P. [131] and detergent-type additives [132] were found to form boundary lubricating
layers on silicon nitride in the �four-ball� tester. EDX analysis revealed, however, than the
tribochemical reactions on silicon nitride were different from those found on steel surfaces
when the same detergent-type additives were used. Since ceramics are less reactive than
metals the effectiveness of typical adsorption and antiwear additives in many cases appears to
be lower for ceramic-ceramic contacts than for ceramic-metal contacts [133]. Although a
sacrificial iron phosphate film was detected on the silicon nitride surface when it was slid
against steel with vapour phase lubrication of oleic acid and TCP, the triboreaction took place
on the steel surface [133]. When self-mated silicon nitride was lubricated by the same vapour
phase much higher wear was recorded.

On the other hand, boundary lubrication by sacrificial films of oxides and hydroxides is much
more effective for ceramics than for metals [117]. For example, silicon nitride can be
lubricated by thin layers of silicon oxide and alumina by alumina hydroxide formed in the
tribocontact. In contrast with E.P. sacrificial films on metal surfaces, ceramic oxides and
hydroxides do not require high temperatures to be generated.

More information on lubrication of ceramics can be found in Chapter 16.

8.7 SUMMARY

Lubrication by chemical and physical interaction between an oil-based lubricant and a surface
(usually metal) is essential to the operation of most practical machinery. Four basic forms of
this lubrication are identified: (i) the formation of an ultra-viscous layer close to the worn
surface, (ii) the shielding of an oxidized metal surface by a mono-molecular layer of adsorbed
linear surfactants, (iii) the separation of contacting surfaces by entrapped layers of finely
divided and perhaps amorphous debris and (iv) the suppression of metal to metal contact at
extreme pressures by the temperature dependent formation of sacrificial films of corrosion
product on worn metallic surfaces. Each lubrication mechanism has certain merits and
disadvantages but they all contribute to the reduction of wear and friction under conditions
where other lubrication mechanisms such as hydrodynamic and elastohydrodynamic
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lubrication are ineffective. This is achieved by the addition of some relatively cheap and
simple chemicals to the oil. It is possible to describe fairly precisely how a particular additive
functions in terms of friction and wear control. However, the prediction of lubricant
performance from chemical specification is still not possible and this constrains research to
testing for specific applications. This task remains a future challenge for research.
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S U R F A C E  T R E A T M E N T S

S O L I D  L U B R I C A T I O N

9.1 INTRODUCTION

Solid lubricants have many attractive features compared to oil lubricants, and one of the
obvious advantages is their superior cleanliness. Solid lubricants can also provide lubrication
at extremes of temperature, under vacuum conditions, or in the presence of strong
radioactivity. Oil usually cannot be used under these conditions. Solid lubrication is not new;
the use of graphite as a forging lubricant is a traditional practice. The scope of solid
lubrication has, however, been greatly extended by new technologies for depositing the solid
film onto the wearing surface. The lubricant deposition method is critical to the efficiency of
the lubricating medium, since even the most powerful lubricant will be easily scraped off a
wearing surface if the mode of deposition is incorrect.

Specialized solid substances can also be used to confer extremely high wear resistance on
machine parts. The economics of manufacture are already being transformed by the greater
lifetimes of cutting tools, forming moulds, dies, etc. The wear resistant substances may be
extremely expensive in bulk, but when applied as a thin film they provide an economical
and effective means of minimizing wear problems. The questions of practical importance
are: what are the commonly used solid lubricants? What distinguishes a solid lubricant from
other solid materials? What is the mechanism involved in their functioning? What are the
methods of application of solid lubricants? What are the wear resistant coatings and methods
for their deposition? In this chapter the characteristic features of solid lubricants and basic
surface treatments are discussed.

9.2 LUBRICATION BY SOLIDS

In the absence of lubrication provided by liquids or gases, most forms of solid contact involve
considerable adhesion between the respective surfaces. Strong adhesion between contacting
surfaces nearly always causes a large coefficient of friction because most materials resist shear
parallel to the contact surface as effectively as they resist compression normal to the contact
face. However, some materials exhibit anisotropy of mechanical properties, i.e. failure occurs
at low shear stresses, resulting in a low coefficient of friction at the interface. Anisotropy of
mechanical properties, or in simple terms, planes of weakness, are characteristic of lamellar
solids. If these lamellae are able to slide over one another at relatively low shear stresses then
the lamellar solid becomes self lubricating. This mechanism is schematically illustrated in
Figure 9.1.
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Initial position Position after
sliding

Lamellar crystal structure of solid lubricant

Planes of low shear resistance
allow relative movement
between lamellae

FIGURE 9.1 Mechanism of lubrication by lamellar solids.

This intuitive model of solid lubrication, which still has not been unequivocally
demonstrated, was formally stated by Bragg in 1928 [1] to explain the lubricating properties of
graphite, which is a classic example of a lamellar solid with lubricating properties.
Unfortunately very few of the lamellar solids known offer useful lubricating properties.

Some non-lamellar solids, e.g. silver, can also reduce friction and wear when applied as a
thin film to the wearing surfaces. Therefore a second mechanism of solid lubrication
referring to films of soft metals on a hard substrate has been suggested by Bowden and Tabor
[2]. Since the soft metallic film is thin, the hard substrate determines the contact area and no
matter how thin the soft metallic layer is, the shear strength of asperities in contact is
determined by the softer and weaker metal. Consequently the product of asperity shear
strength and contact area which determines frictional force becomes quite low under such
conditions. This principle is illustrated schematically in Figure 9.2.

  

A = true contact area
τ = shear strength of weaker metal
F = friction force = A × τ

Hard

Hard

A small, τ large

Sliding

Hard

Hard

A small, τ small

Sliding Film of soft
metal

Hard

A large, τ small

Sliding

Soft

FIGURE 9.2 Mechanism of friction reduction by soft films on hard substrates.

Lamellar solids and soft films provide the two fundamental modes of solid lubrication
currently employed. Since there may be other modes, for example, the low friction
characteristic of melting wear which has scarcely been examined, it is thought that the basic
concepts of solid lubrication may sustain considerable revision in the future.

9.2.1 LUBRICATION BY LAMELLAR SOLIDS

Lamellar solids with useful lubricating properties exhibit three essential characteristics:

· the lamellar structure deforms at very low shear stress levels;

· the lamellar solid adheres strongly to the worn surface;
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· there is no decomposition or other form of chemical degradation at the operating
temperature and in the environment.

All these conditions unfortunately create significant limitations on the usefulness of solid
lubricants.

As already mentioned, not all lamellar solids are capable of interlamellar sliding at low shear
stresses. For example, mica and talc, although very similar chemically and
crystallographically, exhibit a large difference in the level of adhesion between lamellae.
Freshly cleaved mica sheets show very strong adhesion force preventing continuous smooth
sliding between the sheets [3,4]. The values of coefficient of friction measured were found to
exceed 100 at low loads and even at the highest load attainable without fracturing of the mica,
the coefficient of friction measured was 35 or more. The results obtained for talc were in total
contrast to those of mica with very low values of both friction and adhesion. The reason for
this large discrepancy is believed to lie in the nature of bonding between the mica lamellae
and the talc lamellae. When mica is cleaved, positive potassium ions and negative oxygen
ions are exposed so that if two mica surfaces are brought into contact there is strong
electrostatic attraction between corresponding oxygen and potassium ions. Since this feature
is absent with talc, there is only a much weaker van der Waals bonding acting between
lamellae. The difference between these mechanisms is illustrated schematically in Figure 9.3.

 

Mica

Strong
electrostatic
bonding

Surface ions

Talc

Weak van der Waals
or dispersion bonding

FIGURE 9.3 Mechanism of electrostatic strong bonding and weak dispersion bonding
between lamellae.

Good solid lubricants therefore exhibit only weak bonding between lamellae. Although
adhesion between lamellae is highly undesirable, adhesion of lamellae to the worn surface is
essential. In general, material that does not adhere to a worn surface is quickly removed by
the sweeping action of sliding surfaces. This is schematically illustrated in Figure 9.4.

 

Sliding counterface

Strong bonding maintains basal film
of lamellae above sliding surfaces

Static lamella

Sliding
counterface

Strong adhesion
and high friction

Weak bonding allows
expulsion of lamellar
material from contact

Low
friction

FIGURE 9.4 Effect of adhesion strength of the solid lubricant lamellae to the worn surface on
friction.
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The frictional properties of graphite, molybdenum disulphide and talc applied as powders to
sliding steel surfaces are found to be quite different although all three substances have the
required lamellar crystal structure [5]. Molybdenum disulphide and graphite exhibit low
coefficients of friction between 0.1 - 0.3 for temperatures ranging from room temperature up
to 400°C. On the other hand, as shown in Figure 9.5, talc shows a high value of the coefficient
of friction of about 0.9 - 1 once the temperature exceeds 200°C.

After sliding, transferred layers of graphite and molybdenum disulphide were found on the
worn surfaces. The crystal structure of these transferred layers showed orientation of the
lamellae parallel to the worn surface. It was found that talc was transferred in much smaller
quantities than graphite and molybdenum disulphide, with negligible orientation of
lamellae parallel to the worn surface. To explain the poor performance of talc, it has been
suggested that talc, unlike graphite and molybdenum disulphide, is too soft to be
mechanically embedded in the surface [5]. Other studies, however, have emphasized that
adhesion plays the decisive role in the mechanism of solid lubrication and this is a widely
accepted view, although the supporting evidence is still incomplete [6-8].
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FIGURE 9.5 Relationship between coefficient of friction and temperature for graphite, talc
and molybdenum disulphide [5].

The mechanism of bonding between a solid lubricant and a worn surface has not been
investigated thoroughly at the atomic scale. In the case of steel surfaces it is thought that the
sulphur ions in the molybdenum disulphide bond with the iron in a steel surface [9], but the
lubricating effect of molybdenum disulphide is not only limited to steel or other reactive
metals. For example, it shows a lubricating effect with inert metals such as platinum [5]. The
mechanism by which graphite bonds to the surface is also unclear.

There are also chemical and environmental limitations imposed on the functioning of solid
lubricants which are quite important since these lubricants are often required to function
under extreme conditions. The basic problems are associated with oxidation or
decomposition at high temperatures and contamination by water, and are discussed in the
next section.
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Friction and Wear Characteristics of Lamellar Solids

The tribological characteristics of a large number of inorganic substances with lamellar crystal
structures have been examined. A lamellar crystal structure with planes of weakness in shear
is found in some metal dichalcogenicides and a few metal halides. Typical examples of
dichalcogenicides with useful tribological characteristics are molybdenum disulphide,
tungsten disulphide and molybdenum ditelluride. Halides with the required crystal structure
include cadmium iodide and nickel iodide. On the other hand, graphite constitutes a unique
class of solid lubricant since it is an uncombined chemical element. For reasons not yet fully
understood, out of the many existing lamellar solids only graphite and molybdenum
disulphide offer a superior lubrication performance, and therefore these two substances have
been much more extensively investigated than the others, and are commonly used as solid
lubricants.

· Graphite and Molybdenum Disulphide

The tribological characteristics of lubricating films of graphite and molybdenum disulphide
are very similar. This is partly because of their considerable similarity in crystal structure.
The unit cells of crystal structure of molybdenum disulphide and graphite are shown in
Figure 9.6.

Structure of graphite Structure of molybdenum disulphide

C

S

Mo

FIGURE 9.6 Crystal structure of molybdenum disulphide and graphite.

It can be seen from Figure 9.6 that in both materials strong chemical bonds between
associated atoms form planes of high strength, while in a direction normal to these planes
atoms are far apart and bonding is relatively weak. This bond strength anisotropy is far more
acute in the case of molybdenum disulphide than in graphite. In graphite the surface energy
along cleavage planes is relatively high and sliding between these planes is facilitated by the
presence of small amounts of oxygen and water [10]. It is thought that oxygen and water
adsorb on the surface of graphite lamellae and suppress bonding between lamellae.

Apart from having a lamellar crystal structure, a layer structure is also present in both
molybdenum disulphide and graphite. The layered structure of molybdenum disulphide is
shown in Figure 9.7 where layers about 1 [µm] thick are clearly visible.
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5µm

FIGURE 9.7 Layered structure of molybdenum disulphide [11].

The layers of molybdenum disulphide are quite flexible and can slide over each other
repeatedly without damage [11]. It was found that under repeated sliding, films of
molybdenum disulphide can move significant distances over the worn surface [12]. The
lubrication mechanism of graphite and molybdenum disulphide is believed to be a result of
the relatively free movement of adjacent layers in these substances.

There are some clear distinctions in performance between graphite and molybdenum
disulphide films on steel under atmospheric conditions [13]. Both graphite and molybdenum
disulphide exhibit a decrease in scuffing failure load with increased sliding speed. In general,
however, graphite films fail at lower loads and exhibit shorter lifetimes than molybdenum
disulphide films. The limiting contact stresses for graphite are a little over half that of
molybdenum disulphide. It has been found that the coefficient of friction in the presence of
molybdenum disulphide declines asymptotically with increasing load to a value of about 0.05
[14]. Although sliding speed does not seem to have an influence on the coefficient of friction
[14] the life of solid lubricant films is greatly reduced by increases in sliding speed [15].

The failure mode of molybdenum disulphide films involves a relatively specialized
mechanism [16]. The smooth, continuous films formed by a solid lubricant over the wearing
surfaces fail by ‘blistering’ rather than by directly wearing out. The mechanism of blistering is
illustrated schematically in Figure 9.8.

During the ‘blistering’ process, circular patches of the lubricant with a diameter of 0.1 to 1
[mm] detach from the substrate. These blisters originate from ‘micro-blisters’ about 1 [µm] in
diameter which are formed very soon after the beginning of sliding. The blisters, when
formed, are not immediately destroyed by the wearing contact and can be pressed back onto
the wearing surface many times. The number of blisters per unit area of worn surface
increases with duration although their diameter slightly decreases [16]. When the blisters are
sufficiently numerous, failure of the lubricating film begins with large scale detachment of
the solid lubricant from the substrate. It has also been shown that graphite films can fail by
blister formation [17].
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FIGURE 9.8 Failure mechanism of solid lubricant films by ‘blistering’.

The blistering process can be greatly accelerated by atmospheric oxygen. The lifetime of
molybdenum disulphide films in a vacuum is more than ten times higher than that
obtained in air, and even quite small traces of oxygen can significantly reduce the life of solid
lubricant films [16]. To explain this it has been hypothesized that atmospheric oxygen causes
oxidation of the edges of the molybdenum disulphide lamellae [11]. When unoxidized, the
lamellae edges are thought to be relatively smooth facilitating mutual sliding. After
oxidation has taken place, crinkling and pitting of the edges occurs which hinders sliding.
Consequently, blistering is a result of buckling under compressive stress caused by the
hindrance of lamella movement due to oxidized edges. This process of oxidative crinkling of
molybdenum disulphide lamellae and the associated failure of the lubricating film is shown
schematically in Figure 9.9.

The solution to this problem is in blending of graphite and molybdenum disulphide which
results in a superior lubricant. Adding antimony-thioantimonate (Sb(SbS4)) gives further
improvement in lubricant's performance [15]. Although this effect has long been known in
the trade [16] it has only recently been scientifically investigated [18]. The optimum
combination of molybdenum disulphide, graphite and antimony-thioantimonate contains
only a surprisingly small fraction of molybdenum disulphide, i.e. the precise composition is
18.75% molybdenum disulphide, 56.25% graphite and 25% antimony-thioantimonate [15].

 

Solid
lubricant
film

Resistance to sliding by crinkled oxidized lamellae

FIGURE 9.9 Schematic illustration of the oxidation induced failure of solid lubrication by
molybdenum disulphide.

The effect has been explained in terms of graphite forming a layered structure with the
molybdenum disulphide [11]. Since the graphite lamellae are considered to be more resistant
to distortion by oxidation than the molybdenum disulphide lamellae, a mix of distorted and
undistorted lamellae is less prone to blistering than distorted lamellae acting alone. The
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model of the beneficial effect of graphite on the durability of solid lubricating films is
illustrated schematically in Figure 9.10.

 

Undamaged graphite lamellae

Crinkled and oxidized MoS2 lamella

Uncrinkled graphite lamellae maintain smooth movement

FIGURE 9.10 Schematic illustration of graphite suppressing the effect of oxidative crinkling of
molybdenum disulphide.

The role of antimony-thioantimonate is not clearly understood. It has been suggested,
however, that this compound acts as a sacrificial anti-oxidant [12]. The oxidation product of
antimony-thioantimonate, antimony trioxide (Sb2O3), has also been found to improve the
life of formulations based on molybdenum disulphide [19,20]. It was hypothesized that
antimony trioxide acts as a soft plastic ‘lubricant’ in critical high temperature asperity contacts
[21].

The functioning of solid lubricants can be severely affected by the environmental conditions,
i.e. high temperatures and the presence of oxygen. The two commonly used solid lubricants,
graphite and molybdenum disulphide, are not exempt from these problems. It was found, for
example, that graphite fails to function in air at temperatures greater than 500°C due to rapid
oxidation [5]. Oxidation or ‘burning’ also causes large friction increases with molybdenum
disulphide over about the same range of temperatures as with graphite, as illustrated in
Figure 9.5.

Removal or absence of air (as in space flight) also has a profound effect on the performance of
graphite. For example, the coefficient of friction of graphite in a vacuum at temperatures
below 800°C, is about 0.4, much higher than that observed in air, and declines slightly at
higher temperatures, as illustrated in Figure 9.11.

On the other hand, molybdenum disulphide retains a low friction coefficient in the absence
of air providing a vital lubricant for space vehicles. The coefficient of friction of
molybdenum disulphide measured in a vacuum exhibits a constant value of about 0.2 over
the temperature range from room temperature to about 800°C, where decomposition of the
molybdenum disulphide to molybdenum metal and gaseous sulphur occurs [22].

The effect of water on the frictional performance of molybdenum disulphide is only slight.
For example, it was found that when dry nitrogen was replaced by moist nitrogen the
coefficient of friction increased from 0.1 to 0.2 [23]. In air, trace amounts of water caused an
increase in friction similar to that of moist nitrogen [24].

One of the practical aspects of solid lubrication is the initial thickness of the lubricating film.
The effect of the initial solid lubricant film thickness on friction and wear characteristics has
been investigated with a view to achieving long film life [15]. It was found that only a thin
layer of solid lubricant is needed to achieve effective lubrication. The thickness of the solid
lubricant film declines rapidly from the initial value to a steady state value between 2 - 4
[µm], and is maintained until failure of the film by the blistering process occurs.
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FIGURE 9.11 Friction coefficient of two types of graphite in a vacuum versus temperature
[22].

· Carbon-Based Materials Other than Graphite

Apart from graphite, other compounds of carbon have useful lubricating properties.
Excluding the organic polymers, such as PTFE, which are discussed in Chapter 16, two
substances, phthalocyanine and graphite fluoride have shown potential usefulness as
lubricants.

Phthalocyanine is a generic term for a series of organic compounds which are useful as dye
pigments and the detailed description of the compound can be found in any standard
chemical text. Phthalocyanine consists of several interconnected cyclic carbon groups linked
together by nitrogen atoms. A metal such as iron may also be incorporated at the centre of the
molecule. The structure of phthalocyanine with and without a central metal atom is shown
in Figure 9.12. Since phthalocyanines often exhibit a lamellar crystal structure this has
generated speculation about their lubricating capacity.
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FIGURE 9.12 Molecular structure of phthalocyanine, with and without a central metal atom.

Phthalocyanine shows a good lubrication performance under high contact stresses and
sliding speeds when sprayed directly onto the surface while molybdenum disulphide
requires a more careful method of deposition [25]. It was found that the lubricating
performance of phthalocyanine in sliding steel contacts is quite similar to graphite but
inferior to molybdenum disulphide [26]. The load carrying mechanism of phthalocyanine
depends on a visible film of material deposited on the surface, in a manner similar to
graphite and molybdenum disulphide [26]. On the other hand, it has also been found that for
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a copper on sapphire contact phthalocyanine provides superior lubricating performance to
molybdenum disulphide [27]. Since the main research efforts in solid lubricants are directed
to finding a compound with a lubricating performance better than that of molybdenum
disulphide, interest in phthalocyanine has waned.

Graphite fluoride was introduced as a solid lubricant in the 1960's [28]. It must be synthesized
artificially by an intricate method which has limited its use. Graphite fluoride is a complex
substance whose lubrication performance surpasses molybdenum disulphide. Graphite
fluoride is an impure substance described by the chemical formula (CFx)n where ‘x’ may vary
from 0.7 to 1.12 but is usually close to 1. The crystal structure of graphite fluoride is believed
to be lamellar, resembling graphite or molybdenum disulphide. It was found that under
certain conditions of load and speed, a lubricating film of graphite fluoride offers a much
greater durability than a film of molybdenum disulphide [28]. This is demonstrated in Figure
9.13 where the relationships between wear life and coefficient of friction under moderate
loads for graphite fluoride and molybdenum disulphide are shown.
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FIGURE 9.13 Comparison of friction and wear characteristics of graphite fluoride and
molybdenum disulphide [28].

It can be seen from Figure 9.13 that graphite fluoride films are more durable than
molybdenum disulphide films under moderate loads. Friction coefficients and upper
temperature limits of these two substances are very close to each other. Furthermore,
graphite fluoride has an advantage of providing more durable films in moist air than in dry
air [28]. The performance of graphite fluoride as a solid lubricant, however, is strongly
influenced by the technique of film deposition (e.g. burnishing) and this is probably the most
important factor in controlling its performance [29].

· Minor Solid Lubricants

Substances such as tungsten disulphide and non-stoichiometric niobium sulphide, although
exhibiting promising friction and wear characteristics, have not, for various reasons, attained
general acceptance by lubricant users. It has been noted that the planar hexagonal crystal
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structure considered as optimal for lubrication is not confined only to molybdenum
disulphide and it is shared by many other metal dichalcogenicides [30,31].

The sulphides, selenides and tellurides of metals such as tungsten, niobium and tantalum,
form planar hexagonal or trigonal structures (with a few exceptions) and exhibit coefficients
of friction even lower than molybdenum disulphide. For example, compounds such as
tungsten selenide, niobium sulphide, tantalum sulphide and selenide offer coefficients of
friction less than 0.1 while the coefficient of friction of molybdenum disulphide measured at
the same conditions is 0.18 [30]. Although these substances exhibit a lubricating capacity
exceeding that of molybdenum disulphide, they unfortunately have a certain disadvantage
which is their high cost and scarcity. Tantalum and niobium are exotic metals produced only
in small quantities.

Synthetic non-stoichiometric compounds also exhibit useful lubricating properties. For
example, it was found that synthetic non-stoichiometric niobium disulphide (Nb1+xS2) can
sustain a higher seizure load than molybdenum disulphide in a Falex test and exhibits a
lower friction coefficient in a four-ball test [32]. The synthesis technique of niobium
disulphide is critical to the performance of this compound and is reflected in its high price. In
contrast, molybdenum disulphide occurs naturally in the appropriate crystalline form as
molybdenite and is therefore relatively cheap and plentiful.

In some applications, apart from cost, an important consideration is the oxidation resistance
of solid lubricants. For example, the oxidation resistance of tungsten is about 100°C higher
than that of molybdenum disulphide [33]. Other compounds such as tantalum disulphide
and diselenide and vanadium diselenide also display better oxidation resistance at high
temperatures than either graphite or molybdenum disulphide [30].

Apart from the dichalcogenicides only very few inorganic compounds can be considered as
solid lubricants. Although cadmium iodide and cadmium bromide can lubricate copper, the
coefficient of friction in a vacuum is higher than when molybdenum disulphide is used [34].
Both cadmium bromide and iodide have the layer-lattice crystal structure. Unfortunately,
these compounds are toxic and soluble in water.

At extreme temperatures in a corrosive environment, very few lubricants except the
fluorides of reactive metals are stable. The lubricating properties of mixtures of calcium and
barium fluorides were studied at high temperatures [35]. Although these lubricants give
satisfactory performance at temperatures above 260°C with a coefficient of friction about 0.2,
at temperatures below 260°C they exhibit a high coefficient of friction at low sliding velocities
and poor adhesion to the substrate.

9.2.2 REDUCTION OF FRICTION BY SOFT METALLIC FILMS

Soft plastic metals such as gold, silver, indium and lead have often been used as solid
lubricants by applying them as a thin surface layer to a hard substrate, e.g. carbon steel. The
application of these metallic layers can result in a significant reduction in the coefficient of
friction as shown in Figure 9.14.

Indium is a soft metal resembling lead in mechanical properties. It can be seen from Figure
9.14 that a usefully low friction coefficient only occurs at high loads, where it is thought that
the contact area is controlled by the hard substrate [36,37].

Lubrication by thin metallic films is particularly useful in high vacuum applications where,
in the absence of oxygen, particles from the metallic film can be repeatedly transferred
between the sliding surfaces [38]. At low temperatures, however, brittleness of the soft metal
may become a problem, with the soft metal film prone to flake off the worn surface [36]. In
general, thin metallic films do not offer equal or superior lubrication to molybdenum
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disulphide and for this reason interest has been limited, although there are some exceptions
[e.g. 39].

  

0

0.1

0.2

0.3

0.4

0

Load [N]

µ

20 40 60 80 10010 30 50 70 90

Unlubricated

Lubricated with mineral oil

Indium film 4µm thick

FIGURE 9.14 Effect of indium surface film on the frictional characteristics of steel [2].

Soft plastic metals can also be useful as solid lubricant additives to a mechanically stronger
material. For example, chromium carbide coatings enriched with silver, barium fluoride and
calcium fluoride have been investigated with the aim of developing a surface film suitable
for high temperature sliding contacts [40,41]. The chromium carbide forms the substrate,
silver provides lubrication from room temperature to 400°C, and above 400°C lubrication is
provided by barium and calcium fluorides which are high temperature solid lubricants. This
specially formulated material when deposited on a sliding surface forms a lubricating and
wear resistant coating with a coefficient of friction of about 0.2 or less.

Reduction of Friction by Metal Oxides at High Temperatures

At high temperatures, metal oxides may become relatively ductile and begin to act as solid
lubricants. Although, in general, metal oxides exhibit a lubricating effect at high
temperatures, not all of them show a reduction in the coefficient of friction in the range of
temperatures which are useful for practical applications. Yellow lead oxide, PbO, is probably
the most useful of the metal oxides and can provide good lubrication at high temperatures.
The steel sliding tests conducted at temperatures of approximately 600°C revealed that among
the many oxides tested, only lead oxide (PbO) and molybdenum trioxide (MoO3) offered a
substantial reduction in the coefficient of friction compared to the unlubricated case [42].

9.2.3 DEPOSITION METHODS OF SOLID LUBRICANTS

The durability of a solid lubricant film depends critically on the method of deposition of the
solid lubricant on the substrate. Although it is relatively easy to devise a solid lubricant film
that provides a low friction coefficient, it is much more difficult to ensure that this film will
last for 1 million or more cycles of wearing contact. Firm adhesion between the film and the
substrate is a pre-requisite for prolonged survival of the film and, as discussed in previous
sections, the durability of a film is controlled by environmental factors as well as load and
speed. The method of deposition dictates the level of adhesion between the film and the
substrate. There are two modes of solid lubricant deposition:

· the traditional methods which involve either spraying or painting the lubricant on
the surface followed by burnishing of the film or frictional transfer of lubricant;

· the modern methods which depend on the properties of plasma in a moderate
vacuum to produce a lubricant film of high quality.
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These two modes of application of solid lubricant have their particular merits and demerits,
i.e. the traditional methods are easy to perform and do not require specialized equipment; the
modern methods are more specialized and intricate but give better lubricating films with
superior performance.

Traditional Methods of Solid Lubricant Deposition

A widely-used method of applying solid lubricants such as molybdenum disulphide and
graphite is to paint or spray a mixture of the solid lubricant and a ‘binder’ on to the surface.
The binder is a substance which hardens on exposure to air or after heating in an oven and is
used to bond the solid lubricant to the surface. Examples of binders that harden on exposure
to air are acrylic and alkyd resins [43]. Binders requiring heating in order to harden are
termed ‘thermosets’ and include phenolic and epoxy resins. The hardening temperature for
the thermosetting resins is usually close to 200°C. Another class of binders intended for high
temperatures or exposure to nuclear radiation are based on inorganic materials such as low
melting point glass. There are a wide range of binders available and the relative merits of
different products are described in detail [e.g. 29,33]. A small quantity of a volatile ‘carrier
fluid’ may also be present to liquefy the lubricant. Binders are usually present in the lubricant
blend as 33% by volume and usually a hard binder is preferable to a soft binder.
Thermosetting binders are usually harder than air-setting binders. The exact type of binder
has a considerable effect on the performance of the lubricant film in terms of the coefficient
of friction and film lifetime. Phenolic binders give some of the best results [33]. The required
thickness of solid lubricant film is between 3 - 10 [µm] and the control of thickness during
application of the lubricant is one of the more exacting requirements of the entire process.
Intricate or convolute shape of the component, for example gear teeth, heighten the difficulty
involved. Prior to coating the component must be carefully degreased to ensure good film
adhesion. Sand-blasting with fine particles such as 220-mesh alumina provides the optimum
surface roughness which is between 0.4 - 2 [µm] RMS.

After the film deposition process is completed a careful running-in procedure is applied.
Loads and speeds are increased gradually to the required level to allow conditioning of the
film [33]. If the solid lubricant film is properly applied, it should give a low coefficient of
friction lasting for one million cycles or more [33].

Another method of solid lubricant replenishment is based on frictional transfer of material.
A rod or cylinder of solid lubricant is placed in the same wear track as the load bearing
contact. The rod sustains wear to produce a transfer film of solid lubricant on the wear track
[90]. This method is effective for a variety of solid lubricants and worn substrates. For
example, a soft metal alloy based on lead and tin was deposited on steel to provide
lubrication in a vacuum [91] while graphite was deposited on stellite alloys in air [92]. Stellite
was effectively lubricated by this method to a temperature of about 400°C. Further increase in
temperature caused the bulk oxidation of the graphite rod resulting in the reduction in the
diameter of the rod at the wearing surface which prevented the effective lubrication over the
whole contact width [92].

Modern Methods of Solid Lubricant Deposition

The demanding requirements of space technology for solid lubrication lead to the
development of vacuum-based solid lubricant deposition techniques. In recent years, these
techniques have been adopted by almost every industry. The use of a vacuum during a
coating process has some important advantages over coating in air, i.e. contaminants are
excluded and the solid lubricant can be applied as a plasma to the substrate. The significance
of the plasma is that solid lubricant is deposited on the surface as individual atoms and ions
of high energy. The adhesion and crystal structure of the film are improved by this effect and
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a longer lifetime of the film can be obtained. It has been found, for example, that a 200 [nm]
film of sputtered molybdenum disulphide lasted more than five times longer than a much
thicker 13 [µm] resin bonded molybdenum disulphide film [44]. This illustrates the potential
advantages of vacuum-coating technology, i.e. a better friction and wear characteristic with
less solid lubricant used; the thinner films enable conservation of the expensive solid
lubricant and allow close tolerances to be maintained on precision machinery.

Strong bonding of a lubricant film depends on solid state adhesion between the film and the
substrate [45]. As it is discussed in Chapter 12, strong solid state adhesion occurs when there
are no intervening contaminants and the surfaces are in close contact. A big advantage of
vacuum coating is that major sources of contaminants such as oxygen and water are
excluded. Under vacuum, special cleaning processes can be carried out which remove
residual contaminants from the surface of the substrate. Typically, the substrate surface is
subjected to argon ion bombardment which dislodges oxide films and water without
destroying the microstructure of the substrate by over-heating. Argon ion bombardment is
performed by admitting argon gas at a pressure of approximately 1 [Pa] and raising the
substrate material to a large negative potential.

These two measures by themselves, i.e. the removal of contaminant sources and the cleaning
of the surface, are insufficient to ensure a long-lasting solid lubricant film. It has been found
experimentally that the solid lubricant must be projected at the substrate with considerable
energy before a high-performance lubricating film is obtained. In the early days of developing
the deposition techniques a vapour of coating material was admitted to the vacuum
containing the substrate, but this did not give the desirable results. It was found that a
difference in electric potential between the source of coating material and the substrate is
essential in obtaining a high performance lubricating film. If the coating material is deposited
on the substrate largely as ions as opposed to atoms, the greater mobility of deposited ions
favours the development of a superior crystal structure of the lubricant which determines its
performance.

Two processes, ion-plating and sputtering have been found to be a very effective means of
applying solid lubricants under vacuum. There are also other processes that are being
developed or which already exist, but these are basically refinements of the same process.
Incidentally, these processes are the same as for wear resistant coatings and therefore are
discussed in detail later in this chapter.

The efficiency of the lubricant film is almost totally dependent on the coating method used.
This is illustrated in Figure 9.15 where the durability of a gold lubricating film produced by
different coating methods is shown. The annealed steel substrate was coated with gold film
and fretted against the glass [46]. There are clear differences obtained by the application of
different coating techniques. Therefore the subject of coating technology is intensively
researched while, by comparison, the search for superior solid lubricants is pursued by only a
few specialized groups.

Solid Lubricants as Additives to Oils and Polymers

Solid lubricants can be added to oils and polymers to improve their friction and wear
properties. The solid lubricant most commonly added to oils is molybdenum disulphide.
Finely ground molybdenum disulphide is added to oils in concentrations around 1% by
weight to form a colloidal dispersion in the oil. If the molybdenum disulphide is merely
stirred into the oil it will rapidly precipitate and an improvement in lubrication is not
achieved. A 1% colloidal dispersion of molybdenum disulphide in uncompounded gear oil
can raise the mechanical efficiency of worm gear drives by 1 - 3% depending on the base oil
[47]. A 1% dispersion of molybdenum disulphide in mineral oil reduced the wear rate by a
factor of 2 in a series of ball-on-cylinder wear tests [48]. Seizure loads and scuffing loads in
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various test machines were also increased by the addition of suspended molybdenum
disulphide [49,50]. Although in most cases 1% concentration by weight of molybdenum
disulphide in oil is sufficient, improvements were still obtained at higher concentrations
reaching 5% [49].
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FIGURE 9.15 Comparison of the durability of a gold lubricant film produced by different
coating techniques under fretting conditions [46].

However, an increase in wear when molybdenum disulphide is added to oil has also been
reported [51]. Under moderate conditions of sliding speed and load where molybdenum
disulphide is not expected to improve lubrication, abrasive impurities in the solid lubricant
can cause rapid wear [51]. Silica in particular accentuates wear when in concentrations above
0.01%, and pyrites (iron sulphide) are also destructive [51]. The quality, i.e. cleanliness, of the
solid lubricant added to oil is therefore critical. Although solid lubricant additives are
suitable for extremes of loads and speeds, they are not suitable for reducing wear under
moderate conditions. Molybdenum disulphide suspensions provide a limited reduction in
friction and wear when added to an oil containing sulphur based additives or zinc
dialkyldithiophosphate. On the other hand, the presence of detergents or dispersants in the
oil, such as calcium sulphonate, inhibits the lubricating action of molybdenum disulphide
[48,50].

The mechanism of lubrication by molybdenum disulphide dispersed in oil has unfortunately
received very little attention. It is widely believed, however, that molybdenum disulphide
provides a complimentary role to surfactants. Where there is a worn surface devoid of
surfactant, it is hypothesized that molybdenum disulphide particles adhere to form a
lubricating film. A conceptual model of solid lubrication by molybdenum disulphide which
occurs only when there are no surfactants to block adhesion by lamellae of solid lubricant to
the worn surface is illustrated schematically in Figure 9.16.

It has been found that molybdenum disulphide lubricates by film formation on a worn
surface at high temperatures where all surfactants, both natural and artificial, are unlikely to
adsorb on worn surfaces [52]. However, evidence which confirms that molybdenum
disulphide is only effective beyond the desorption temperature of the specific surfactants is
absent from the published literature.

Solid lubricants are also used to improve the frictional characteristics of polymers [33]. In
general they do offer some improvement but the effectiveness of solid lubricants added to
polymers depends on the type of polymer used. The greatest improvements in polymer
friction and wear characteristics are achieved with polymers of moderate lubricity such as
nylon and polyimide [53]. For example, the addition of graphite to nylon results in a
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reduction of the coefficient of friction from 0.25 to 0.18 and a small reduction in wear [53]. On
the other hand, it has also been shown that molybdenum disulphide when added to nylon
oxidizes during wear and does not develop an effective transfer film [54]. Under these
conditions, the friction performance of nylon/molybdenum disulphide blend was found to
be inferior to plain nylon [54].

 

Adhesion blocked
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Adsorbed film of surfactants

MoS2 present below desorption temperature MoS2 present above desorption temperature

Adhesion of lamella

Inter-lamellar sliding

Desorbed
surfactants
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FIGURE 9.16 Conceptual model of the mechanism of lubrication by molybdenum disulphide
suspended in oil.

In polyimides the addition of the same amount of graphite reduced the coefficient of friction
to less than half of pure polyimide and significantly reduced wear. Although molybdenum
disulphide showed the same reduction of coefficient of friction as graphite/polyimide blend
its reduction in wear rate was inferior to that of graphite/polyimide blend [53].

Improvements achieved by adding molybdenum disulphide and graphite to
polytetrafluoroethylene (PTFE) are very limited [55,56]. The coefficients of friction for PTFE
filled with graphite and molybdenum disulphide are very similar to that of unfilled PTFE
and slightly lower than those obtained with most other fillers [55].

Interest in graphite has recently been extended by the incorporation of carbon fibres into
polymers. Carbon fibres offer a unique combination of mechanical reinforcement and
lubricity [57]. It has been shown that a carefully formulated polyimide/carbon fibre composite
can sustain high contact loads and maintain a friction coefficient close to 0.2 at temperatures
reaching 300°C with very low wear rates [58,59].

9.3 WEAR RESISTANT COATINGS AND SURFACE TREATMENTS

Wear resistant coatings consist of carefully applied layers of usually hard materials which are
intended to give prolonged protection against wear. Abrasive wear, adhesive wear and
fretting are often reduced by wear resistant coatings. There are numerous methods of
applying hard materials. For example, sputtering and ion-plating are used in a similar
manner as in the deposition of solid lubricants to generate thin coatings. Other methods are
used to deposit very thick layers of hard material. Applications of wear resistant coatings are
found in every industry, and for example, include mining excavator shovels and crushers
[60], cutting and forming tools in the manufacturing industries [61], rolling bearings in
liquefied natural gas pumps [62], etc. In most of these applications, wear rather than friction is
the critical problem. Another benefit of hard-coating technology is that a cheap substrate
material can be improved by a coating of an exotic, high-performance material. Most
engineering items are made of steel and it is often found that some material other than steel
is needed to fulfil the wear and friction requirements. Many wear resistant materials are
brittle or expensive and can only be used as a coating, so improved coating technology has
extended the control of wear to many previously unprotected engineering components.
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9.3.1 TECHNIQUES OF PRODUCING WEAR RESISTANT COATINGS

There are many different methods of applying wear-resistant or hard coatings to a metal
substrate currently in use [e.g. 63-65]. New techniques continue to appear as every available
technology is adapted to deposit a wear resistant coating more efficiently. The wear resistance
of a surface can also be improved by localized heat treatment, i.e. thermal hardening, or by
introducing alloying elements, e.g. nitriding or carburizing. Many of these methods have
been in use for many years but unfortunately suffer from the disadvantage that the substrate
needs to be heated to a high temperature. Carburizing, nitriding and carbonitriding in
particular suffer from this problem. Various coating techniques available with their principal
merits and demerits are listed in Table 9.1.

TABLE 9.1 Available techniques for modifying the surface to improve its tribological
characteristics.

 

Wide range of coating thicknesses, but adhesion to substrate is poor
and only certain materials can be coated by this technique

Physical and chemical
vapour deposition

Thin discrete coating; no limitations on materials

Ion implantation Thin diffuse coating; mixing with substrate inevitable

Thick coatings; coating material must be able to meltLaser glazing and alloying

Electroplating

Friction surfacing Simple technology but limited to planar surfaces; produces thick
metal coating

Explosive cladding Rapid coating of large areas possible and bonding to substrate is
good. Can give a tougher and thicker coating than many other
methods

Very thick coatings possible but control of coating purity is difficultThermal spraying

Suitable for very thick coatings only; limited to materials stable at
high temperatures; coated surfaces may need further preparation

Surface welding

The thinner coatings are usually suitable for precision components while the thicker coatings
are appropriate for large clearance components.

Coating Techniques Dependent on Vacuum or Gas at Very Low Pressure

Plasma based coating methods are used to generate high quality coatings without any
limitation on the coating or substrate material. The basic types of coating processes currently
in use are: physical vapour deposition (PVD), chemical vapour deposition (CVD) and ion
implantation. These coating technologies are suitable for thin coatings for precision
components. The thickness of these coatings usually varies between 0.1 - 10 [µm]. These
processes require enclosure in a vacuum or a low pressure gas from which atmospheric
oxygen and water have been removed. As mentioned already the use of a vacuum during a
coating process has some important advantages over coating in air. The exclusion of
contaminants results in strong adhesion between the applied coating and substrate and
greatly improves the durability of the coating.

· Physical Vapour Deposition

This process is used to apply coatings by condensation of vapours in a vacuum. The
extremely clean conditions created by vacuum and glow discharge result in near perfect
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adhesion between the atoms of coating material and the atoms of the substrate. Porosity is
also suppressed by the absence of dirt inclusions. PVD technology is extremely versatile.
Virtually any metal, ceramic, intermetallic or other compounds which do not undergo
dissociation can be easily deposited onto substrates of virtually any material, i.e. metals,
ceramics, plastics or even paper. Therefore the applications of this technology range from the
decorative to microelectronics, over a significant segment of the engineering, chemical,
nuclear and related industries. In recent years, a number of specialized PVD techniques have
been developed and extensively used. Each of these techniques has its own advantages and
range of preferred applications. Physical vapour deposition consists of three major
techniques: evaporation, ion-plating and sputtering.

Evaporation is one of the oldest and most commonly used vacuum deposition techniques.
This is a relatively simple and cheap process and is used to deposit coatings up to 1 [mm]
thick. During the process of evaporation the coating material is vaporized by heating to a
temperature of about 1000 - 2000°C in a vacuum typically 10-6 to 1 [Pa] [64]. The source
material can be heated by electrical resistance, eddy currents, electron beam, laser beam or arc
discharge. Electric resistance heating usually applies to metallic materials having a low
melting point while materials with a high melting point, e.g. refractory materials, need
higher power density methods, e.g. electron beam heating. Since the coating material is in
the electrically neutral state it is expelled from the surface of the source. The substrate is also
pre-heated to a temperature of about 200 - 1600°C [64]. Atoms in the form of vapour travel in
straight lines from the coating source towards the substrate where condensation takes place.
The collisions between the source material atoms and the ambient gas atoms reduce their
kinetic energy. To minimize these collisions the source to substrate distance is adjusted so
that it is less than the free path of gas atoms, e.g. about 0.15 - 0.45 [m]. Because of the low
kinetic energy of the vapour the coatings produced during the evaporation exhibit low
adhesion and therefore are less desirable for tribological applications compared to other
vacuum based deposition processes. Furthermore, because the atoms of vapour travel in
straight lines to the substrate, this results in a ‘shadowing effect’ for surfaces which do not
directly face the coating source and common engineering components such as spheres, gears,
moulds and valve bodies are difficult to coat uniformly. The evaporation process is
schematically illustrated in Figure 9.17.
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FIGURE 9.17 Schematic diagram of the evaporation process.

Ion-plating is a process in which a phenomenon known as ‘glow discharge’ is utilized. If an
electric potential is applied between two electrodes immersed in gas at reduced pressure, a
stable passage of current is possible. The gas between the electrodes becomes luminescent
hence the term ‘glow discharge’. When sufficient voltage is applied the coating material can
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be transferred from the ‘source’ electrode to the ‘target’ electrode which contains the
substrate. The process of ion-plating therefore involves thermal evaporation of the coating
material in a manner similar to that used in the evaporation process and ionization of the
vapour due to the presence of a strong electric field and previously ionized low pressure gas,
usually argon. The argon and metal vapour ions are rapidly accelerated towards the substrate
surface, impacting it with a considerable energy. Under these conditions, the coating material
becomes embedded in the substrate with no clear boundary between film and substrate.
Usually prior to ion-plating the substrate is subjected to high-energy inert gas (argon) ion
bombardment causing a removal of surface impurities which is beneficial since it results in
better adhesion. The actual coating process takes place after the surface of the substrate has
been cleaned. However, the inert gas ion bombardment is continued without interruptions.
This causes an undesirable effect of decreasing deposition rates since some of the deposited
material is removed in the process. Therefore for the coating to form the deposition rate
must exceed the sputtering rate. The heating of the substrate by intense gas bombardment
may also cause some problems. The most important aspect of ion-plating which
distinguishes this process from the others is the modification of the microstructure and
composition of the deposit caused by ion bombardment [65]. Ion plating processes can be
classified into two general categories: glow discharge (plasma) ion plating conducted in a low
vacuum of 0.5 to 10 [Pa] and ion beam ion plating (using an external ionization source)
performed in a high vacuum of 10-5 to 10-2 [Pa] [64]. The ion-plating process is schematically
illustrated in Figure 9.18.
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FIGURE 9.18 Schematic diagram of the ion-plating process.

Sputtering is based on dislodging and ejecting the atoms from the coating material by
bombardment of high-energy ions of heavy inert or reactive gases, usually argon. In
sputtering the coating material is not evaporated and instead, ionized argon gas is used to
dislodge individual atoms of the coating substance. For example, in glow-discharge
sputtering a coating material is placed in a vacuum chamber which is evacuated to 10-5 to 10-3

[Pa] and then back-filled with a working gas, e.g. argon, to a pressure of 0.5 to 10 [Pa] [64]. The
substrate is positioned in front of the target so that it intercepts the flux of dislodged atoms.
Therefore the coating material arrives at the substrate with far less energy than in ion-plating
so that a distinct boundary between film and substrate is formed. When atoms reach the
substrate, a process of very rapid condensation occurs. The condensation process is critical to
coating quality and unless optimized by the appropriate selection of coating rate, argon gas
pressure and bias voltage, it may result in a porous crystal structure with poor wear
resistance.

The most characteristic feature of the sputtering process is its universality. Since the coating
material is transformed into the vapour phase by mechanical (momentum exchange) rather
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than a chemical or thermal process, virtually any material can be coated. Therefore the main
advantage of sputtering is that substances which decompose at elevated temperatures can be
sputtered and substrate heating during the coating process is usually negligible. Although
ion-plating produces an extremely well bonded film, it is limited to metals and thus
compounds such as molybdenum disulphide which dissociate at high temperatures cannot
be ion-plated. Sputtering is further subdivided into direct current sputtering, which is only
applicable to conductors, and radio-frequency sputtering, which permits coating of non-
conducting materials, for example, electrical insulators. In the latter case, a high frequency
alternating electric potential is applied to the substrate and to the ‘source’ material. The
sputtering process is schematically illustrated in Figure 9.19.
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FIGURE 9.19 Schematic diagram of the sputtering process.

· Chemical Vapour Deposition

In this process the coating material, if not already in the vapour state, is formed by
volatilization from either a liquid or a solid feed. The vapour is forced to flow by a pressure
difference or the action of the carrier gas toward the substrate surface. Frequently reactant gas
or other material in vapour phase is added to produce a metallic compound coating. For
example, if nitrogen is introduced during titanium evaporation then a titanium nitride
coating is produced. The coating is obtained either by thermal decomposition or chemical
reaction (with gas or vapour) near the atmospheric pressure. The chemical reactions usually
take place in the temperature range between 150 - 2200°C at pressures ranging from 50 [Pa] to
atmospheric pressure [64]. Since the vapour will condense on any relatively cool surface that
it contacts, all parts of the deposition system must be at least as hot as the vapour source. The
reaction portion of the system is generally much hotter than the vapour source but
considerably below the melting temperature of the coating. The substrate is usually heated by
electric resistance, inductance or infrared heating. During the process the coating material is
deposited, atom by atom, on the hot substrate. Although CVD coatings usually exhibit
excellent adhesion, the requirements of high substrate temperature limit their applications to
substrates which can withstand these high temperatures. The CVD process at low pressure
allows the deposition of coatings with superior quality and uniformity over a large substrate
area at high deposition rates [64]. The CVD process is schematically illustrated in Figure 9.20.

· Physical-Chemical Vapour Deposition

This is a hybrid process which utilizes glow discharge to activate the CVD process. It is
broadly referred to as ‘plasma enhanced chemical vapour deposition’ (PECVD) or ‘plasma
assisted chemical vapour deposition’ (PACVD). In this process the techniques of forming
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solid deposits by initiating chemical reactions in a gas with an electrical discharge are utilized.
Many of the phenomena characteristic to conventional high temperature CVD are employed
in this process. Similarly the same principles that apply to glow discharge plasma in
sputtering apply to CVD. In this process the coating can be applied at significantly lower
substrate temperatures, of about 100 - 600°C, because of the ability of high-energy electrons
produced by glow discharge, at pressures ranging from 1 to 500 [Pa], to break chemical bonds
and thus promote chemical reactions. Virtually any gas or vapour, including polymers, can
be used as source material [64]. For example, during this process a diamond coating can be
produced from carbon in methane or in acetylene [88]. Amorphous diamond-like coatings in
vacuum can attain a coefficient of friction as low as 0.006 [96]. Although contamination by air
and moisture tends to raise this coefficient of friction to about 0.02-0.07, the diamond-like
coating still offers useful wear resistance under these conditions [97-99]. The mechanism
responsible for such low friction is still not fully understood. The PECVD process is
schematically illustrated in Figure 9.21.
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FIGURE 9.20 Schematic diagram of the CVD process.
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FIGURE 9.21 Schematic diagram of the PECVD process.

· Ion Implantation

The energy of ions in a plasma can be raised to much higher levels than is achieved either in
ion-plating or sputtering. If sufficient electrical potential is applied then the plasma can be
converted to a directed beam which is aimed at the material to be coated allowing the
controlled introduction of the coating material into the surface of the substrate. This process
is known as ion implantation. During the process of ion implantation, ions of elements, e.g.
nitrogen, carbon or boron, are propelled with high energy at the specimen surface and
penetrate the surface of the substrate. This is done by means of high-energy ion beams
containing the coating material in a vacuum typically in the range 10-3 to 10-4 [Pa]. A
specialized non-equilibrium microstructure results which is very often amorphous as the
original crystal structure is destroyed by the implanted ions [66]. The modified near-surface
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layer consists of the remnants of a crystal structure and interstitial implanted atoms. The
mass of implanted ions is limited by time, therefore compared to other surfaces, the layers of
ion-implanted surfaces are very shallow, about 0.01 to 0.5 [µm]. The thickness limitation of
the implanted layer is the major disadvantage of this method. The coatings generated by ion
implantation are only useful in lightly loaded contacts. The technique allows for the
implantation of metallic and non-metallic coating materials into metals, cermets, ceramics or
even polymers. The ion implantation is carried out at low temperatures. Despite the
thinness of the modified layer, a long lasting reduction in friction and wear can be obtained,
for example, when nitrogen is implanted into steel. The main advantage of the ion
implantation process is that the treatment is very clean and the deposited layers very thin,
hence the tolerances are maintained and the precision of the component is not distorted. Ion
implantation is an expensive process since the cost of the equipment and running costs are
high [64]. The ion implantation process is schematically illustrated in Figure 9.22.
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FIGURE 9.22 Schematic diagram of the ion implantation process.

More detailed information about surface coating techniques can be found in [45,64,65].

Coating Processes Requiring Localized Sources of Intense Heat

A localized intense source of heat, e.g. a flame, can provide a very convenient means of
depositing coating material or producing a surface layer of altered microstructure. Coating
methods in common use that apply this principle are surface welding, thermal spraying and
laser hardening or surface melting.

· Surface Welding

In this technique the coating is deposited by melting of the coating material onto the
substrate by a gas flame, plasma arc or electric arc welding process. A large variety of materials
that can be melted and cast can be deposited by this technique. During the welding process a
portion of the substrate surface is melted and mixed together with the coating material in the
fusion zone resulting in good bonding of the coating to the substrate. Welding is used in a
variety of industrial applications requiring relatively thick, wear resistant coatings ranging
from about 750 [µm] to a few millimetres [64]. Welding processes can be easily automated and
are capable of depositing coatings on both small components of intricate shape and large flat
surfaces.
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There is a variety of specialized welding processes, e.g. oxyfuel gas welding (OGW), shielded
metal arc welding (SMAW), submerged arc welding (SAW), gas metal arc welding (GMAW),
gas tungsten arc welding (GTAW), etc., which are described in detail in [e.g. 64]. A schematic
diagram of the typical welding process is shown in Figure 9.23.
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FIGURE 9.23 Schematic diagram of the welding process.

· Thermal Spraying

This is the most versatile process of deposition of coating materials. During this process the
coating material is fed to a heating zone where it becomes molten and then is propelled to
the pre-heated substrate. Coating material can be supplied in the form of rod, wire or powder
(most commonly used). The distance from the spraying gun to the substrate is in the range of
0.15 to 0.3 [m] [64]. The molten particles accelerated towards the substrate are cooled to a
semimolten condition. They splatter on the substrate surface and are instantly bonded
primarily by mechanical interlocking [64]. Since during the process a substantial amount of
heat is transmitted to the substrate it is therefore water cooled. There are a number of
techniques used to melt and propel the coating material and the most commonly applied are:
flame spraying, plasma spraying, detonation-gun spraying, electric arc spraying and others.

Flame Spraying utilizes the flame produced from combustion gases, e.g. oxyacetylene and
oxyhydrogen, to melt the coating material. Coating material is fed at a controlled rate into the
flame where it melts. The flame temperature is in the range of 3000 to 3500°C. Compressed
air is fed through the annulus around the outside of the nozzle and accelerates the molten or
semimolten particles onto the substrate. The process is relatively cheap, and is characterized
by high deposition rates and efficiency. The flame sprayed coatings, in general, exhibit lower
bond strength and higher porosity than the other thermally sprayed coatings. The process is
widely used in industry, i.e. for corrosion resistant coatings. A schematic diagram of this
process is shown in Figure 9.24.

Plasma Spraying is different from the plasma-based coating methods described previously
since the coating metal is deposited as molten droplets rather than as individual atoms or
ions. The technique utilizes an electric arc to melt the coating material and to propel it as a
high-velocity spray onto the substrate. In this process gases passing through the nozzle are
ionized by an electric arc producing a high temperature stream of plasma. The coating
material is fed to the plasma flame where it melts and is propelled to the substrate. The
temperature of the plasma flame is very high, e.g. up to 30,000°C and can melt any coating
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material, e.g. ceramics [89]. The highest temperatures are achieved with a monoatomic carrier
gas such as argon and helium. Molecular gases such as hydrogen and nitrogen produce lower
plasma temperatures because of their higher heat capacity. Therefore plasma spraying is
suitable for the rapid deposition of refractory compounds which are usually hard in order to
form thick hard surface coatings. The very high particle velocity in plasma spraying
compared to flame spraying results in very good adhesion of the coating to the substrate and
a high coating density. The application of an inert gas in plasma spraying gives high purity,
oxides free deposits. Although it is possible to plasma spray in open air the oxidation of the
heated metal powder is appreciable and the application of inert gas atmosphere is
advantageous. The quality of coating is critical to the wear resistance of the coating, i.e.
adhesion of the coating to the substrate and cohesion or bonding between powder particles in
the coating must be strong. These conditions often remain unfulfilled when the coating
material is deposited as partially molten particles or where the shrinkage stress on cooling is
allowed to become excessive [67]. Plasma spraying is commonly used in applications
requiring wear and corrosion resistant surfaces, i.e. bearings, valve seats, aircraft engines,
mining machinery and farm equipment. A schematic diagram of the plasma spraying process
is shown in Figure 9.25.
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FIGURE 9.24 Schematic diagram of the flame spraying process.
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FIGURE 9.25 Schematic diagram of the plasma spraying process.

Detonation-Gun Spraying is similar in some respects to flame spraying. The mixture of a
metered amount of coating material in a powder form with a controlled amount of oxygen
and acetylene is injected into the chamber where it is ignited. The powder particles are heated
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and accelerated at extremely high velocities towards the substrate where they impinge. The
process is repeated several times per second. The coatings produced by this method exhibit
higher hardness, density and adhesion (bonding strength) than can be achieved with
conventional plasma or flame spraying processes. The coating porosity is also very fine.
Unfortunately very hard materials cannot be coated by this process because the high velocity
gas can cause surface erosion. Wear and corrosion resistant coatings capable of operating at
elevated temperatures are produced by this method. They are used in applications where
close tolerances must be maintained, i.e. valve components, pump plungers, compressor
rods, etc. A schematic diagram of this process is shown in Figure 9.26.
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FIGURE 9.26 Schematic diagram of the detonation gun spraying process.

Electric Arc Spraying differs from the other thermal spraying processes since there is no
external heat source such as a gas flame or electrically induced plasma [64]. In this process an
electric arc is produced by two converging wire electrodes. Melting of the wires occurs at the
high arc temperature and molten particles are atomized and accelerated onto the substrate by
the compressed air. The use of an inert atomizing gas might result in improved
characteristics of some coatings by inhibiting oxidation. The wires are continuously fed to
balance the sprayed material. Since there is no flame touching the substrate like in the other
thermal spraying processes, the substrate heating is lower. The adhesion achieved during this
process is higher than that of flame sprayed coatings under comparable conditions. During
this process coatings of mixed metals, e.g. copper and stainless steel, can be produced. A
schematic diagram of this process is shown in Figure 9.27.
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FIGURE 9.27 Schematic diagram of electric arc spraying process.
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· Laser Surface Hardening and Alloying

Laser hardening is a form of thermal hardening where a high power laser beam, such as
from a carbon dioxide laser (with the beam power up to 15 [kW]), is scanned over a surface to
cause melting to a limited depth. Rapid cooling of the surface by the unheated substrate
results in a hard quenched microstructure with a fine grain size formed on re-solidification
[68,69]. Surface alloying is also possible if the surface of the substrate is pre-coated with the
alloying element or the alloying element is fed into the path of the laser beam. This process is
also known as laser cladding. The coating material is mixed together with the melted top
layer of the substrate and subsequently solidifies. Because of the very large temperature
gradients mixing of the molten material is intense. A strong bond between the modified
layer and the substrate is formed since the substrate is never exposed to any atmospheric
contaminants. For example, a stainless steel layer on a steel substrate can be produced by pre-
coating steel with chromium and then melting the surface with the laser beam. To produce a
500 [µm] thick layer of 1% stainless steel, a pre-coating of 5 [µm] thick chromium is required.
Although laser treatment can be performed in the open air the oxidation rate, e.g. of steel,
can be high and destructive. Therefore it is often preferable to apply this process in an inert
gas atmosphere. The process is particularly useful in applications where the access to the
surface to be treated is more easily achieved by the laser than any other method, e.g. a torch.
The area coverage by this process is relatively slow and the overlap areas between successive
laser passes have inferior properties and microstructure [89]. A schematic diagram of laser
surface alloying is shown in Figure 9.28.
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FIGURE 9.28 Schematic diagram of the laser surface alloying process.

Coating Processes Based on Deposition in the Solid State

It would be very convenient to directly join the coating material and substrate without
intermediate processes such as plasma-based coating. Under certain circumstances this is
possible although there are some comparatively severe limitations on the utility of such
methods. Two basic methods of direct joining or bonding are explosive bonding and friction
surfacing. These two methods do not require a carefully controlled environment or a
localized heat source and can be performed in the open air.

Friction Surfacing is an adaptation of friction welding where a material from a rod is bonded
to a flat surface by a combination of rotation and high contact force. It was discovered that if
the flat surface was moved while the rod was pressed against it and simultaneously rotated
then a layer of transferred material was deposited on the flat surface. This constituted a
relatively simple way of rapidly depositing a thick layer of metal [70]. Friction surfacing has
been studied as a simple and robust way of re-surfacing worn military and agricultural
equipment in remote areas such as the interior of Australia [70]. A major simplification of
this coating technology compared to other coating methods is that there is no necessity for
the exclusion of atmospheric oxygen during the coating process. However, the provision of
an inert gas atmosphere does improve adhesion or bonding between the coating and the
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substrate [70]. Shape limitations of the substrate, i.e. that friction surfacing is only practicable
for plane surfaces or objects with axial symmetry, e.g. metal extrusions, as opposed to
complex surfaces, e.g. gear teeth, restricts the application of this otherwise promising and
simple coating technology. A schematic diagram of friction surfacing process is shown in
Figure 9.29a.

Explosive Cladding, also known as explosive bonding or explosive welding, is essentially a
solid-phase welding process during which bonding is produced by high velocity collision
between the substrate and coating material. The high velocity is achieved by controlled
explosion. In most cases, the coating material in the form of a sheet is placed at a small angle
of incidence to the substrate. A protective buffer, usually in the form of rubber sheet, is placed
on top of the coating material. When the explosives in the form of sheet or slurry are
detonated behind the buffer, contact between the sheet of coating material and the substrate
spreads out from the end of the sheet closest the substrate. A front forms at the edge of the
contact where the sheet is momentarily folded. Strong bonding of the cladding material is
facilitated by the expulsion of contaminants and oxide layers as a jet of fragmented or molten
material in front of the impacting metal surfaces. The removal of contaminants and oxides is
caused by the extremely high impact speed of the opposing surfaces during explosive
bonding. At the apex of the front, substrate and coating material melt. Since the metal flow
around the collision point is unstable and oscillating it often produces a rippled or wavy
interface between the substrate and the coating material. No external heat is required in this
process. Virtually any combination of metals and alloys, which otherwise cannot be bonded,
e.g. aluminium and steel, can be bonded by this process. Very high pressures of about 3 [GPa]
generated during the process restrict the thickness of the coatings to the layers thicker than
0.3 [mm] as thinner layers could rupture. The process is used in manufacturing, e.g. corrosion
resistant coatings for chemical, marine and petrochemical industries. The inconvenience of
explosives, the limitation of this method to large flat surfaces and the requirement for the
coating material to be tough does, however, severely curtail the usefulness of this technique.
A schematic diagram of the explosive bonding process is shown in Figure 9.29b.
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Miscellaneous Coating Processes

There is a wide range of coating processes which are extensively used for applications
requiring resistance to corrosion and mild wear. These coating processes are very much
simpler and cheaper than the processes already described. For example, coatings can be
deposited by dipping the substrate in a coating material, spraying the coating material in an
atomized liquid form, e.g. the technique commonly used for paint applications, by utilizing
brush pad or roller, by chemical deposition or electroplating. Although the adhesion of these
coatings is sometimes not adequate for severe tribological applications they can be used as
corrosion resistant coatings and as soft, low shear strength solid lubricant and metallic
coatings for sliding wear applications.

Electroplating is a well established process with proven benefits in controlling corrosion and
wear resistance. This process is a convenient way of applying coatings of metals with high
melting points such as chromium, nickel, copper, silver, gold, platinum, etc., onto the
substrate. The electroplating system consists of an electrolytic bath, two electrodes and a DC
power source. A conducting solution which contains a salt or other compound of the metals
to be deposited is placed in the bath. When an electrical potential is applied to the electrodes,
i.e. one is the material to be coated the other is the donor electrode, the metal is deposited on
the substrate by electrochemical dissolution from the donor electrode as schematically
illustrated in Figure 9.30. Since, in general, the process is conducted under atmospheric
conditions and material is deposited with low energy, the coating-substrate adhesion is poor.
Coatings can be applied by this method to most metallic surfaces.

   

−

SO4
−−

M
++

M
++

M
++

+

DC power
supply

Electron
flow

Electrolyte
e.g. MSO4

Coating metal
(anode)

Coated metal
(cathode)

Dashed line
shows original
shape

FIGURE 9.30 Schematic diagram of the electroplating process.

Application of Coatings and Surface Treatments in Wear and Friction Control

There is a wide range of coating techniques and careful selection of the appropriate coating
material and method is a pre-requisite for an effective coating. Prior to selecting the coating
material and method the first question to be asked is whether wear or friction is of greater
concern. If the prime objective is to reduce friction then a solid lubricant coating should be
selected and the coating method will, in most cases, be either sputtering or a combination of
painting and baking.

To suppress wear by the application of coatings, it is first necessary to determine the
mechanism of wear occurring, e.g. whether abrasive wear or some other form of wear is
present. Although most coatings can suppress several forms of wear, each type of coating is
most effective at preventing a few specific wear mechanisms. Therefore during the selection
process of the most effective coating to suppress wear in a particular situation, i.e. coating
optimization, the prevailing wear mechanism must first be recognized and assessed. The
basic characteristics of the coatings which can be achieved by the methods described in the
previous section in terms of wear control are summarized in Figure 9.31.
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It can be seen from Figure 9.31 that while the optimization of a coating to resist abrasive wear
is relatively simple, i.e. it is sufficient to produce a thick hard surface layer with toughness
high enough to prevent coating fracture, other wear mechanisms require much greater care
in coating optimization.
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FIGURE 9.31 Basic characteristics of coatings in terms of wear control.

Characteristics of Wear Resistant Coatings

Studies of wear resistant coatings reveal that hard coatings are most effective in suppressing
abrasive wear. An example of this finding is illustrated in Figure 9.32 which shows the wear
rate of a pump rotor as a function of the hardness of the coating applied to the surface. It can
be seen from Figure 9.32 that the abrasive wear rate declines to a negligible value once a PVD
coating of titanium nitride, which is characterized by extremely high hardness, is employed.

In this example abrasive wear was caused by very fine contaminants present in the pumped
fluid and the size of the abrasives was sufficiently small for a thin PVD coating to be effective.
In other applications where the abrasive particles are much larger, thicker coatings are more
appropriate.
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It was also found that thin films of ceramics such as titanium nitride are quite effective in
suppressing adhesive wear in poorly lubricated and high stress contacts. For example, when a
cutting tool is coated with titanium nitride, adhesion and seizure between the tool and metal
chip does not occur even when cutting is performed in a vacuum [71]. Titanium nitride
coatings were also applied to gears and the scuffing tests on coated and uncoated gears
revealed that the critical load and scuffing resistance for coated gears is much higher [71,72].
This coating also reduces the coefficient of friction in unlubricated sliding as well as wear
rates, e.g. coefficients of friction close to 0.1 between titanium nitride and zirconium nitride
coatings on hardened bearing steel have been observed [73]. Unfortunately titanium nitride
coatings do not provide corrosion resistance [74]. Since zirconium and hafnium belong to the
same IVB group of the periodic table of chemical elements as titanium, some similarity in
wear properties of their compounds can be expected. In fact, hafnium nitride was found to
give the best wear resistance performance in tests on cutting tools [75]. Zirconium nitride is
also extremely useful as a coating [73,76]. It should also be mentioned that for hard coatings to
be effective an adequate substrate hardness is essential [63]. Therefore hardened steels and
materials such as stellite are generally used as a substrate for this type of coating.

Fretting wear can be mitigated by the use of hard coatings, e.g. carbides, especially at small
amplitudes of fretting movement [77]. However, at higher fretting amplitudes, spalling of the
carbide coatings renders them ineffective.

Coatings produced by ion implantation, in certain applications, can also provide large
reductions in wear. Since the coatings produced by this technique are very thin they are only
effective in reducing wear at low load levels as illustrated in Figure 9.33.
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FIGURE 9.33 Effect of nitrogen ion implantation on wear rates of stainless steel in
unlubricated sliding [78].

It can be seen from Figure 9.33 that in dry unlubricated sliding of stainless steel, nitrogen ion
implantation reduces the wear rate by a factor of ten or more at light loads. Nitrogen ion
implantation was found to be very efficient in reducing the wear and friction of titanium and
titanium alloys [79]. Titanium and its alloys are notorious for their susceptibility to seizure in
dry sliding, and implantation by nitrogen ions reduces the coefficients of friction in dry
sliding to a value as low as 0.15. It has also been found that nitrogen ion implantation is
effective in reducing the fretting wear and surface damage in stainless steel [80].

It is, however, difficult to give general rules for the applicability of the ion implantation
technique since the results are only specific to a particular combination of substrate and
implanted material. Since, there are about ten substrate metals in common use, e.g. steel, cast
iron, aluminium, copper, titanium, etc., and theoretically the entire periodic table of
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elements is available for implantation, the number of combinations of test materials far
exceeds available resources and time. Currently the most commonly implanted elements are:
nitrogen, carbon and boron and the conclusions about the usefulness of ion implantation
may change as ‘new’ implantation elements are discovered, e.g. combined yttrium and
nitrogen implantation [81].

In some cases the incorrect choice of implantation material for coating may actually result in
increased wear rates. It has been shown that implantation of stainless steel by argon increased
the coefficient of friction from 0.8 to 1.0 in dry unlubricated sliding at room temperature
while implantation by boron reduced the coefficient of friction to about 0.15 [82]. The causes
of wear reduction by ion implantation are largely unknown.

It has been hypothesized that ion implantation causes surface hardening, passivation and
loss of adhesion [79]. Although the hardening is effective for pure metals, hardened alloys
such as martensitic steel are not hardened by ion implantation [79].

An interesting feature of nitrogen ion implantation is that the effect of implantation persists
after wear has exceeded the depth of implantation, in some cases by a factor of 10 or more [79].
It was observed that nitrogen migrated inwards with the wear surface [83]. As with other
characteristics of ion implantation this phenomenon is also poorly understood.

Surface hardening by high power lasers also results in reductions in wear for a wide range of
applications. For example, the flank and rake faces of a cutting tool made of high speed steel
showed less wear after laser hardening [84]. However, the reductions in wear achieved by the
application of laser hardening are not as dramatic as those obtained by nitride coatings. On
the other hand, laser hardening has been found to be very beneficial in the unlubricated
sliding of cast irons [85,86]. This effect is illustrated in Figure 9.34 where laser hardened cast
iron exhibits superior wear behaviour to untreated cast iron.
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It can be seen from Figure 9.34, that the transition from mild to severe wear is suppressed by
laser hardening and the mitigation of wear at high loads is clear.

Laser surface alloying has also been found to effectively reduce wear under fretting. For
example, a zirconium alloyed layer formed on the surface of carbon steel caused a reduction
in the volume of fretting wear by at least a factor of 5 [87].

The performance of non-metallic coatings such as tungsten carbide used for rolling elements
is related to the operating conditions. For example, it was found that 100-200 [µm] thick
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plasma-sprayed coatings on steel and ceramic balls fail by surface wear when lubrication is
poor or by sub-surface delamination when lubrication is effective [93].

Wear-resistant coatings can be as vulnerable to oxidative wear as monolithic metal
substrates. For example, copper causes rapid wear of cutting tools coated with titanium
nitride, titanium carbide or a combination of both compounds. It was found that the primary
cause of rapid wear of the titanium nitride and carbide coatings is a catalytic effect of copper
on the oxidation of the nitride and carbide to titanium oxide which is then rapidly worn
away. In contrast, the oxidation of chromium nitride in air is much slower than titanium
nitride [94], thus permitting the chromium nitride to effectively protect machining tools
from wear by copper [95].

9.4 SUMMARY

Solid lubricants and surface treatments have rapidly evolved in recent decades from simple
and traditional methods to extremely sophisticated technologies. These developments are
part of an effort to eliminate the limitations imposed by oil-based lubrication and in the
process are changing the general perception of the limits of wearing contacts. Knowledge of
the mechanisms behind these improvements in lubrication and wear resistance is, in most
cases, very limited. The methods employed in most studies on surface coatings are empirical
and there is relatively little information available on which surface treatment is the most
suitable for a particular application. This is a new area subjected to extensive research and the
number of new surface treatments and coating technologies available to control friction and
wear is rapidly increasing.
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10.1 INTRODUCTION

Surfaces of solids represent a very complex form of matter, far more complicated than a mere
plane. There is a variety of defects and distortions present on any real surface. These surface
features, ranging from bulk distortions of the surface to local microscopic irregularities, exert
a strong influence on friction and wear. The imperfections and features of a real surface
influence the chemical reactions which occur with contacting liquids or lubricants while the
visible roughness of most surfaces controls the mechanics of contact between the solids and
the resulting wear. The study of surfaces is relatively recent and the discoveries so far give
rise to a wide range of questions for the technologist or tribologist, such as: what is the
optimum surface? Is there a particular type of optimum surface for any specific application?
Why are sliding surfaces so prone to thermal damage? How can wear particles be formed by
plastic deformation when the operating loads between contacting surfaces are relatively very
low? Although some of these questions can be answered with the current level of
knowledge, the others remain as fundamental research topics. The characteristics of friction
are also of profound importance to engineering practice. Seemingly mundane phenomena,
such as the difference between static and kinetic friction, are still not properly understood
and their control to prevent technical problems remains imperfect. The basic question: what
is the mechanism of ‘stick-slip’?, i.e. the vibration of sliding elements caused by a large
difference between static and kinetic friction, has yet to be answered. In this chapter, the
nature of solid surfaces, contact between solids and its effects on wear and friction are
discussed.

10.2 SURFACES OF SOLIDS

At all scales of size, surfaces of solids contain characteristic features which influence friction,
wear and lubrication in a manner independent of the underlying material. There are two
fundamental types of features of special relevance to wear and friction:

· atomic-scale defects in a nominally plain surface which provide a catalytic effect for
lubricant reactions with the worn surface;

· the surface roughness which confines contact between solids to a very small
fraction of the nominally available contact area.
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Surfaces at a Nano Scale

Any surface is composed of atoms arranged in some two dimensional configuration. This
configuration approximates to a plane in most cases but there are nearly always significant
deviations from a true plane. The atoms of the solid body can be visualized as hard spheres
packed together with no loose space. To form an exact plane or perfectly flat exterior surface,
the indices of the crystal planes should be orientated to allow a layer of atoms to lie parallel to
the surface. Since this is rarely the case the atom layers usually lie inclined to the surface. As
a result a series of terraces is formed on the surface generating a quasi-planar surface [1]. The
terraces between atom layers are also subjected to imperfections, i.e. the axis of the terrace
may deviate from a straight path and some atoms might be missing from the edge of the
terrace. Smaller features such as single atoms missing from the surface or an additional
isolated atom present on the surface commonly occur. This model of the surface is known in
the literature as the ‘terrace ledge kink’ (TLK) model. It has been suggested that close contact
between surface atoms of opposing surfaces is hindered by this form of surface morphology.
Consequently wear and friction are believed to be reduced in severity by the lack of interfacial
atomic contact [2]. The TLK surface model and contact between two opposing real surfaces are
shown schematically in Figure 10.1.

 

Terrace ledge kink model Contact between opposing real surfaces

Atoms of body A

Atoms of body B

FIGURE 10.1 TLK surface model and contact between two opposing real surfaces (adapted
from [2]).

TLK surface features such as terraces, ledges, kinks, missing atoms and ‘ad-atoms’ provide a
large number of weakly bonded atoms. Atoms present on the surface have a lower bonding
strength than interior atoms because they have a lower number of adjacent atoms. It has
been observed that without all of these imperfections surfaces would probably be virtually
inert to all chemical reactants [3]. These surface features facilitate chemical reactions between
the surface and the lubricant. The reaction between lubricant and surface often produces a
surface layer or ‘film’ which reduces friction and wear. Furthermore, the substrate material
may be deformed plastically, which increases the number of dislocations reaching the surface.
Dislocations form strong catalytic sites for chemical reactions and this effect is known as
‘mechanical activation’ [4]. An intense plastic deformation at a worn surface is quite common
during wear and friction and the consequent mechanical activation can exert a strong
influence on the formation of a lubricating film.

The composition of surface atoms may be quite different from the nominal or bulk
composition since the alloying elements and impurities in a material tend to segregate at the
surface. For example, carbon, sulphur and silicon tend to segregate in steel, while aluminium
will segregate in copper [5]. Most materials, e.g. steel or copper, are not manufactured to a
condition of thermodynamic or chemical equilibrium. Materials tend to be manufactured at
a high temperature where impurities are relatively soluble, and then they are cooled rapidly
to ambient temperature. Therefore most engineering materials contain a supersaturated
solution of impurities which tend to be gradually released from the solvent material. Surface
heating and chemical attack by lubricants during sliding contact also contribute to
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accentuation of surface segregation of contaminants and secondary moieties [6]. Another
factor which influences surface segregation of impurities is plastic deformation below the
annealing temperature of the worn metal [7]. Intense deformation of the material below the
worn surface takes place in unlubricated sliding contacts and the resulting increased
dislocation density is believed to provide a dense network of crystal lattice defects which
facilitate the diffusion of impurity atoms. Quite large effects on friction and wear with
relatively small alloying additions to pure metals have been observed and surface analysis
revealed that significant changes in the friction and wear coefficients are usually
accompanied by surface segregation [5].

Surface Topography

Surface imperfections at an atomic level are matched by macroscopic deviations from
flatness. Almost every known surfaces, apart from the cleaved faces of mica [8], are rough.
Roughness means that most parts of a surface are not flat but form either a peak or a valley.
The typical amplitude between the peaks and valleys for engineering surfaces is about one
micrometre. The profile of a rough surface is almost always random unless some regular
features have been deliberately introduced. The random components of the surface profiles
look very much the same whatever their source, irrespectively of the absolute scale of size
involved [9]. This is illustrated in Figure 10.2 where a series of surface roughness profiles
extracted from machined surfaces and from the surface of the earth and the moon (on a large
scale) are shown.

 

1mm of a roller-bearing race

30mm of a ball-bearing raceway

110mm of a lathe bed

18km of earth topography

3033km of moon topography

FIGURE 10.2 Similarities between random profiles of rough surfaces whether natural or
artificial (adapted from [9]).

Another unique property of surface roughness is that, if repeatedly magnified, increasing
details of surface features are observed down to the nanoscales. Also the appearance of the
surface profiles is the same regardless of the magnification [9,10]. This self-similarity of
surface profiles is illustrated in Figure 10.3.
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FIGURE 10.3 Self-similarity of surface profiles.

It has been observed that surface roughness profiles resemble electrical recordings of white
noise and therefore similar statistical methods have been employed in their analysis. The
introduction of statistical methods to the analysis of surface topography was probably due to
Abbott and Firestone in 1933 [11] when they proposed a bearing area curve as a means of
profile representation [9]. This curve representing the real contact area, also known as the
Abbott curve, is obtained from the surface profile. It is compiled by considering the fraction of
surface profile intersected by an infinitesimally thin plane positioned above a datum plane.
The intersect length with material along the plane is measured, summed together and
plotted as a proportion of the total length. The procedure is repeated through a number of
slices. The proportion of this sum to the total length of bearing line is considered to represent
the proportion of the true area to the nominal area [9]. Although it can be disputed that this
procedure gives the bearing length along a profile, it has been shown that for a random
surface the bearing length and bearing area fractions are identical [12,9]. The obtained curve is
in fact an integral of the height probability density function ‘p(z)’ and if the height
distribution is Gaussian then this curve is nothing else than the cumulative probability
function ‘P(z)’ of classical statistics. The height distribution is constructed by plotting the
number or proportion of surface heights lying between two specific heights as a function of
the height [9]. It is a means of representing all surface heights. The method of obtaining the
bearing area curve is illustrated schematically in Figure 10.4. It can be seen from Figure 10.4
that the percentage of bearing area lying above a certain height can easily be assessed.

Although in general it is assumed that most surfaces exhibit Gaussian height distributions
this is not always true. For example, it has been shown that machining processes such as
grinding, honing and lapping produce negatively skewed height distributions [13] while
some milling and turning operations can produce positively skewed height distributions [9].
In practice, however, many surfaces exhibit symmetrical Gaussian height distributions.

Plotting the deviation of surface height from a mean datum on a Gaussian cumulative
distribution diagram usually gives a linear relationship [14,15]. A classic example of Gaussian
profile distribution observed on a bead-blasted surface is shown in Figure 10.5. The scale of
the diagram is arranged to give a straight line if a Gaussian distribution is present.
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FIGURE 10.4 Determination of a bearing area curve of a rough surface; z is the distance
perpendicular to the plane of the surface, ∆z is the interval between two heights,
h is the mean plane separation, p(z) is the height probability density function,
P(z) is the cumulative probability function [9].
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FIGURE 10.5 Experimental example of a Gaussian surface profile on a rough surface (adapted
from [14]).

During mild wear the peaks of the surface asperities are truncated resulting in a surface
profile consisting of plateaux and sharp grooves. In such profiles the asperity heights are
distributed according to not one but two Gaussian constants, i.e. Gaussian surface profile
exhibits bi-modal behaviour [40]. Truncation of surface asperities is found to be closely
related to a ‘running-in’ process where a freshly machined surface is worn at light loads in
order to be able to carry a high load during service.

It should also be realized that most real engineering surfaces consist of a blend of random
and non-random features. The series of grooves formed by a shaper on a metal surface are a
prime example of non-random topographical characteristics. On the other hand, bead-blasted
surfaces consist almost entirely of random features because of the random nature of this
process. The shaped surface also contains a high degree of random surface features which
gives its rough texture. In general, non-random features do not significantly affect the contact
area and contact stress provided that random roughness is superimposed on the non-
random features.
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Characterization of Surface Topography

A number of techniques and parameters have been developed to characterize surface
topography. The most widely used surface descriptors are the statistical surface parameters. A
new development in this area involves surface characterization by fractals.

· Characterization of Surface Topography by Statistical Parameters

Real surfaces are difficult to define. In order to describe the surface at least two parameters are
needed, one describing the variation in height (i.e. height parameter), the other describing
how height varies in the plane of the surface (i.e. spatial parameter) [9]. The deviation of a
surface from its mean plane is assumed to be a random process which can be described using
a number of statistical parameters.

Height characteristics are commonly described by parameters such as the centre-line-average
or roughness average (CLA or ‘Ra’), root mean square roughness (RMS or ‘Rq’), mean value
of the maximum peak-to-valley height (‘Rtm’), ten-point height (‘Rz’) and many others. In
engineering practice, however, the most commonly used parameter is the roughness
average. Some of the height parameters are defined in Table 10.1.

The ‘Ra’ represents the average roughness over the sampling length. The effect of a single
spurious, non-typical peak or valley (e.g. a scratch) is averaged out and has only a small effect
on the final value. Therefore, because of the averaging employed, one of the main
disadvantages of this parameter is that it can give identical values for surfaces with totally
different characteristics. Since the ‘Ra’ value is directly related to the area enclosed by the
surface profile about the mean line any redistribution of material has no effect on its value.
The problem is illustrated in Figure 10.6 where the material from the peaks of a ‘bad’ bearing
surface is redistributed to form a ‘good’ bearing surface without any change in the ‘Ra’ value
[9].

  

Bad bearing surface Good bearing surface

Rq

Ra

= 0.58a (RMS)
= 0.25a (CLA) 

Rq

Ra

= 0.37a
= 0.25a

+a

−a

FIGURE 10.6 Effect of averaging on ‘Ra’ value [9].

The ‘good’ bearing surface illustrated schematically in Figure 10.6 in fact approximates to
most worn surfaces where lubrication is effective. Such surfaces tend to exhibit the
favourable surface profile, i.e. quasi-planar plateaux separated by randomly spaced narrow
grooves.

The problem associated with the averaging effect can be rectified by the application of the
RMS parameter since, because it is weighted by the square of the heights, it is more sensitive
than ‘Ra’ to deviations from the mean line.

Spatial characteristics of real surfaces can be described by a number of statistical functions.
Some of the commonly used functions are shown in Table 10.2. Although two surfaces can
have the same height parameters their spatial arrangement and hence their wear and
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TABLE 10.1 Commonly used height parameters.

Roughness average 
(CLA or Ra) Ra =

1
L

⌠
⌡0

L

z dx x

z

L

x

z Ra

Root mean square
roughness
(RMS or Rq)

Rq =
1
L

⌠
⌡0

L

z2dx x

z

L

x

z

L L L L L

Rmax1
Rmax2 Rmax3 Rmax4

Rmax5Maximum peak-to-
valley height
(Rt)

Largest single peak-to-
valley height in five
adjoining sample
lengths

Ten-point height
(Rz)

Average separation of
the five highest peaks
and the five lowest
valleys within the
sampling length

Assessment length

x

z
p1

p2 p5

p3 p4

v1

v3 v4
v5v2

Rz =
p1 +...+ p5 +

v1 +...+ v5

5

Rt =
1
5 Σ Rmaxii = 1

5

where:

L is the sampling length [m];

z is the height of the profile along ‘x’ [m].

frictional behaviour can be very different. To describe spatial arrangement of a surface the
autocovariance function (ACVF) or its normalized form the autocorrelation function (ACF),
the structure function (SF) or the power spectral density function (PSDF) are commonly used
[9]. The autocovariance function or the autocorrelation function are most popular in
representing spatial variation. These functions are used to discriminate between the differing
spatial surface characteristics by examining their decaying properties. Their limitation,
however, is that they are not sensitive enough to be used to study changes in surface
topography during wear. Wear usually occurs over almost all wavelengths and therefore
changes in the surface topography are hidden by ensemble averaging and the autocorrelation
functions for worn and unworn surfaces can look very similar as shown in Table 10.2 [9].

This problem can be avoided by the application of a structure function [9,16]. Although this
function contains the same amount of information as the autocorrelation function it allows
a much more accurate description of surface characteristics. The power spectral density
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TABLE 10.2 Statistical functions used to describe spatial characteristics of the real surfaces
(adapted from [9]).

Autocovariance
function
(ACVF or R(τ))

R(τ) = lim
1
L
⌠
⌡0

L

z(x)z(x + τ)dx x

z

τ

L⇒∞

x

z(x)
z(x + τ)

z

x

R(τ)

z

x

τ

τ

R(τ)

Autocorrelation
function
(ACF or ρ(τ))

ρ(τ) =
R(τ)
Rq

2

often used in the form:

ρ(τ) = e−τ/β*

τ

ρ(τ)

0 β* 2β* 2.3β*
0

1

0.1

Structure
function
(SF or S(τ))

S(τ) =

lim
1
L
⌠
⌡0

L

[z(x)  −  z(x + τ)]2dx
L⇒∞

τ

S(τ)

Worn

Unworn

Power spectral
density function
(PSDF or G(ω))

G(ω) = 2
π
⌠
⌡0

∞

R(τ)cos(ωτ)dτ
G(ω)

ω
2π

Worn

Unworn

ρ(τ)
1

0 τ

Worn
Unworn

where:

τ is the spatial distance [m];

β* is the decay constant of the exponential autocorrelation function [m];

ω is the radial frequency [m-1], i.e. ω = 2π/λ, where ‘λ’ is the wavelength [m].
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function as a spatial representation of surface characteristics seems to be of little value.
Although Fourier surface representation is mathematically valid the very complex nature of
the surfaces means that even a very simple structure needs a very broad spectrum to be well
represented [9].

A detailed description of the height and spatial surface parameters can be found in, for
example, [9,41].

Multi-Scale Characterization of Surface Topography

A characteristic feature of the engineering surfaces is that they exhibit topographical details
over a wide range of scales; from nano- to micro-scales. It has been shown that surface
topography is a nonstationary random process for which the variance of height distribution
(RMS2) depends on the sampling length (i.e. the length over which the measurement is
taken) [17]. Therefore the same surface can exhibit different values of the statistical
parameters when a different sampling length or an instrument with a different resolution is
used. This leads to certain inconsistencies in surface characterization [18]. The main problem
is associated with the discrepancy between the large number of length scales that a rough
surface contains and the small number of particular length scales, i.e. sampling length and
instrument resolution, that are used to define the surface parameters. Therefore traditional
methods used in 3-D surface topography characterization provide functions or parameters
that strongly depend on the scale at which they are calculated. This means that these
parameters are not unique for a particular surface (e.g. [42-44]). Since this ‘one-scale’
characterization provided by statistical functions and parameters is in conflict with the
multi-scale nature of tribological surfaces new ‘multi-scale’ characterization methods still
need to be developed. Recent developments in this area have been concentrated on three
different approaches:

· Fourier transform methods;

· wavelet transformation methods, and

· fractal methods.

For the characterization of surfaces by wavelet and fractal methods the 3-D surface
topography data is presented in the form of range images [45,46]. In these images the surface
elevation data is encoded into a pixel brightness value, i.e. the brightest pixel, depicted by the
grey level of ‘255’, represents the highest elevation point on the surface, while the darkest
pixel, depicted by the grey level of ‘0’, represents the lowest elevation point on the surface
[46].

· Characterization of Surface Topography by Fourier Transform

Fourier transform methods allow to decompose the surface data into complex exponential
functions of different frequencies. The Fourier methods were used to calculate the power
spectrum and the autocorrelation function in order to obtain the surface topography
parameters [e.g. 41,47-49]. However, the problem with the application of these methods to
surfaces is that they provide results which strongly depend on the scale at which they are
calculated, and hence they are not unique for a particular surface. This is because the Fourier
transformation provides only the information whether a certain frequency component exists
or not. As the result, the surface parameters calculated do not provide information about the
scale at which the particular frequency component appears.
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· Characterization of Surface Topography by Wavelets

Wavelet methods allow to decompose the surface data into different frequency components
and then to characterize it at each individual scale. The wavelet methods were used to
decompose the topography of a grinding wheel surface into long and small wavelengths [50],
to analyse 3-D surface topography of orthopaedic joint prostheses [51] and others. When
applying wavelets the surfaces are usually first decomposed into roughness, waviness and
form, and then the changes in surface peaks, pits and scratches together with their locations
are obtained at different scales. However, there are still major difficulties in extracting the
appropriate surface texture parameters from wavelets [44].

An example of the application of a wavelet transform to decompose a titanium alloy surface
image at two different levels is shown in Figure 10.7. Each decomposition level contains a
low resolution image and three images containing the vertical, horizontal and diagonal
details of the original image at a particular scale. The low resolution images and the detail
images were obtained by applying a combination of low-pass and/or high-pass filters along
the rows and columns of the original image and a downsampling operator. The original
image can be reconstructed back from these images obtained by using mirror filters and an
upsampling operator [52].

Original image

Level 1 wavelet decomposition

Level 2 wavelet decomposition

low resolution image horizontal detail image vertical detail image diagonal detail image

low resolution image horizontal detail image vertical detail image diagonal detail image

Figure 10.7 Example of application of wavelet transform to titanium alloy surface image.
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· Characterization of Surface Topography by Fractals

Fractal methods allow to characterize surface data in a scale-invariant manner. Usually
fractal dimensions, since they are both ‘scale-invariant’ and closely related to self-similarity,
are employed to characterize rough surfaces [19]. The basic difference between the
characterization of real surfaces by statistical methods and fractals is that the statistical
methods are used to characterize the disorder of the surface roughness while the fractals are
used to characterize the order behind this apparent disorder [10].

The variation in height ‘z’ above a mean position with respect to the distance along the axis
‘x’ of the surface profile obtained by stylus or optical measurements, Figure 10.8, can be
characterized by the Weierstrass-Mandelbrot function which has the fractal dimension ‘D’
and is given in the following form [19]:

z(x) = G(D − 1) cos2πγ nx
γ (2 − D)nΣ

n = n1

∞

  
            for 1 < D < 2   and   γ > 1 (10.1)

where:

z(x) is the function describing the variation of surface heights along ‘x’;

G is the characteristic length scale of a surface [m]. It depends on the degree of
surface finish. For example, ‘G’ for lapped surfaces was found to be in the range
of 1 × 10-9 to about 12.5 × 10-9 [m], for ground surfaces about 0.1 × 10-9 - 10 × 10-9 [m]
while for shape turned surfaces ‘G’ is about 7.6 × 10-9 [m] [20];

n1 is the lowest frequency of the profile, i.e. the cut-off frequency, which depends
on the sampling length ‘L’, i.e. γ  n1 = 1/L [m-1] [19,17];

γ is the parameter which determines the density of the spectrum and the relative
phase difference between the spectral modes. Usually γ = 1.5 [20];

γn are the frequency modes corresponding to the reciprocal of roughness
wavelength, i.e. γ 

n = 1/λn [m-1] [19];

D is the fractal dimension which is between 1 and 2. It depends on the degree of
surface finish. For example, ‘D’ for lapped surfaces was found to be in the range
of 1.7 to about 1.9, for ground surfaces about 1.6 while for shape turned surface
‘D’ is about 1.8 [20].

 

x

z

FIGURE 10.8 Example of a surface profile obtained by stylus or optical measurements.

The Weierstrass-Mandelbrot function has the properties of generating a profile that does not
appear to change regardless of the magnification at which it is viewed. As the magnification
is increased, more fine details become visible and so the profile generated by this function
closely resembles the real surfaces. In analytical terms, the Weierstrass-Mandelbrot function
is non-differentiable because it is impossible to obtain a true tangent to any value of the
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function. The fractal dimension and other parameters included in the Weierstrass-
Mandelbrot function provide more consistent indicators of surface roughness than
conventional parameters such as the standard deviation about a mean plane. This is because
the fractal dimension is independent of the sampling length and the resolution of the
instrument which otherwise directly affect the measured roughness [17].

Although the Weierstrass-Mandelbrot function appears to be very similar to a Fourier series,
there is a basic difference. The frequencies in a Fourier series increase in an arithmetic
progression as multiples of a basic frequency, while in a Weierstrass-Mandelbrot function
they increase in a geometric progression [19]. In Fourier series the phases of some frequencies
coincide at certain nodes which make the function appear non-random. With the
application of a Weierstrass-Mandelbrot function this problem is avoided by choosing a non-
integer ‘γ’, and taking its powers to form a geometric series. It was found that γ = 1.5 provides
both phase randomization and high spectral density [20].

The parameters ‘G ’ and ‘D ’ can be found from the power spectrum of the Weierstrass-
Mandelbrot function (10.1) which is in the form [19,21]:

 

S(ω) =
G2(D − 1)

2 lnγ
1

ω(5 − 2D) (10.2)

where:

S(ω) is the power spectrum [m3];

ω is the frequency, i.e. the reciprocal of the wavelength of roughness, [m-1], i.e. the
low frequency limit corresponds to the sampling length while the high
frequency limit corresponds to the Nyquist frequency which is related to the
resolution of the instrument [19].

The fractal dimension ‘D’ is obtained from the slope ‘m’ of the log-log plot of ‘S(ω)’ versus ‘ω’,
i.e.:

  

m2

m1

logS(ω)
[m3]

logω [m−1]

Slope m = −(5 − 2D)

The parameter ‘G’ which determines the location of the spectrum along the power axis and is
a characteristic length scale of a surface is obtained by equating the experimental variance of
the profile to that of the Weierstrass-Mandelbrot function [19,20].

The constants ‘D’, ‘G’ and ‘n1’ of the Weierstrass-Mandelbrot function form a complete set of
scale independent parameters which characterize an isotropic rough surface [20]. When they
are known then the surface roughness at any length scale can be determined from the
Weierstrass-Mandelbrot function [20].

It should also be mentioned that in the fractal model of roughness, as developed so far, the
scale of roughness is imagined to be unlimited. For example, if a sufficient sampling distance
is selected, then macroscopic surface features, i.e. ridges and craters would be observed. In
practice, engineering surfaces contain a limit to roughness, i.e. the surfaces are machined
‘smooth’ and in this respect, the fractal model diverges from reality.
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There have been various techniques developed to evaluate the fractal dimension from a
profile, e.g. horizontal structuring element method (HSEM) [53], correlation integral [54,55]
and fast Fourier transform (FFT) [e.g. 56], modified 1D Richardson method [57] and others.
However, it was found that fractal dimensions calculated from surface profiles exhibit some
fundamental limitations especially when applied to the characterization of worn surfaces
[56,58,59]. For example, it was shown that the fractal dimensions calculated fail to distinguish
between the two worn surfaces [60]. Also tests conducted on artificially generated profiles
demonstrated that the problem of choosing any particular algorithm for the calculation of
fractal dimension from a profile is not a simple one since there is no way of knowing the
‘true’ or even ‘nominal’ fractal dimension of the surface profile under consideration [59].

Attempts have also been made to apply fractal methods to characterization of 3-D surface
topographies. For example, it has been shown that surface fractal dimensions could be used
to characterize surfaces exhibiting fractal nature [56], surface profiles produced by turning,
electrical discharge and grinding [61], isotropic sandblasted surfaces and anisotropic ground
surfaces [62], engineering surfaces measured with different resolutions [63], etc. The most
popular methods used to calculate surface fractal dimension are: the ε-blanket [64], box-
counting [65], two-dimensional Hurst analysis [56], triangular prism area surface [66] and
variation method [67], generalized fractal analysis based on a Ganti-Bhushan model [63] and
the patchwork method [68]. The basic limitation of these methods is that they work well only
with isotropic surfaces, i.e. with surfaces which exhibit the same statistical characteristics in
all directions [45]. Majority of surfaces, however, are anisotropic, i.e. they exhibit different
surface patterns along different directions.

In order to overcome this limitation and characterize the surface in all directions a modified
Hurst Orientation Transform (HOT) method was developed [69]. The HOT method allows
calculation of Hurst coefficients (H), which are directly related to surface fractal dimensions,
i.e. D = 3-H, in all possible directions. These coefficients, when plotted as a function of
orientation, reveal surface anisotropy [45,69].

The problem is that none of the methods mentioned provide a full description of surface
topography since they were designed to characterize only particular morphological surface
features such as surface roughness and surface directionality. Even though a modified HOT
method allows for a characterization of surface anisotropy it still does not provide a full
description of the surface topography. It seems that fractal methods currently used only work
well with surfaces that conform to a fractional Brownian motion (FBM) model and are self-
similar with uniform scaling.

Recently a new approach, called a Partitioned Iterated Function System (PIFS), has been tried.
This approach is based on the idea that, since most of the complex structures observed in
nature can be described and modelled by a combination of simple mathematical rules [e.g.
70,71], it is reasonable to assume that, in principle, it should be possible to describe a surface
by a set of such rules.

It can be observed that any surface image, containing 3-D surface topography data, exhibits a
certain degree of ‘self-transformability’, i.e. one part of the image can be transformed into
another part of the image reproducing itself almost exactly [72]. In other words, a surface
image is composed of image parts which can be converted to fit approximately other parts
located elsewhere in the image [45]. This is illustrated in Figure 10.9 which shows a mild steel
surface with the ‘self-transformable’ parts marked by the squares.

PIFS method is based on these affine transformations and allows to encapsulate the whole
information about the surface in a set of mathematical formulae [44,45]. These formulae
when iteratively applied into any initial image result in a sequence of images which
converge to the original surface image. This is illustrated in Figure 10.10 where the sets of
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rules found for a surface image shown in Figure 10.9 were applied to some starting image, i.e.
black square.

Figure 10.9 Range image of a mild steel surface with marked ‘self-transformable’ parts.

   
  a)   b)   c)  d)

Figure 10.10 The application of the PIFS data obtained for the mild steel surface image
shown in Figure 10.9; a) initial image, b) one iteration, c) four iterations, d)
twelve iterations.

It can be seen from Figure 10.10 that an almost exact replica of the original image has been
obtained from the ‘black’ image only after 12 iterations of PIFS data. Since a relatively
accurate description of the whole surface is obtained the PISF method may also be used to
classify the surfaces into specific groups.

Optimum Surface Roughness

In practical engineering applications the surface roughness of components is critical as it
determines the ability of surfaces to support load [22]. It has been found that at high or very
low values of ‘Rq’ only light loads can be supported while the intermediate ‘Rq’ values allow
for much higher loads. This is illustrated schematically in Figure 10.11 where the optimum
operating region under conditions of boundary lubrication is determined in terms of the
height and spatial surface characteristics. If surfaces are too rough then excessive wear and
eventual seizure might occur. On the other hand, if surfaces are too smooth, i.e. when β* < 2
[µm], then immediate surface failure occurs even at very light loads [22].

It is found that most worn surfaces, where lubrication is effective, tend to exhibit a
favourable surface profile, i.e. quasi-planar plateaux separated by randomly spaced narrow
grooves. In this case, the profile is still random which allows the same analysis of contact
between rough surfaces as described below, but a skewed Gaussian profile results.
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FIGURE 10.11 Relationship between safe and unsafe operating regions in terms of the height
and spatial surface characteristics [22].

10.3 CONTACT BETWEEN SOLIDS

Surface roughness limits the contact between solid bodies to a very small portion of the
apparent contact area. The true contact over most of the apparent contact area is only found
at extremely high contact stresses which occur between rocks at considerable depths below the
surface of the earth and between a metal-forming tool and its workpiece. Contact between
solid bodies at normal operating loads is limited to small areas of true contact between the
high spots of either surface. The random nature of roughness prevents any interlocking or
meshing of surfaces. True contact area is therefore distributed between a number of micro-
contact areas. If the load is raised, the number of contact areas rather than the ‘average’
individual size of contact area is increased, i.e. an increase in load is balanced by newly
formed small contact areas. A representation of contact between solids is shown
schematically in Figure 10.12.
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Figure 10.12 Real contact area of rough surfaces in contact; Ar is the true area of contact, i.e.

A r = Ai∑
i = 1

n

, n is the number of asperities [23].
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The real contact area is a result of deformation of the high points of the contacting surfaces
which are generally referred to as asperities. Contact stresses between asperities are large, as
shown in Figure 10.13, and in some cases localized plastic deformation may result. Although
in the early theories of surface contact it was assumed that the true contact area arose from
the plastic deformation of asperities [24], it was found later that a large proportion of the
contact between the asperities is entirely elastic [25,26]. The relationship between the true area
of contact and the load is critically important since it affects the law of friction and wear.

 

Load

Nominal
contact

pressure

Actual contact
pressure between

asperities

Figure 10.13 Contact stresses between the asperities.

Model of Contact Between Solids Based on Statistical Parameters of Rough Surfaces

Contact between an idealized rough surface and a perfectly smooth surface was first analyzed
by assuming that a rough surface is approximated by a series of hierarchically superimposed
spherical asperities as shown in Figure 10.14 [27].

Figure 10.14 Contact between idealized rough surfaces of varying levels of detail and a
smooth plane (adapted from [27]).
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As can be seen from Figure 10.14 the surface is modelled by spherical asperities of differing
scales of size. It was found that as the complexity of the model is increased by superimposing
spherical asperities of a new order of magnitude on existing ones the true area of contact is
proportional to load at a power close to unity. The relationships between true contact area
‘A r’ and load ‘W ’ for the three geometries shown in Figure 10.14 were found to be the
following: 1st order Ar α W4/5; 2nd order Ar α W14/15; 3rd order Ar α W44/45. Therefore, it has
been deduced that since real surfaces are even more complex than these idealized surfaces,
then the true area of the multiple elastic contact between the asperities should be directly
proportional to load.

Although the model of a surface composed of a series of hemispheres is highly idealized,
more sophisticated analyses have shown that a random surface profile also contains a wide
spectrum of asperity curvature to give the same relationship between contact area and load
[14,25]. The range of curvatures found on a real, complex surface ensures a near linear
dependence between true contact area and load. Therefore, in more exact analysis statistical
functions which describe the random nature of rough surfaces have been employed.

One of the first models of contact between two real surfaces incorporating their random
statistical nature was introduced by Greenwood and Williamson [14]. This was followed by
the work of Whitehouse and Archard [25], Onions and Archard [26], Pullen and Williamson
[28], Nayak [29] and others [e.g. 30-32]. In these models statistical methods are applied to
describe the complex nature of the contact between two rough surfaces. For example, in the
Onions and Archard model [26], which is based on the Whitehouse and Archard statistical
model [25], the true contact area is given by the following expression:

 

NC
f*(z*,C)⌠

⌡d

∞

Ar = nπA(2.3β*)2 (z* − d)⌠
⌡0

∞

dCdz* (10.3)

where:

Ar is the true area of contact [m2];

n is the number of asperities per unit area of apparent contact;

A is the apparent contact area [m2];

β* is the correlation distance obtained from the exponential autocorrelation
function of a surface profile [m];

z * is the normalized ordinate, i.e. z* = z/σ (height/RMS surface roughness);

N is the ratio of peaks to ordinates. In this model N = 1/3 [26];

d is the normalized separation between the datum planes of either surface, i.e.
d = h/σ;

C is the dimensionless asperity curvature defined as:

C = l2/rσ

where:

h is the mean plane separation [m];

σ is the RMS surface roughness [m];

l is the sampling interval. In this model l = 2.3β* [m];

f * is the probability density function of peak heights and curvatures;

r is the mean asperity radius [m] defined as:
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r = 
 2π0.5(2.3β*)

2

9σ

The expression for a total load is given in a form [26]:
 

N
f*(z*,C)⌠

⌡d

∞

W = (z* − d)1.5⌠
⌡0

∞

dCdz*
3
4

AσE'(2.3β*)
C (10.4)

where:

W is the total load [N];

E ' is the composite Young's modulus (eq. 7.35) [Pa].

The ratio of load to real contact area, i.e. the mean contact pressure, is therefore given by:
 

pmean = 3πn(2.3β*)
4σE'=

Ar

W

f*(z*,C)⌠
⌡d

∞

(z* − d)1.5⌠
⌡0

∞

dCdz*
C

C
f*(z*,C)⌠

⌡d

∞

(z* − d)⌠
⌡0

∞

dCdz*
(10.5)

It can clearly be seen from equation (10.5) that the ratio of load to true contact area depends
only on the material properties defined by the Young's modulus and the asperity geometry.
The apparent contact area is eliminated from the equation. Therefore there is a
proportionality between the contact load and true contact area for most rough surfaces.
However, there is no definite proof yet that the contact load and tangential friction force
should be proportional. There seems to be only one general argument which is that since
friction force is determined by events occurring on the atomic scale, a proportionality of
friction force to true contact area will extend even down to patches of contact area a few
micrometres in diameter, the size typical of contact areas between rough surfaces.

Although there is a certain degree of variation between the models based on statistical
methods which are used to describe the chaotic nature of real surfaces, in essence they are
quite similar.

The asperities of surfaces in contact may also sustain localized plastic deformation. It has
been shown, however, that even if the asperities are deformed plastically, the true contact
area is still linearly proportional to load at moderate values [28]. At large loads, the true
contact area reaches a limiting value which is close to but less than the apparent contact area.
Even at extreme levels of contact stress, deep grooves and depressions in the surface remain
virtually intact. As mentioned already in Chapter 7 the probability of plastic deformation
depends on the surface topography and material properties and is defined by the plasticity
index. Over the years the definition of the plasticity index evolved as the contact models
became more precise. The plasticity indices for three major contact models are shown in
Table 10.3.

Table 10.3. Plasticity indices for three surface contact models.

Greenwood and Williamson
(G-W) model [14]

Whitehouse and Archard
(W-A) model [25,26]

Bower and Johnson (B-J)
model [73,74,76]

ψ = ( )H
E'

× ( )r
σ* 0.5

ψ*  = ( )H
E'

× ( )β*
σ �

ψs =( )p
s

E'
× ( )σ

0.5

κ
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where:

E’ is the composite Young’s modulus (eq. 7.35) [Pa];

H is the hardness of the deforming surface [Pa];

σ* is the standard deviation of the surface peak height distribution [m];

r is the asperity radius, constant in the G-W model [m];

σ is the RMS surface roughness, ‘σ’ refers to the harder surface in the B-J model
[m];

β* is the correlation distance [m];

κ is the asperity tip curvature of the harder surface [m-1];

ps is the shakedown pressure of the softer surface [Pa]. Note that ‘ps’ is a function of
friction coefficient, i.e. it decreases with the increase of ‘µ’ [74];

ψs is the plasticity index for repeated sliding [73,74,76].

In G-W and W-A models for ψ and ψ* < 0.6 elastic deformation dominates and if ψ and
ψ* > 1 a large portion of contact will involve plastic deformation. Plastic deformation causes
the surface topography to sustain considerable permanent change, i.e. flattening of asperities.
Protective films may also fracture and allow severe wear to occur. When ‘ψ’ or ‘ψ*’ is in the
range of 0.6 - 1 the mode of deformation is in doubt. In B-J model for values of ψs < 1 the
wear rate is negligible, and as ψs increases from 1.0 to 3.5 the wear coefficients increase by
several orders of the magnitude [74].

Plasticity index ‘ψs’ for repeated sliding is similar to plasticity index ‘ψ’ for static normal
contact; the only difference is that the shakedown pressure ‘ps’ replaces the indentation
hardness ‘H’. The shakedown pressure is the limiting pressure dictating the type of asperity
deformation, i.e. below the shakedown pressure elastic deformation dominates while above
it plastic flow occurs at every load cycle [73]. It has been found that the shakedown pressure
decreases with increasing ‘ψs’ and roughness ‘σ’ of the harder surface [75].

Model of Contact Between Solids Based on the Fractal Geometry of Rough Surfaces

Instead of modelling a rough surface as a series of euclidean shapes approximating the
asperities, e.g. spheres, an attempt has been made to apply fractal geometry or the non-
euclidean geometry of chaotic shapes to analyse the contact between rough surfaces [10].
Fractals, since they provide a quantitative measure of surface texture incorporating its multi-
scale nature, have been introduced to the model. The Majumdar-Bhushan fractal model has
been developed for elastic-plastic contacts between rough surfaces and is based on the
spectrum of a surface profile defined by equation (10.2). The contact load for D ≠ 1.5 is
calculated from the following expression [10]:

 

= ( )AaE'
W

3
4 π G*(D − 1)g1(D)Ar*

D/2[ D
(2 − D)Ar* − ac*

(3 − 2D) /2
(3 − 2D) /2 ]

+ Kφg2(D)Ar*
D/2ac*

(2 − D) /2

(10.6)

and for D = 1.5 from the relation [10]:
 

= ( )AaE'
W π G*1/2

3
Ar* ac*

1/4
3/4 ( )ln

3ac*
Ar* + ( )3

Ar*
3/4

4
3Kφ

(10.7)
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where:

W is the total load [N];

E ' is the composite Young's modulus (eq. 7.35) [Pa];

D is the fractal dimension, i.e. 1 < D < 2;

K is the factor relating hardness ‘H’ to the yield strength ‘σy’ of the material, i.e.
H = Kσy and ‘K’ is in the range 0.5 - 2 [33,10];

g 1, g2 are parameters expressed in terms of the fractal dimension ‘D’, i.e.:
  

g1(D) = ( )D
2 − D D/2

(3 − 2D)
D

         
and

  

g2(D) = ( )2 − D
D (2 − D) /2

G * is the roughness parameter, i.e. G* = G/ Aa;

G is the characteristic length scale of a surface (fractal roughness) [m];

L is the sampling length [m];

Aa is the apparent contact area, i.e. Aa = L2 [m2];

Ar
* is the nondimensional real contact area, i.e. Ar/Aa;

Ar is the real contact area [m2], i.e.:
 

Ar = 2 − D
D

al

al is the contact area of the largest spot [m2];

ac is the critical contact area demarcating elastic and plastic regimes [m2], i.e.:
  

ac =
G2

( )2
πKφ 2 / (D − 1)

φ is a material property parameter, i.e. φ = σy /E'.

The first part of equations (10.6) and (10.7) represents the total ‘elastic’ load while the second
term, the ‘plastic’ load. When the largest spot ‘al’ is less than the critical area for plastic
deformation, al < ac, only plastic deformation will take place and the load is given by [10]:

  

= KφAr*AaE'
W

(10.8)

An important feature of this model is the assumption that the radius of curvature of a
contact spot is a function of the area of the spot. This is in contrast to the G-W model which
assumed that the radius of curvature was the same for all asperities.

Summarizing, it can be seen that the Onions-Archard model provides a single value for the
ratio of load to real contact area while the fractal model allows for variation between surfaces
which depends on the fractal dimension ‘D’. The variation in fractal dimension is usually
small, since the theoretical limits of ‘D’ are 1 < D < 2, so that all surfaces approximate to a
simple proportionality between contact load and true contact area.
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There is a fundamental difference between earlier models, e.g. Greenwood and Williamson
[14], and the fractal model. The early models show that the load exponent for the load to
contact area ratio is fixed and is approximately equal to one, i.e. Ar α W. Archard, when
studying the contacts between the surfaces modelled by successive hierarchies of
hemispheres, suggested that as the surface became more complex this exponent would
change in value [27]. At that time, however, the full implications of these findings were
never realized. On the other hand, the fractal model implies that the load exponent for the
load to contact area ratio is not a constant but instead varies within a narrow range which is
dictated by the limits of the fractal dimension, i.e. Ar α W2/(3 - D) [10] where 1 < D < 2. In other
words, the model implies that all rough surfaces exhibit a weak non-linear proportionality
between load and true contact area as the exact load-area relationship is affected by the surface
texture which is in turn described by the fractal dimension. It should also be mentioned that
the current fractal model applies for contacts under light loads where the asperity interaction
is negligible. Therefore extrapolation to higher levels of load may give unreliable results. An
interesting observation could be made when relating this model to scuffing. During scuffing
and seizure one would expect the fractal dimension to rise. If this happens then the real
contact area is likely to rise and this would result in an increase in the frictional force.

A detailed review of contact models between stationary surfaces can be found in [77,78].

Effect of Sliding on Contact Between Solid Surfaces

Almost all analyses of contact between solids are based on stationary contacts where no
sliding occurs between the surfaces. Parameters such as the real contact area and the average
contact stress under sliding are of critical importance to the interpretation of wear and
friction so that analysis of solid to solid contact under sliding is a major objective for future
research.

A qualitative description of some characteristic features of contacts between asperities during
sliding has been obtained from studies of hard asperities indenting a soft material [34]. Three
distinct stages of contact were observed: static contact, i.e. where the tangential force is small,
the stage just before the gross movement of the asperity, i.e. when the tangential force is at its
maximum level, and unrestricted movement of the asperity. Tangential force is equivalent
to frictional force in real sliding contacts. These three stages of asperity contact are illustrated
schematically in Figure 10.15.
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FIGURE 10.15 Schematic illustration of the transition from static contact to sliding contact for
a hard asperity on a soft surface.

As can be seen from Figure 10.15, at low levels of tangential force, the hard asperity is
supported on both flanks by deformed material. When a critical level of tangential force is
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reached, one flank on which the force is acting becomes unloaded and, at the same time, the
asperity sinks deeper into the softer material providing a compensating increase in real
contact area. Once the asperity begins to move or slide across the soft material, an
accumulation of deformed material provides sufficient support for the asperity to rise above
the level of static contact. As a result the tangential force declines since the support to the
asperity is provided by material which has a relatively ‘short dimension’ in the direction of
sliding. The short dimension of accumulated material reduces the amount of material
required to be sheared as compared to the earlier stages of sliding.

Contact between asperities is therefore fundamentally affected by sliding and a prime effect of
sliding is to cause the separation of surfaces by a small distance. Real contact is then confined
to a much smaller number of asperities than under stationary conditions. Wear particles
tend to reduce the number of asperity contacts which under certain conditions can rapidly
form large wear particles. This effect of asperity separation may contribute to the
characteristic of some worn surfaces which exhibit a topography dominated by a number of
large grooves or lumps. The process of reduction of asperity contact induced by sliding is
illustrated schematically in Figure 10.16.

 

Static contact

Shallow
asperity
contact

Deep
asperity
contact

Hard material

Soft material

Sliding contact

Sliding
Concentration of
deformation at
deep asperity

contact

Unloaded
asperity

FIGURE 10.16 Reduction in asperity contact under sliding as compared to static conditions.

10.4 FRICTION AND WEAR

Friction is the dissipation of energy between sliding bodies. Four basic empirical laws of
friction have been known for centuries since the work of da Vinci and Amonton:

· there is a proportionality between the maximum tangential force before sliding
and the normal force when a static body is subjected to increasing tangential load;

· the tangential friction force is proportional to the normal force in sliding;

· friction force is independent of the apparent contact area;

· friction force is independent of the sliding speed.

In the early studies of contacts between the real surfaces it was assumed that since the contact
stresses between asperities are very high the asperities must deform plastically [24]. This
assumption was consistent with Amonton's law of friction, which states that the friction
force is proportional to the applied load, providing that this force is also proportional to the
real contact area. However, it was later shown that the contacting asperities, after an initial
plastic deformation, attain a certain shape where the deformation is elastic [27]. It has been
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demonstrated on a model surface made up of large irregularities approximated by spheres
with a superimposed smaller set of spheres which were supporting an even smaller set (as
shown in Figure 10.14), that the relationship between load and contact area is almost linear
despite the contact being elastic [27]. It was found that a nonlinear increase in area with load
at an individual contact is compensated by the increasing number of contacts. A similar
tendency was also found for real surfaces with random topography [14,26]. It therefore became
clear that Amonton's law of friction is also consistent with elastic deformations taking place
at the asperities providing that the surface exhibits a complex hierarchical structure so that
several scales of microcontact can occur.

The proportionality between friction force and normal load has led to the definition of
‘kinetic’ and ‘static’ coefficients of friction. In many reference books, coefficients of friction are
quoted as ‘properties’ of certain combinations of materials. This approach, however, is very
simplistic since the coefficients of friction are dependent on parameters such as temperature
and sliding speed and in some instances there is no exact proportionality between friction
force and normal load. The underlying reasons for the laws of friction listed above have only
recently been deduced. It has been found that much of the characteristics of friction are a
result of the properties of rough surfaces in contact.

Apart from the dissipation of energy between sliding bodies, friction results in the generation
of noise. In most applications frictional noise is a nuisance that must be controlled.
Frictionally generated vibrations associated with noise emission can additionally be harmful.
Noise generation is usually controlled by lubrication to provide smooth, silent sliding as well
as to suppress friction and wear [81].

Onset of Sliding and Mechanism of Stick-Slip

The difference between the ‘static’ and ‘kinetic’ coefficients of friction has been known for a
considerable period of time. In the analysis of dynamic systems a certain discontinuity
between static and kinetic friction forces is usually assumed. Detailed investigation of forces
and movements at the onset of sliding has revealed that whenever there is a friction force,
sliding must occur even to a minute extent. This is also a property of contact between rough
surfaces and explains the necessity in some mechanical analyses to assume that limited
sliding occurs below the static friction load. A prime example of this is the creep of railway
wheels during acceleration and braking or steering around corners. It has been found that the
revolved distance on the contacting surface of the railway wheels never exactly corresponds
to the distance travelled. When a railway wagon proceeds along a curved track, the wheels
closest to the centre of curvature will skid unless frictional creep takes place, allowing for a
difference between the rolling speed of the wheel and the linear speed along the rail. In
almost all railway wagons, wheels are rigidly fixed to the axle, so that both wheels must
rotate at the same speed irrespective of differing linear speed along the respective rails.

An oscillation between the static and kinetic levels of friction can also occur and this is
known as ‘stick-slip’. Stick-slip is a phenomenon where the instantaneous sliding speed of an
object does not remain close to the average sliding speed. Instead, the sliding speed
continuously varies between almost stationary periods and moments of very high speed.
Stick-slip depends on the variation in the friction coefficient at low sliding speeds and on the
vibrational characteristics of the system. In many cases the suppression of stick-slip can be as
important as reducing the overall coefficient of friction because of the destructive nature of
the vibration caused.

The measurements of small sliding movements between the solids revealed a continuity
between any level of friction force. For example, the coefficients of friction of indium and
lead blocks on a steel surface increase gradually with sliding speed for both metals, until a
certain limiting level of frictional force is reached [35]. Once this level of force is reached, the
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coefficient of friction maintains a steady value over the range of velocities, declining
gradually after reaching a critical velocity level as shown in Figure 10.17.
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FIGURE 10.17 Variation of friction coefficient for indium and lead blocks sliding on a steel
surface [35].

It has also been shown that a lightly loaded steel on steel contact under varying frictional
load sustains a reversible displacement [36]. This is believed to be the result of elastic
movements of the surface asperities. The scale of the movement is approximately one
micrometre. Evidence of this phenomenon is illustrated in Figure 10.18.
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FIGURE 10.18 Reversible tangential movement of steel surfaces in contact under a tangential
friction force; N is the number of loading cycles, e.g. N = 1 is the first cycle [36].

It was also found that the rate at which friction force is applied has a considerable influence
on frictional characteristics [36]. This effect is illustrated in Figure 10.19 where the friction
force versus displacement for a low rate of frictional force application (20 [N/s]) and a high
rate (20,000 [N/s]) is shown.

It can be seen from Figure 10.19 that low rates of friction force application correspond to the
classical model of friction, i.e. at a critical friction load sliding is initiated and friction force
declines discontinuously. However, at the high rate of friction force application, there is no
discontinuity in friction force and sliding movement. After sliding is initiated the friction
force further continues to increase reaching a maximum. Although there is no model of the
underlying mechanism some inferences based on ‘stick-slip’ phenomenon have been
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suggested. The occurrence of ‘stick-slip’ depends on the stiffness of the system in which the
sliding contact takes place. The applied friction force depends on the stiffness of the support
system and also the displacement or stretching of the system. The rate at which the support
system is displaced corresponds to the rate of load application. At moderate rates of friction
change, the rate or speed of the support system displacement follows the rate at which the
friction rises or falls. If there is a very rapid change in friction force, then the support
structure adjacent to the sliding contact moves at a linear speed determined by its resonant
frequency. When the support structure is able to resonate then a severe ‘stick-slip’ motion
may occur. If the stiffness of the system is too low, then the rate of load application is also low
and a discontinuity in friction occurs. For a stiffer system, however, this discontinuity can be
suppressed and smooth motion is possible. Although this view of ‘stick-slip’ motion is only
hypothetical, it serves to illustrate the complex nature of the phenomenon in the absence of
more detailed research.
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FIGURE 10.19 Effect of the rate of friction force application on friction characteristics; a) low
rate, b) high rate [36].

‘Stick-slip’ is also a function of the wear and friction mechanisms. A large difference in
friction coefficient between apparently static conditions and gross sliding implies that smooth
sliding is impossible. A fundamental impediment to smooth sliding occurs when the sliding
surfaces tend to adhere to each other. Under this condition, true smooth sliding is impossible
and the opposing surfaces are forced to move against each other by a series of small jumps
between successive adhesive contacts.

Structural Differences Between Static and Sliding Contacts

The distinction between a static and a sliding contact is generally understood to be important,
with fundamental differences in structure and physical processes believed to occur. The
difficulties in observing a sliding contact through opaque bodies largely prevented
tribologists from resolving the physical phenomena involved. Recently, however, direct
observations of sliding contact by real-time radiography (X-ray microscopy) revealed much of
its hidden detail [79,80]. It was found that while a static contact can be described in terms of a
random distribution of point contacts, in accordance with the Greenwood-Williamson
model, this model is not applicable to a sliding contact. A basic feature of sliding contact is
that it is distributed over a lesser number of larger contact areas rather than a large number of
contact points. It appears that contact between dry sliding surfaces, e.g. during oxidative wear
or fretting, is controlled by a series of lamellar bodies (compacted wear particles) which are
formed from material from both sliding surfaces. These areas do not have a fixed location
inside the contact but instead move slowly across the surface as sliding progresses [80]. The
frictional interaction appears to be controlled by mechanical inter-locking between ‘lumps’
on opposing surfaces as schematically illustrated in Figure 10.20.
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FIGURE 10.20 A comparison between static and dynamic contact.

The question is: why should the number of true contact points between opposing surfaces be
greatly diminished by sliding motion? One reason may be that sliding does result in a greater
degree of separation between the opposing surfaces [34]. When the opposing surfaces move
apart, only the larger asperities on the surface can remain in contact. Another cause may be a
more subtle process, which requires sufficient sliding distance before its effect is observed, i.e.
the irreversible trend towards expulsion of wear particles once they leave the wearing
contact. It can be imagined that at the stage when the wear particles are still inside the
wearing contact, but are no longer bonded to a specific site, they can move. This movement is
strongly affected by the sliding. In statistical terms it is possible for the wear particle to move
outside the sliding contact and then to return. However, as can be readily appreciated, once
the wear particles exit the sliding contact, they are very unlikely to return. This concept is
schematically illustrated in Figure 10.21. Irreversible departures of wear particles from the
boundaries of the sliding contact cause changes in the statistical distribution of wear particles
within the sliding contact. It appears that these few wear particles, which by pure chance
happen to remain in the sliding contact, survive to form lumps or related structures. Work-
hardening of these lumps and compressive forces may cause them to become embedded in
the sliding surfaces. Sliding movement may also force the lumps to move slowly across the
wearing surface while simultaneously accumulating more material.
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FIGURE 10.21 Schematic illustration of the loss of transfer particles at the edge of contact.

TEAM LRN



FUNDAMENTALS OF CONTACT BETWEEN SOLIDS 473

Irreversibility of wear particle expulsion from the contact zone persists even at the very small
amplitudes of micro-sliding. The most common example of micro-sliding is fretting wear,
which is described in Chapter 15. Statistical bias in the survival of wear particles appears to be
the cause of the formation of distinctively non-uniform contact structure of segregated debris
layers inside a fretted wear scar [82].

In some cases of fretting wear, e.g. ball-on-plate, the variation in contact pressure can exert
the following additional effects [82]:

· close to the centre of the contact where contact pressure is at a maximum and the
gradient of pressure, with respect to distance, is at a minimum wear particles tend
to move the least (the lack of movement would render the wear particles more
likely to coalesce) and

· at the edge of the contact where the gradient of pressure, with respect to distance, is
at a maximum wear particles are more likely to move towards the boundaries of
the contact zone. This effect reinforces the irreversibility of wear particle expulsion
from the contact zone.

Surface temperature also exerts a strong influence on the mechanics of sliding contact.
Elevated sliding speeds result in high surface temperatures, which may lead to softening and
possibly even melting of the surface layers. Lump formation is observed to decline at high
sliding speeds [79,80], apparently because of this softening and melting of the surface layers
and particles. A smaller number of interlocking lumps at high sliding speeds may be the
reason why dry friction coefficients decline with rise in sliding speed for most combinations
of sliding materials.

Friction and Other Contact Phenomena in Rolling

When a cylindrical or spherical object rolls across a smooth surface of sufficient hardness to
support its weight, it is generally observed that there is only a small amount of friction to
oppose the rolling motion. This is the operating principle behind many vital mechanical
components such as roller or ball bearings, railway wheels and rubber tyres. Rolling motion
not only entails friction but also other phenomena such as corrugation and traction.
Corrugation is the formation of a wave-shaped profile on the rolled surface by repeated
rolling contact. Traction is the ability of a roller or sphere to sustain a tangential contact force
while continuing to roll with negligible resistance to motion.

A coefficient of rolling friction is defined as the force required to maintain steady rolling,
divided by the load carried by the roller. For hard smooth rollers such as those made of steel
or other hard metals, the coefficient of rolling friction is very low with typical values ranging
between 0.01 and 0.001. Rolling friction coefficients are not necessarily minute as it is possible
to select systems, with physical parameters differing widely from hard metal rollers, that
display much higher values of rolling friction coefficients. For example, a roller or sphere
made of soft material that adheres to the underlying surface would generate a higher level of
rolling friction. A physical representation of this might be a coalescence of several wear
particles that had been rolled into a single sphere or roller while retaining strong adhesion to
the underlying surface.

Traction is the phenomenon which enables all wheeled vehicles to accelerate or decelerate
and ascend or descend hills. Traction is a form of friction but is distinguished from it because
of its usefulness in propulsion of vehicles. The maximum amount of traction available to
any rolling contact is equal to the product of the normal contact load and the coefficient of
adhesion of the rolling contact. The coefficient of adhesion is defined as the ratio of the
maximum tangential force that can be sustained at the rolling contact and the normal contact
force. In other words the coefficient of adhesion defines the resistance to skidding by the
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rolling element when a braking torque is imposed such as occurs during braking of a railway
wheel or car tyre. The coefficient of adhesion typically has a value ranging from 0.1 to 1.0 and
is distinct from the coefficient of rolling friction. For most mechanical systems, the coefficient
of adhesion should be as high as possible while the coefficient of rolling friction should be as
low as possible. For example, a low rolling friction coefficient enables a railway train to
minimize energy consumption when travelling while a high coefficient of adhesion allows
the train to stop if required. The difference between the coefficient of rolling friction and the
coefficient of adhesion and the role of hardness and adhesion in controlling the coefficient of
rolling friction is schematically illustrated in Figure 10.22.
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FIGURE 10.22 The difference between coefficient of rolling friction and coefficient of adhesion
and the role of hardness and adhesion in controlling the coefficient of rolling
friction.

Reynolds and Heathcote [83] observed that the fundamental cause of rolling friction is micro-
slip between the contacting surfaces. Carter [93] has also found that a wheel cannot generate
traction without additional micro-slip in response to the tangential forces at the rolling
contact. Micro-slip is a very limited amount of tangential movement that occurs in regions
within the rolling contact without gross sliding occurring over the whole of the contact area.
Classical kinematic theory of rolling by rigid bodies predicts that only normal motion occurs
at a point contact for a sphere or a line contact for a roller. As all known materials, even hard
metals and ceramics, are not perfectly rigid they elastically deform to produce, depending on
the geometry of contacting bodies, a circular, rectangular or elliptical contacts. This elastic
deformation reduces the radius of rolling by a minute amount and so causes the surface of
rolling body to fail to move sufficiently fast inside the rolling contact. In order to compensate
for this lack of speed, creeping movement is initiated between the rolling surfaces [84-86].
This creeping movement is generated by micro-slip at the margins of the rolling contact. The
phenomenon of micro-slip and creeping movement is illustrated schematically in Figure
10.23.
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FIGURE 10.23 Schematic illustration of micro-slip and creeping movement in a rolling
contact.

When the roller or sphere sustains traction, the micro-slip increases in level and extent over
the rolling contact area [94,95]. When micro-slip prevails over the entire rolling contact area,
gross sliding or skidding of the roller (or sphere) will commence.

A fundamental difference between rolling and sliding friction is that other energy dissipation
mechanisms, which are negligible for sliding friction, become significant for rolling because
of the very low friction level. Major sources of energy dissipation, which are not discussed
further here, are aerodynamic drag of the rapidly rotating roller and repetitive compression
of air inside a pneumatic tyre. Another important source of energy dissipation is hysteresis in
the mechanical response of the rolling material. Hysteresis means that the compressive
stresses ahead of the centre of the rolling contact are greater than the compressive stresses
behind the rolling contact. Ahead is defined as not yet reached by the centre of the rolling
contact while behind is defined as already rolled on by the centre of the rolling contact. The
resulting asymmetry in compressive stresses generates reaction forces that oppose the rolling
motion. For example, hysteresis is found to be the principal component of rolling friction in
polymers [87]. An effect similar to mechanical hysteresis may also be generated by adhesion
between the roller and rolled surface [96]. Adhesion behind the rolling contact causes the
compressive forces behind the rolling contact to be less than the compressive forces ahead of
the rolling contact. Adhesive effects are significant for rubbers [96] where the adhesion is
generated by van der Waals bonding between atoms of the opposing surfaces [97].

Rolling is nearly always associated with high levels of contact stress, which can be sufficient
at high contact loads to cause plastic deformation in the rolling contact. Plastic deformation
not only causes the surface layers of the roller and rolled surface to accumulate plastic strain,
but may also cause corrugation to occur. Corrugation is the transformation of a smooth, flat
surface into a surface covered by a wave-form like profile aligned so that the troughs and
valleys of the wave-form profile lie perpendicular to the direction of rolling. The wavelength
of corrugations varies from 0.3 [mm] on the discs of Amsler test machines to 40 ~ 80 [mm] on
railway tracks [98]. Another term used to describe corrugations, especially longer wavelength
corrugations, is facets. Although the causes of corrugation are unclear, there is evidence that
vibration of the rolling wheel and metallurgical factors exhibit a strong influence [99,100]. It
was found that the peaks of the corrugations on steel surfaces were significantly harder than
the troughs between the corrugations [101]. It is believed that corrugation occurs when a
lump of plastically deformed material is formed at the leading edge of the rolling contact.

TEAM LRN



476 ENGINEERING TRIBOLOGY

This lump periodically grows to a maximum size before being released behind the rolling
contact to form a corrugation [88,89].

According to theoretical models of the deformation and slip involved in rolling friction, it
appears that there is a linear relationship between contact force and the drag force opposing
rolling [84]. The geometry of the rolling contact has a strong influence on rolling friction, and
the coefficient of rolling friction is inversely related to the rolling radius. At low loads where
elastic deformation dominates, the coefficient of rolling friction is inversely proportional to
the square root of the rolling radius, at higher contact loads where plastic deformation is
significant, the coefficient of rolling friction is inversely proportional to the rolling radius
[90]. Basic materials parameters also exert an effect, the coefficient of rolling friction is
inversely related to the Young's modulus of the rolling material [90]. Temperature exerts a
strong effect on the coefficient of rolling friction of polymers since the mechanical hysteresis
of the polymer is controlled by temperature [92]. The coefficient of adhesion in a rolling steel
contact was found to decline with speed in the range of 20 [km/hr] to 500 [km/hr] [91].

Concentration of Frictional Heat at the Asperity Contacts

The inevitable result of friction is the release of heat and, especially at high sliding speeds, a
considerable amount of energy is dissipated in this manner. The released heat can have a
controlling influence on friction and wear levels due to its effect on the lubrication and wear
processes. Almost all of the frictional heat generated during dry contact between bodies is
conducted away through the asperities in contact [24]. Since the true contact area between
opposing asperities is always considerably smaller than the apparent contact area, the
frictional energy and resulting heat at these contacts becomes highly concentrated with a
correspondingly large temperature rise as illustrated schematically in Figure 10.24.
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FIGURE 10.24 Concentration of frictional energy at the asperity contacts.

This concentration of frictional energy over small localized areas has a significant influence
on friction and wear. Local temperatures can rise to very high values even with a relatively
small input of frictional energy. For example, a frictional temperature rise was exploited by
paleolithic man to ignite fires by rotating a stick against a piece of wood.
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Surface heating from frictional energy dissipation also causes the surface layers of a material
to expand. Where such heating is localized, a small area of surface becomes elevated from the
rest of the surface which has not sustained thermal expansion. This effect is known as a
‘thermal mound’ since the shape of this temperature-induced structure resembles a gently
sloping hill or mound. When the wearing surface is flat, the distribution of thermal mounds
tend to be random along with the distribution of frictional energy dissipation. When the
contact of the wearing surface is controlled by asperities, the asperities which sustain the
greatest amount of frictional energy dissipation will expand the most and lift apart the
remaining asperities. The effect of thermal mound formation results in the concentration of
frictional energy dissipation and mechanical load on a few asperities only. This effect is
transient and once the source of frictional energy is removed, i.e. by stopping the moving
surfaces, the thermal mounds disappear.

Shear rates between contacting solids can also be extremely high as often only a thin layer of
material accommodates the sliding velocity difference. The determination of surface
temperature as well as the observation of wear is difficult as the processes are hindered by the
contacting surfaces. In the majority of sliding contacts, the extremes of temperature, stress
and strain can only be assessed indirectly by their effect on wear particles and worn surfaces.

The frictional temperatures can, for example, be measured by employing the ‘dynamic
thermocouple method’ [24]. The method involves letting two dissimilar metals slide against
each other. Frictional temperature rises at the sliding interface cause a thermo-electric
potential to develop which can be measured. For example, significant temperature rises were
detected by this method when constantan alloy was slid under unlubricated conditions
against steel at a velocity of 3 [m/s] [24]. Momentary temperature rises reaching 800°C but
only lasting for approximately 0.1 [ms] occurring on a random basis were observed. It is
speculated that these temperature rises are the result of intense localized metal deformation
between asperities in contact.

Wear Between Surfaces of Solids

As already discussed the contact between surfaces of solids at moderate pressures is limited to
contacts between asperities of opposing surfaces. Most forms of wear are the result of events
occurring at asperity contacts. There could, however, be some exceptions to this rule, e.g.
erosive wear which involves hard particles colliding with a surface.

It has been postulated by Archard that the total wear volume is proportional to the real
contact area times the sliding distance [37]. A coefficient ‘K’ which is the proportionality
constant between real contact area, sliding distance and the wear volume has been
introduced, i.e.:

V = K Ar l = K l 

H
W

(10.9)

where:

V is the wear volume [m3];

K is the proportionality constant;

Ar is the real area of the contact [m2];

W is the load [N];

H is the hardness of the softer surface [Pa];

l is the sliding distance [m].
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The ‘K’ coefficient, also known as the ‘Archard coefficient’ is widely used as an index of wear
severity. The coefficient can also be imagined as the proportion of asperity contacts resulting
in wear. The value of ‘K’ is never supposed to exceed unity and in practice ‘K’ has a value of
0.001 or less for all but the most severe forms of wear. The low value of ‘K’ indicates that
wear is caused by only a very small proportion of asperity contacts. In almost all cases,
asperities slide over each other with little difficulty and only a minute proportion of asperity
contacts result in the formation of wear particles.

It has also been suggested that wear particles are the result of a cumulative process of many
interactions between randomly selected opposing asperities [38]. The combination of
opposing asperities during sliding at any one moment can easily be imagined as
continuously changing. A gradual or incremental mode of wear particle formation allows for
extensive freedom for variation or instability in the process. Statistical analysis of wear data
reveals that there is a short term ‘memory’ inherent in wear processes, i.e. any sample of a
wear rate is related to the immediately preceding wear rates, although there seems to be no
correlation with much earlier wear rates [39]. Therefore wear prediction is extremely difficult.

10.5 SUMMARY

Real surfaces are composed of surface features ranging in size from individual atoms to
visible grooves and ridges. Most surface features affect wear and friction. Since almost all
surfaces are rough, in terms of solid contact they cannot be approximated by a flat plane. The
basic laws of friction are a result of the control of solid contact by rough surfaces. The
topography of the contacting surfaces therefore has a decisive effect on wear and friction.
Rough surfaces have very small areas of real contact with the opposing surface and this
causes wear and friction to be determined by high contact stresses and extreme concentrations
of frictional energy even though the nominal contact stress and total frictional energy can be
small.

Friction has traditionally been divided into static and kinetic friction. Exact measurements of
microscopic sliding movements reveal that as the friction force acting on a contact is
progressively increased, microscopic sliding movement occurs for all levels of friction force
and the maximum friction force occurs at some specific sliding speed. The basic difference
between gross sliding and sliding movements at small levels of friction force is that these
latter movements are reversible. A major consequence of the difference between static and
kinetic coefficients of friction is ‘stick-slip’ or discontinuous sliding. Stick-slip is often present
when the supporting structure of the sliding contact has insufficient stiffness to follow the
rapid changes in frictional force that can occur.

Wear results from direct contact between the individual asperities at sliding interfaces and,
in almost all situations, many asperity interactions are required before wear occurs.
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A B R A S I V E ,  E R O S I V E11 A N D

C A V I T A T I O N  W E A R

11.1 INTRODUCTION

Wear by abrasion and erosion are forms of wear caused by contact between a particle and
solid material. Abrasive wear is the loss of material by the passage of hard particles over a
surface [1]. Erosive wear is caused by the impact of particles against a solid surface. Cavitation
is caused by the localized impact of fluid against a surface during the collapse of bubbles.
Abrasion and erosion in particular are rapid and severe forms of wear and can result in
significant costs if not adequately controlled [2]. Although all three forms of wear share some
common features, there are also some fundamental differences, e.g. a particle of liquid can
cause erosion but cannot abrade. These differences extend to the practical consideration of
materials selection for wear resistance due to the different microscopic mechanisms of wear
occurring in either abrasion, erosion or cavitation. The questions are: where are abrasive,
erosive or cavitation wear likely to occur? When do these forms of wear occur and how can
they be recognized? What are the differences and similarities between them? Will the same
protective measures, e.g. material reinforcement, be suitable for all these forms of wear?
What is the effect of temperature on these wear mechanisms? Will the use of hard materials
suppress all or only some of these forms of wear? The practising engineer needs answers to
all these questions and more. The fundamental mechanisms involved in these three forms
of wear and the protective measures that can be taken against them are discussed in this
chapter.

11.2 ABRASIVE WEAR

Abrasive wear occurs whenever a solid object is loaded against particles of a material that
have equal or greater hardness. A common example of this problem is the wear of shovels
on earth-moving machinery. The extent of abrasive wear is far greater than may be realized.
Any material, even if the bulk of it is very soft, may cause abrasive wear if hard particles are
present. For example, an organic material, such as sugar cane, is associated with abrasive
wear of cane cutters and shredders because of the small fraction of silica present in the plant
fibres [3]. A major difficulty in the prevention and control of abrasive wear is that the term
‘abrasive wear’ does not precisely describe the wear mechanisms involved. There are, in fact,
almost always several different mechanisms of wear acting in concert, all of which have
different characteristics. The mechanisms of abrasive wear are described next, followed by a
review of the various methods of their control.
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Mechanisms of Abrasive Wear

It was originally thought that abrasive wear by grits or hard asperities closely resembled
cutting by a series of machine tools or a file. However, microscopic examination has revealed
that the cutting process is only approximated by the sharpest of grits and many other more
indirect mechanisms are involved. The particles or grits may remove material by
microcutting, microfracture, pull-out of individual grains [4] or accelerated fatigue by
repeated deformations as illustrated in Figure 11.1.

 

Direction of abrasion

a) Cutting

Direction of abrasion

b) Fracture

c) Fatigue by repeated ploughing

Direction of abrasion

d) Grain pull-out

Direction of abrasion

Repeated deformations by subsequent grits
Grain about
to detach

FIGURE 11.1 Mechanisms of abrasive wear: microcutting, fracture, fatigue and grain pull-out.

The first mechanism illustrated in Figure 11.1a, cutting, represents the classic model where a
sharp grit or hard asperity cuts the softer surface. The material which is cut is removed as
wear debris. When the abraded material is brittle, e.g. ceramic, fracture of the worn surface
may occur (Figure 11.1b). In this instance wear debris is the result of crack convergence.
When a ductile material is abraded by a blunt grit then cutting is unlikely and the worn
surface is repeatedly deformed (Figure 11.1c). In this case wear debris is the result of metal
fatigue. The last mechanism illustrated (Figure 11.1d) represents grain detachment or grain
pull-out. This mechanism applies mainly to ceramics where the boundary between grains is
relatively weak. In this mechanism the entire grain is lost as wear debris.

Cutting

Much of this more complex view of abrasive wear is relatively new since, like all forms of
wear, the mechanisms of abrasive wear are hidden from view by the materials themselves.
Until recently, direct demonstrations of abrasive wear mechanisms were virtually non-
existent. The development of the Scanning Electron Microscope (SEM) has provided a means
of looking at some aspects of abrasive wear in closer detail. In one study [5] a rounded stylus
was made to traverse a surface while under observation by SEM. In another study [6] a pin on
disc wear rig was constructed to operate inside the SEM, to allow direct observations of wear.
Two basic mechanisms were revealed: a cutting mechanism and a wedge build up
mechanism with flake like debris [5]. This latter mechanism, called ‘ploughing’, was found to
be a less efficient mode of metal removal than ‘micro-cutting’. In a separate study with a
similar apparatus it was found that random plate-like debris were formed by a stylus
scratching cast iron [7]. It is probable that in an actual wear situation the effect of cutting alone
is relatively small since much more material is lost by a process that has characteristics of
both cutting and fatigue.
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The presence of a lubricant is also an important factor since it can encourage cutting by
abrasive particles [5]. When a lubricant is present, cutting occurs for a smaller ratio of grit
penetration to grit diameter than in the unlubricated case. This implies that if a grit is rigidly
held, e.g. embedded in a soft metal, and is drawn under load against a harder metal in the
presence of a lubricant, then a rapid microcutting form of abrasive wear is more likely to
occur than when no lubricant is present.

The geometry of the grit also affects the mechanism of abrasive wear. It has been observed
that a stylus with a fractured surface containing many ‘micro-cutting edges’ removes far
more material than unfractured pyramidal or spheroidal styluses [8]. Similarly, a grit
originating from freshly fractured material has many more micro-cutting edges than a worn
grit which has only rounded edges.

Beneath the surface of the abraded material, considerable plastic deformation occurs [9,10].
This process is illustrated in Figure 11.2.

 

Substrate

Grit

FIGURE 11.2 Subsurface deformation during passage of a grit.

As a result of this subsurface deformation, strain-hardening can take place in the material
which usually results in a reduction of abrasive wear.

Fracture

Visual evidence of abrasive wear by brittle fracture was found by studying the subsurface
crack generation caused by a sharp indenter on a brittle transparent solid [12] as illustrated in
Figure 11.3.

Three modes of cracking were found [12]: vent cracks propagating at 30° to the surface,
localized fragmentation, and a deep median crack. When grits move successively across the
surface, the accumulation of cracks can result in the release of large quantities of material.
Brittle fracture is favoured by high loads acting on each grit, sharp edges on the grit, as well as
brittleness of the substrate [13]. Since in most cases material hardening has the disadvantage
of reducing toughness, it may be possible that a hardened material which resists abrasive
wear caused by lightly loaded blunt grits, will suddenly wear very rapidly when sharp heavily
loaded grits are substituted. Hence a material which is wear resistant against moving, well
worn grits (e.g. river sand) might be totally unsuitable in applications which involve sharp
edged particles, such as the crushing of freshly fractured quartz.
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a) 100 N (load)

b) 140 N (load)

d) 266 N (load)

c) 180 N (load)

e) 500 N (load)

FIGURE 11.3 Generation of cracks under an indenter in brittle solids (adapted from [12]).

Fatigue

The repeated strain caused by grits deforming the area on the surface of a material can also
cause metal fatigue. Detailed evidence for sideways displacement of material and the
subsequent fracture has been found [11]. An example of the sideways material displacement
mechanism is given in Figure 11.4 which shows a transverse section of an abrasion groove.
Wear by repeated sideways displacement of material would also be a relatively mild or slow
form of abrasive wear since repeated deformation is necessary to produce a wear particle.

FIGURE 11.4 Example of sideways displacement of material by a grit (adapted from [11]).

Grain Pull-Out

Grain detachment or pull-out is a relatively rare form of wear which is mainly found in
ceramics. This mechanism of wear can become extremely rapid when inter-grain bonding is
weak and grain size is large.

Modes of Abrasive Wear

The way the grits pass over the worn surface determines the nature of abrasive wear. The
literature denotes two basic modes of abrasive wear:

· two-body and

· three-body abrasive wear.
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Two-body abrasive wear is exemplified by the action of sand paper on a surface. Hard
asperities or rigidly held grits pass over the surface like a cutting tool. In three-body abrasive
wear the grits are free to roll as well as slide over the surface, since they are not held rigidly.
The two and three-body modes of abrasive wear are illustrated schematically in Figure 11.5.

 

Body 1

Body 2

Grit

Grit

Linear grooves

Rigid mounting

Two-body mode

Substrate

Sliding

Rolling

Grit

Opposing surface remote

Body 1

Body 2

Grits = Body 3

Short track-length abrasion

Three-body mode

FIGURE 11.5 Two and three-body modes of abrasive wear.

Until recently these two modes of abrasive wear were thought to be very similar, however,
some significant differences between them have been revealed [14]. It was found that three-
body abrasive wear is ten times slower than two-body wear since it has to compete with other
mechanisms such as adhesive wear [15]. Properties such as hardness of the ‘backing wheel’,
which forces the grits onto a particular surface, were found to be important for three-body but
not for two-body abrasive wear. Two-body abrasive wear corresponds closely to the ‘cutting
tool’ model of material removal whereas three-body abrasive wear involves slower
mechanisms of material removal, though very little is known about the mechanisms
involved [16]. It appears that the worn material is not removed by a series of scratches as is
the case with two-body abrasive wear. Instead, the worn surface displays a random
topography suggesting gradual removal of surface layers by the successive contact of grits [17].

Analytical Models of Abrasive Wear

In one of the simplest and oldest models of abrasive wear a rigidly held grit is modelled by a
cone indenting a surface and being traversed along the surface as shown in Figure 11.6. In
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this model it is assumed that all the material displaced by the cone is lost as wear debris.
Although this is a simplistic and inaccurate assumption it is still used because of its analytical
convenience.

  

l

αd

FIGURE 11.6 Model of abrasive wear by a single grit.

In this model of abrasive wear the individual load on the grit is the product of the projected
area of the indentation by the cone and the material's yield stress under indentation
(hardness) [18], i.e.:

W g = 0.5π(dcotα)2H (11.1)

where:

Wg is the individual load on the grit [N];

d is the depth of indentation [m];

α is the slope angle of the cone (Figure 11.6);

H is the material's yield stress under indentation (hardness) [Pa].

The approximate volume of the material removed by the cone is the product of the cross-
sectional area of the indentation ‘d2cotα’ and the traversed distance ‘l’, i.e.:

Vg = ld2cotα (11.2)

where:

Vg is the volume of material removed by the cone [m3];

l is the distance travelled by the cone (Figure 11.6) [m].

Substituting for ‘d’ from equation (11.1) into equation (11.2) results in an expression for the
worn volume of material in terms of the load on the grit, the shape of the grit, and the
sliding distance, i.e.:

Vg = 2ltanα
π H

 × W g (11.3)

The total wear is the sum of the individual grit worn volumes of the material:

Vtot  = ΣV g = 2ltanα
π H

 × ΣW g

or:

Vtot  = 2ltanα
π H

 × Wtot (11.4)

where:

Vtot is the total wear [m3];

Wtot is the total load [N].
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Equation (11.4) assumes that all the material displaced by the cone in a single pass is removed
as wear particles. This assumption is dubious since it is the mechanism of abrasive wear
which determines the proportion of material removed from the surface. However, equation
(11.4) has been used as a measure of the efficiency of abrasion by calculating the ratio of real
wear to the wear computed from (11.4) [19].

A more elaborate and exact model of two-body abrasive wear has recently been developed
[21]. In this model it is recognized that during abrasive wear the material does not simply
disappear from the groove gouged in the surface by a grit. Instead, a large proportion of the
gouged or abraded material is envisaged as being displaced to the sides of the grit path. If the
material is ductile this displaced portion remains as a pair of walls to the edges of the
abrasion groove. An idealized cross section of an abrasion groove in ductile abrasive wear is
shown in Figure 11.7.

  

AV

A1 A2

Ductile material

FIGURE 11.7 Model of material removal and displacement in ductile abrasive wear.

A new parameter ‘fab’, defined as the ratio of the amount of material removed from the
surface by the passage of a grit to the volume of the wear groove is introduced, i.e.:

fab = 1 −  (A1 +  A2) / Av (11.5)

where:

fa b is the ratio of the amount of material removed by the passage of a grit to the
volume of the wear groove; fab = 1 for ideal microcutting, fab = 0 for ideal
microploughing and fab > 1 for microcracking;

Av is the cross-sectional area of the wear groove [m2];

(A1 +  A2) is the cross-sectional area of the material displaced at the edges of the groove
(Figure 11.7) when the material is ductile [m2].

The volumetric wear loss ‘∆Vl’ in terms of the sliding distance ‘l’ is given by:

∆V l = ∆V / l = fabA v (11.6)

where:

∆Vl is the volumetric wear loss in terms of sliding distance [m2].

The linear wear rate or depth of wear per sliding distance ‘l’ in the ductile mode is expressed
as:

∆Vd,ductile = ∆V / lA = fabAv / A (11.7)

where:

∆Vd is the linear wear rate or depth of wear per sliding distance;

A is the apparent grit contact area [m2]. For example, the apparent contact area in
pin-on-disc experiments is the contact area of the pin with the disc.
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The ratio of the worn area in true contact with the abrading grits to the apparent area is given
by [36]:

Av/A = φ1p / Hdef (11.8)

where:

φ1 is a factor depending on the shape of the abrasive particles, e.g. the
experimentally determined value for particles of pyramidal shape is 0.1;

p is the externally applied surface pressure. The pressure is assumed to have a
uniform value, e.g. uniformly loaded sand paper [Pa];

Hdef is the hardness of the material when highly deformed [Pa].

For ductile materials, a relationship for ‘fab’ in terms of the effective deformation on the
wearing surface and the limiting deformation of the same material in a particular abrasion
system was derived from the principles of plasticity [36], i.e.:

fab = 1 − (ϕ lim / ϕ s)
2/β (11.9)

where:

ϕlim is the limiting plastic strain of the material in the abrasion system. A value of
ϕlim ≈ 2 is typical;

ϕs is the effective plastic strain on the wearing surface;

β is a term describing the decline in strain or deformation with depth below the
surface. This quantity is mainly influenced by the work-hardening behaviour of
the abraded material. Typically β = 1.

It can be seen from equation (11.9) that the value of the parameter ‘fab’ is closely related to
material properties but is also dependent on the characteristics of abrasion, e.g. grit sharpness.

For the modelling of abrasive wear of brittle materials the parameter ‘fab’ is modified to allow
for the tendency of the abraded material to spall at the sides of grooves as shown in Figure
11.8.

  

AV

A1 A2

Brittle material

FIGURE 11.8 Model of material removal in brittle abrasive wear.

In this case, the areas ‘A1’ and ‘A2’ are negative because the brittle material does not pile up at
the sides as with ductile material but instead fractures to further widen the groove and the
expression for ‘fab’ becomes:

fab = 1 +  |A1 +  A2| / Av (11.10)

The expression for linear wear rate in the brittle mode is given by the expression [21]:

∆Vd,brittle = φ1p / Hdef + φ3AfDabp1.5H0.5µ2Ω / KIC
2 (11.11)
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where:

φ3 is a factor depending on the shape of cracking (additional fracture to the formed
grooves, Figure 11.8) during abrasive wear. For pyramidal shape particles
φ3 ≈ 0.12;

Af is the area fraction of material flaws such as brittle lamellae;

Dab is the effective size of the abrasive particles [m]. Typical values are between
30 - 100 [µm];

Hdef is the hardness of the deformed abraded material [Pa];

H is the hardness of the undeformed abraded material [Pa];

µ is the coefficient of friction at the leading face of the abrasive particles. For the
unlubricated condition µ = 0.1 - 0.5 [10];

KIC is the fracture toughness under tension [m0.5 Pa];

Ω is a parameter defined as:

Ω = 1 − exp(− (p/pcrit)
0.5) (11.12)

where:

pcrit is the critical surface pressure for any material containing cracks or lamellae of
very brittle material [Pa].

In situations where:

p ≤ pcrit    then     Ω  = 0

The critical surface pressure is given in the form:

pcrit = φ2λKIIC
2 / (Dab

2Hµ2) (11.13)

where:

φ2 is a geometrical factor relating to the effectiveness of the shape of the abrasive
particle on abrasive wear. A typical value for a pyramidal shape particle is φ2 ≈ 1;

λ is the mean free path between brittle defects [m], e.g. for martensitic steels
λ = 40 - 120 [µm] is typical;

KIIC is the fracture toughness of the abraded material under shear [m0.5Pa]. For
example, for tool steel KIIC is between 10 - 20 [m0.5MPa] and for nodular cast iron
between 30 - 50 [m0.5 MPa] [36].

Theoretically the total amount of abrasive wear is equal to the sum of ductile and brittle
wear. In most applications, however, either ductile or brittle wear takes place.

From the presented model the limitations of applying hard but brittle materials as abrasion
resistant materials are clear. The generally recognized hardness of the material is not the only
factor critical for its abrasive wear resistance. The material's toughness is also critical. It can be
seen from equation (11.11) that if ‘KIC’ is small then very large wear rates may result.

In practice, it cannot be assumed that any grit will abrade a surface, i.e. remove material. If
the grit is sufficiently blunt then the surface material will deform without generation of wear
debris as illustrated in Figure 11.9.

The deformation of a soft surface by hard wedge-shaped asperities has been described by three
different models depending on the friction and wear regimes [10].
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Blunt non-abrasive grit

Sharp abrasive grit

FIGURE 11.9 Cessation of abrasion with increasing grit bluntness.

· Wave formation model (Rubbing model)

In this model, characterized by low friction, a soft surface is plastically deformed
forming a wave which is pushed away by a hard asperity. Wear debris may
eventually be formed by fatigue processes. The model applies to smooth surfaces
with weak interface between the asperities.

The coefficient of friction in this model is given in the following form:

µ = 
Asinα  +  cos(arc cosf −  α)

Acosα  +  sin(arc cosf −  α)
(11.14)

where:

µ is the coefficient of friction (0 ≤ µ < 1);

α is the slope angle of the asperity (Figure 11.6);

f is the coefficient of interfacial adhesion between the asperity and the
worn surface. For a dry contact in air ‘f’ is in the range 0.1 - 0.6 [10];

A is the coefficient defined as:

A = 1 + 0.5π + arc cosf − 2α − 2arc sin[(1 − f)−0.5sinα]

Equation (11.14) clearly illustrates that the degree of lubrication which is
represented by the ‘coefficient of interfacial adhesion’ can affect the coefficient of
friction.

· Wave removal model (Wear model)

In this model a wave of plastically deformed material is removed from the surface
producing wear particles. The process is characterized by high friction and high
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wear rates. The model applies to smooth surfaces with strong interface between the
asperities.

The coefficient of friction associated with this model is given by:
  

µ =
[1 − 2sinβ + (1 − f2)0.5]sinα + fcosα
[1 − 2sinβ + (1 − f2)0.5]cosα − fsinα (11.15)

where:

β is the coefficient defined as:

β = α − 0.25π − 0.5arc cosf + arc sin[(1 − f)−0.5sinα]

· Chip formation model (Cutting model)

The deformation of a soft material proceeds by a microcutting mechanism and a
layer of material is removed as a chip. The model applies to rough surfaces.

The coefficient of friction for this model is in the following form:

µ = tan(α  −  0.25π +  0.5arc cosf) (11.16)

Calculated values of coefficient of friction for these three models plotted as a function of the
slope angle of the asperity ‘α’ and the coefficient of interfacial adhesion between the asperity
and the worn surface ‘f’ are shown in Figure 11.10.
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FIGURE 11.10 Variation of coefficient of friction in three models of soft surface deformation by
hard wedge-shaped asperities [10].
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It can be seen from Figure 11.10 that for a fixed value of the coefficient of interfacial adhesion
‘f’ the friction increases with the increasing surface roughness expressed in terms of the
asperity slope angle ’α’ while for a fixed value of ’α’ an increase in ‘f’ results in increased
friction ‘µ’ in the rubbing model and decreased friction in the cutting model. This may
explain why lubrication (defined by the ‘f’ value) under different conditions may inhibit or
accelerate abrasive wear. The models presented predict that lubrication inhibits wear for
smooth surfaces (low asperity slope angle ‘α’) and promotes wear for rough surfaces (high
asperity slope angle).

The above models indicate that there is no absolute value of ‘asperity sharpness’ determining
abrasion, instead the effect of asperity sharpness in the form of the ‘asperity slope angle’ is
coupled to the coefficient of interfacial adhesion. This means that an asperity which is
relatively benign in a lubricating medium may become much more abrasive in a non-
lubricated contact.

An attempt was also made to model the brittle mode of abrasive wear [13,20] and some
limited agreement with wear data was obtained. The equations developed are highly
specialized and show a non-linear dependence of wear rate on grit load, fracture toughness
and hardness of the abraded material. A fundamental weakness of this model is that no
distinction is made between abrading and non-abrading grits. In essence, the classic
assumption of two-body abrasive wear is made, i.e. that all grits are equally sharp and are
uniformly loaded against the wearing surface.

As may be surmised, none of the expressions listed in the above models is entirely suitable
for the practical prediction of abrasive wear rates. Even in the elaborate model, only the
highly controlled situation of ideal two-body abrasive wear by a single grit is analyzed.
Modelling of wear rates under complex conditions like three-body abrasive wear, which is
one of the most important industrial problems, still remains unattempted.

Abrasivity of Particles

A particle or grit is usually defined as abrasive when it can cause rapid or efficient abrasive
wear. In most instances, the hardness of the material must be less than 0.8 of the particle
hardness for rapid abrasion to occur [22]. It has been observed, however, that a limited
amount of abrasive wear and damage to a surface (e.g. bearing surfaces) still occurs unless the
yield stress of the material exceeds that of the abrasive particle [22]. Very slow abrasive wear
persists until the hardness of abrasive and worn material are equal. Some materials with soft
phases or not fully strain hardened may sustain some wear until the material hardness is 1.2
to 1.4 times the hardness of the abrasive [22]. A conceptual graph of wear resistance versus
the ratio of material to abrasive hardness is shown in Figure 11.11. Wear resistance is usually
defined as the reciprocal of wear rates and relative wear resistance is defined as the reciprocal
of wear rate divided by the reciprocal wear rate of a control material.

Natural minerals vary considerably in hardness and abrasivity. The Vickers hardness of
minerals used to define the Mohs scale of hardness have been measured by Tabor [23] and
Mott [24]. The hardness of typical minerals given in Mohs and Vickers is listed in Table 11.1
[23-25].

Silicon carbide which is an artificial mineral has a hardness of 3000 [VHN] (Vickers Hardness
Number) or 30 [GPa]. Quartz (1100 [VHN]) and harder minerals are the main cause of
abrasive wear problems of tough alloy steels which have a maximum hardness of 800 [VHN].
Quartz is particularly widespread in the form of sand and is perhaps the most common agent
of abrasion. The abrasivity of coal is not usually caused by the carbonaceous minerals such as
vitrinite which are relatively soft but by contaminant minerals such as pyrites and hematite
[25]. Identification of the mineral in the grits which causes the excessive abrasive wear is an
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important step in the diagnosis and remedy of this phenomenon. On the other hand,
minerals which are too soft to abrade, e.g. calcite, may still wear a material, but the
mechanisms involved are different, e.g. thermal fatigue [26].
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FIGURE 11.11 Relative abrasive wear resistance versus hardness ratio of worn to abrasive
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TABLE 11.1 Hardness of typical minerals. 

  

Talc 1 2 3−
Gypsum 2 36 76−
Calcite 3 109 172−
Fluorite 4 190 250−

Apatite 5 566 850−
Orthoclase 6 714 795−
Hematite 6 − 7 1038
Quartz 7 1103 1260−
Pyrite (iron sulphide, cubic form) 7 − 8 1500
Marcasite (iron suphide, orthorhombic form) 7 − 8 1600

8 1200 1648−
9 2060 2720−
10 8000 10 000−Diamond

Topaz or garnet
Corundum

Vitrinite (coal constituent) 4 − 5 294

Substance Mohs’ scale Hardness (VHN)

A more complex constraint is the brittleness of the abrasive. If the grits are too brittle then
they may break up into fine particles, thus minimizing wear [2]. If the abrasive is too tough
then the grits may not fracture to provide the new cutting faces necessary to cause rapid wear
[2,7,8]. The sharp faces of the grits will gradually round-up and the grits will become less
efficient abrasive agents than angular particles [27] as illustrated in Figure 11.12.
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FIGURE 11.12 Effect of grit brittleness and toughness on its efficiency to abrade.

Another factor controlling the abrasivity of a particle is the size and geometry of a grit. The
size of a grit is usually defined as the minimum size of a sphere which encloses the entire
particle. This quantity can be measured relatively easily by sieving a mineral powder through
holes of a known diameter. The geometry of a grit is important in defining how the shape of
the particle differs from an ideal sphere and how many edges or corners are present on the
grit. The non-sphericity of most particles can be described by a series of radii beginning with
the minimum enclosing radius and extending to describe the particle in progressively more
detail as shown in Figure 11.13.

 

Grit

Minimum size of sphere
enclosing particle

2nd order shape feature

4th or higher
order detail

FIGURE 11.13 Method of defining grit geometry by a series of radii.
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Three parameters are identified as significant in grit description: overall grit size or the
minimum enclosing diameter, the radance, and the roughness of a particle [27]. The radance
is described as the second moment of the radius vector ‘R(θ)’ about the mean radius based on
overall cross sectional area. The roughness is defined as the sum of the squares of higher
order radii above the fourth order of a corresponding Fourier series divided by the mean
radius squared [27]. In other work common abrasives such as SiC, Al2O3 and SiO2 have been
characterized using aspect ratio (width/length) and perimeter2/area shape parameters [63]. It
was found that the erosion rate increased with increasing P2/A and decreasing W/L for these
three types of abrasive particles [63].

Recently two new numerical parameters describing the angularity of particles have been
introduced [108-110]. One of the parameters, called ‘spike parameter - linear fit’ (SP), is based
on representing the particle boundary by a set of triangles constructed at different scales and is
calculated in the following manner [108]. A particle boundary is ‘walked’ around at a fixed
step size in a similar manner as used in calculating the boundary fractal dimension [111-113].
The start and the end point at each step is represented by a ‘triangle’ as illustrated in Figure
11.14a [108,109]. It has been assumed that the sharpness and size of these triangles are directly
related to particle abrasivity, i.e. the sharper (smaller apex angle) and larger (perpendicular
height) the triangles are the more abrasive is the particle. The sharpness and size of these
triangles has been described by a numerical parameter called the ‘spike value’, i.e.

sv = cos θ
2

h (where: ‘h’ is the perpendicular height of the triangle while ‘θ’ is the apex angle
as shown in Figure 11.14a). For each step around the particle boundary the spike values are
calculated for the largest and sharpest triangles. From the spike values obtained a ‘spike
parameter - linear fit’ is calculated according to the following formula [108,109]:

SP = 
Σ  Σ  svmax/hmax / m

n  (11.17)

where:

svmax is max cos θ
2

 h  for a given step size;

hmax is the height at ‘svmax’;

m is the number of valid ‘sv’ for a given step size;

n is the number of different step sizes used.

The other parameter, called ‘spike parameter - quadratic fit’ (SPQ), is based on locating a
particle boundary centroid ‘O’ and the average radius circle [110], as illustrated in Figure
11.14b. The areas outside the circle, ‘spikes’, are deemed to be the areas of interest while the
areas inside the circle are omitted. For each protrusion outside the circle, i.e. ‘spike’, the local
maximum radius is found and this point is treated as the spike's apex [110]. The sides of the
‘spike’, which are between the points ‘s-m’ and ‘m-e’, Figure 11.14b, are then represented by
fitting quadratic polynomial functions. Differentiating the polynomials at the ‘m’ point yields
the apex angle ‘θ’ and the spike value ‘sv’, i.e. sv=cosθ/2. From the spike values ‘spike
parameter - quadratic fit’ is then calculated according to the formula [110]:

SPQ = svaverage (11.18)

One of the advantages of SPQ over SP is that it considers only the boundary features, i.e.
protrusions, which are likely to come in contact with the opposing surface.

It was found that both SP and SPQ correlete well with abrasive wear rates, i.e. two body,
three-body abrasive and erosive wear [109,110,113]. This is illustrated in Figure 11.15 where
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the abrasive wear rates obtained with chalk counter-samples are plotted against the
angularity parameters.
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Figure 11.14 Schematic illustration of particle angularity calculation methods of; a) ‘spike
parameter - linear fit’ (SP) and b) ‘spike parameter - quadratic fit’ (SPQ) (adapted
from [108 and 110]).
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Figure 11.15 Relationship between wear rates and particle angularity described by; a) ‘spike
parameter - linear fit’ and b) ‘spike parameter - quadratic fit’ (SPQ) for different
abrasive grit types, i.e. ‘gb’ - glass beads, ‘ss’ - silica sand, ‘g’ - garnet, ‘d’ - natural
industrial diamonds, ‘sic’ - silicon carbide, ‘q’ - crushed quartz and ‘ca’ - crushed
sintered alumina (adapted from [108 and 109]).

It has been found that below 10 [µm] diameter the grits are too small to abrade under certain
conditions [15,19]. The wear rate of an abrasive for constant contact pressure and other
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conditions increases non-linearly with grit diameter up to about 50 [µm] and reaches a
limiting value with grit diameter of about 100 [µm] for most metals [28]. For polymers at high
contact pressures, the wear rate is found to increase with grit diameter up to at least 300 [µm]
[28]. Experimental data of these trends are shown in Figure 11.16.
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FIGURE 11.16 Effect of abrasive grit diameter and contact pressure on the abrasive wear rate of
a polymer (polymethylmethacrylate, PMMA), nickel and AISI 1095 steel [28].

A fundamental limit to the abrasiveness of particles at extremely small grit diameters is the
surface energy of the abraded material. As grit size decreases the proportion of frictional
energy used for the creation of a new surface increases. For grits within the typical size range
of 5 to 300 [µm], the formation of a new surface consumes less than 0.1% of the energy
absorbed by plastic deformation. With extremely fine grits the formation of a new surface
would absorb a much larger fraction of the available energy [29].

Abrasive Wear Resistance of Materials

The basis of abrasive wear resistance of materials is hardness and it is generally recognized
that hard materials allow slower abrasive wear rates than softer materials. This is supported
by experimental data, an example of which is shown in Figure 11.17. The relative abrasive
wear resistance for a variety of pure metals and alloys after heat treatment is plotted against
the corresponding hardness of the undeformed metal [30-32]. Relative abrasive wear
resistance is defined as wear rate of control material/wear rate of test material. A typical
control material is EN24 steel [e.g. 30-32]. The abrasive material used in these tests was
carborundum with a hardness of 2300 [VHN] and a grit size of 80 [µm]. The tests were
conducted in the two-body mode of abrasive wear with a metallic pin worn against a
carborundum abrasive paper.
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FIGURE 11.17 Relative abrasive wear resistance versus undeformed hardness for pure metals
and alloys [adapted from 30-32].

The high hardness of the abrasive ensured that all metals were subjected to rapid abrasive
wear with no metal exceeding 0.8 of the abrasive hardness. The mechanism of abrasive wear
was mostly micro-cutting with chip formation clearly observed in most tests [30,31]. Abrasive
wear resistance of typical steel alloys was tested in the laboratory on specially designed test
rigs and also in field trials. The obtained results, shown in Table 11.2, demonstrate a
correlation between the relative wear resistance recorded in the field and that determined by
the laboratory tests [32,34]. As a reference EN24 steel of hardness 5100 [MPa] was used.

A proportionality between relative wear resistance and hardness is observed for plastics but
the proportionality constant, i.e. relative wear resistance = constant × hardness, is about 3.2
times higher than for metals [35]. The loss of proportionality between hardness and the
relative wear rate for hardened metals is the result of defining the wear resistance in terms of
the undeformed hardness of the metal. In abrasion, severe subsurface deformation is
inevitable and the hardness at high strains is a controlling property. The other factor
controlling wear rates is the tendency for material to be displaced rather than removed as
wear debris. It was found that the reciprocal of abrasive wear rate ‘Vd’ when plotted against
wear debris hardness ‘Hdeb’ divided by the volume loss to the volume of wear groove ratio
‘fab’ (in the ductile wear mode (eq. 11.5)), confirms an approximate linear relationship
between the reciprocal of wear rate and Hdeb/fab ratio for a variety of ferrous and non-ferrous
alloys and pure metals, as shown in Figure 11.18 [21]. The significance of this finding is that
the abrasive wear of all metallic materials conforms to the same general relationship
between wear rate and material parameters. There seems to be no fundamental distinction
between alloyed hardened metals and pure annealed metals.

In assessing the resistance of a material to abrasive wear, it is clearly necessary to consider its
hardness at large strains, not the conventional hardness measured at relatively low plastic
strains.
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TABLE 11.2 Relative wear resistance recorded in the field and in laboratory tests [32,34].

   

EN42

A·Mn
KE275
C·Cr

Delcrome
Stellite 1

NiHard
W.I.

0.74%C steel
0.74%C steel
0.74%C steel

EN8 0.43%C steel
0.43%C steel

EN24 0.37%C, NiCrMo steel
0.37%C, NiCrMo steel reference

austenitic manganese steel
0.40%C, 10%W, 3%Cr hot die steel
2%C, 14%Cr die steel

C·Cr 2%C, 14%Cr die steel

3%C, 30%Cr, Fe base
2.5%C, 33%Cr, 13%W, Co base

3%C, 1.7%Cr, 3%Ni
3.6%C

500
650
820
500
600
350
500

220
600
700

860/900

610
630

700
700

1.13 1.14 1.20 1.14
1.22 1.23 1.58 1.42 1.37
1.53 1.80 2.06 1.76 1.95 2.32
1.00 1.05 1.02
1.11 1.17 1.26 1.34 1.34 1.45
0.97 0.94 0.72 0.86
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FIGURE 11.18 Relationship between the reciprocal of abrasive wear rate ‘Vd’ versus wear
debris hardness ‘Hdeb’ divided by the volume of material loss to the volume of
wear groove ratio ‘fab’ [21].
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Another parameter determining resistance to abrasive wear is the brittleness of a material.
This is a major limitation with ceramics [2,4]. If the material cracks during abrasion then
rapid wear by fracture of surface layers occurs. Given that brittleness usually increases with
hardness, there is a limit to the improvement in abrasive wear resistance which can be
achieved by raising hardness.

· Abrasive Wear Resistance of Steels

The abrasive wear resistance of steels can be considerably enhanced by judicious selection of
hardness and metallurgical phase. Selection of a steel depends on the hardness of the
abrasive. For example, if the abrasive is relatively soft, i.e. hardness is less than 1000 [VHN],
then it is possible to select a steel of hardness that would be greater than 0.8 × hardness of the
abrasive and quenched martensite with a hardness of approximately 800 [VHN] would be
suitable. Unfortunately this approach finds relatively few applications because most abrasives
present in natural minerals are harder than 1000 [VHN] and it is often necessary to choose
the metallurgical phase which exhibits the greatest resistance to wear by a ‘hard’ abrasive. So
in this case, abrasive wear resistance is not quite synonymous with hardness. The abrasive
wear resistance of a steel to a hard abrasive is determined by the relative proportions of
austenite, bainite, martensite, pearlite and ferrite and by the presence of cementite. A general
result of many different tests is that austenite and bainite, which are softer than martensite,
are more resistant to abrasive wear by a hard abrasive [36]. This superior wear resistance is
believed to be a result of the greater ductility and toughness of austenite and bainite which
suppress the more rapid forms of abrasive wear, such as micro-cutting and brittle fracture
[36]. Austenitic steels function by forming a tough work-hardened layer under conditions of
heavy abrasion [32,34,37,38] which can only be removed from the surface with difficulty.

For low-alloy plain carbon steels, the influence of metallurgical phase depends on whether a
hyper-eutectoid or hypo-eutectoid steel is selected. For hypo-eutectoid steels, bainite is the
most abrasion resistant phase, with tempered martensite and ferrite/pearlite offering
successively less wear resistance [39]. For hyper-eutectoid steels the presence and morphology
of cementite (iron carbide) inclusions have the dominant influence. With the higher carbon
content, the annealed microstructure is superior to hardened (martensitic) hyper-eutectoid
steels [39]. The cause of this reversal of wear resistance is the inhibition of abrasion grooves
by hard carbide inclusions. The morphology of the carbide inclusions is critical to abrasive
wear resistance. The most wear resistant microstructure contains lamellar cementite
inclusions of the pearlitic form. When the cementite is present as spherical inclusions, there
is less improvement in wear resistance because the spheres do not provide rigid barriers to
plastic deformation. This distinction is illustrated in Figure 11.19.

Spherical inclusions of iron carbide can, however, improve the abrasive wear resistance of a
steel by raising the yield stress of the steel according to the Hall-Petch effect [40]. If the size of
the grits is small compared to the carbide inclusions, there is an additional improvement in
wear resistance provided by the direct blockage of abrasion grooves by hard inclusions as
illustrated in Figure 11.20. This process is known as the ‘stand-out effect’.

The stand-out effect becomes significant at approximately 10% volume fraction of pearlite
content [41]. For coarse abrasives, the wear resistance rises gradually with increasing pearlite
content while the wear resistance for smaller grits increases sharply at 10% volume fraction.
A schematic representation of wear resistance versus volume fraction of pearlite is shown in
Figure 11.21.

Alloying of steels with elements such as chromium, manganese and nickel results in
considerable improvements in abrasive wear resistance. The classic abrasion resistant steel is
‘Hadfield's’ manganese steel with a composition of 12% Mn and 1.2% C [42]. The high
manganese content allows for a virtually pure austenitic steel with a trace of martensite to
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FIGURE 11.19 Influence of carbide inclusion morphology on the abrasion process.
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FIGURE 11.21 Abrasive wear resistance versus pearlite content in steels.

form [43]. Hadfield's steel is tough as well as abrasion resistant and therefore is particularly
suitable for situations where rocks as well as grits impact on the wearing surface. Other
abrasion resistant compositions are 0.55 - 0.65% C, 0.8 - 1.5% Cr known as ‘1% chromium
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steel’ and ‘NiHard’ which is 0.5% Si, 3 - 4% C, 2 - 4% Ni and 1 - 2% Cr [44]. Where the carbon
content of an alloy is high and carbides have been allowed to form during heat treatment,
additional abrasive wear resistance is provided by carbide inclusions by the same mechanism
as pearlite. Alloying elements useful for this purpose are chromium and molybdenum since
the carbides obtained are extremely hard. The hardness of chromium carbide is about 1300
[VHN] and that of molybdenum carbide is about 1500 [VHN]. On the other hand, elements
which form relatively soft carbides, e.g. nickel and manganese, should be avoided as these
can accentuate abrasive wear [2]. A steel containing carbides can possess up to four times the
abrasive wear resistance of the corresponding carbide free steel [2]. The peak of abrasive
resistance occurs at approximately 30% volume of carbide and beyond this level brittleness
appears to cause the reduction in wear resistance.

· Abrasive Wear Resistance of Polymers and Rubbers

As mentioned already polymers, although soft, can have a surprisingly high degree of
resistance to abrasive wear compared with a metal of the same hardness [35]. The relative
abrasive wear resistance of plastics and soft metals is shown in Figure 11.22 [35]. The superior
durability of polymers can generally be attributed to their very high resistance to abrasion by
blunt grits [45] as compared to metals, and their inability to fracture grits to produce fresh
sharp edges.
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FIGURE 11.22 Abrasive wear resistances for plastics and metals of similar hardness; (I) plastics
(e.g. L54, L68, nylon 6, low-pressure polyethylene, high-pressure polyethylene,
polyfluoroethylene), (II) metals (e.g. silver, zinc, cadmium, lead) [35].

Abrasive wear properties of plastics can be strongly affected by additives such as fillers and
plasticizers. Usually an optimum level of a filler compound is found which gives the
minimum wear as demonstrated in Figure 11.23 [35].

Plasticizer was found to have a detrimental effect on the abrasive wear resistance of PVC [35]
since it softens the polymer. The abrasive wear resistance of polymers, however, is radically
altered by the presence of glass fibres, etc., which form composites and this will be discussed
in the chapter on ‘Wear of Non-Metallic Materials’.

Pure abrasive wear of plastics is generally thought to be less common than with metals [7,45].
The grits tend to wear plastics by indentation fatigue which is a much slower wear process.
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FIGURE 11.23 Effect of filler (titanium dioxide) on the abrasive wear intensity of a plastic
(polypropylene) [35].

Two-body and three-body modes of abrasive wear are also very different for plastics. With
two-body abrasion, when sand-paper is used, the wear rate is linearly proportional to load,
but with three-body abrasion the wear of plastics has a non-linear dependence on load [35].
The reasons for this variation are still unclear.

With rubber there is a further mechanism of wear occurring during abrasion which involves
molecular degradation [46]. Rubber sustains very large strains during abrasion and this can
cause chain-scission of the polymer molecules inside the rubber. The broken ends of the
molecule are highly reactive since they have become chemical radicals. They rapidly combine
with oxygen to form oxidation products. The interaction between these radicals and oxygen is
similar to the degradation of mineral oil discussed in Chapter 3. The degradation products
form a fine ‘oily’ dust which is a characteristic feature of rubber abrasion. This strain-induced
degradation mechanism in rubber is illustrated in Figure 11.24.
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FIGURE 11.24 Formation of powdery rubber degradation products by abrasion-induced strain
in rubber.

· Abrasive Wear Resistance of Ceramics

Ceramic materials are in general extremely hard and therefore should possess good abrasive
wear resistance. An example of a hard ceramic mineral is alumina which reaches a Mohs
hardness of 9 in the form of corundum. Field tests on agricultural ploughs fitted with
alumina surfaces demonstrated greatly reduced wear in comparison to conventional steel
ploughs [47]. Chipping by impacting stones, however, resulted in accelerated wear close to the
cutting edge of the alumina plough. This implied that a tougher ceramic would be more
useful for this application. Brittleness is a limiting factor in the abrasive wear of alumina and
the dominant mechanism of abrasion is by grain detachment as shown in Figure 11.1d [4].
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The development of ceramics resistant to abrasive wear involves the application of
composite ceramics with enhanced toughness. For example, alumina blended with zirconia
shows an increase in toughness and this can result in increased wear resistance [48]. Ceramic-
matrix composites containing metal fibres to raise toughness have also been found to have
superior abrasive wear resistance to the pure ceramic [49].

Effect of Temperature on Abrasive Wear

The effect of temperature on abrasive wear can be divided into:

· the influence of ambient temperature,

· the role of temperature rises induced by plastic deformation of the worn material
on contact with grits.

The effects caused by these forms of heating are not similar. The influence of elevated
ambient temperature on abrasive wear has scarcely been studied, probably due to
experimental difficulties. Some limited tests of the abrasive wear of copper and aluminium
showed only a small increase in wear at temperatures up to 400°C for copper and no effect for
aluminium [50]. With the temperature increase there is a corresponding decline in the
hardness of both the worn material and the abrasive grit. This trend was recorded in
experiments conducted up to temperatures of 2000°C where most metals and metallic
carbides and nitrides showed the same proportional decline in hardness with temperature. It
was found that when a temperature of about ‘0.8 × melting point’ was reached the hardness of
most materials was negligible, although non-metallic minerals such as silicon nitride and
silicon carbide maintain their hardness until very close to the melting point [51]. When
considering the effect of temperature on the abrasive wear of steel by, for example, silica
(quartz) and alumina (corundum), the melting points of these materials, steel ~1500°C,
quartz 1710°C and alumina 2045°C, become relevant and must be considered. As temperature
is raised, the ratio of abrasive hardness to steel hardness increases more sharply for alumina
than for quartz. Alumina is therefore expected to cause more severe high temperature
abrasive wear of steel than quartz. This prediction, however, still remains to be tested
experimentally.

The temperature increase caused by plastic deformation during abrasion is associated with
high grit speeds [52]. Dynamic thermocouple measurements with an electrically conductive
abrasive reveal that temperatures as high as 1000°C can be reached during abrasion [53]. The
critical difference between the effects of a temperature rise in the worn metal imposed by
high grit speeds and changes in ambient temperature is that the grits remain relatively cool
due to the transient nature of abrasion. Contact between a grit and the worn surface would be
particularly short in the three-body abrasive wear mode, so that any heat generated in the
deformed material would not diffuse into the grit. It is possible then that transient thermal
softening occurs only in the deformed material while the grit remains with its hardness
virtually unaltered. The localization of deformation heat during high speed abrasion is
illustrated in Figure 11.25.

If the grit remains relatively cool during abrasion it also maintains its hardness while the
worn material effectively softens. Thus at high grit speeds, soft minerals begin to wear hard
materials significantly. An example of this phenomenon is the wear of steel by coal free of
hard contaminants [52]. The speed dependent softening effect is reduced at high temperatures
because of the reduced strain energy of deformation [50]. The effect of high temperature is to
soften a material so that there is less local heating of the deformed material for a given
amount of deformation.

Another effect of high temperatures is to cause a form of wear which depends on the
combined action of oxidation and removal of oxide layers by abrasion. The oxidation of steels
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FIGURE 11.25 Temperature effects on abrasion under uniformly hot conditions and under
high rates of frictional energy released during rapid abrasion.

in air is much more rapid at 600°C than at 20°C [54], and as temperature rises, the removal of
steel as oxide becomes more significant. The detailed mechanism of oxidative-abrasive wear
is discussed in the chapter on ‘Corrosive and Oxidative Wear’.

Effect of Moisture on Abrasive Wear

Moisture has a strong influence on abrasive wear rates. Usually abrasive wear rates increase
with moisture content in the atmosphere but there are occasions when a contrary effect
occurs [2]. Prediction of the moisture effect for any particular case is difficult. The grit may
either be just sufficiently weakened by moisture to produce a larger number of new cutting
edges, or severe grit weakening may occur causing disintegration of the grits into non-
abrasive, fine particles. The worn material may also be weakened by moisture, e.g. glass [55].
For the same abrasive and worn material, two-body abrasive wear may increase with
humidity while the three-body abrasive wear rate may either increase or decrease. The data
summarizing the effects of water and humidity on the wear of some selected materials is
shown in Table 11.3 [2].

Water may also introduce corrosive agents into the abrasive wear system, e.g. dilute acids.
This causes a combined corrosive-abrasive wear [56] which has certain fundamental
similarities with oxidative-abrasive wear mentioned previously.

Non-aqueous fluids such as lubricants can also affect abrasive wear. When stearic acid is
applied as a lubricant to a three-body abrasive wear system, the abrasion of the harder of the
two metal surfaces is increased [14]. The mechanism responsible for this may be that the
abrasive is preferentially embedded in the softer material and wears the harder material by
micro-cutting when lubrication is effective. When lubrication is absent, the slower
ploughing form of abrasion predominates.

Control of Abrasive Wear

Since abrasive wear is the most rapid form of wear and causes the largest costs to industry,
several methods have been developed to minimize the losses incurred. The basic method of
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TABLE 11.3 Water and humidity effects on abrasive wear (RH - relative humidity) [2].

Material and wear conditions

Fixed SiC abrasive

Fixed SiC abrasive
Loose SiC abrasive, 3-body

Fixed SiC abrasive
Loose SiC abrasive, 3-body

Fixed SiC abrasive
Loose Al2O3 abrasive, 2-body

Loose Al2O3 abrasive, 2-body
Cutting sandstone

Loose SiO2 abrasive, 2-body

Loose SiO2 abrasive, 2-body

Aluminium alloy 6063-T6:

1040 steel, pearlitic:

Pyrex glass:

Sintered alumina:

WC/6-10%Co:

Flexible PVC:

Nylon (polyamide) 6.6:

Percentage change with
respect to ‘dry’ wear

50% RH 100% RH Wet

+ 20

+ 5
+ 20

+ 15
− 12

+ 10

+ 10
+ 175

+ 30
+ 220

− 10

0

0

− 99
+ 300

+ 54
− 36

+ 200

− 58

abrasive wear control or suppression is to raise the hardness of the worn surface until its
value is at least 0.8 of the grit hardness. No other form of wear allows such a simple rationale
for its prevention. There are of course complications such as the prevention of brittleness
while raising the hardness which can be overcome only to a certain degree.

Abrasive wear is usually suppressed by the application of a hard material or hard coating.
Most of the hard materials are more expensive than the customary materials so the first
question to be answered is, what is the nature of the problem caused by abrasive wear? If the
issue is survival of the worn part against gross wear, e.g. soles of shoes, then the choice of
abrasion resistant material is determined by the cost of the replacement. With industrial
machinery, however, small amounts of abrasive can severely affect its overall performance,
e.g. in hydraulic systems. The assessment of performance losses imposed by abrasive wear
can often be impossible to quantify or may require very elaborate testing. An example of this
problem is the gradual wear of sugar cane shredder hammers by silica from the sugar cane
[57]. Sugar cane millers observed that small amounts of wear caused the hammers to become
rounded and prevented the cane from being properly ‘shredded’ before ‘crushing’ to extract
sugar. In other words, the wear of the hammers caused the sugar cane millers to lose a
certain amount of sugar. The problem of wear was solved by replacing the hardened steel
hammers with tungsten carbide. Since the hardness of tungsten carbide is about 1100 [VHN]
(or 11 [GPa]) it effectively resisted abrasive wear by the prevailing silica which has a hardness
of about 1150 [VHN] (11.5 [GPa]). The extended maintenance free period of the shredder
hammers and the improved cane preparation quality justified the extra expense of using
hard tungsten carbide which is five times the cost of steel.

It has to be mentioned, however, that with the adoption of tungsten carbide sugar cane
shredding hammers, magnetic separators had to be employed to remove ‘tramp iron’ (worn
cane cutting blades and other iron-ware thrown into the sugar cane by apathetic farmers).
Before this protection was introduced, tungsten carbide hammers were immediately
shattered at the first ingress of contaminant metal and their life expectancy was low [57,58].

Hard surface coatings are becoming more widely used as a convenient means of suppressing
abrasive wear. The thin layers of coating can be deposited onto any steel component and this
allows economy in the use of expensive materials. The fabrication of wear-resistant
components is also simplified since materials such as tungsten carbide are hard to machine
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or weld and also have some other undesirable features such as brittleness, i.e. they shatter on
impact. Wear resistant coatings are discussed in more detail in Chapter 9 on ‘Solid Lubricants
and Surface Treatments’.

11.3 EROSIVE WEAR

Erosive wear is caused by the impact of particles of solid or liquid against the surface of an
object. Erosive wear occurs in a wide variety of machinery and typical examples are the
damage to gas turbine blades when an aircraft flies through dust clouds, and the wear of
pump impellers in mineral slurry processing systems. In common with other forms of wear,
mechanical strength does not guarantee wear resistance and a detailed study of material
characteristics is required for wear minimization. The properties of the eroding particle are
also significant and are increasingly being recognized as a relevant parameter in the control
of this type of wear.

Mechanisms of Erosive Wear

Erosive wear involves several wear mechanisms which are largely controlled by the particle
material, the angle of impingement, the impact velocity, and the particle size. If the particle is
hard and solid then it is possible that a process similar to abrasive wear will occur. Where
liquid particles are the erodent, abrasion does not take place and the wear mechanisms
involved are the result of repetitive stresses on impact.

The term ‘erosive wear’ refers to an unspecified number of wear mechanisms which occur
when relatively small particles impact against mechanical components. This definition is
empirical by nature and relates more to practical considerations than to any fundamental
understanding of wear. The known mechanisms of erosive wear are illustrated in Figure
11.26.

The angle of impingement is the angle between the eroded surface and the trajectory of the
particle immediately before impact as shown in Figure 11.27. A low angle of impingement
favours wear processes similar to abrasion because the particles tend to track across the worn
surface after impact. A high angle of impingement causes wear mechanisms which are
typical of erosion.

The speed of the erosive particle has a very strong effect on the wear process. If the speed is
very low then stresses at impact are insufficient for plastic deformation to occur and wear
proceeds by surface fatigue. When the speed is increased to, for example, 20 [m/s] it is possible
for the eroded material to deform plastically on particle impact. In this regime, which is quite
common for many engineering components, wear may occur by repetitive plastic
deformation. If the eroding particles are blunt or spherical then thin plates of worn material
form on the worn surface as a result of extreme plastic deformation. If the particles are sharp
then cutting or brittle fragmentation is more likely. Brittle materials on the other hand, wear
by subsurface cracking. At very high particle speeds melting of the impacted surface might
even occur [59].

The size of the particle is also of considerable relevance and most of the erosive wear
problems involve particles between 5 - 500 [µm] in size, although there is no fundamental
reason why eroding particles should be limited to this size range. A low earth orbit (LEO)
satellite provides an example of erosive wear by minute particles. The satellite is subject to
erosion by impacting oxygen and nitrogen atoms from the outer atmosphere [60] and this
eventually causes degradation of the satellite casing. In space, there are also innumerable
meteorites which ‘erode’ any larger asteroid or moon [61]. For both material degradation in
the LEO satellites and planetary meteorite bombardment, impact speeds of eroding particles
are very high and the specific wear mechanism is different from what is usually understood
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by erosive wear. During impact by atmospheric atoms, the crystal lattice of the bombarded
material is degraded to form an eroded structure. In erosion by meteorites, the large size and
speed results in a macroscopic damage process where effects such as the eddying of the
atmosphere around the impact site are also significant.
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FIGURE 11.26 Possible mechanisms of erosion; a) abrasion at low impact angles, b) surface
fatigue during low speed, high impingement angle impact, c) brittle fracture or
multiple plastic deformation during medium speed, large impingement angle
impact, d) surface melting at high impact speeds, e) macroscopic erosion with
secondary effects, f) crystal lattice degradation from impact by atoms.
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FIGURE 11.27 Impingement angle of a particle causing erosion of surface.

Effect of Impingement Angle and Impact Speed on Erosive Wear Rate

Impingement angles can range from 0° to 90°. At zero impingement angle there is negligible
wear because the eroding particles do not impact the surface, although even at relatively
small impingement angles of about 20°, severe wear may occur if the particles are hard and
the surface is soft. Wear similar to abrasive wear prevails under these conditions. If the
surface is brittle then severe wear by fragmentation of the surface may occur reaching its
maximum rate at impact angles close to 90°. The relationship between the wear rate and
impingement angle for ductile and brittle materials is shown in Figure 11.28
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FIGURE 11.28 Schematic representation of the effect of impingement angle on wear rates of
ductile and brittle materials.

In cases when erosion shows a maximum at low impingement angles, it is concluded that
the ‘ductile mode of erosive wear’ prevails. Conversely if the maximum is found at high
impingement angles then the ‘brittle mode’ is assumed.

The impact speed of the particle has a very strong effect on wear rate. There is often a
threshold velocity below which wear is negligibly small. For medium to high speeds
covering most practical problems, the relationship between wear rate and impact velocity can
be described by a power law, i.e.:

−dm / dt = kvn (11.19)

where:

m is the mass of the worn specimen (negative, since wear involves mass loss) [kg];

t is the duration of the process [s];
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k is an empirical constant;

v is the impact velocity [m/s];

n is a velocity exponent.

The value of the exponent ‘n’ is usually in the range between 2 - 3 for solid particles which is
slightly in excess of any prediction based on the kinetic energy of the particles. Equation
(11.19) is not comprehensive since the value of ‘k’ is controlled by other parameters such as
particle density and shape for which no analytical data is available. It is one of the early
equations used to demonstrate the effect of velocity on wear rate, e.g. as particle speed
increases 10 times the wear rate can increase between 100 - 1000 times.

Effect of Particle Shape, Hardness, Size and Flux Rates on Erosive Wear Rate

Particle characteristics are an important but relatively poorly researched aspect of the erosion
problem. It is known that hard particles cause higher wear rates than soft particles [62]. The
sharpness of the particle has also been recognized as accelerating erosive wear [63,113]. Both
of these parameters have been included in numerical models of erosive wear [64,103]. The
ratio of particle hardness to substrate hardness seems to be a controlling parameter [64]. The
significance of particle hardness becomes apparent when the hardness of some erosives, e.g.
alumina, are compared to that of standard materials such as mild steel. In this instance the
ratio of particle to substrate hardness is about 10. The effect of particle hardness on wear
depends on the particular mode of erosive wear taking place, e.g. ductile or brittle. In the
brittle mode the effect of particle hardness is much more pronounced than in the ductile
mode [64].

It is impossible to isolate hardness completely from other features of the particle such as its
shape. Even if the particle is hard but relatively blunt then it is unlikely to cause severe
erosive wear. A blunt particle has a mostly curved surface approximating to a spherical shape
while a sharp particle consists of flat areas joined by corners with small radii which are
critical to the process of wear.

Variations in particle size in the range typical of engineering applications can cause
fundamental changes in the erosion mechanism. A series of erosion tests on glass, steel,
graphite and ceramics revealed that as particle size was increased from 8.75 [µm] to 127 [µm]
in diameter the mode of erosion changed from ductile to brittle. This caused the erosive wear
peak to move from about a 30° to about an 80° impingement angle and even more
significantly resulted in a dramatic increase in erosive wear rates as shown in Figure 11.29
[65]. In both cases silicon carbide impinging at a speed of 152 [m/s] was used as the erosive
agent.

It can also be seen from Figure 11.29 that particle size not only affects the wear rate but
drastically alters the ranking of materials in terms of wear resistance. When the small
particles were used as the erosive agent the materials ranked according to their wear
resistance are in the following order: high density alumina > annealed aluminium > plate
glass > high density magnesia > graphite and hardened steel. In this case, apart from the
annealed aluminium, erosive wear rate depends on the hardness of the material. Work
hardening of the aluminium could be significant in this instance. On the other hand, when
the large particles were used as the erosive agent, the order changes to: annealed aluminium
> hardened steel > high density alumina > high density magnesia > plate glass > graphite. So
in this case toughness of the material is important. Materials which are neither tough nor
hard, e.g. graphite, show inferior erosion resistance.

The change in wear modes is believed to be a consequence of the average spacing of defects,
e.g. holes or cracks in a solid. If the impinging particles are very small then only a minority of
the impingement sites will coincide with a defect. The impingement site is a zone of highly
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FIGURE 11.29 Effect of particle size on mode and rates of erosive wear [65].

stressed material directly beneath the particle on impact and similar in size to the particle.
Plastic deformation is encouraged by an absence of defects and is the predominant mode of
metal removal for small particles. Since repeated plastic deformation is required to remove
material, this form of wear is relatively slow. For larger eroding particles, a defect is almost
always present in the impingement site and material removal by brittle processes is therefore
favoured. Since crack formation is rapid the brittle mode of erosion can be a very destructive
form of wear.

The particle flux rate, or the mass of impacting material per unit area and time is another
controlling parameter of erosive wear rates. Erosive wear rate is proportional to the flux rate
up to a certain limiting value of wear. This limit has been observed in many studies and is
believed to be the result of interference between rebounding particles and arriving particles.
The limiting particle flux rate is highly variable, ranging from as low as 100 [kg/m2s] for
elastomers to as high as 10,000 [kg/m2s] for erosion against metals by large and fast particles
[66]. It is also possible for wear rates to decrease marginally when the limiting flux is
exceeded.

The incubation period of erosive wear refers to the period of time from the start of erosion to
the onset of measurable positive wear. During the incubation period, wear may either be
negligible or may appear to be negative. This latter characteristic is caused by eroding particles
becoming trapped in the worn material. The incubation period is generally believed to relate
to the accumulation of subsurface damage, e.g. cracks or strained material which are the
precursors of wear particle release. Once the incubation period has passed, wear usually
proceeds at a constant rate.

Erosive Wear by Liquid

Liquid can cause as much erosion damage as solids provided that impact velocities are
sufficiently high. A prime example of this problem is damage to aeroplanes flying through
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clouds or turbine blades in wet steam. A series of elegant experiments conducted by Bowden
and Brunton [67] revealed the basic mechanism of liquid erosion. In these experiments,
cylindrical droplets of water were propelled with very high velocity at a target. High speed
photography enabled observations of events at impact to reveal the transient formation of
shock-waves within the liquid projectile. The shock-waves allow for release of the impact
pressure. A high impact pressure is sustained until the shock or pressure relief waves have
passed through the liquid. In Figure 11.30 a conceptual diagram of the fluid particle
(cylindrical in shape) impacting the surface and the resulting impact force-time history is
shown.

  

v v

vvv

Contact stress

Propagating shock wave

FIGURE 11.30 Erosion mechanism by liquid particles on a solid surface.

The contact pressure on impact can be estimated from the following formula:

p = ρvsv (11.20)

where:

p is the contact pressure on impact [Pa];

ρ is the density of the fluid [kg/m3];

vs is the speed of sound in fluid [m/s];

v is the fluid velocity at impact [m/s].

The contact pressures generated by impacting droplets of fluid can be quite high. For example,
for a water droplet impinging at a velocity of 250 [m/s] the impact pressure is:

p = 1000 ×  1500 ×  250 = 375 [MPa]

For a water droplet impinging at 1000 [m/s] the estimated pressure rise reaches the extremely
high value of 1.5 [GPa].

The duration of the impact pressure is determined by the speed at which pressure release
waves reach the centre of the droplet. These pressure waves move at the speed of sound, and
for a 3 [mm] diameter water droplet the duration of the impact is about 1 [µs] (the speed of
sound in water is 1500 [m/s]).

Wear is a result of a series of transient contact stress pulses in the impacted material. The
mechanism of wear depends on the liquid velocity. At low velocities, the worn material is
firstly roughened uniformly, with the subsequent formation of random craters. Lips form at
the edge of the craters which may then be removed by later impacts. At high velocities holes
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or pits are formed in the worn material by impacting droplets. If a brittle material is
involved, wear by fracture may occur.

Early studies have shown that erosive wear resistance is proportional to material toughness,
hence UHMWPE erodes more slowly than polyester resin [68]. As can be seen from equation
(11.19) the dependence of wear rate on impact velocity is extreme. The value of the exponent
‘n’ in equation (11.19) for erosive wear by liquid particles is typically between 4 - 6 for metals
and polymers but reaches 12 for glass. An incubation period of wear may also occur during
which material loss is negligible. The length of the incubation period (which is never very
long) is inversely proportional to impact velocity. Most studies conducted are related to
erosion by water and there has been a limited amount of work on other fluids. A high
density of fluid is believed to promote wear. An example is tetrachloromethane (CCl4) which
has a density of approximately 1700 [kg/m3] and causes more rapid erosive wear than water
[69].

Effect of Temperature on Erosive Wear

The rate and mechanism of erosive wear are influenced by temperature. The primary effect
of temperature is to soften the eroded material and increase wear rates. The effects of
temperature on erosion of stainless steel are shown in Figure 11.31 [70]. The erosive agent is
silicon carbide impinging stainless steel at a speed of 30 [m/s] in a nitrogen atmosphere.
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FIGURE 11.31 Effect of temperature on the erosive wear rate of stainless steel [70].

It is not until temperatures higher than 600°C are reached that the erosion rate shows
significant increase. This temperature coincides with the softening point of the steel. There is
a strong correlation between the mechanical properties of the material at the temperature of
erosion and wear rate as shown in Figure 11.32 [71].

When high temperature erosion of metals occurs in an oxidizing medium, corrosion can
take place and further accelerate wear. Material is removed from the eroding surface as a
relatively brittle oxide and this process of wear can be far more rapid than the erosion of
ductile metal. At sufficiently high temperatures, however, the underlying metal does not
come into contact with the impinging particles because of the thick oxide layer present [72]
and then oxidation rates, not mechanical properties, control the erosive wear. Corrosion and
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oxidation accelerated wear is further discussed in the chapter on ‘Corrosive and Oxidative
Wear’.
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FIGURE 11.32 Relationship between mechanical properties of materials and erosion rate at
elevated temperatures; 1) carbon steel, 2) 1.25Cr-1Mo-V steel, 3) 2.25Cr-1Mo
steel, 4) 12Cr-1Mo-V steel, 5) 304 steel, 6) alloy 800 [71].

Effect of Erosion Media on Erosive Wear

Most erosive agents are conveyed by a medium, e.g. water or air. A mixture of erosive
particles and liquid medium is known as a slurry. The characteristics of the medium have a
surprisingly strong effect on the final wear rate. Controlling factors relate to the bulk
properties of the medium, i.e. viscosity, density and turbulence and to its microscopic
properties such as corrosivity and lubrication capacity. It has been shown that small additions
of lubricants to erosive slurries can significantly reduce wear [73,74]. The ability of the liquid
medium to provide cooling during particle impingement is also important [73,74].

In terms of bulk properties, the drag forces imposed by a viscous slurry on the erosive
particles can affect wear by altering the impingement angle. This is demonstrated
schematically in Figure 11.33 [75].

It can be seen that the increased particle drag forces imposed by the more viscous medium
shift particle impingement to the sides of the eroding cylinder. The effect of the medium is to
alter the location and form of wear since the impingement angle is reduced by the shift to the
cylinder sides. The medium-induced reduction in impingement angle causes an increase in
abrasion-type mechanisms of erosive wear. If an estimation of wear rates in a real machine is
required then a comprehensive analysis of particle trajectories is essential. For example, an
analysis performed for the inlet blades of a gas turbine gave an excellent agreement between
predicted and actual location of wear spots [76]. An example of erosive particle trajectories
between gas turbine blades is shown in Figure 11.34 [76].

The effect of a medium is assessed in terms of the ‘collision efficiency’ which is the ratio of
particles that actually hit a wearing surface to the theoretical number of particle impacts in
the absence of any medium. It was found that the collision efficiency declines from a limiting
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FIGURE 11.33 Effect of medium on impingement angle by erosive particles [75].

value of 1 for large particles, e.g. 750 [µm] size, to less than 0.1 for small particles of 75 - 90
[µm] size at medium viscosities of 0.005 [Pas] [77]. The reduction in collision efficiency is due
to the viscous medium sweeping the particles past the wearing surface as shown in  Figure
11.35. The erosive wear rate was found to closely follow the same trend as collision efficiency
which indicates that the primary effect of a liquid medium is to divert particles from the
wearing surface. Increasing particle velocity reduces the influence of medium, so that at high
slurry velocities, only large particles are affected by the medium's viscosity [77].

Turbulence of the medium accelerates erosive wear as particle impingement is more likely to
occur in turbulent flow than in laminar flow where the medium tends to draw the particles
parallel to the surface [78]. The difference between the particle behaviour in laminar and
turbulent flow of the medium is illustrated in Figure 11.35.
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FIGURE 11.34 Example of particle trajectory analysis to predict erosive wear [76].
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FIGURE 11.35 Effect of flow on erosive wear.

An exception to this rule is where the laminar flow is directed normally to the surface which
is the case when a jet of fluid impinges against a surface. In this case, wear is concentrated
directly beneath the jet and a relatively unworn annular area surrounds the wear scar. This
phenomenon is known as the ‘halo effect’. The effect of increasing turbulence with distance
from the jet is outweighed by the concentration of erosion directly beneath the jet [78].

Erosive Wear Resistance of Materials

Material characteristics exert a strong effect on erosive wear and have been extensively
studied. In a similar manner to abrasive wear, it is found that improvements in mechanical
properties do not always coincide with superior erosive wear resistance. For example, erosive
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wear rates may increase when a material is deliberately hardened. The difficulty with
materials optimization for wear reduction is that the characteristics of erosive wear as well as
the material characteristics control the wear rate. An illustration of this rule is provided by
the comparison of the relative erosion resistance of metals as a function of impingement
angle. When the impingement angle is shallow a hardened steel shows lower wear than a
soft steel, the converse is true at high impingement angles. This is illustrated in Figure 11.36
where the erosive wear rate, at two different impingement angles of 15° and 90°, is shown as
a function of material hardness for various metals and grades of steel hardness [36,79]. The
abrasive used was silicon carbide of diameter about 1 [mm] impinging at a velocity of 30
[m/s].
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FIGURE 11.36 Effects of primary material characteristics and erosion parameters on erosive
wear rate [36,79].

At the shallow impingement angle, it is evident that the hardness and work-hardening
ability of materials suppress a quasi-abrasive process of wear. In this case, materials can be
rated according to the hardness of the pure metal. It can be seen from Figure 11.36 that at an
impingement angle of 15° the most wear resistant metal is cobalt while the second worst is
copper. When the impingement angle is 90° the ranking of materials changes significantly,
and copper has the second best while cobalt has the third worst wear resistance. Heat
treatment of steel to increase hardness improves erosive wear resistance at low impact angles
but lessens the erosive wear resistance at high impact angles. To summarize, the effects of
small differences in, for example, hardness or alloy content between similar materials cannot
be viewed in isolation from the overall system characteristics of erosive wear. In order to
define a material's erosive wear resistance it is only useful to consider broad classes of
materials, e.g. polymers, ceramics and metals, where distinctive differences are present and
are not obscured by the effects of variables such as velocity or impingement angle. There is
no general recipe for a high level of erosive wear resistance. Because of the two different
erosive wear protection mechanisms that can take place, high wear resistance can be
achieved by more than one type of material. In some cases the material can be extremely hard
and tough so that the impacting particle is unable to make any impression on the surface.
This is the approach adapted when developing metallic or ceramic erosion resistant
materials. Alternatively, the material can be tough but with an extremely low elastic
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modulus so that the kinetic energy of the particles is harmlessly dissipated. These contrasting
wear protection mechanisms are illustrated in Figure 11.37.
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FIGURE 11.37 Comparison of the high and low elastic modulus modes of erosive wear
protection.

Rubber is generally believed to provide good erosion resistance by elastic absorption of
particle energy although this has not been demonstrated experimentally. It has been shown
that the first particle impact causes no visible damage to a rubber surface and that wear
depends on slow fatigue processes [80]. Unfilled rubber shows good erosive wear resistance
but surprisingly is not resistant to abrasive wear [80].

The choice of erosion resistant material may also be compromised by other considerations
such as operating temperature or material transparency. Clearly, temperatures in excess of
200°C preclude polymers from service, but if a transparent material is required for a specific
application then metals are not particularly useful. For example, materials for aircraft
windscreens, apart from being transparent, are required to be resistant to high speed erosion
by sand, dust and rain [81]. It was found that polymethylmethacrylate was the best candidate
for this application since it is both tough and shows a minimum of transparency loss by
erosion damage.

The relative merits and demerits of metals, polymers and ceramics as erosive wear resistant
materials are summarized in Table 11.4.

· Erosive Wear Resistance of Steels

The literature available on the effect of steel microstructure on erosive wear rates suggest
that a ductile steel is the most wear resistant. Hardening of steel to form martensite offers
little improvement except at very low impingement angles, and the formation of massive or
lamellar carbides reduces erosive wear resistance. The selection of steel for erosive wear
minimization is therefore different from the case of abrasive wear. For low alloy carbon
steels, the ferritic phase with sufficient spheroidal carbide inclusions to induce strengthening
is very effective against erosive wear [82]. Pearlitic steels show inferior wear resistance to
spheroidized steels. It was found that the erosive wear of steels shows the classical ductile
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erosion characteristic, i.e. a maximum wear rate at a low impingement angle of 30°, with
subsurface and surface cracking [82]. This suggests that the erosive wear resistance of steels is
limited by a lack of ductility.

TABLE 11.4 Relative qualities of erosive wear resistant materials.

 

Material Relative qualities regarding erosive wear resistance

Large range of toughness and hardness to suit any particle or impingement
angle. Prone to high temperature corrosion and softening effects; corrosive media
also harmful.

Metals

Very hard and increasingly tougher grades available. Resistant to high
temperatures and corrosive media. Poor erosive wear resistance when brittle
mode prevails.

Ceramics

Tough polymers and rubbers provide good erosion resistance even in corrosive
media. Usage is restricted however by a relatively low temperature limit.Polymers

For very soft erosive particles such as coal, the inclusion of carbides promotes wear resistance
slightly [25]. Alloying of steel or cast iron to obtain a microstructure containing a significant
amount of retained austenite is an effective means of reducing erosive wear [83,84]. Adding
about 2.5 wt% of silicon to 0.7 wt% carbon steel or about 0.45 wt% of silicon to 2.54 wt% cast
iron, results in good erosive wear resistance [83,84].

The optimum heat treatment of this steel or cast iron includes a relatively long
austempering time where all the martensite is removed and only retained austenite and
bainitic ferrite are present. As a general rule, however, ductility rather than hardness should
be enhanced in steels for improved erosive wear resistance.

· Erosive Wear Resistance of Polymers

Polymers are gaining importance as erosive wear resistant materials for applications where
metals are unsuitable, e.g. where transparency to visible light or other radiation is required.
The erosive wear resistance of polymers is generally poorer than that of steel. In Figure 11.38
erosive wear rates of reinforced polymers such as chopped graphite fibre in a thermoplastic
polyphenylene sulphide (PPS), woven aramid fibre in reinforced epoxy laminate (Kevlar
49/epoxy), graphite fibre (T-300) in bismaleamide polyamide resin and carbon steel (AISI
1018) at an impingement velocity of 31 [m/s] are shown [85].

It can be seen from Figure 11.38 that the polymers showing the brittle mode of erosive wear
characterized by high wear rates at high impingement angles are considerably inferior to
steel. On the other hand, the erosive wear resistance of polymers eroding in a ductile mode is
comparable to that of steel. There is, however, no consistent correlation between ductility
and erosion resistance for polymers. For example, nylon erodes in the ductile mode but has
poor erosive wear resistance [86]. The ranking of commonly used polymers in terms of their
erosive wear resistance is as follows: polyurethane > fluorocarbon > polycarbonate >
polymethylmethacrylate > nylon [86,87].

Apart from the direct effect of wear which is the formation of a wear scar, lateral
displacement and rippling of a polymer are also possible. This effect is particularly
pronounced at low impingement angles around 30°. The mechanism of rippling and lateral
displacement of an eroded polymer is illustrated in Figure 11.39.
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FIGURE 11.38 Erosive wear of reinforced polymers and carbon steel [85].

 

Deformation of material

FIGURE 11.39 Rippling and lateral displacement of a polymer during erosive wear at low
impingement angles.

Another erosive wear characteristic of polymers is that a long wear ‘incubation period’ is
typical where even a weight gain may be recorded. This is due to eroding particles becoming
embedded in the much softer polymer [86].

The erosion of certain polymers, in particular elastomers, may be accelerated by oxidation
and other forms of chemical degradation [66]. Water and gases are present on the surfaces of
hydrophilic particles. Many common minerals, e.g. silica or sand are hydrophilic. During
impact of these particles with rubber, the water or oxygen on their surface will react with the
rubber. Chemical reaction is facilitated by the temperature rise which occurs on impact which
causes the formation of a mechanically weak surface layer on the rubber. This process of
chemical degradation is further enhanced if there are relatively long periods of time between
successive impacts at the same position, i.e. low levels of erosive particle flux. In such cases
the average reaction time for surface degradation is longer as the temperature rise on impact
persists for some time afterwards. With increasing erosive particle flux the ratio of wear mass
to eroding particle mass decreases. This decline in erosive wear intensity is noticeable even at
low levels of erosive particle flux of approximately 1 [kg/m2s] [66]. The mechanism of
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chemical degradation in e.g. rubber during the process of erosive wear is illustrated in Figure
11.40.
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FIGURE 11.40 Chemical degradation and formation of a weakened surface layer (on e.g.
rubber) induced by the impact of an eroding particle.

· Erosive Wear of Ceramics and Cermets

Ceramics are finding use as erosive wear resistant materials particularly at high temperatures
where common metals either fail or show inferior wear resistance. The principal
disadvantage of ceramic materials for this application is their brittleness which may result in
accelerated wear in certain cases. Ceramics such as alumina, partially stabilized zirconia,
zirconia toughened alumina, silicon nitride and silicon carbide have been studied for their
erosive wear resistance. It was found that oxide ceramics such as alumina, zirconia and
zirconia toughened alumina appear to have the higher erosive wear resistance compared to
silicon nitride and carbide [88]. Partially stabilized zirconia, however, does not have a
significantly higher erosive wear resistance in comparison to alumina ceramics despite its
higher bulk toughness [89]. Cermets consisting of tungsten carbide grains in a cobalt binder
matrix are also used for erosive wear resistance. In these materials, preferential wear of the
cobalt binder appears to be the rate determining factor whereas the tungsten carbide grains
are relatively durable against erosive wear [90]. Unlike abrasive wear, during erosive wear
the harder carbide grains do not shield the softer cobalt matrix from impacting particles [90].

An important application of ceramics and ceramic composites as erosive wear resistant
materials is their use at high temperatures. Metallic materials such as steel are often more
wear resistant than ceramics at ambient temperatures but are inferior at high temperatures.
At elevated temperatures, metals become excessively soft while ceramic become more ductile
which suppresses the brittle mode of erosive wear. A silicon carbide fibre - silicon carbide
matrix composite was found to have a higher erosive wear rate than chromium alloy steel at
25°C but considerably less than the same steel at 850°C [91].
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11.4 CAVITATION WEAR

Cavitation wear is known to damage equipment such as propellers or turbine blades
operating in wet steam, and valve seats. Wear progresses by the formation of a series of holes
or pits in the surface exposed to cavitation. The entire machine component can be destroyed
by this process. Operation of equipment, e.g. propellers, is often limited by severe vibration
caused by cavitation damage.

Mechanism of Cavitation Wear

The characteristic feature of cavitation is the cyclic formation and collapse of bubbles on a
solid surface in contact with a fluid. Bubble formation is caused by the release of dissolved gas
from the liquid where it sustains a near-zero or negative pressure. Negative pressures are
likely to occur when flow of liquid enters a diverging geometry, i.e. emerging from a small
diameter pipe to a large diameter pipe. The down-stream face of a sharp sided object moving
in liquids, e.g. ship propeller, is particularly prone to cavitation. The ideal method of
preventing cavitation is to avoid negative pressures close to surfaces, but in practice this is
usually impossible.

When a bubble collapses on a surface the liquid adjacent to the bubble is at first accelerated
and then sharply decelerated as it collides with the surface. The collision between liquid and
solid generates large stresses which can damage the solid. Transient pressures as high as 1.5
[GPa] are possible. The process of bubble collapse together with experimental evidence of a
hole formed in a metal surface by bubble collapse are shown in Figure 11.41 [92].

Impact of solid and liquid

Movement of liquid

Shock wave
after
impact

20µm20µm20µm

a) b)
FIGURE 11.41 Mechanism of cavitation wear; a) mechanism of bubble collapse, b)

experimental evidence of damage by cavitation to a metallic (indium) surface
[92].

The cavitation crater, shown in Figure 11.41, was produced on the surface of indium which is
soft. Harder materials such as ceramics are unlikely to form a deep hole under the same
conditions. Cracking and spallation are the predominant modes of wear for hard brittle
materials. Almost all materials suffer some kind of subsurface damage by cavitation and
accumulated work-hardening and crack formation are commonly observed [93]. In some
cases when the cavitation is intense, the density of holes may be sufficient to reduce the worn
material to a porous matrix or ‘sponge’. Although cavitation involves a similar process of
collision between a liquid and a solid as occurs in erosion by liquids there are some
significant differences. Cavitation wear is a much milder process than erosive wear. In
cavitation wear particles are detached per millions of cavitations whereas only a few
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thousand impacts by droplets are enough to cause erosive wear [94]. Cavitation wear has an
‘incubation period’ like erosive wear but the weight gain found in erosive wear is not
possible unless the cavitated material absorbs liquid.

When cavitation occurs in corrosive media, stress corrosion cracking may accentuate the
wear process. An example of this can be found in the difference in cavitation wear rates
between fresh and salt water [95].

Cavitation wear can be accelerated by the simultaneous occurrence of erosive wear, in other
words synergistic interaction between these two wear mechanisms is possible. If the
cavitating fluid contains erosive particles, then the collapsing bubbles cause the particles to
hit the worn surface at high velocity. The rate of wear is higher than either cavitation or
erosion alone. For example, this phenomenon takes place in hydraulic turbines operating in
sandy water [96].

Cavitation wear is not always entirely undesirable as it finds some unique applications in
medical treatment. Kidney stones were traditionally removed by surgery which is inevitably
painful and has a certain risk of post operative complications. Extracorporeal shock wave
lithotripsy (ESWL) allows destruction and removal of the stones without the need for
surgical intervention [104]. ESWL involves strong ultrasonic vibrations which cause intense
cavitation around the stones (which are immersed in urine). Wear of the kidney stones
proceeds by the repeated impact of high-speed microjets which occur during the collapse of
cavitation bubbles near the surface of the stone [105,106]. After a sufficient period of
treatment, the stones are reduced to a fine powder which can be excreted by the patient. The
destruction rate of kidney stones depends on the material of which they are composed. For
example stones composed of calcium apatite, magnesium ammonium phosphate and
calcium oxalate are brittle and rapidly fracture under cavitation [107]. On the other hand,
cavitation wear of stones composed of cystine is much slower.

Cavitation Wear Resistance of Materials

A basic determinant in the choice of material for protection against cavitation wear is the
physical scale of the device where the cavitation takes place. Cavitation can occur in
components ranging from propellers to dam spillways. For large-scale structures, concrete
based materials are often used, e.g. concrete reinforced with chopped steel fibres, polymer
impregnated concrete or concrete coated with epoxy resin. More information on these
materials can be found in [97].

A material with good cavitation wear resistance is rubber since its low modulus of elasticity
allows the bubble collapse energy to be dissipated harmlessly. However, rubber loses its
effectiveness at extremes of cavitation intensity. There are applications where rubber is
unsuitable for other reasons, e.g. high temperatures. Epoxy resins are used as a coating for
components vulnerable to cavitation but these are also ineffective at high intensity
cavitation.

A basic feature of cavitation is its preferential attack on the weakest phase of a material. An
example of this is found in the significance of graphite inclusions on the cavitation wear of
cast iron. The graphite inclusions provide the required crack initiation centres for rapid wear
by brittle fracture [98]. A similar process affects cermets which often contain a hard material
such as tungsten carbide particles surrounded by a softer metallic matrix. Cavitation can
dislodge the tungsten carbide by gradual removal of the surrounding matrix. Thus the
improvement in wear resistance is dependent on the properties of the binder rather than the
tungsten carbide [99]. Materials which protect against cavitation usually have a uniform
microstructure with an absence of large mechanical differences between phases. The
mechanism of cavitation wear in multi-phase materials is schematically illustrated in Figure
11.42.
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FIGURE 11.42 Preferential attack by cavitation of the weaker phase in a microstructure.

Of the ferrous metals, stainless steels are more resistant to cavitation than cast iron. Plain
carbon steels are not often considered as materials providing protection against cavitation
because most cavitation problems occur in water. With stainless steels, the ferrite phase is
inferior to the austenite phase and the martensitic phase has the best resistance. Hadfield's
steel or the manganese steels provide the best cavitation resistance of the austenitic steels.
Where cast iron must be used, for example in cylinder liners, the level of free carbon and to a
lesser extent free carbide should be minimized. Most ceramic materials appear to lack
sufficient toughness and do not show particularly good cavitation resistance characteristics
despite their high hardness [100]. Of the bearing metals, the descending order of cavitation
resistance is: leaded bronze, tin-based white metal, Cu-Pb alloy and lead-based white metal
[101]. This particular order is pre-determined by the presence of lead as a matrix material.
Because of its softness lead has very inferior cavitation resistance. There has only been quite
limited research work conducted on the cavitation resistance of non-ferrous metals.
Corrosion resistant titanium alloys have a cavitation resistance similar to that of stainless
steels [100]. For severe cavitation problems, cobalt alloys such as ‘Stellite’ are particularly
useful. It should be mentioned that cobalt is more wear resistant to cavitation than to erosion
[100].

One of the fundamental characteristics of cavitation wear is a fatigue-type damage process
which allows some useful comparisons of the relative wear resistances of metals based on
metal fatigue theory [102]. It is found that the cavitation wear rates of a range of pure metals
correlate well with a fatigue strength parameter which is the product of the nominal fatigue
failure stress at zero cycles and the exponent of stress increase during cyclic plastic strain. The
nominal fatigue stress at zero cycles is found by extrapolation from experimentally observed
fatigue data and detailed derivations of these parameters are given in [102]. The relationship,
obtained from experimental data, between the cavitation wear resistance expressed in terms
of maximum thickness loss and modified fatigue failure stress is shown in Figure 11.43.

It can be seen from Figure 11.43 that metals with poor fatigue resistance properties have in
general poorer cavitation wear resistance but this not always means that improving the
fatigue resistance of a metal will necessarily diminish the cavitation wear rate.

11.5 SUMMARY

The various forms of wear caused by contact between a particle and a surface have been
described in this chapter. The three basic forms of particle-surface interaction, i.e. abrasion,
erosion and cavitation, are shown to consist of many specific wear mechanisms. Some wear
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maximum thickness loss and modified fatigue failure stress [102].

mechanisms may occur in more than one form of particle-surface interaction. Abrasive and
erosive wear in particular were initially thought to consist of one or two relatively simple
mechanisms but it is now realized that many processes are involved and some of them are
not yet well understood. Despite the basic similarities of these three forms of wear there are
also fundamental differences between them which require different methods to be applied in
the practical control of wear. Abrasive, erosive and cavitation wear are particularly amenable
to control by careful materials selection and many wear resistant materials have been
developed for this purpose. However, a material which is resistant to, for example, abrasive
wear may fail under erosive or cavitation wear so that materials optimization for a specific
application is essential.
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12.1 INTRODUCTION

Adhesive wear is a very serious form of wear characterized by high wear rates and a large
unstable friction coefficient. Sliding contacts can rapidly be destroyed by adhesive wear and,
in extreme cases, sliding motion may be prevented by very large coefficients of friction or
seizure. Metals are particularly prone to adhesive wear hence its practical significance. Most
lubricant failures in sliding metal contacts result in adhesive wear since this relates to a
breakdown in the lubricant's basic function of providing some degree of separation between
the sliding surfaces. If sliding surfaces are not separated adhesion and subsequent wear are
almost inevitable. The questions of practical importance are: which metals are most prone to
adhesion and adhesive wear? How can adhesive wear be recognized and controlled? In this
chapter the process of adhesion between surfaces is described together with the resulting wear
mechanism.

12.2 MECHANISM OF ADHESION

Most solids will adhere on contact with another solid to some extent provided certain
conditions are satisfied. Adhesion between two objects casually placed together is not
observed because intervening contaminant layers of oxygen, water and oil are generally
present. The earth's atmosphere and terrestrial organic matter provide layers of surface
contaminant on objects which suppress very effectively any adhesion between solids.
Adhesion is also reduced with increasing surface roughness or hardness of the contacting
bodies. Actual observation of adhesion became possible after the development of high
vacuum systems which allowed surfaces free of contaminants to be prepared. Adhesion and
sliding experiments performed under high vacuum showed a totally different tribological
behaviour of many common materials from that observed in open air. Metallic surfaces free
of oxide films under high vacuum exhibited the most dramatic changes and partly for this
reason have been widely studied.

Metal-Metal Adhesion

Apart from noble metals such as gold and platinum any other metal is always covered by an
oxide film when present in unreacted form in an oxidizing atmosphere. The oxide film is
often so thin as to be invisible and the metal appears shiny and pure. This film, which may
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be only a few nanometres thick, prevents true contact between metals and hinders severe
wear unless deliberately removed [1].

It has been found in experiments conducted in vacuum that as the degree of surface
contamination is reduced, adhesion between metallic surfaces becomes very large [1]. In these
experiments the metal was first heated to melt off the oxide film. A schematic diagram of the
apparatus to measure the adhesion of clean surfaces under vacuum is shown in Figure 12.1.

 

Force

External magnetic force

To vacuum
pump

Test materials

Pivot

FIGURE 12.1 Schematic diagram of the apparatus for measurements of adhesion between
metals [2].

As can be seen from Figure 12.1 a stylus is loaded against a flat surface and the strength of
adhesion is determined by measuring the force needed to pull the two surfaces apart.
Adhesion force data for various metals against iron measured at 0.2 [mN] of a contact load
and 10-10 [Torr] of a chamber pressure are shown in Table 12.1 [2].

It is evident from Table 12.1 that in all cases the adhesion or separation force is greater than
the contact force. The tendency to adhere does not discriminate between metals on the basis
of their mutual solubility or relative atomic size. The greatest adhesion occurs for a
combination of like materials, i.e. iron to iron, but many other combinations of unlike
metals also show quite high adhesions. The ratio of adhesion force to contact force can be
very high, about 20 or more in some cases. The bonding process is almost instantaneous and
can occur at moderate or low temperatures [2].

Numerous tests on a wide variety of metal combinations have shown that when there is
strong adhesion, transfer of the weaker metal to the stronger occurs as illustrated
schematically in Figure 12.2.

 

Approach Adhesion Transfer

Strong
material

Weak material

FIGURE 12.2 Process of metal transfer due to adhesion.
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TABLE 12.1 Adhesion force of various metals against iron in vacuum [2].

 

Metal Solubility in iron
[atomic %]

Adhesion force
to iron [mN]

Iron

Cobalt

Nickel

Copper

Silver

Gold

Platinum

Aluminium

Lead

Tantalum

35

9.5

< 0.25

0.13

< 1.5

20

22

Insoluble

0.20

> 4.0

1.2

1.6

1.3

0.6

0.5

1.0

2.5

1.4

2.3

The strong adhesion observed between metals can be explained by electron transfer between
contacting surfaces. Numerous free electrons are present in metals and on contact electrons
may be exchanged between the two solids to establish bonding. The ‘Jellium model’ [3] is used
to describe this effect. The electrons are not bound by a rigid structure and providing that the
distance between two bodies in contact is sufficiently small, i.e. < 1 [nm], they can move from
one body to another. As a result the electrons can bond two solids despite their differing
atomic structures. It has been found that the calculated values of the strength of adhesion
between two metals [4,5] are considerably in excess of experimental values [7]. This is
attributed to the difficulty in determining a true value of the contact area between atoms of
opposing surfaces.

It is theorized that when different metals are in contact, the metal with a higher electron
density donates electrons to the other metal as illustrated in Figure 12.3.

 

Distance too
far for adhesion

x

FIGURE 12.3 Jellium electron exchange model of adhesive contact between metals [4]; x is
equivalent to atomic dimensions, i.e. less than 1 [nm].

All metals show a strong tendency to adhere on contact with another solid but there are
significant differences between particular elements. Metals mainly exist in four principal
types of crystal structure: face-centred cubic, body-centred cubic, hexagonal close packed and
tetragonal. It has been found experimentally that metals with hexagonal close packed
structure show much less adhesion than other crystal structures [2,7]. High hardness, large
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elastic moduli and surface energy of the metal also suppress adhesion [7]. The graph of the
coefficient of adhesion versus hardness for a number of pure metals is shown in Figure 12.4
[7], where the coefficient of adhesion is defined as the ratio of rupture force to contact force. It
can be seen from Figure 12.4 that for metals with similar hardness but different crystal
structure, e.g. aluminium and zinc or lead and tin, there are significant differences in
adhesion.

The reason for the difference in adhesion between metals of similar hardness is believed to
lie in the necessity for some degree of plastic deformation between asperities before a true
contact can be established. Hexagonal close packed metals have far less slip systems and are
therefore less ductile than face-centred and body-centred metals, which results in their lower
adhesion.

Adhesion between metals is also influenced by the ‘chemical reactivity’ or electropositivity of
the individual metals [2,8]. Chemically active metals, such as aluminium, bond more readily
and therefore show stronger adhesion than noble metals. This suggests that face-centred
cubic crystal lattice metal with a high level of chemical activity would show a particularly
strong adhesion. Such metals are usually unsuitable for unlubricated sliding contacts.
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FIGURE 12.4 Adhesion coefficient of various metals versus hardness [7].

Summarizing, the electron transfer between metals allows a strong adhesive bond to be
formed between two identical or different metallic elements. A limiting factor in adhesion is
the minimum load which causes plastic flow and therefore the establishment of a true
contact between surfaces.

Metal-Polymer Adhesion

In the extensive series of experiments conducted into metal-polymer contact and adhesion
under high vacuum it has been revealed that metals and polymers can also show a high
degree of adhesion [2]. Adhesion observed between a tungsten surface and polymers such as
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polytetrafluoroethylene and polyimide, is strong enough to cause polymer to transfer to the
metallic surface when the two materials are separated. The strength of adhesion is found to
be related to the presence of reactive non-metals, such as fluorine, in the polymer [2]. Surface
atoms of the polymer are believed to bond with surface atoms of the metal and this can occur
irrespective of the inertness of the polymer in bulk.

Most polymers adhere to other materials by van der Waals forces. In most wear situations,
this form of adhesion is not strong enough for lumps of material to be torn out on rupture of
the contact [9,10].

Strong adhesion between a metal and polymer based on chemical interaction forms the basis
for the mechanism of polymer on metal wear. Van der Waals forces, although they do not
directly cause adhesive wear, provide a significant component of frictional resistance for
elastomers such as rubber.

Metal-Ceramic Adhesion

Under suitable conditions, quite strong adhesion between metals and ceramics can occur
[2,11-13]. The common factor in adhesion between various ceramics and metals is their
chemical affinity. It has been found, that only metals which do not form stable oxides exhibit
low friction coefficients against ceramics [11]. In contacts with ceramics, metals such as
copper, aluminium and nickel show high friction coefficients while the coefficients of
friction of gold and silver (unstable oxides) are low.

Although the oxygen ions present on the surface of aluminium oxide are already bonded to
aluminium, an additional interaction with contacting metal atoms is possible according to
the laws of quantum chemistry [11]. The trend for contact between other metals and ceramics
is similar [13].

Metals usually have a cohesive strength lower than most engineering ceramics so that on
rupture of the adhesive contact, fragments of metal are often left adhering to the ceramic to
form a transfer film. Adhesion of ceramics to metals is greatly reduced by surface
contamination in a manner similar to metal-metal contacts. These issues will be discussed in
more detail in Chapter 16 on ‘Wear of Non-Metallic Materials’.

Polymer-Polymer and Ceramic-Ceramic Adhesion

Adhesion based on electron transfer is less likely to take place in contacts lacking a metal
counterface. Very little is known about the mechanisms of adhesion between non-metallic
materials [14]. It is known that there exists a weak to moderate level of adhesion as a result of
van der Waals forces acting between almost all contacting materials [9,10,14]. Attractive forces
have been found between quartz surfaces [14] and mica surfaces [10]. Rubber was also found to
adhere to glass and polymer [15]. In all of these cases van der Waals forces were clearly the
largest component contributing to adhesion.

The markedly different mechanical properties of polymers and ceramics illustrate well the
difference between inter-atom attraction and bulk adhesion. Polymers have one of the lowest
elastic moduli of commonly used engineering materials whereas ceramics have one of the
highest. Most of the surfaces are rough and for the contacting surfaces to reach a proximity
similar to the size of an atom or less, the deformation of the surface asperities must take
place. Forces required to deform the asperities act in opposition to the adhesion forces and
reduce the overall net adhesion force. The adhesion therefore is strongly influenced by the
size of the asperities. A relationship illustrating the dependence of adhesion on surface
roughness for elastic solids has been developed by Fuller and Tabor [16], i.e.:

K = Eσ3/2/(r1/2∆γ) (12.1)
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where:

K is the coefficient of reduction in adhesion by asperity deformation forces;

E is the Young's modulus [Pa];

σ is the standard deviation of the asperity height distribution (RMS) [m];

r is the average radius of curvature of individual asperities [m];

∆γ is the change in surface energy on contact between the two surfaces [J/m2].

It is assumed that for K < 10 strong adhesion occurs, while for K > 10 asperity deformation
forces cause the net adhesion force for elastic materials to be small. Expression (12.1) clearly
shows that adhesion is more sensitive to surface roughness for materials with high Young's
modulus, i.e. for soft materials the range of surface roughness, over which adhesion occurs,
is much wider than for hard materials. For example, in elastomers weak adhesion takes place
when the surface roughness ‘Rq’ is above 1 [µm], while in hard materials, i.e. ceramics, weak
adhesion occurs at much lower values of surface roughness when ‘Rq’ is greater than 5 [nm].
Below these transition values of surface roughness strong adhesion occurs. Therefore
adhesion between hard elastic solids can be significantly reduced by even very small surface
irregularities. If plastic deformation between contacting asperities takes place then adhesion
is enhanced.

Summarizing, polymers and ceramics in contact show a similar adhesion mechanism caused
by van der Waals forces. The net adhesion force for ceramics contacting ceramics is greatly
reduced, however, due to their high hardness.

Effects of Adhesion Between Wearing Surfaces

Strong adhesion between the asperities of wearing surfaces has two effects: a large component
of frictional force is generated and the asperities may be removed from the surface to form
wear particles or transfer layers.

· Friction Due to Adhesion

An adhesive theory of friction was developed almost half a century ago by Bowden and
Tabor [17]. As discussed already in the chapter on ‘Boundary and Extreme Pressure
Lubrication’, in simple terms, the coefficient of friction is defined as:

µ = τ/py (12.2)

where:

τ is the effective shear stress of the material [Pa];

py is the plastic flow stress (yield pressure) of the material [Pa].

It is argued that the effective shear stress acting on the surface should be close to the bulk
value which is about 0.2 of the yield stress giving µ = 0.2. If the materials of contacting bodies
differ then the yield stress of the softer material and the shear stress of the weaker material or
the interface shear stress, whichever is the least, are used in equation (12.2).

The highest adhesion occurs between identical metals, whereas bimetallic combinations
exhibit weaker adhesion and therefore lower friction. Heterogeneous materials such as steels
and cast irons often show moderate adhesion because of the interference by inclusions and
non-metallic phases present in their microstructure. Corresponding coefficients of friction
are also lower for these materials.

There are, however, doubts about this adhesive theory of friction and some controversy is
extant in the literature. It has been found that most of the frictional resistance in lubricated or
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atmospheric conditions is due to the deformation of asperities rather than the fracture of
adhesive bonds [18]. Frictional forces due to adhesion are dominant when there is a total
absence of lubrication and such circumstances correspond to the original experiments
performed in vacuum [17]. The friction theory in the simple form presented so far implies
that the limiting values of friction are less than unity. In practice much higher values of the
coefficient of friction are observed and the reasons for this are explained in the next section.

· Junction Growth Between Contacting Asperities as a Cause of Extreme Friction

The implication of the adhesion experiments conducted in high vacuum [2] is that as the
sources of surface contamination are progressively removed, the levels of adhesion and
therefore friction rise precipitately. Conversely, when gas or contaminants are introduced to
clean surfaces, friction levels decline to the moderate values typically found under
atmospheric conditions.

The coefficient of friction of iron against iron as a function of surrounding gas pressure was
measured in a specially designed apparatus [17,19,20]. A schematic diagram of the apparatus is
shown in Figure 12.5. An iron sphere is driven against an iron surface by a solenoid. The
friction force is measured by the deflection of a silica spring. The test chamber is connected to
a vacuum pump and heating coils are supplied for thermal cleaning of the iron surfaces.

 

External magnetic force

To vacuum
pump

Force
Test materials

Force
transducer

Sliding

Heat

Heat

FIGURE 12.5 Schematic diagram of the apparatus for measurements of friction in a vacuum
[20].

The relationship between the friction coefficient of iron sliding against iron in the presence
of various amounts of oxygen is shown in Figure 12.6.

In high vacuum a total seizure between the contacting samples occurs. As oxygen is supplied
to the iron surface, a film of iron oxide forms resulting in a reduced coefficient of friction.
When this film reaches a certain thickness the strong adhesion between metallic iron is
replaced by a weaker adhesion between iron oxide which is probably controlled by van der
Waals forces.

The coefficient of friction between clean iron surfaces is very high, up to µ = 3. The simple
theory of adhesion, described in the previous section, fails to predict such high values of
friction coefficient, and in order to explain this phenomenon the process of ‘asperity junction
growth’ is considered [21]. In the plastically deforming adhesion junction both the normal
and tangential stresses are involved.

To explain the ‘asperity junction growth’ process assume that initially there is a normal load
acting on the asperity which is high enough for the asperity to plastically yield. Since the
contact is in the ‘plastic state’, i.e. material flows, the contact area will easily be increased
when the tangential stress is introduced. The increase in the contact area will result in a
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FIGURE 12.6 Effect of oxygen on the friction of clean iron [20].

reduction in the normal pressure (i.e. the same load is now carried by an increased area), as
illustrated schematically in Figure 12.7. The increased contact area will also enable a larger
tangential force to be sustained. The tangential force and the contact area will grow until the
maximum (yield) shear stress of the material is reached (it is implicitly assumed here that
under sliding conditions each asperity contact is loaded to a maximum stress prior to
rupture). As a result the coefficient of friction will also increase. Since the loop with a
positive feedback is created, the system may become unstable. The onset of instability is
followed by a rapid increase in the coefficient of friction which eventually leads to seizure of
the operating parts.

 

Asperity

Frictional
shear stress

Asperity

Contact area enlarged after the
addition of frictional shear stress

FIGURE 12.7 Schematic diagram of asperity junction growth under frictional force.

In precise terms the mechanism of junction growth can be described by considering the von
Mises yield criterion. According to this criterion a material will plastically deform when:

p2 +  3τ2 = py
2 (12.3)

where:

p is the normal contact stress (pressure) [Pa];
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τ is the effective shear stress in the contact [Pa];

py is the plastic flow stress of the material [Pa].

Since the plastic yielding of a junction is controlled by the combined effect of the normal
stress ‘p’ and tangential stress ‘τ’ a similar relation to describe its behaviour was proposed [21],
i.e.:

p2 +  Cτ2 = p0
2 (12.4)

where:

C is an arbitrary constant assumed to have a value close to 10;

p0 is the plastic flow stress of the material in the absence of tangential (frictional)
force [Pa].

The other variables are as already defined.

It can be seen from equation (12.4) that when a normal load only is acting on the asperity, i.e.
τ = 0 then:

p = p0

The stresses ‘p’, ‘τ’ and ‘p0’ can be expressed as follows:

p = W/Ar

τ = F/Ar

p0 = W/Aro

where:

F is the friction force [N];

W is the normal force (load) [N];

Ar is the real area of contact with tangential force present [m2];

Aro is the real area of contact in the absence of tangential force [m2].

Substituting for these expressions into (12.4) gives:

(W/Ar)
2 + C(F/Ar)

2 = (W/Aro)
2 (12.5)

Rearranging (12.5) yields a relationship between the increase in real contact area and the
tangential force, i.e.:

+1 [ ]A r

A r o
 = C

W 
2

F 
2  

0.5

(12.6)

It can be seen from equation (12.6) that increasing the tangential force causes the adhesion to
increase since the real area of contact grows. For example, if C = 10 and the ratio of tangential
force to normal force is 0.3  then the contact area is enlarged by a factor of 1.4 . The
enlargement of the real contact area is particularly marked at the high values of ‘F’ which are
observed for clean surfaces. Increased tangential force is accommodated by the increase in real
contact area until the yield shear stress is reached at the interface between asperities and the
macroslip takes place.
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For high values of yield shear stress this condition is hard to reach because the increase in the
contact area is almost matched by the increase in the tangential force (as ‘F’ exceeds ‘W ’,
Ar/Aro tends to C0.5F/W). In contrast it can be seen from equation (12.6) that for small values
of tangential force and a limiting shear stress, the increase in ‘Ar’ is negligible so that the
relationship µ = τ/py is approximately true. In cases of extremely high adhesion and limiting
interfacial asperity shear stress, the rate of increase in the real contact area with tangential
force is sufficient to maintain an approximately constant asperity interface shear stress. This
is because the ratio of tangential force to contact area does not change significantly so
complete seizure of the sliding members can occur.

It should also be mentioned that the plastic flow which occurs at the asperities is
accompanied by work hardening in most metals. Since the strength of the welded junction is
often higher than that of the softer metal the shear occurs along a plane which is different
from that defined by the localized welding. The overall effect of work hardening on the
coefficient of friction, however, is quite small compared to the effect of junction growth.

· Seizure and Scuffing

Very high friction coefficients found on clean surfaces under a vacuum can also occur in
practical mechanical contacts when there is a breakdown or absence of lubrication. Plain
bearings and gear teeth are susceptible to this problem. Figure 12.8 shows the typical
appearance of scuffed gear teeth. It can be seen that the smooth as machined surface of the
teeth is completely disrupted and displays signs of strong adhesion and adhesive fracture.

FIGURE 12.8 Adhesion between gear teeth resulting in scuffing.

Under these conditions normal operation of the gear is impossible and considerable damage
to the unit from overheating as well as adhesion will result. In most sliding contacts, such as
bearings, gears, chains and cams, the cause of rapid and sometimes catastrophic failures is
adhesion and adhesive wear. Although other wear mechanisms can also cause problems, in
general, these problems are of a milder form.

· Asperity Deformation and Formation of Wear Particles

The combined action of adhesion between asperities and sliding motion causes severe plastic
deformation of the asperities. To observe and study the events that are likely to occur
between sliding and adhering asperities in an actual wearing contact is virtually impossible.
To facilitate such studies the contact between two asperities was simulated by two pointed
plates as illustrated in Figure 12.9 [22]. The plates are forced together by a vertical load and
moved against each other by a hydraulic ram. The entire system can be fitted into a Scanning
Electron Microscope for observation.
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FIGURE 12.9 Schematic diagram of the experimental apparatus to study adhesive wear
processes [22].

Since the position of the plates is maintained at a constant level by the slideway, a close
representation of a wearing contact where individual asperities move along a horizontal
plane and sustain transient loads when in contact with opposing asperities is obtained. The
mechanism of shearing and cracking to form a transfer particle in the adhesive contact
between asperities is illustrated schematically in Figure 12.10 [22].

 

a)

Adhesion without sliding

b)

c) d)

e) f)

FIGURE 12.10 Schematic diagram of the formation of an adhesive transfer particle [22].

Material in the softer or sharper asperity deforms in a series of shear bands to accommodate
the relative movement, i.e. there is no sliding along the asperity contact line. When each
shear band reaches a certain limit, a crack is initiated or an existing crack progresses till a new
shear band is formed. The crack extends across the asperity and eventually a particle detaches
from the deformed asperity.

It has been found that asperities with large slope angles, i.e. ‘sharper asperities’, tend to loose
material to asperities with small slope angles [22]. Material properties have a strong influence
on asperity deformation and the severity of adhesive wear. Experiments conducted on model
asperities [17] revealed that the contacting asperities of brittle materials tend to break away
cleanly with little deformation and produce fewer wear particles compared to ductile
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materials [17]. It appears that ductility has an undesirable effect of accentuating adhesive
wear.

In the contacts between asperities which do not produce wear particles, there may still be
extensive plastic deformation as illustrated in Figure 12.11 [23].

 

Asperity contact ·  Mutual asperity deformation
·  Formation of adhesive bond

Brittle fracture during
asperity separation

OR

Ductile fracture during
asperity separation

FIGURE 12.11 Alternative model of deformation in adhesive asperity contact [23].

The evidence of such severe plastic deformation and/or surface cracking producing a sharply
skewed worn asperity profile have been confirmed by Scanning Electron Microscopy studies
[23].

The particle of metal detached from one of the asperities, i.e. as shown in Figure 12.10,
remains attached to the other surface. Depending on conditions it may subsequently be
removed by further asperity contact to form a true wear particle or it will remain on the
surface to form a ‘transfer film’.

· Transfer Films

The formation of transfer films is a characteristic feature of adhesive wear where material is
transferred from one surface to another before being released as a wear particle. It
distinguishes adhesive wear from most other wear mechanisms. In the early studies of this
phenomenon it was found that brass rubbed against steel leaves a film of transferred brass on
the steel surface which eventually covers the wear track [24]. The transferred brass was found
to be highly work-hardened and probably capable of wearing the brass sample itself. This
observation of inter-metallic transfer was confirmed later by tests on a variety of
combinations of metals in sliding [25,26]. Examples of metallic transfer film are shown in
Figure 12.12.

The formation of a transfer film or transfer particles can have a dramatic effect on the wear
rate [27]. The process of transfer particle formation and removal is illustrated schematically in
Figure 12.13. It can be seen from Figure 12.13 that the transfer particle can lift the pin away
from the opposing surface and this causes an apparently ‘negative wear rate’. The evidence of
this phenomenon is illustrated in Figure 12.14, where the wear depth incurred when a zinc
pin is slid against a zinc disc is shown. Periods of apparently negative wear are followed by a
step-form of positive wear as transfer particles are formed and released.

Tests with other metals such as iron, molybdenum, nickel, copper, silver and aluminium for
possible combinations of sliding partners show that wherever there is mutual solubility, e.g.
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copper and silver, the same pattern occurs, but if the two metals are insoluble, e.g. iron and
silver, then lumpy transfer does not occur [27].

a) 

10µm

b) 

100µm

FIGURE 12.12 Examples of metallic film transfer; a) brass film transfer on alumina, b) Al-Si
alloy transfer film onto a piston ring.

When different metals are slid on each other, a form of mechanical alloying occurs and the
transfer particle consists of lamella of the two metals [27]. At the beginning transfer particles
accumulate material from both surfaces in small bits. As the transfer particle grows bigger it
becomes flattened between the sliding surfaces producing a lamellar structure. The possible
mechanism involved in this process and an example of such a particle are shown
schematically in Figure 12.15.
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FIGURE 12.13 Formation and removal of a transfer particle (adapted from [27]).
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FIGURE 12.14 Variation of wear depth with sliding distance for zinc sliding against zinc
(adapted from [27]).

From the tests performed on various test rigs, e.g. pin on disc machines, it has been found
that transfer films have the following specific characteristics which clearly distinguish them
from other films on worn surfaces [24,28]:

· the equilibrium rate of transfer to the disc or ring is equal to the rate of wear of the
pin;

· wear particles are formed entirely from the transfer layer on the disc or ring with
no direct wear of the pin;

· patches of transfer layer are usually larger than individual transfer particles so
agglomeration of the particles occurs on the disc or ring surface;

· wear particles are generally larger than transfer particles;
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· transfer particles are usually the same size as the area of real contact which suggests
that just a few transfer particles are carrying the load;

· although the number of transfer particles and the area covered by transfer film
increase with load, the thickness of the transfer film remains approximately
constant;

· transfer particles are generally harder than the substrate material due to severe
work hardening and are capable of producing grooves in the surface.

1) Early growth stage of transfer particle 2) Depressed transfer particle contacting with
area A determined by the flow pressure

A

A

3) Press-slide flattening

A

A

Wear
particles

4) Grown transfer particle just before removal

A

A

5) Transfer particle

10  µm

FIGURE 12.15 Formation of lamellar structure transfer particles (adapted from [27]).

The mechanism of groove formation involves ploughing of the softer substrate material by
work-hardened transfer particles [29]. The ploughing is a very inefficient form of cutting
which can lead to crack formation on the worn surface as a result of high tensile stresses. The
mechanism of ploughing by transfer particles is illustrated in Figure 12.16.

The formation of such coarse grooves on worn surfaces is frequently observed when
adhesive wear occurs. These grooves are usually formed on the sliding member with larger
wear track area, e.g. on the disc or ring in pin on disc/ring machines.

Summarizing, transfer films can greatly modify the sliding characteristics of materials. When
a transfer film is present as thick lumps, smooth sliding is impossible and the load is carried
by a few or just one transfer particle. When a transfer particle is released there is an abrupt
movement of the sliding surfaces to compensate for this. In extreme cases the transfer
particles can fail to detach and grow to cause total seizure of the sliding interfaces. However,
not all transfer films are undesirable. The wear of polymers, in particular, depends on very
thin transfer films which allow for low friction. Solid lubricants also function by forming
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thin layers on the wearing surfaces. These layers can be transferred from one wearing surface
to another which is useful when inaccessible contacts have to be lubricated.

Transfer particle

Ploughing
Groove formed in worn surface

Cracks from tensile stresses during
ploughing with strong adhesion

Strong adhesion

Strong adhesion

Sliding

FIGURE 12.16 Mechanism of groove formation on worn surfaces by work hardened transfer
particles.

12.3 CONTROL OF THE ADHESIVE WEAR

If adhesive wear is allowed to proceed uncontrolled various undesirable consequences can
follow. High friction with the possibility of seizure and the growth of transfer particles can
result. In some cases transfer particles can jam the sliding contact, e.g., if it is annular. A
further problem caused by adhesive wear is an extremely high wear rate and severe surface
damage as illustrated in Figure 12.17.

100µm

Figure 12.17 Al-Si alloy surface worn by adhesive wear. Note the formation of wear particles.

Experimental results have shown a much higher probability of wear particle generation due
to asperity contacts during adhesive wear compared to, for example, abrasive wear [30]. The
probability ranged from 10-2 for a mild steel/mild steel contact, to 10-7 for a tungsten
carbide/tungsten carbide contact [30]. For example, in cases of brass sliding on tool steel,
where the adhesion is severe, about 0.2% of total asperity contacts results in wear particle
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formation. On the other hand, for adhesive wear of stellite on tool steel the percentage of the
total asperity contacts producing particles is about 0.02% [31]. Successful operation of
machinery, however, relies on far lower ratios of wear particles to asperity contacts, e.g. a
ratio of 1/106 is typical of mild wear [30]. Rapid wear is therefore a main reason why adhesive
wear must usually be carefully controlled and suppressed.

Fortunately it is a relatively simple matter to reduce or even eliminate adhesion between
solids. Contaminant layers of surface oxides and material impurities contribute to the
reduction of adhesive wear. Adhesion can also be controlled by the application of specially
formulated lubricants and careful selection of sliding materials.

Contaminant Layers Formed Due to Surface Oxidation and Bulk Impurities

Oxidation of metal surfaces can lower adhesion to acceptable levels. Almost all metals, when
exposed to air, form very rapidly an oxide film of about 5 [nm] in thickness [32]. A 5 [nm] film
is so thin that it is transparent and the metal remains shiny, but it radically changes the
surface properties of the metal. The oxidized surface can be considered ‘contaminated’ as
non-metal atoms are present on the surface. Oxygen, but not passive gases such as nitrogen
or argon, is very useful as a universal ‘lubricant’. Moisture [17] accentuates the effect of
oxygen but the reasons for this are not yet clear. For example, adhesive wear of ceramics is
notably reduced by adsorbed moisture [11,13].

Surface oxidation of metals occurs rapidly even at low temperatures and the rate at which
oxidation proceeds is often limited only by the supply of oxygen until the critical 5 [nm]
thickness is reached [33]. This means that under atmospheric pressure, oxide films, if
removed, are reformed in just a few microseconds. This rapid re-growth means that a
protective oxide film in a wearing contact can be sustained indefinitely. It is only under a
vacuum or under a thick layer of oil that oxygen starvation may cause problems [34].

However, it has been shown that a small amount of contamination is necessary for strong
adhesion [35]. Oxygen atoms, in particular, can bond both surfaces of contacting metals when
present in very small quantities. The occurrence of strong adhesion between weakly
contaminated surfaces agrees with high friction and seizure often taking place under
atmospheric conditions. When air is present, even if oxide films are destroyed by wear, some
contamination of nascent surfaces exposed by wear occurs. The fact that these surfaces can
seize confirms the model of adhesion being promoted by small amounts of contamination
but suppressed by heavy contamination.

Bulk material impurities reduce adhesive wear to a lesser but still useful extent compared to
surface oxidation. The high temperatures associated with friction and wear promote the
migration of impurities to the surface. Studies of the enrichment of exposed surfaces by the
minor constituents of a material reveal that the adhesive wear resistance of iron is
significantly improved by small quantities of carbon and sulphur [2]. Surface analysis of the
worn carbon-rich irons shows a carbon layer covering the worn surface. Hence for this reason
alloys and composite materials are usually superior to pure materials in terms of adhesive
wear resistance.

Lubricants

The primary purpose of a lubricant is to suppress adhesive wear by providing a superior
form of surface ‘contamination’. Fatty acids and other polar organic substances are usually
blended into lubricating oils. If these fatty acids adsorb on the top of the existing oxide layers,
further reductions in friction and wear are obtained [17]. Lubrication mostly involves the
application of this basic principle which has already been discussed in detail in Chapter 8.
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Certain oils also contain additives rich in sulphur, phosphorus or chlorine. Metal surfaces
can form sulphide, phosphide or chloride films just as readily as oxide films [2]. These films
are intended to form when oxide films break down to provide a protective surface film
against very high friction or seizure.

The importance of minimizing adhesive wear is such that lubricants are specially formulated
to control it even at the cost of promoting other forms of wear or surface damage, e.g.
corrosive wear, which will be discussed in the next chapter.

Favourable Combinations of Sliding Materials

The likelihood of severe adhesive wear occurring varies significantly between different
combinations of sliding materials. A careful choice of materials can yield benefits of
minimized wear and friction. An example of this is the combination of steel and bronze used
for the shaft and bush in journal bearings  The general rule is to avoid sliding similar or
identical materials against each other [17].

The effects of mutual solubility of metals on their adhesion are still far from clear. Strong
arguments have been made that metals which are mutually soluble should not be slid
against each other [36]. However, closer examination of the data published [e.g. 37,38] shows
that of the metals slid against iron, aluminium which is only of a limited solubility in iron,
causes higher friction than chromium which is completely soluble. This can be explained by
Buckley's hypothesis [2] which suggests that chemically active metals are electropositive, i.e.
electron donors, and show much stronger adhesion to iron than passive or inert metals.
Since aluminium is more electropositive than chromium its adhesion to iron is stronger
than that of chromium.

Lead, tin, copper and silver which are widely used in plain bearings to reduce friction are
metals of low chemical activity. In spite of the cost, the noble metals, silver and gold, are used
as bearing materials in demanding applications [2], e.g. silver coated worm gears or piston
rings. Impure materials are also less reactive than pure materials and therefore wear less. For
example, the performance of steel against steel is better than that of pure iron against pure
iron [17].

Some polymers can also be used in sliding combinations with hard metals and the friction
behaviour depends on the polymer characteristics. Ceramics sliding against themselves or
against metals show quite high friction and adhesive wear rates once the temperature is high
enough to desorb a lubricating moisture film [11]. These topics are discussed further in
Chapter 16 on ‘Wear of Non-Metallic Materials’.

12.4 SUMMARY

A well disguised tendency for all materials to mutually adhere when brought into a close
contact is the basic cause of adhesive wear. Although atmospheric contaminants and
lubricants provide effective means of preventing adhesive wear they can never entirely
eliminate it. Adhesion results in high coefficients of friction and serious damage to the
contacting surfaces. In extreme cases, when adhesive wear is fully established, the friction
and wear rate can be so high that it may be impossible for the contacting surfaces to continue
sliding. Adhesive wear is the fundamental cause of failure of most metal sliding contacts and
therefore its effective prevention is essential to proper functioning of engineering
machinery.
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O X I D A T I V E  W E A R13
13.1 INTRODUCTION

Corrosive and oxidative wear occur in a wide variety of situations both lubricated and
unlubricated. The fundamental cause of these forms of wear is a chemical reaction between
the worn material and a corroding medium which can be either a chemical reagent, reactive
lubricant or even air. Corrosive wear is a general term relating to any form of wear
dependent on a chemical or corrosive process whereas oxidative wear refers to wear caused
by atmospheric oxygen. Both these forms of wear share the surprising characteristic that a
rapid wear rate is usually accompanied by a diminished coefficient of friction. This
divergence between friction and wear is a very useful identifier of these wear processes. The
questions are: how can corrosive and oxidative wear be controlled? To what extent do the
chemical reactions and corrosion processes dictate the mechanism and rate of wear? Are
corrosive and oxidative wear relatively benign or can they cause immediate failure of
machinery? The answers to these questions are in the understanding of the mechanisms of
corrosive and oxidative wear which are discussed in this chapter.

13.2 CORROSIVE WEAR

The surface chemical reactions which are beneficial in preventing adhesive wear will, if
unchecked, lead to a considerable loss of the underlying material. If a material (metal) is
corroded to produce a film on its surface while it is simultaneously subjected to a sliding
contact then one of the four following processes may occur [1]:

· a durable lubricating film which inhibits both corrosion and wear may be formed;

· a weak film which has a short life-time under sliding contact may be produced and
a high rate of wear may occur due to regular formation and destruction of the
films. The friction coefficient may or may not be low in this instance;

· the protective surface films may be worn (e.g. by pitting) and a galvanic coupling
between the remaining films and the underlying substrate may result in rapid
corrosion of the worn area on the surface;

· the corrosive and wear processes may act independently to cause a material loss
which is simply the sum of these two processes added together.

These hypothetical models of corrosive wear are illustrated schematically in Figure 13.1.
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FIGURE 13.1 Models of interaction between a corrosive agent and a worn surface.

The first process is dominated by the formation of durable lubricating films. If such films
prevail then the worn contacts are well lubricated and corrosive wear does not occur.
Unfortunately very few corrosion product films are durable so that this category of film
formation is rarely seen in practice. The second process is related to the formation of a
sacrificial or short life-time corrosion product film under sliding contacts. This is the most
common form of corrosive wear since most corrosion films consist of brittle oxides or other
ionic compounds. For example, the oxides of iron are extremely brittle at all but very high
temperatures [2]. The third process relates to wear in highly corrosive media while the fourth
process is effectively limited to extremely corrosive media where the corrosion products are
very weak and are probably soluble in the liquid media. It is very unlikely that wear and
corrosion, if occurring in the same system, can proceed entirely independently since the heat
and mechanical agitation of a sliding contact would almost inevitably accelerate corrosion.

The formation and subsequent loss of sacrificial or short life-time corrosion films is the most
common form of corrosive wear. This form of wear can be modelled as a process of gradual
build-up of a surface film followed by a near instantaneous loss of the film after a critical
period of time or number of sliding contacts is reached. Since most corrosion films passivate
or cease to grow beyond a certain thickness this is a much more rapid material loss than static
corrosion alone. The process of corrosive wear by repeated removal of passivating films is
shown schematically in Figure 13.2 [3].

The model implies that a smooth worn surface together with corrosion products as wear
debris are produced during the wear process which is well confirmed in practice [4]. Figure
13.2 suggests that static corrosion data could be applied to find the wear rate which would
obviously be extremely useful. Unfortunately frictional temperature rises and mechanical
activation during the process of tribocorrosion prevent this [5].

Typical examples of corrosive wear can be found in situations when overly reactive E.P.
additives are used in oil (condition sometimes dubbed as ‘lubricated wear’ [6]) or when
methanol, used as a fuel in engines, is contaminated with water and the engine experiences a
rapid wear [7].

Another example of corrosive wear, extensively studied in laboratory conditions, is that of
cast iron in the presence of sulphuric acid [8]. The corrosivity of sulphuric acid is very
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FIGURE 13.2 Model of corrosive wear by repeated removal of passivating films [3].

sensitive to the water content and increases with acid strength until there is less water than
acid. Pure or almost pure acid is only weakly corrosive and has been used as a lubricant for
chlorine compressors where oils might cause an explosion [9]. Typical wear and frictional
characteristics of cast iron at different concentrations of sulphuric acid are shown in Figure
13.3.
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FIGURE 13.3 Corrosion, wear and friction characteristics of cast iron as a function of
concentration of sulphuric acid in water at a sliding speed of 0.13 [m/s] and an
apparent contact stress of 1.7 [MPa] [8].

It can be seen from Figure 13.3 that the increase in the coefficient of friction is not followed
immediately by the increase in wear rate which is the specific characteristic of corrosive wear.
The concentration of sulphuric acid significantly affects the wear rate which is also reflected
by the changes in the wear scar morphology as shown in Figure 13.4.
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FIGURE 13.4 Worn surface of cast iron at various concentrations of sulphuric acid [8].

It can be seen from Figure 13.4 that at low concentrations of sulphuric acid, up to 30%
strength, a severe surface attack with pitting prevails. These concentrations of acid are so
corrosive that a significant amount of material is lost as pitting corrosion of the non load
bearing areas of the surface and this represents the wear mechanism at extreme levels of
corrosivity. At 65% acid strength a sacrificial film mechanism of wear becomes dominant
while at 96% acidity a thin long-life film is established which results in a significant
reduction of wear and friction.

A common instance of corrosive wear is that due to oxygen present in oil. It has been shown
that for steel contacts lubricated by oil, most of the wear debris consists of iron oxide and that
removal of oxygen from the oil virtually eliminates wear [4]. When oxygen is present the
worn surfaces become smooth with no pits which indicates wear by periodic removal of a
sacrificial film. This form of wear, however, is usually classified as oxidative wear and is
discussed in more detail further on in this chapter.

The mechanism of corrosive wear and smoothing of the worn surface for oil covered
surfaces in contact with air is illustrated in Figure 13.5.
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FIGURE 13.5 Mechanism of smoothing of the worn surface by mild corrosive wear resulting
from atmospheric oxygen dissolved in the lubricating oil.
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The adoption of ethanol as a fuel for vehicles creates many problems of corrosive wear in
engines. The difficulty with using ethanol or a solution of ethanol in gasoline (known as
‘gasohol’) is that ethanol is hygroscopic and causes water contamination of the fuel. The
absorbed water initiates a form of corrosive wear on engine surfaces [7]. Concentrations of
water as low as 1% can cause significant increases in wear [7] and strict precautions against
water contamination of fuel must be undertaken. The problem of corrosive wear is even
more acute when methanol is substituted for ethanol. Absorption of water causes a
methanol-gasoline solution to divide into two phases, a methanol-gasoline phase and a
methanol-water phase and when this happens, damage to the engine can be very severe.

Corrosive wear is accentuated at elevated temperatures. For example, a 20°C increase in
temperature may double the corrosive wear rate [8]. Therefore cooling of the operating
surfaces is necessary to suppress many corrosive wear problems.

Transition Between Corrosive and Adhesive Wear

As the corrosivity of a medium is reduced it may become a good lubricant at a certain level of
load and sliding speed. However, an excessive reduction of corrosivity or reactivity of a
lubricant may result in severe adhesive wear because of the insufficient generation of
protective surface films. Therefore the composition of lubricants can be optimized to achieve
a balance between corrosive and adhesive wear which gives the minimum wear rate, as
illustrated in Figure 13.6.
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FIGURE 13.6 Balance between corrosive and adhesive wear.

It can be seen from Figure 13.6 that if the lubricant reactivity is too low then adhesive wear
dominates which can be severe. On the other hand if the lubricant reactivity is too high then
corrosive wear becomes excessive. Thus there is an optimal lubricant reactivity for particular
operating conditions.

The transition between sufficient corrosion to generate protective films and adhesive wear is
present in most systems [10]. The transition is dependent on load since as the load is
increased, more asperities from opposing surfaces make contact at any given moment so that
the average time between successive contacts for any single asperity is reduced. Consequently
a higher additive or media reactivity is required when load is increased. Load dependence on
lubricant reactivity is illustrated schematically in Figure 13.7.

The classic evidence of the transition between corrosive and adhesive wear is provided by
experiments involving steel contacts lubricated by oil containing various concentrations of
dissolved oxygen [10]. In the tests conducted in a ‘four-ball’ machine it was found that the
wear rate was reduced as oxygen concentration was lowered until a critical point was reached
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FIGURE 13.7 Load dependence of transition between corrosive and adhesive wear.

at which the wear rate sharply increased. There was an optimum oxygen concentration in the
oil which gave a minimum wear rate of the steel for any specific level of load. The optimum
oxygen concentration also rose with increasing load as shown in Figure 13.8.
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FIGURE 13.8 Effect of oxygen concentration in lubricating oil on wear [10].

A similar balance between corrosive and adhesive wear was also observed when sulphur was
used as the corrosive agent [11]. In tests where copper pins were slid against a hard steel disc
lubricated by pure hexadecane with various concentrations of sulphur, a clear minimum in
wear rate at 0.01 [wt%] of sulphur was obtained.
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There is, however, no universal value of corrosive agent concentration that gives a
minimum wear rate since it varies with load and temperature and has to be found
experimentally for any particular sliding contact. For example, sulphur-based E.P. additives
function by controlled corrosion and the choice of the E.P. additive (i.e. mild or strong) is
based on finding the minimum wear rate for specific conditions.

Although the presence of the minimum wear rate has been conclusively demonstrated,
there is still a lack of evidence as to whether there is a change in the wear mechanism at this
point. Only a small amount of information is available in the literature on this topic
although it seems that detailed studies of wear debris and worn surfaces could provide some
answers.

Synergism Between Corrosive and Abrasive Wear

Abrasion can accelerate corrosion by the repeated removal of passivating films and a very
rapid form of material loss may result. This wear process is particularly significant in the
mineral processing industries where slurries containing corrosive chemicals and abrasive
grits must be pumped, transported and stirred. The first report of the process which was well
disguised by the fact that although corrosion was occurring the surface remained untarnished
due to the prompt removal of corrosion products was provided by Zelders [12]. The generally
accepted model of corrosive-abrasive wear is shown in Figure 13.9. The model is based on
cyclic film formation and removal by corrosive and abrasive action respectively. Material is
lost in a pattern similar to the model of corrosive wear illustrated in Figure 13.2.

This mechanism of wear prevails when the rate of mechanical abrasion under dry conditions
is less than the corrosion rate without abrasive wear [13]. When mechanical abrasion is more
intense, corrosive effects become insignificant [13]. It is probable that when corrosion is slow
compared to abrasive wear the grits remove underlying metal with little interference from
the corrosion film. Resistance of materials under corrosion-abrasion depends on their
resistance to corrosion. It has been shown that a soft but non-corrodible organic polymer can
be more long-lasting as a lining of a slurry pipe than a hard but corrodible steel [14].
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FIGURE 13.9 Cyclic removal of corrosion product films by abrasion (adapted from [13]).

Although most of the studies on corrosive-abrasive wear have concentrated on aqueous
systems, lubricating oils contaminated by grits may also cause wear by the same process. It has
been found that the contamination of lubricating oils by silica (sand) or iron oxides at levels
as low as 0.01% by weight, can so dramatically accelerate the wear of rotary compressors that
the unit fails after a few hours of operation [15]. In such cases it appears that corrosive-
abrasive wear dominates since large quantities of iron-oxide debris as well as metallic debris
are found.
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Tribochemical Polishing

It needs to be realized that the corrosive wear is not always an entirely destructive process.
For example, corrosive wear can be utilized to produce very smooth surfaces where the
component is polished in a moderately active chemical reagent or water. This technique is
known as tribochemical or chemo-mechanical polishing and can be used to polish a range of
ceramics and metals. The principle of tribochemical polishing is similar to that illustrated in
Figure 13.5. The thin corrosion film is cyclically formed and removed from asperities by a
rubbing solid and the worn surface is gradually levelled attaining at the end a very high level
of polish. It appears that the only common metal that cannot be effectively polished in this
manner is aluminium [39]. Aluminium is covered with a film of aluminium oxide which is
chemically unreactive compared to the underlying aluminium. This means that the
aluminium oxide tends to remain intact while an intense corrosion of aluminium, exposed
by small holes in the oxide layer, occurs resulting in rough and pitted surface.

Tribochemical polishing has been used to generate very smooth surfaces on silicon nitride,
silicon and silicon carbide [39]. When silicon nitride slides in water the tribocorrosion
products formed at the contacting asperities dissolve and this subsequently results in very flat
surfaces with extremely low surface roughness. For example, surface roughness as low as
Ra = 0.5 [nm] at 50 [µm] cut-off and 4 [nm] at 8 [mm] cut-off has been reported [39]. This
method of surface polishing does not produce surface defects such as scratches and pits often
found on traditionally polished surfaces with fine abrasive particles.

Tribochemical polishing is effective only when the following conditions are satisfied:

· friction at the asperities is sufficient to generate tribocorrosion products,

· mechanical stresses are low to avoid any surface deformation or fracture, and

· corrosive medium is not too aggressive to cause corrosion outside the frictional
contact [39].

13.3 OXIDATIVE WEAR

Oxidative wear is the wear of dry unlubricated metals in the presence of air or oxygen.
Atmospheric oxygen radically changes the friction coefficients and wear rates of dry sliding
metals and there are several different mechanisms involved in the process. Oxidative wear
was postulated when changes in the chemical composition of wear debris generated in dry
sliding of steels under different levels of load and sliding speed were observed [16]. It was
found that when the load and sliding speed were high enough to increase the frictional
contact temperature to several hundred degrees Celsius, the wear debris changed from
metallic iron to iron oxides. It was hypothesized later that when thick oxide films were
formed on the worn surfaces then ‘mild wear’ prevailed [17] and if the thick oxide films were
absent or broken down then ‘severe wear’, which is a form of adhesive wear, was inevitable
[17]. Oxidative or mild wear shows a moderate and stable coefficient of friction of about 0.3 -
0.6 compared to much larger fluctuating values for severe wear. The characteristic features of
oxidative wear are smooth wear surfaces and small oxidized wear debris.

Instances of oxidative wear can be found in cases when a high process temperature causes
rapid oxidation and the formation of thick oxide films. Examples are found in some metal
working operations such as hot rolling and drawing of steels. The hole piercer used in the
hot drawing of tubes, Figure 13.10, provides a particularly good example of oxidative wear
[18]. A multilayer ‘cap’ of scale and deformed metal accumulates at the tip of the piercer and
the thickness of the scale (thick oxide film) can be as high as 0.1 [mm].

A more mundane example of oxidative wear takes place in train wheels when a cast iron
brake block is applied to a rotating steel tyre.
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FIGURE 13.10 Thick oxidative wear scales formation on piercing tools (adapted from [18]).

Kinetics of Oxide Film Growth on Metals at High and Low Temperatures

Oxide films are present on almost all metals and will form on any clean metal surface
exposed to oxygen even at cryogenic temperatures. The oxidation rate of metals is dependent
on temperature as is expected of a chemical reaction. The kinetics of metallic surface
oxidation has a controlling influence on oxidative wear. At low or ambient temperatures, e.g.
20°C, the oxidation of metal is initially rapid and is immediately followed by the passivation
of the surface which limits the oxide film thickness [19]. The limiting film thickness can be as
low as 2 [nm] (about 5 atom layers) for steels when the temperature is below 200°C [20]. If the
temperature of steel is increased to, for example, 500°C, almost unlimited oxidation occurs
which results in a very thick oxide film, e.g. in the range of 1 - 10 [µm]. The distinction
between these two forms of oxidation is illustrated in Figure 13.11.
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FIGURE 13.11 Kinetics of metal oxidation at high and low temperatures.

The difference in oxidation kinetics results from much more rapid movement of oxygen or
metal ions across the oxide film at high temperatures, when solid state diffusion is sufficient
to ensure adequate transport of the metal or oxide ions necessary for a continuous film
growth [19]. At low temperatures, an electric field exerted by the difference in electrochemical
potential across the film [20] or an activated mechanism of ‘place exchange’ where atoms of
oxygen and iron exchange positions in the oxide film crystal lattice [21] are necessary to
ensure oxidation. These latter mechanisms are limited, however, to very thin oxide films
which is the reason for the effective termination of oxidation at low temperatures once a
critical oxide film thickness is reached [20,21].
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At low temperatures, the oxide films are extremely beneficial since they form rapidly and
effectively suppress adhesive wear. If a system operates under mild oxidational conditions
wear is greatly reduced. The oxide layers formed are supported by the strain-hardened
substrate layers which are generated due to plastic deformation. At high temperatures,
however, oxidation resembles corrosion in its high rate of reaction and can become a direct
cause of increased wear. This rapid oxidation at high temperatures forms the base of
oxidative wear. The high temperatures can either be imposed externally or can be due to high
frictional heating at high speeds and loads as illustrated in Figure 13.12.

 

Metal oxide

Oxygen

Frictional heat

High sliding speed

Metallic surface with
thin oxide film

characteristic
of ambient

temperatures

Rapid oxidation of
metal during transient
high temperature

FIGURE 13.12 Rapid oxidation of metallic surfaces at high contact temperatures.

· Oxidative Wear at High Sliding Speeds

At sliding speeds above 1 [m/s] the surface flash temperatures can be as high as several
hundred degrees Celsius and if the load is low enough to permit mild wear, oxide films
several micrometers thick can build up on the worn surface [22]. Under these conditions the
oxidation proceeds very rapidly, especially at the high contact spots. Because the oxide layers
formed are thick enough to physically separate the wearing surfaces, it is reasoned that the
oxidative wear which occurs must be due to the formation and removal of these thick oxide
layers. A fairly accurate model to predict wear rates from basic parameters such as load, speed,
and static oxidation characteristics has been developed [23]. This model, however, involves
the theory of oxide film growth which, although well established, is very complex [19] and
too specialized to be described in detail in this book.

At the onset of sliding contact, at high speed, the thin oxide films present on unworn steel
surfaces are rapidly destroyed and the friction and wear rates increase, initiating a period of
severe wear. Then by some poorly understood processes the worn surface recovers and a state
of mild wear is reached. The thick oxide layers are established and the wear rate declines
markedly. When each oxide layer reaches a critical thickness, it becomes too weak to
withstand the load and frictional shear stress and is removed during the sliding.

An alternative mechanism of oxide layer removal is due to a fatigue process which is
initiated after a certain number of contacts with the opposing surface is reached [24,25]. The
sequence of events associated with the formation and removal of oxide layers is illustrated
schematically in Figure 13.13 [26].

It should be realised that at high sliding speeds any asperity of a surface is subjected to a
random sequence of short periods of high temperature oxidation when contact is made with
asperities of an opposing surface as shown schematically in Figure 13.14. The kinetics of
oxidation is governed by the temperature level at the asperity contacts, i.e. ‘high spots’.

The average frequency and duration of the high temperature oxidation periods, the oxidation
temperature as well as the average lifetime of the oxide layers determine the wear rate under
these conditions [23]. The oxidative wear model was developed based on the classical theories
of high temperature oxidation [23]. This, however, seems to be a highly controversial
assumption since there are distinct differences between oxidation under ‘static conditions’
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and ‘tribo-oxidation’ [26]. For example, in static corrosion, a uniform temperature across the
oxide film is almost certain. In contrast, in tribo-oxidation a temperature variation across the
oxide film is probable [27] and this will almost certainly affect the oxidation rate.
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FIGURE 13.13 Mechanism of oxidative wear at high sliding speeds (adapted from [26]).
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FIGURE 13.14 Periodic rapid oxidation between the asperities in dry high-speed sliding
contact; d is average diameter of thick oxide patches [26].

· Oxidative Wear at Low Sliding Speeds

When a steel surface is exposed to air and subjected to low speed sliding wear the initial thin
(about 2 [nm]) films are rapidly worn away and a period of severe or adhesive wear results.
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At low sliding speeds below 1 [m/s] frictional temperature rises are not high enough to cause
rapid oxidation at the asperity tips. Although thick oxide films still form on the worn surface,
they are the result of wear debris accretion, not direct oxidation. The fractured oxides and
oxidized metallic wear particles compact to form oxide ‘islands’ on the worn surface. The area
of these ‘islands’ increases with the sliding distance. The development of ‘islands’ is
accompanied by a progressive reduction in the coefficient of friction [28]. The top surface of
the ‘islands’ is smooth and consists of plastically deformed fine oxide debris. Directly,
underneath this top layer there is mixture of much larger oxide and oxidized particles. This
sequence of events taking place during the process of oxidative wear at low sliding speeds is
schematically illustrated in Figure 13.15.
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FIGURE 13.15 Mechanism of oxidative wear at low sliding speeds (adapted from [26]).

The process of wear at low sliding speeds is particularly effective in forming debris consisting
of a finely divided mixture of oxides and metal. Wear particles are formed and successively
deformed, a process which creates a continuous supply of nascent metallic surface for
oxidation by atmospheric oxygen. The mechanism of formation of such particles involving
wear debris oxidation and oxide-metal blending is illustrated schematically in Figure 13.16.

The variation in friction coefficient with sliding distance or more precisely with the number
of sliding cycles depends on the spread of thick oxidized layers over the surface. It declines
from an initially high value to a more moderate value as the thick oxidized layers attain
almost complete coverage of the worn surface [28].

· Oxidative Wear at High Temperature and Stress

When the temperature is progressively increased from close to ambient to several hundred
degrees Celsius, oxidative wear of a metal becomes more intense. The time necessary for the
development of the wear protective, compacted oxide layers, is reduced [29] and the quantity
of oxidized wear particles and the thickness of the oxide film are dramatically increased. This
is associated with the increase in oxidation rate at higher temperatures. Usually the fractured
fine metallic debris which remains on the worn surface is oxidized and compacted into a
‘glaze’. As the glaze spreads over the worn surface the wear process becomes ‘mild’. A
practical example of this form of wear is found in gas turbine components where thermal
cycling causes slow periodic movements between contacting surfaces [29].

Nickel based alloys such as Inconel are structurally useful to temperatures as high as 800°C. It
has been found that the wear rates of these materials in open air tend to increase at the
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FIGURE 13.16 Formation of debris consisting of a mixture of oxide and metal.

temperatures above 400°C and 800°C while the friction coefficient exhibits a contrary trend
[40]. This decline in friction coefficient is attributed to increased plasticity of the oxide film at
elevated temperatures. Stellite, which is a cobalt based alloy, also exhibits a similar transition
from mechanical wear, characterised by severe plastic deformation, to oxidative wear at
temperatures exceeding 400°C. However, the rise in wear rate with temperature is much
lower than that for nickel based alloys.

At high contact stresses, e.g. at the contact between rolled steel and its hot rolling work roll, a
different mode of oxidative wear can occur. In this case, the contact stresses are sufficient to
cause plastic deformation of the roll surface and fracture of the oxide film. A phenomenon
known as ‘peeling’ occurs where oxide penetrates the worn surface to enclose a quantity of
surface material [41]. The brittleness of the oxide (mostly iron oxide), facilitates detachment of
lumps of metal by sudden fracture of the oxide. Loss of large lumps of steel from an
apparently undamaged roll then occurs, hence the name ‘peeling’. Peeling can cause rapid
damage to the roll and should be avoided wherever possible.

· Oxidative Wear at Low Temperature Applications

Oxidative wear persists even at very low temperature applications, e.g. in rocket engine
turbopumps [42-44]. Rocket turbopumps contain rolling bearings which operate under
immersion in liquid oxygen or liquefied hydrocarbon gases. As these bearings must remain
functional for the duration of the rocket flight careful control of wear in the hostile
environment of liquid oxygen is essential. A comparative laboratory wear tests of ball
bearings in liquid oxygen and liquid hydrogen revealed more rapid wear by liquid oxygen
[44]. The examination of worn bearings from space shuttle turbopumps indicated that
excessive damage was due to adhesive wear/shear peeling following the breakdown of the
oxide scale formed on the balls and rings [42].
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· Transition Between Oxidative and Adhesive Wear

Sharp transitions, referred to as ‘T1’ and ‘T2’ [30], between oxidative (mild) and adhesive
(severe) wear are observed in metal-to-metal dry sliding contacts. The transition loads
depend on the material properties of the sliding surfaces and their relative velocity. The
relationship between wear rates and applied load for sliding steel contacts is schematically
illustrated in Figure 13.17.
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FIGURE 13.17 Transition between oxidative and adhesive wear (adapted from [30]).

Below the transition ‘T1’ the surfaces are separated by oxidized layers and the wear debris
consists of small oxidized particles. Between ‘T1’ and ‘T2’ higher contact loads cause the
breakdown of the protective oxide layers and metallic particles appear in the wear debris.
Above the ‘T2’ transition the oxide layers are established again and are protected by a
hardened subsurface layer (white layer). Below ‘T1’ and above ‘T2’ the wear is classified as
mild (oxidative) and between ‘T1’ and ‘T2’ as severe (adhesive).

· Oxidative Wear Under Lubricated Conditions

Under lubricated conditions, surface temperatures are moderate since friction coefficients are
usually low and consequently oxidative wear is relatively slow. Even when there is a
temperature peak occurring in the contact area, the movement of oxygen to the reaction
surface is inhibited by extremely low solute diffusivity coefficients in oil or other liquids at
high pressures [31]. The extremely high oil pressures encountered in elastohydrodynamic
contacts cause the viscosity of the oil to rise and solute diffusivity coefficients to fall. It is a
general law for many fluids that with varying pressure, the product of viscosity and
diffusivity is nearly constant [32]. It is quite probable that unless the oxygen is already
adsorbed onto the surface outside the contact, it will not react with the surface [31].

Oxidation processes play an important role in boundary lubrication, where asperity contacts
frequently occur. Oxidation of the asperities prevents direct metal-to-metal contact. It was
found quite early on that oxide films on the sliding surfaces are necessary for the boundary
films formed by lubricant additives to be effective [33,34]. Increased wear has been observed
when oxygen is removed from the lubricant [35]. As shown in Figure 13.8, the wear rate in
boundary lubrication depends on the oxygen concentration and the optimum concentration
for minimum wear is often found [10].

The wear debris of oil-lubricated steel contacts was found to be extremely fine oxide particles
and an oxide film of thickness approximately 100 [nm] was observed to build up on the worn
surface [4]. It appears that wear in such circumstances is by the periodic loss of thin oxide
films which form slowly at relatively low temperatures.
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Means of Controlling Corrosive and Oxidative Wear

The addition of corrosion inhibitors to the lubricating oil or process fluid can be an effective
means of controlling corrosive wear [36]. However, in lubricated systems there is a significant
risk of interfering with vital lubrication additives so that ad hoc addition of corrosion
inhibitors to lubricating oils is unwise. The corrosion inhibitors can function by the
adsorption or the formation of a passivating layer on the operating surface.

Many corrosion inhibitors work by forming a strongly adsorbed monomolecular layer on the
protected surface. This layer acts as a barrier which prevents oxygen and water from reaching
the surface. The corrosion inhibitor may, however, displace adsorbed layers of lubricants and
promote adhesive wear. E.P. lubrication, which is a form of controlled corrosion, may also be
disrupted by corrosion inhibitors. Most oils are used to lubricate a number of contacts, all of
which usually operate under different loads and sliding speeds. Consequently if, for example,
a corrosion inhibitor is added to suppress corrosive wear in one contact, much more severe
adhesive wear may be initiated in an adjacent contact.

Where there is no danger of disrupting lubrication, e.g. in a contact immersed in the process
fluid, then the addition of corrosion inhibitors to the wetting fluid can produce a significant
reduction in the wear rate [36]. The severity of corrosion and wear determines the selection of
an optimum corrosion inhibitor. When corrosion is severe but wear is mild, then a
corrosion inhibitor which forms a passivating film is the most suitable. When loads or wear
are severe but corrosion is relatively mild, then an inhibitor which functions by adsorption
to produce a lubricating layer is the most suitable. In this case, even a weak corrosion
inhibitor may be effective. When both corrosion and wear are severe, an effective corrosion
inhibitor which adsorbs strongly to the worn surface is essential [36].

Since most forms of corrosive wear involve electrochemical reactions, it may be possible to
suppress the wear by imposing a cathodic potential on the wearing surface. Tests on titanium
alloy worn in the presence of sulphuric acid revealed that although the application of
cathodic protection could suppress wear it could not completely prevent it [37]. This
deficiency of cathodic protection resulted from the evolution of hydrogen on the wearing
surface leading to hydrogen embrittlement [37,38]. It appears that a wearing surface, probably
due to the high level of sustained stress, is more sensitive to hydrogen embrittlement than a
surface subjected to static corrosion.

There is only limited research data published on the control of oxidative wear since this form
of wear is relatively harmless when compared to other forms of wear, e.g. adhesive wear.
Under certain conditions oxygen and the formation of oxides can substantially reduce wear,
and then the oxidative wear can be regarded as beneficial. In other cases, e.g. when very hard
ion implanted surfaces are used, the excessive oxidative wear has to be controlled. The most
direct method of suppressing oxidative wear is to remove the source of oxygen which, in
almost all cases, is air. Exclusion of air could be achieved by providing a flow of nitrogen to
the wearing contacts, but care must be taken to prevent a complete exclusion of oxygen as this
may result in severe adhesive wear. This method of nitrogen ventilation, however, is not
practical. It might be possible to modify the metallic surface by coatings in order to produce an
oxidation resistant surface, but this method still needs to be confirmed experimentally.

13.4 SUMMARY

Whenever the two independent processes of corrosion and wear occur simultaneously, it is
almost certain that there will be a strong mutual interaction. Except in cases where a limited
degree of corrosion, or more exactly, surface film forming reaction, is essential to prevent
adhesive wear, this interaction causes an undesirable acceleration of material loss rate.
Practical remedies to this problem include the removal of corrosive agents or the
substitution of an inert material for the sliding contact. The reduction of temperature at the

TEAM LRN



568 ENGINEERING TRIBOLOGY

sliding contact slows down the corrosion rate and also helps to minimize the overall wear
damage. Corrosion inhibitors based on strong adsorption to the corroding surface can be
effective in controlling corrosive wear, however, they may interfere with the adsorption
lubrication of the sliding contact of immediate concern or else with an adjacent contact
lubricated by the same oil or process fluid. Other types of inhibitors, e.g. those which involve
the formation of a passive layer, are usually ineffective.

Oxidative wear occurs when oxygen can access a hot sliding metallic contact. This form of
wear is similar to corrosive wear except for the tendency of metallic oxides to mix with the
worn metal and form debris layers of mixed metal and oxide. It may be possible to suppress
this form of wear in a similar way as corrosive wear is suppressed, i.e. by chemical inhibition,
but this has not apparently been widely tested. It is also not always desirable to suppress
oxidative wear. Oxidative wear is characterized by reduced wear and friction compared to
adhesive wear and therefore it is often deliberately induced, especially in dry sliding
conditions.
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F A T I G U E  W E A R14
14.1 INTRODUCTION

In many well lubricated contacts adhesion between the two surfaces is negligible, yet there is
still a significant rate of wear. This wear is caused by deformations sustained by the asperities
and surface layers when the asperities of opposing surfaces make contact. Contacts between
asperities accompanied by very high local stresses are repeated a large number of times in the
course of sliding or rolling, and wear particles are generated by fatigue propagated cracks,
hence the term ‘fatigue wear’. Wear under these conditions is determined by the mechanics
of crack initiation, crack growth and fracture. Worn surfaces contain very high levels of
plastic strain compared to unworn surfaces. This strain and the consequent modification of
the material's microstructure have a strong effect on the wear processes.

The term ‘contact fatigue’ or ‘surface fatigue’ commonly used in the literature is technical
jargon for surface damage caused by a repeated rolling contact. It refers to the initial damage
on a smooth surface and is most often used in the context of rolling bearings. Rolling
bearings rely on smooth undamaged contacting surfaces for reliable functioning. A certain
number of rolling contact cycles must elapse before surface defects are formed, and their
formation is termed ‘contact fatigue’. Once the rolling surfaces of a bearing are pitted, its
further use is prevented due to excessive vibration caused by pits passing through the rolling
contact. Bearing failure caused by contact fatigue is usually sudden and is highly undesirable
especially when the bearing which is critical to the proper functioning of the machinery, e.g.
in a jet engine, is involved. It is common experience that when a rolling bearing fails, e.g. in
a car axle, much labour-intensive dismantling and re-assembly is usually required. For these
reasons contact fatigue, particularly of lubricated metal contacts, has been the subject of most
of the research programs related to wear under rolling contact.

Practical questions arise such as: what are the characteristic features of fatigue wear? What is
the mechanism involved in wear particle formation in this wear mode? How can fatigue
wear be recognized and controlled? Can lubrication be effective in controlling fatigue wear?
Fatigue wear can cause severe problems which prevent the effective functioning of essential
equipment, and an engineer should know the answers to these questions and many more.
The fundamental characteristics of fatigue wear and ways of controlling it are discussed in
this chapter.
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14.2 FATIGUE WEAR DURING SLIDING

Examination of worn surfaces in cross section reveals intense deformation of the material
directly below the worn surface [e.g. 1]. For example, it has been shown that under conditions
of severe sliding with a coefficient of friction close to unity, material within 0.1 [mm] of the
surface shifted in the direction of sliding due to deformation caused by the frictional force.
Also, close to the surface the grain structure is drawn out and orientated parallel to the
wearing surface [1]. Obviously under the lower coefficients of friction which prevail in
lubricated systems, this surface deformation is less or may even be absent.

Strains caused by shearing in sliding are present some depth below the surface reaching the
extreme values at the surface. The strain levels in a deformed surface layer are illustrated
schematically in Figure 14.1 [2].

 

Very highly deformed material

Moderately deformed material

Bulk material: undeformed

FIGURE 14.1 Strain levels in a deformed surface [2].

The strain induced by sliding eventually breaks down the original grain structure at the
surface to form dislocation cells. These cells can be described as submicron regions, relatively
free from dislocations, which are separated by regions (walls) of highly tangled dislocations
[3,4]. Cellular structure directly beneath worn surfaces of metallic materials has been observed
in transmission electron microscopy studies [e.g. 3-5]. The new structure is found to be
similar, if not identical, to the structure occurring in heavily worked metals [3].

Materials vary greatly in their tendency to form dislocation cells which, according to general
metallurgical theory, depends on stacking fault energy, i.e. high stacking fault energy
promotes cell formation. For example, aluminium, copper and iron have a high stacking
fault energy and therefore readily form dislocation cells. At the interface the cells are
elongated in the direction of sliding and are relatively thin resembling layers of flat ‘tiles’.
The high energy cell boundaries are probable regions for void formation and crack
nucleation [3]. The formation of a wear particle can be initiated at the cell walls which are
orientated perpendicular to the direction of sliding [4] since the crack can propagate along the
cell boundary. Alternatively, the crack can be initiated at a weak point below the surface and
subsequently propagate to the surface resulting in the release of a wear particle.

Plastic deformation of the surface layer under sliding was simulated by moving a hard blunt
wedge against a soft flat surface. It was found that during the process material piles up in
front of the moving wedge without detaching from the surface. During repetitive sliding, the
piled up material does not move with the wedge and instead, the wedge passes continuously
through the protuberance of deformed surface. This movement resembles a wave and
therefore the concept of waves of material being driven across a surface by hard asperities has
been suggested [6]. To accommodate the ‘wave’, very high strains are sustained leading to the
cracking of the material in the wave. However, how closely these experimental findings
correspond to strain processes occurring between the asperities in wearing contacts still needs
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to be investigated. The example of such a ‘wave’ of deformed material is shown in Figure
14.2.

  

200µm200µm

FIGURE 14.2 Accumulation of material on the surface due to the passage of a blunt wedge
and the resulting plastic deformation [6].

Surface Crack Initiated Fatigue Wear

Cracks and fissures have frequently been observed on micrographs of worn surfaces. The
mechanism of surface crack initiated fatigue wear is illustrated schematically in Figure 14.3.
A primary crack originates at the surface at some weak point and propagates downward along
weak planes such as slip planes or dislocation cell boundaries. A secondary crack can develop
from the primary crack or alternatively the primary crack can connect with an existing
subsurface crack. When the developing crack reaches the surface again a wear particle is
released [7].

 

Crack initiation as a result of fatigue processes1) Primary crack propagation along slip plane2)

Adhesion or
high friction

Secondary crack initiation3) Secondary crack propagation and formation
of wear particle 

4)

Wear particle

FIGURE 14.3 Schematic illustration of the process of surface crack initiation and propagation.

Therefore it has been found that during unlubricated sliding, in particular reciprocal sliding,
wear particles can form due to the growth of surface initiated cracks [1,8-10]. During sliding
planes of weakness in the material become orientated parallel to the surface by the already
discussed deformation processes, and laminar wear particles are formed by a surface crack
reaching a plane of weakness as illustrated in Figure 14.4.
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Crack initiation

Crack propagationRelease of
wear particle

100µm

FIGURE 14.4 Schematic illustration of mechanism of wear particles formation due to growth
of surface initiated cracks (adapted from [11]) and an example of fatigue wear
particle formation on cast iron.

The accumulated evidence suggests that fatigue wear during sliding is a result of crack
development in the deformed surface layer. This also seems to be supported by an observed
proportionality between the average thickness of the wear particles and the thickness of the
deformed layer as illustrated in Figure 14.5 [9].

It has been demonstrated in wear and fatigue experiments conducted with chemically active
and noble metals under various pressures that this type of wear is strongly affected by the
presence of oxygen [10]. For example, wear rates and the reciprocal of fatigue lives as a
function of atmospheric pressure for chemically active metals, e.g. nickel, and noble metals,
e.g. gold, are shown in Figures 14.6 and 14.7 respectively.

It can be seen from Figure 14.6 that for the chemically active metals there is a distinct increase
in wear rate and decrease in fatigue life with increased pressure, which is a function of
oxygen concentration. On the other hand, it can be seen from Figure 14.7 that for noble
metals, i.e. gold, wear rate and fatigue life are independent of pressure.

TEAM LRN



FATIGUE WEAR 575

 

0
0

Mean thickness of wear fragments [mm]

0.1

0.2

0.01 0.02 0.03 0.04 0.05
T

hi
ck

ne
ss

 o
f d

ef
or

m
ed

 la
ye

r 
[m

m
]

FIGURE 14.5 Relationship between mean wear particle thickness and the thickness of the
deformed layer [9].
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FIGURE 14.6 Dependence of wear rates and fatigue life of nickel on atmospheric pressure [10].

This phenomenon can be explained in terms of the ability of metals to form oxide films in
the vicinity of the crack tips, as schematically illustrated in Figure 14.8. Surfaces of nickel and
copper rapidly form films of oxide when exposed to air, whereas gold forms, at most, an
adsorbed layer of oxygen. If an oxide film can form on the freshly exposed surface at a crack
root, then healing of the crack by adhesion of the fracture faces cannot take place. Lowering
the pressure of air (and oxygen) slows down the oxide film formation to the point where
crack healing may occur. Therefore fatigue life can considerably be extended when oxygen
and oxide films are absent. This effect does not take place in metals which do not form oxide
films.

Subsurface Crack Initiated Fatigue Wear

During sliding contact between two bodies, much of the damage done to the material of each
body occurs beneath the sliding surfaces. A worn surface can remain quite smooth and
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lacking in obvious damage, while a few micrometres below the surface processes leading to
the formation of a wear particle are taking place [12].
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FIGURE 14.7 Dependence of wear rates and fatigue life of gold on atmospheric pressure [10].
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FIGURE 14.8 Effects of oxide films on surface crack development.

When two surfaces are brought into sliding contact, the random asperity topography on both
surfaces is soon replaced by a smooth surface [13] or a series of grooves aligned in the
direction of sliding [14]. If the two sliding materials differ in hardness, the softer material
loses its asperities first but those on the harder surface also eventually disappear. Cyclic
plastic deformation occurs over the whole area of the worn surface as the loaded asperities
pass over the surface and the frictional traction forces intensify the plastic deformation [15].
Strain in the material immediately beneath the worn surface may reach extremely high
levels [16] but does not contribute directly to crack growth since a triaxial compressive stress
field occurs directly beneath a contacting asperity [13]. If a crack cannot form at the surface it
will form some distance below the surface where the stress field is still sufficiently intense for
significant crack growth.

Most engineering materials contain inclusions and other imperfections which act as nuclei
for void formation under plastic deformation. These voids form a plentiful supply of
initiators for crack growth as illustrated schematically in Figure 14.9.
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FIGURE 14.9 Illustration of a process of subsurface crack formation by growth and link up of
voids (adapted from [12]).

The development of voids by plastic deformation is a result of dislocation pile up at hard
inclusions. These voids enlarge with further deformation since they act as traps for
dislocations. Crack growth does not proceed very near the surface because of the large plastic
zone around its tip, but is confined to a narrow range of depth where hydrostatic or triaxial
stress is small but shear stresses are still large [16]. All these factors favour the growth of a
crack parallel to but beneath the surface. At some unspecified point the crack finally turns
upwards to the surface and a long thin laminar particle is released. The name of this theory,
introduced by Suh in 1973, relates to the wear particle shape and it is known as ‘the
delamination theory of wear’ [12]. The theory has been confirmed by a number of microscopy
studies and experimental data [e.g. 15,17].

The hypothesis that void nucleation is a necessary step in the formation of a wear particle
suggests that very clean materials with no inclusions will exhibit very low wear rates. This
prediction has been confirmed experimentally by measuring the wear rates of a range of
metals sliding unlubricated against steel [17]. Pure iron, several different steels and pure
copper were tested. It was found that pure copper (99.96% purity) slid against steel gives a
wear rate ten times lower than any other material despite exhibiting the highest coefficient of
friction of all the materials tested. On the other hand, a steel rich in carbide particles shows a
low coefficient of friction and gives one of the highest wear rates. The wear rate was found to
increase with inclusion density in the material, while friction was determined by adhesion
factors so that complex impure materials exhibited the lowest friction coefficient [17].

Unfortunately the current delamination theory of wear does not include the effect of surface
temperature rises on wear, which are inevitable in sliding contacts. It seems that at the
surface, where temperatures are highest, the material is continually recrystallizing or stress
relieving, unlike the material below the surface. Although the recrystallization of surface
layers has been observed [5], the effect of temperature on delamination wear is yet to be
investigated.

Effect of Lubrication on Fatigue Wear During Sliding

The effect of lubrication or friction reduction on the wear of steel in terms of the
delamination model of wear has been studied [18]. A hardened martensitic steel ball (Vickers
hardness 840) was slid against a normalized steel shaft of Vickers hardness 215 [18]. Pure
hexadecane with or without various lubricant additives was used as a means of varying the
friction while keeping other factors that might affect the wear rate as unchanged as possible.

The application of a lubricant reduces friction, and variation in friction levels was found to
affect the delamination type wear mechanism [18]. It was found that the delamination type
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wear mechanism in boundary lubricated sliding is predominant at medium levels of friction.
Although delamination may also occur at high levels of friction, it is usually overshadowed
by adhesive wear and material transfer. At low levels of friction, subsurface shear forces are
insufficient to initiate crack growth. In tests conducted in lubricated sliding contacts the
occurrence of delamination was predominant at a coefficient of friction between 0.2 - 0.4 and
was often accompanied by adhesion and material transfer. Between these values of
coefficient of friction, the classic signs of delamination, i.e. subsurface planar cracks, were
found. It was also found that reducing friction slows the process of delamination wear so that
an eventual failure of the sliding contact by delamination can occur after a long period of
operation.

Plastic Ratchetting

A new model of progressive plastic deformation of surfaces during repeated sliding has
recently been proposed to describe metallic wear [75]. The model, known as ‘plastic
ratchetting’, explains the generation of plate-like metallic wear particles, often observed in
boundary lubricated contacts, in terms of the accumulation of plastic strains. Ratchetting
takes place when contact pressure exceeds the elastic shakedown limit [75]. The word
‘ratchetting’ describes the process where large plastic strains are gradually accumulated by the
superposition of small, unidirectional shear strains that are generated at each load cycle. The
accumulated strain is known as ratchetting strain. The deformed material raptures when the
accumulated strain exceeds the critical value of plastic strain. This mode of wear is different
from both high-cycle fatigue wear due to elastic strains and low-cycle fatigue wear due to
large cyclic plastic strains.

In lubricated sliding (low friction) ratchetting results in thin metallic films being extruded
from the contact that then form ‘filmy wear’ particles by breaking off [76]. The generation of
thin particles when a hard ball is slid on a soft rough surface is illustrated schematically in
Figure 14.10 [76].
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Figure 14.10 Schematic illustration of the mechanism of ‘filmy wear’ particles generation
due to plastic ratchetting (adapted from [76]).

It can be noticed from Figure 14.10 that when the asperities (shown as machining grooves)
are perpendicular to the sliding direction, the material is extruded from one side of the
grooves only. When the asperities are parallel to the sliding direction, the material is
extruded from both sides. The plastic ratchetting model is largely restricted to cases when one
surface is much harder than the other and plastic deformation occurs on the softer surface.
However, the case when both contacting surfaces are deformed (often the more realistic case)
is not yet well defined.
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14.3 FATIGUE WEAR DURING ROLLING

During rolling the local contact stresses are very high, concentrated over a small area and
repetitive, and wear mechanisms are determined mostly by material characteristics and
operating conditions as illustrated schematically in Figure 14.11.
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FIGURE 14.11 Mechanisms of wear occurring during rolling.

In the absence of lubrication wear of metals or other oxidizable solids proceeds by the cyclic
fragmentation of oxide films and their subsequent reformation. In other words, a form of
oxidative wear occurs. The most common example of this dry oxidative rolling wear is found
on railway wheels which develop smooth worn surfaces and gradually wear out over several
years of service [19]. Oxidizable ceramics, e.g. the nitrides, display a similar form of wear
although the oxides, particularly silicon dioxide formed from silicon nitride or silicon
carbide, can form durable lubricant films which can suppress wear quite significantly.

When lubrication is applied to metals and an effective EHL film is formed, solid to solid
contact is prevented and the repeated destruction of surface oxide films is suppressed or
terminated. Any wear or surface destruction that occurs is entirely a result of cyclic stress
variation from the repeated rolling contact. Wear or contact fatigue proceeds by the
formation of cracks in the surface that eventually allow a wear particle to detach from the
surface. It should be noted that under dry conditions, wear by crack formation or pitting and
spalling can also occur when contact stresses are excessively high [19,20]. The latter is
especially notable in brittle solids such as oxide ceramics which tend to wear by pitting or
crack formation under rolling contacts.

When a hard body, e.g. steel, is rolled against a much softer polymer, deformation of the
polymer is almost inevitable. Wear occurring in this case is the result of cyclic deformation of
the polymer. Rapid wear may occur until changes in contact geometry caused by wear reduce
contact stresses sufficiently to allow only mild wear.
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Causes of Contact Fatigue

In very broad terms the causes of contact fatigue can be summarized as due either to rolling
material limitations, lubrication, or operating conditions. Material for rolling contacts must
be of very high quality since any imperfections present can act as initiation sites for
developing cracks. The surface finish must also be of high quality since the cracks can
originate from surface imperfections and irregularities. The presence of a lubricant can have
a significant effect on contact fatigue by preventing a true contact between the rolling bodies.
Even the highest quality rolling bearing made of the finest steel will only provide limited
duty if lubrication is neglected. Since most contact fatigue problems occur in rolling bearings
the prevailing form of lubrication where contact fatigue is of practical importance is
elastohydrodynamic lubrication (EHL). The characteristics of EHL therefore have a significant
influence on contact fatigue and an understanding of the fundamentals of EHL is essential to
any interpretation of contact fatigue phenomena. The size and quantity of wear debris and
contaminants present in the lubricant are very important. Wear debris and contaminants can
affect the contact fatigue by denting and scratching the contacting surfaces when passing
through the EHL contact and thus creating new sites for crack development. The operating
conditions such as the stress level and the amount of slip present in the rolling contact can
also significantly affect contact fatigue.

· Asperity Contact During EHL and the Role of Debris in the Lubricant in Contact Fatigue

As was emphasized in previous chapters, it is either difficult or uneconomical to attain
perfect lubrication, i.e. where solid to solid contact is completely prevented. When some
solid contact occurs, even if it is very occasional, sufficient surface damage to initiate contact
fatigue can take place. Solid to solid contact can occur when the asperities from the opposing
surfaces interact, or when debris passes through the elastohydrodynamic contact. Contact
fatigue can originate from the subsequent damage done to the surface, e.g. scratches and
dents, as shown schematically in Figure 14.12.

 

Imperfect EHL

Particles in lubricant

Deformation of opposed surfaces by trapped debris

Asperities

EHL film

Asperity
interaction

Elevated stress
and material deformation

FIGURE 14.12 Contact between the asperities and oversized debris entrainment as a cause of
contact fatigue.

Asperity interaction usually occurs when the minimum film thickness becomes unusually
low, or when the surface roughness is high, or when the bearing is overloaded. The film
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thickness may become unusually low when lubricant viscosity is reduced by elevated
temperature or by high shear rates. As described in Chapter 7 on ‘Elastohydrodynamic
Lubrication’ the minimum film thickness should be greater than 4 times the composite
surface roughness to ensure full separation of the surfaces by an EHL film. For poorly
finished surfaces this condition might not be fulfilled and contact may be established between
the asperities during rolling. Interaction between the asperities can also occur when the
bearing is overloaded. It is therefore desirable to select the lubricant, surface finish and
operating conditions so that interaction is minimized.

When the minimum dimension of the debris (e.g. thickness of planar debris) is greater than
the minimum film thickness, damage to the contacting surfaces is inevitable [e.g. 21-23]. For
example, it was shown that careful filtration of lubricating oil can significantly extend the life
of rolling bearings [e.g. 22,24]. There is usually a number of large wear particles present in
engineering equipment and therefore rolling bearing surfaces can be subjected to damage by
oversized debris entrainment. In practice all precautions should be taken to ensure lubricant
cleanliness.

· Material Imperfections

Material imperfections such as inclusions, weak grain boundaries and zones of high residual
stress are an important source of initiation sites for the development of cracks and formation
of wear particles. These can all cause contact fatigue. Inclusions are particularly detrimental
to contact fatigue resistance, as shown schematically in Figure 14.13, and should be avoided if
at all possible. Steel cleanliness is therefore critical to rolling bearing durability [25].
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FIGURE 14.13 Material imperfection as the cause for contact fatigue.

Self-Propagating Nature of Contact Fatigue Cracks

Once a crack is initiated in the rolling surface, further growth of the crack is facilitated by
changes in the Hertzian contact stress field [26]. A photo-elastic stress field of a Hertzian
contact between two cylinders with an artificially introduced crack is shown in Figure 14.14.

It can be seen from Figure 14.14 that the presence of a crack disrupts the normal Hertzian
stress field of unflawed solids and introduces a large stress concentration around the crack
tip. The photo-elastic stress micrograph displays shear stress which is the stress promoting
crack growth so that it is evident that the presence of a small crack introduces conditions
extremely favourable to further crack growth [26]. Once the crack length becomes comparable
in size to the Hertzian contact diameter or depth at which the maximum shear stress occurs,
it may be assumed that rapid crack extension begins.

Subsurface and Surface Modes of Contact Fatigue

Contact fatigue failure can develop from either surface or subsurface defects. Therefore there
are two modes of contact fatigue, surface and subsurface, which produce pits of distinctly
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FIGURE 14.14 Photo-elastic stress field of a Hertzian contact between two cylinders with an
introduced crack in one of the cylinders [26].

different shape [27]. The mechanisms of surface and subsurface failure modes are illustrated
schematically in Figure 14.15.

Damage by debris in lubricant Asperity interaction

Thick flaky wear particle produced

Surface mode of crack propagation

Crack develops around
material inclusion or flaw

Branching of crack to surface
produces larger cuboidal particle

Crack propagates along plane
of maximum shear stress

Subsurface mode of crack propagation

FIGURE 14.15 Schematic illustration of the surface and subsurface modes of contact fatigue.
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Examples of surface and subsurface initiated spalls are shown in Figures 14.16 and 14.17. It
can be seen from Figure 14.16 that the surface mode of contact fatigue is characterized by a
shallow pit with multiple cracking or flaking at one side of the pit. On the other hand the
subsurface mode of contact fatigue, shown in Figure 14.17, produces a much deeper pit with
clearly defined edges and limited multiple cracking. These two modes of pit morphology are
associated with different causes of contact fatigue.

1mm

FIGURE 14.16 Surface initiated spall.

1mm

FIGURE 14.17 Subsurface initiated spall.

The surface mode of contact fatigue is associated with failure caused by insufficient film
thickness, excessive surface roughness or oversized debris present in the lubricant.
Insufficient film thickness or excessive surface roughness affects the contact fatigue through
the asperity interactions [e.g. 28-30]. An EHL film, of sufficient thickness to prevent
interaction between the asperities, results in a significant reduction of surface originated
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spalls [31,32]. Oversized debris passing through the EHL contact can scratch and dent the
surface. The surface dents and scratches act as points of stress concentration from which
rapidly developing cracks can originate [e.g. 23,24,28,33,34].

The subsurface mode of failure is usually caused by cracks propagating from material
imperfections situated close to the plane of maximum shear stress within the Hertzian
contact [e.g. 27,33]. Microscopic examination of failed rolling elements can therefore provide
much information on the cause of bearing failure.

Since the interfacial thermal resistance across the crack is much higher than the equivalent
passage through a solid metal, a developing crack can block the flow of frictional heat from
the surface layers to the interior of the substrate. In particular, if a crack is oriented parallel to
the surface but at some small depth below it, then surface heating above the crack is more
extreme than for the rest of the worn surface. An elevated degree of physical softening or
even melting and enhanced chemical reactivity may then occur in the surface layers directly
above the crack. These abnormal characteristics are caused by higher frictional temperature
rises that would not otherwise occur without the crack. The extra heating of these surface
layers tends to promote the thermal mound formation and this effect may also be a
contributing factor to fatigue wear.

When cracks reach a critical size spalling occurs and usually large quantities of debris are
released. The debris is usually chunky and large in size so that it will cause further damage to
the contacting surfaces as it passes through the contact. Often contact fatigue failure is also
accompanied by the release of ‘spherical particles’ as shown in Figure 14.18.

5 µm

FIGURE 14.18 Example of a spherical particle formed during contact fatigue.

Although the origin of precursor to spherical particles is still unknown it is generally
believed that the relative motion between opposite crack faces causes some material to detach
from one side of the crack and form the precursor to the spherical particle [35-37]. The
movement of the crack faces continues to roll the particle and simultaneously deform it. A
spherical particle consisting of a mixture of metal and oxide eventually forms after several
million cycles of rolling movement. The mechanism of spherical particle formation is
illustrated schematically in Figure 14.19.

As suggested in Figure 14.19 a sharp bend in the crack can form the precursor to the spherical
particle. However, the formation of the precursor can also invoke adjacent inclusions as
initiation points of cracks to release the particles which either contribute to normal debris or
are rolled up to form spherical particles [38]. Spherical particles produced by contact fatigue
are very distinctive and can provide an early warning of contact fatigue occurring in bearing
systems.
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FIGURE 14.19 Mechanism of spherical particle formation during contact fatigue.

Effect of Lubricant on Contact Fatigue

The lubricant has a critical role in the nature of rolling wear and contact fatigue. Apart from
its capacity to form a lubricating film separating the interacting surfaces, the chemical
components of the lubricant can exert some influence on wear and fatigue in rolling contacts.
EHL films modify the Hertzian pressure and traction distributions. They also influence the
number and severity of asperity interactions and affect the stress concentrations in the
vicinity of surface defects [39]. However, the question is whether EHL films are entirely
beneficial in preventing contact fatigue or if they exhibit some significant limitations. As
discussed already in Chapter 7, there is a pressure spike present in the EHL pressure
distribution. The pressure spike generates local contact stresses which are much greater than
the maximum contact stress predicted by Hertzian theory. There has been much speculation
whether this pressure spike induces contact fatigue by a stress overload and reduces the
fatigue life of a bearing [40]. The role of micro-EHL in suppressing or sometimes promoting
contact fatigue is another aspect of contact fatigue that is still poorly understood.

Hydraulic Pressure Crack Propagation

A known demerit of EHL films is the cyclic changes in traction and contact pressure which
occur during rolling contact at any point on a rolling surface. The crack present on the surface
can be enhanced in EHL contacts by the mechanism known as ‘hydraulic pressure crack
propagation’ illustrated schematically in Figure 14.20. It is suggested that the process occurs in
three stages: an initial crack opening phase caused by traction forces ahead of the rolling
contact, the filling of the crack with lubricant, and its subsequent pressurization when
traction forces and contact stresses close the crack [41]. The hydraulic crack propagation
mechanism is thought to be particularly significant in the surface mode of contact fatigue [42].

It can be seen from Figure 14.20 that the mechanism of hydraulic crack propagation promotes
rapid crack growth after the initiation stage in lubricated rolling contacts. Once a small crack
is formed, the combined action of stress concentration at the crack tip and extreme lubricant
pressure within the crack force it to extend rapidly. Hydraulic crack propagation might be
suppressed by selecting a lubricant of high viscosity and compressibility [43]. This
combination of properties would introduce a pressure loss due to lubricant flow down the
restricted crack space to the crack tip [41].
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FIGURE 14.20 Schematic illustration of the mechanism of hydraulic pressure crack
propagation.

Chemical Effects of Lubricant Additives, Oxygen and Water on Contact Fatigue

Lubricants can react chemically with the rolling surfaces and convey many other reactive
substances such as lubricant additives, oxygen and water. The significance of chemical
interaction to sliding wear has already been described and a similar degree of chemical
interaction has been found for rolling wear. Some lubricant additives have been found to
suppress contact fatigue [e.g. 44-46] but some were found to promote contact fatigue [e.g.
44,46]. The effect was found to be proportional to the chemical reactivity of additives, their
quantity and the type of material [e.g. 44,46,47].

Of greatest practical concern is the deleterious effect of water on contact fatigue resistance of
steels [e.g. 48-51]. It has been shown that as little as 10 [ppm] of water reduces the fatigue life by
about 10% [50]. The increase in water concentration in oil progressively reduces the fatigue
life. For example, 0.01% of water reduces fatigue life by about 32 - 48% [52] while with 6% of
water concentration fatigue life is reduced by about 70% [53].

It is thought that a form of hydrogen embrittlement occurs at the crack tip where unoxidized
metallic (steel) surface is in contact with water dissolved in the lubricant. Water dissociates in
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contact with unoxidized metal to release hydrogen ions which then permeate the metal.
Interstitial hydrogen ions cause dislocation pinning and embrittlement of the metal [54]. A
major function of lubricant additives in rolling contacts is to provide an adsorbed film at the
crack tip which prevents adsorption or dissociation of water. A simplified model of the
acceleration of crack extension by water present in the lubricant and suppression of
detrimental water effect by a lubricant additive are illustrated in Figure 14.21.
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Suppression of water action by additives

Oxide film
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metal
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H+
H+

H+

H+

H+

H+
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Water
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H2O ⇒ H+ + OH−

Water

Crack tip

Water

Action of water
blocked by adsorbed
layer of lubricant additive

FIGURE 14.21 Simplified model of the acceleration of crack extension by water present in the
lubricant and the suppression of the detrimental water effect by a lubricant
additive.

To completely eliminate water from lubricating oils is very difficult and often impractical.
Water can be introduced to the lubricant, for example, through the seals if the system is
operating in an aqueous environment, or even through contact with moist air [50]. Therefore
the effects of various oil additives on reducing the influence of water on contact fatigue have
been studied. It was found that the additives such as isoamyl alcohol, imidazoline [55,56] and
a nonstoichiometric inorganic glassy compound consisting of oxides of ‘B’, ‘P’, ‘Mg’ and ‘K’
(known as ‘nsic-bp1’) [53] are useful for the suppression of detrimental water effects on
contact fatigue.

The formation of a hydrophobic surface film, shown in Figure 14.21, is most likely to occur
with long chain hydrocarbon additives [57]. Three other mechanisms by which oil additives
suppress the deleterious effect of water on fatigue life have also been suggested. These
include a chemical reaction between water and the additive [53], proton neutralization [57]
and water sequestration (by increasing water solubility in the oil and preventing its
adsorption on the surface) [57].

Materials Effect on Contact Fatigue

Material properties play an important role in contact fatigue. The basic requirements of a
material for rolling bearings is that it is sufficiently hard to withstand the Hertzian contact
stresses and is suitable for manufacturing of high precision balls, rollers and rings. High
carbon steel is the most widely used material in rolling contacts as it is relatively cheap and
its hardness is high compared to most other metals. Other metals have scarcely been used for
this purpose because they are either relatively soft or more expensive. Titanium was
suggested as a possible material for dry rolling contacts, i.e. railway wheels [58]. Since this
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metal is less dense than steel it could offer weight reductions, but this idea was not
apparently developed further. With increasing demands for rolling bearings capable of
operating at very high temperatures, ceramic materials are now being applied and tested as
rolling bearing materials.

The failure mode in ceramics under rolling is similar to that of metals. Ceramics tend to
wear by pitting or crack formation even under dry conditions since chemical attack by air is
limited to hydrolysis by moisture. Crack formation is, however, significantly modified by the
microstructure of the ceramic. For example, in silicon nitride the grain boundaries formed
preferred paths for crack propagation resulting in grain pull-out as a dominating wear mode
under rolling [59].

A critical property or characteristic of any steel selected for rolling contacts is its cleanliness or
lack of non-metallic inclusions. Any type of inclusion acts as a stress raiser and can promote
contact fatigue. Vacuum-melting or vacuum-deoxidizing of steels significantly reduces the
number of inclusions and improves resistance to contact fatigue [e.g. 60-64].

It has been speculated that residual compressive stresses present in the material can have
some effect on reducing the maximum shear stress inside the Hertzian contact field and thus
delaying the onset of crack growth [e.g. 65-69] but the experimental evidence is not conclusive
[70].

Influence of Operating Conditions on Rolling Wear and Contact Fatigue

The most direct influence of operating conditions on rolling wear and contact fatigue is
whether rolling speeds and loads allow an elastohydrodynamic lubricating film to form. If
the lubricant film thickness is relatively small compared to the surface roughness and some
sliding as well as rolling occurs then a form of lubricated oxidative wear takes place, as
described in the chapter on ‘Corrosive and Oxidative Wear’. This form of wear is very similar
to dry rolling wear where the effect of increased load is to introduce wear by spalling which
only begins after an initial period of purely oxidative wear on the rolling metal surfaces
[19,71]. When the film thickness is sufficient to fully separate the rolling surfaces then a
genuine form of contact fatigue occurs with phenomena such as hydraulic crack propagation
taking part.

Traction or the generation of frictional stresses in the contact can significantly affect fatigue
wear in both rolling and sliding contacts. As discussed already in the chapter on
‘Elastohydrodynamic Lubrication’ traction is the positive use of frictional forces to transmit
mechanical energy. In traction there is always a speed difference, i.e. sliding, between two
rolling bodies (a small speed difference is a pre-requisite for traction). It is generally well
known that contact fatigue is very sensitive to sliding. Even a small amount of slip
introduced to the rolling contact causes a decline in fatigue life. The interesting effect of
traction is that a faster moving body has a longer fatigue life than the slower body which
experiences sliding [72,73]. This characteristic of traction is illustrated schematically in Figure
14.22.

 

Rolling body

Rolling body

Faster

Slower

Traction force
tending to close cracks

Traction force
tending to open cracks

and induce contact
fatigue

FIGURE 14.22  Effect of traction on contact fatigue lives of two rolling bodies.
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It is reasoned that this effect is related to the mechanism of hydraulic crack propagation
[42,74]. For the faster moving body, traction forces tend to maintain closed cracks in the
surface which impedes lubricant pressurization inside the crack. The converse effect occurs
for the slower body where traction force tends to open the cracks causing inflow of the
lubricant just prior to entering the Hertzian contact region and hydraulic crack propagation
becomes relatively rapid.

The other mechanism suggested is due to the difference in plastic flow patterns occurring in
the faster and in the slower moving bodies [73]. In the slower moving body plastic
deformation of the surface layer is significant and the layer moves in the same direction as
rolling [73]. In the faster moving body the plastic deformation of the surface layer is much
less significant and the layer moves in the direction opposite to the direction of rolling. This
leads to differences in crack propagation for the faster and the slower moving bodies. In
slower moving bodies microcracks tend to propagate in alignment with the texture of the
material, i.e. along the streamline of the deformed material, while in the faster moving body
they tend to propagate into the substrate, crossing the texture of the deformed material, hence
meeting more resistance. This leads to the difference in fatigue life in the faster and slower
moving bodies. In order to optimize the fatigue life under traction it has been suggested that
the surfaces of slower moving bodies should be made harder than the surfaces of the faster
moving bodies [73].

14.4 MEANS OF CONTROLLING FATIGUE WEAR

The most effective method of preventing fatigue-based wear is to lower the coefficient of
friction between two interacting bodies so that surface traction forces are insufficient for
delamination in sliding or contact fatigue in rolling to occur. The other very important
aspect in controlling fatigue wear in both sliding and rolling is the material's ‘cleanliness’.
Clean materials with minimum imperfections or inclusions should be selected for sliding
and rolling contacts. Enhancement of material properties, i.e. hardness, to reduce crack
growth can also be beneficial in some cases, but this method is limited by the increased
brittleness of hard materials. Care needs to be taken when selecting combination of sliding
materials. In particular sliding contacts between identical materials should be avoided as this
may provoke adhesive wear.

14.5 SUMMARY

During sliding a consistent pattern of events relating to subsurface plastic deformation, crack
formation and subsequent release of wear debris is evident. The role of material properties in
determining wear rates involves factors influencing crack initiation and propagation. A
material with the minimum of microscopic flaws and inclusions will usually give low
fatigue wear rates. The lack of relative motion between contacting asperities in rolling
contacts ensures that wear during rolling is relatively slow compared to sliding wear. Wear
under dry rolling is sufficiently slow to allow many mechanical components to operate
without lubrication or other forms of wear protection for a certain limited period of time.
The application of lubrication reduces the level of wear during rolling still further so that a
considerable period of rolling must elapse before the first wear particle is produced. Rolling
bearings, however, rely on near perfect contact surfaces for reliable functioning and the
release of even one wear particle can terminate the useful life of the bearing. The slow
release of a single wear particle associated with a pit in the rolling surface is known as contact
fatigue. The study of contact fatigue has been developed to a very specialized level in order to
predict the useful life of rolling bearings, but reliable prediction is still far from perfect.
Fatigue-based wear is inevitable for all sliding and rolling contacts so that the onset of
delamination or spalling could be considered as an acceptable limit to the working life of the
component provided that only gradual failure occurs.
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15.1 INTRODUCTION

Fretting occurs wherever short amplitude reciprocating sliding between contacting surfaces is
sustained for a large number of cycles. It results in two forms of damage: surface wear and
deterioration of fatigue life. The extent of wear and surface damage is much greater than
suggested by the magnitude of sliding distance. Reciprocating movements as short as 0.1 [µm]
in amplitude can cause failure of the component when the sliding is maintained for one
million cycles or more.

Contacts which seem to be devoid of relative movement such as interference fits do in fact
allow sliding on the scale of 1 [µm] when alternating and oscillating loads are carried. It is
very difficult to eliminate such movements and the resultant fretting. Fretting wear and
fretting fatigue are present in almost all machinery and are the cause of total failure of some
otherwise robust components.

Surveys reveal that, unlike other forms of wear, the incidence of fretting problems in
machinery has not declined over the past decades [1]. Fretting fatigue remains an important
but largely unknown factor in the fracture of load-bearing components at very low levels of
stress. A knowledge of fretting is therefore essential for any engineer or technologist
concerned with the reliability of mechanical equipment which almost always contains a large
number of small amplitude sliding contacts.

The most common wear mechanisms which can be classified as minor wear mechanisms
are: melting wear, wear due to electric discharges, diffusive wear and impact wear. In present
day technology, these mechanisms occur rather rarely or in a few limited instances so that
not much is known about them. But with changes in technology, these wear mechanisms
may assume greater importance. For example, melting wear is a direct result of frictional
temperature rises and careful investigations reveal that it is much more common than
widely believed. This is surprisingly not a particularly destructive form of wear and is
associated with low to moderate friction coefficients. Wear due to electric discharges occurs in
all electric motors and pantograph-cable contacts. It is a specialized but important form of
wear. Diffusive wear occurs when two dissimilar materials are in high temperature frictional
contact and material diffuses from one body to the other. A classic example of this type of
wear occurs in cutting tools where there is a high enough temperature to facilitate diffusion.
Impact wear is found when one component impacts or hammers against another, in rotary
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percussive drills which cut rock by high frequency hammering, or even in electrical contacts
such as relays where impact between components occurs.

The questions of practical importance to engineers are: how can fretting be detected and
recognized? Which interfaces are likely to suffer fretting? How does fretting combine with
fatigue? Can lubrication prevent or suppress fretting? What influence does temperature
have on fretting? What is melting wear and when is it likely to occur? What are the
characteristics of diffusive wear and wear due to electrical discharges? In what way does
impact wear differ from erosive wear? This chapter addresses these questions and others.

15.2 FRETTING WEAR

The fundamental characteristic of fretting is the very small amplitude of sliding which
dictates the unique features of this wear mechanism. Under certain conditions of normal and
tangential load applied to the contact a microscopic movement within the contact takes place
even without gross sliding. The centre of the contact may remain stationary while the edges
reciprocate with an amplitude of the order of 1 [µm] to cause fretting damage. Therefore from
a practical stand-point, there is no lower limit to the tangential force required for fretting
damage and this fact must be allowed for in the design of mechanical components. One of
the characteristic features of fretting is that the wear debris produced are often retained
within the contact due to small amplitude sliding. The accumulating wear debris gradually
separates both surfaces and, in some cases, may contribute to the acceleration of the wear
process by abrasion. The process of fretting wear can be further accelerated by corrosion,
temperature and other effects.

Microscopic Movements Within the Contact Under Applied Loads

When two solids are pressed together and then subjected to a tangential force of increasing
magnitude, there is a certain value of tangential force at which macroscopic sliding occurs.
Although this is a well known experimental fact, it is less widely realised that at levels of
tangential force below this limiting value tangential micromovements also occur in
response to the applied force. It has been discovered that these micromovements are a
fundamental feature of any Hertzian contact subjected to a tangential force [2,3]. There are
two models which describe the behaviour of such contacts; an earlier ‘elastic’ model and a
recently developed ‘elasto-plastic’ model.

· Elastic Model for Fretting Contacts

Normal stress ‘p’ in a stationary Hertzian contact rises smoothly from zero at the edge of the
contact to its maximum value at the centre of the contact as shown in Figure 15.1a.
Assuming that the coefficient of static friction ‘µ’ across the contact is constant, the frictional
stress ‘µp’, resulting from the normal stress ‘p’, also rises smoothly from zero at the edge of
the contact to a maximum value at the centre as shown in Figure 15.1b. If an external
tangential force Q < µW is subsequently applied to the contact and no slip occurs, then the
resulting tangential stress ‘q’ rises from some finite value at the middle of the contact to an
infinite value at the edges as shown in Figure 15.1b. The distribution of tangential stress ‘q’
across, e.g. a circular contact, can be described by the following expression [4]:

qx = 
Q

2πa(a2 - x2)0.5
 

(15.1)

where:

qx is the calculated tangential stress along the ‘x’ axis [Pa];
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a is the radius of the contact area [m];

Q is the superimposed tangential force [N].
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a) No-slip condition b) No-slip condition

c) Slip condition
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FIGURE 15.1 Normal and tangential stress fields for Hertzian contact with and without slip
(adapted from [5]).

Cattaneo [2] and independently Mindlin [3] realized that the no-slip model could not
correspond to real contacts and proposed that slip would occur wherever the calculated
tangential stress ‘qx’ exceeded the product of normal stress and the coefficient of friction ‘µp’
as shown in Figure 15.1c. In the region of slip, the real value of tangential stress was reasoned
to be no greater than the product of local contact stress and the coefficient of friction.
Therefore assuming, for example, that the normal load ‘W ’ is constant and the tangential
load ‘Q’ increases gradually from zero then micro-slip occurs immediately at the edges of the
contact area and spreads inwards until ‘Q’ approaches ‘µW’ and the ‘stick’ region reduces to a
line for the line contacts, a point for the point contacts, etc. If ‘Q ’ is increased further and
exceeds ‘µW’, the contact starts to slide.

The contact is characterized by a central no slip region surrounded by an annular slip region.
Slip, which reciprocates along with the tangential force, is the source of fretting damage and
the edges of the contact are most vulnerable. The existence of a slip and a no-slip region in
Hertzian contacts subjected to a tangential load has been confirmed experimentally [6,7]. In
one of these studies a steel ball 5 [mm] in diameter was pressed against a glass plate under a
load of 9.8 [N] and subjected to reciprocating sliding of varying amplitude [7]. At 1.25 [µm]
amplitude, a thin ring of damaged glass surface on the edges of the Hertzian contact was
evident. At 2.5 [µm] amplitude, the annular damage zone was much larger leaving only a
small circular unslipped region. A further increase in amplitude, above 3 [µm], resulted in
gross sliding with no central unslipped zone. An example of the effect of increased amplitude
of fretting between a hard steel ball and steel surface is shown in Figure 15.2 [6].

According to the model proposed by Mindlin, the ratio of the radius of the central unslipped
region to the radius of the contact area is given by [3]:

a'/a = (1 -  Q/µW)1/3 (15.2)
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where:

a' is the radius of the central unslipped region [m];

a is the contact radius [m];

Q is the superimposed tangential force [N];

µ is the coefficient of static friction;

W is the normal load acting on the contact [N].

                                  
FIGURE 15.2 Effect of increased amplitude of fretting on fretting damage [6].

The relationship (15.2) between the ratio a'/a and the ratio of tangential force ‘Q’ to limiting
frictional force ‘µW’ is shown in Figure 15.3a [7]. In experiments conducted with a steel ball
oscillating on a glass surface a reasonably good agreement between theoretical and
experimental results was found [7]. It was assumed in the experiments that the diameter of
the central unslipped region was identical to the area of contact remaining unobscured by
wear debris. Typical fretting map showing all three regions of stick, partial slip and gross
sliding as a function of contact load and slip amplitude is shown in Figure 15.3b [50,79].
Critical loads and amplitudes at the boundaries of the three major regions as well as
boundary slopes depend on material properties, contact geometry and number of cycles.
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FIGURE 15.3 Relationship between the radius of central stationary zone and oscillating
tangential load [7] and schematic fretting wear map.

· Elasto-Plastic Model for Fretting Contacts

In the ‘elastic’ model of fretting it is assumed that relative displacement is accommodated by
microslip between the surfaces in contact and elastic deformation of the contacting solids.
However, it has been found from fretting experiments conducted on metals of varying
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hardness and under sufficiently high load to cause plastic yield, that the maximum
displacement amplitude which could be sustained without incipient gross slip was higher
than predicted by elastic theory [8].

These discrepancies have been explained in terms of elasto-plastic behaviour of the material
in the contact zone [9]. The ‘elastic’ model of fretting is based on the classical theory of friction
which assumes that contact between the solids is achieved through contacts between the
individual asperities. The theory assumes that the junctions between the asperities are rigid
under load, and that when the surface shear stress exceeds a critical value slip will occur. Slip
results from the sudden fracture of the asperity junction which takes place without any
previous elastic or plastic deformation. This simplified assumption might be the reason for
the discrepancy between the ‘elastic’ model and the experimental results [6].

The ‘elasto-plastic’ model of fretting contact has therefore been suggested [9]. According to
this model, the asperities under the influence of a superimposed tangential force deform
elastically in a central stick zone. This zone is surrounded by a zone in which the asperities
have just yielded plastically but not fractured. The plastic deformation zone is in turn
surrounded by a slip zone, where the asperities are subjected to fracture in a similar manner
as in the ‘elastic’ model. This is illustrated in Figure 15.4. It can be seen from Figure 15.4 that
the transition in surface stresses between the stick and slip regions is rounded as opposed to
the sharp transition in Figure 15.1c.
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FIGURE 15.4 Surface stress distribution in an elasto-plastic fretting contact [9].

An analysis of a stress field during fretting revealed that plastic deformation occurs even for
modest normal loads in most metals [10].

Effect of Amplitude and Debris Retention on Fretting Wear

Although it has been known for a considerable period of time that micromovements within
the contact are the inevitable consequence of tangentially applied force and that this is the
cause of fretting, a mechanistic definition of this wear process is still lacking. However, it is
generally accepted that fretting wear increases with increasing amplitude of slip [11]. Plots for
specific wear rates versus slip amplitude are often sigmoidal (resembling an elongated ‘S’) in
shape [80]. The wear rates are low and often constant at low amplitudes (below 10-25µm),
increase linearly at moderate amplitudes (20-100µm) and again tend to become constant at
amplitudes above 100µm.

One of the special characteristics of fretting is a result of the prolonged retention of wear
debris between the sliding surfaces when amplitude of sliding is minute. Debris retention can
be explained in terms of the concept of the ‘Mutual Overlap Coefficient’ (‘MOC’) defined as
the ratio of the contact area of the smaller of the sliding members to the wear track area [12].
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In true sliding wear, the value of ‘MOC’ is very small, less than 0.1 as, for example, in the case
of a piston ring sliding against a cylinder. On the other hand, in fretting wear the ‘MOC ’
value approaches 1. The concept of ‘MOC’ is illustrated schematically in Figure 15.5 [13].
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FIGURE 15.5 Concept of the ‘Mutual Overlap Coefficient’ [13].

Experiments have revealed that at low ‘MOC’ values, wear debris left on exposed surfaces is
quickly swept away by the leading edge of the smaller wearing body [12]. At high ‘MOC’
values, the majority of the worn surface is never exposed so there is hardly any expulsion of
debris by the leading edge of the smaller wearing body. Wear debris accumulates between the
sliding surfaces until it is eventually forced out by newly produced debris. It has been
observed in experiments conducted with a chalk pin sliding against a glass surface that the
wear debris produced could effectively support the load and separate the two surfaces in
contact [12]. It has also been found in wear studies conducted with polymer pins sliding
against steel surfaces that the ‘MOC’ can influence the fundamental characteristics of wear.
For example, the effect of the ‘MOC’ on wear/temperature characteristics is illustrated in
Figure 15.6 [13].

It can be seen from Figure 15.6 that the wear behaviour of polymers depends on the ‘MOC’.
The effect of the ‘MOC’ on wear rates is often radical in scale and the simple principles of
practical aspects of wear control such as materials selection differ between ordinary sliding
wear and fretting.

A tentative definition of fretting as a wear process which occurs at amplitudes small enough
to result in high ‘M O C ’ values with debris entrapment taking place leads to wear
characteristics which are completely different from normal sliding wear. It is generally
accepted that debris retention is confined to amplitudes below 25 [µm] for most cases [5]. The
process of debris entrapment is illustrated schematically in Figure 15.7.

There appears to be, however, no lower limit to the amplitude of sliding that can cause
fretting wear [14]. Accumulation of wear debris at small amplitudes of fretting, e.g. 2.5 [µm],
may result in apparently negative wear rate readings when wear volume is calculated from
the depth of the wear scar [7]. Direct observation of a fretted contact by x-ray microscopy
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imaging revealed that debris accumulates in specific locations forming ‘island layers’ which
may separate the fretting surfaces. Debris continues to accumulate in the worn contact until
the wear scar becomes saturated with debris, i.e. after at least 105 cycles have elapsed. Beyond
105 cycles, the fretting surfaces are separated by a layer of debris which is progressively
expelled from the wear scar as fretting wear particles [77]. In general, debris entrapment is
harmless as long as the sliding surfaces are free to separate. For annular interference fits,
however, debris entrapment may result in large increases in contact stresses.
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FIGURE 15.6 Wear rates of selected polymers versus temperature at low and high values of
the ‘Mutual Overlap Coefficient’ [13].
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FIGURE 15.7 Mechanism of debris entrapment in a fretting contact.

Environmental Effects on Fretting Wear

Atmospheric oxygen and water have a strong effect on the fretting process, especially in
metals [5]. It is generally found that oxygen and water accentuate fretting wear and surface
damage [15] and that an inert atmosphere such as argon or nitrogen suppresses fretting of
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metals [15,16]. Debris from metallic contacts under fretting is high in oxide content [e.g. 5,17]
and consists of a fine powder. When the fretted metal is iron or steel, the debris often shows
a reddish-brown colour characteristic of iron oxide, for aluminium the debris is black.

Conductivity tests between metallic surfaces during fretting reveal a rise in electrical
resistance consistent with a build up of oxide layer between the two surfaces [5]. It was found
that when steel surfaces are fretted together the contact resistance increases from 10 [kΩ] to 1
[MΩ ] or more in very dry air [18]. In nitrogen atmosphere, on the other hand, contact
resistance remains very low until oxygen is admitted whereupon the resistance rises to very
high levels as shown in Figure 15.8 [18].
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FIGURE 15.8 Variation of contact resistance for steel surfaces fretted first in nitrogen and then
in air [18].

In the absence of oxygen the mechanism of fretting wear is quite different. The small
oscillating movements characteristic of fretting are ideal for causing plastic deformation and
adhesion of the surfaces in contact. The limited amplitude of movement allows asperities to
remain in contact or at least closely adjacent. While the fretting wear rate in nitrogen is about
3 times lower than in air, the coefficients of friction are in general much higher in nitrogen
than in air [5]. For example, the coefficient of friction for aluminium and copper fretted in
nitrogen is about 3, whereas for steel this effect is not so pronounced and coefficients of
friction remain below 1 [5]. Unless there is an intervening layer of oxide, fretted asperities
tend to adhere and lock together which causes the high friction coefficient.

Fretting wear of non-noble metals is substantially lower in an inert atmosphere, i.e. in argon
or nitrogen, than in air [15,16,19]. These findings seem to be consistent with the effects of the
frequency of fretting motion on wear rates. A decrease in the wear rates of mild steels was
reported as the frequency was increased up to about 1000 cycles per minute [16]. Beyond 1000
[cpm] wear was found to be almost independent of frequency. These frequency effects can be
explained in terms of surface oxidation rates and the time available for the oxidation to occur
between fretting cycles. With the increased frequency of sliding there is less time for a
mechanically weak surface film to form in between asperity contacts, so the wear rate is
lower. It is suggested that perhaps corrosion cracking, which seems to be very sensitive to
frequency of sliding, contributes to the observed frequency effects in fretting wear [11].

In general in the presence of oxygen the contact resistance between fretting surfaces tends to
increase with the number of fretting cycles. This gradual rise in contact resistance which is
observed even with noble metals such as gold and platinum can cause many problems with
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electrical contacts [20]. It has been found that with noble metals a friction polymer, which
accumulates in the fretting contact instead of oxidized debris is responsible for the increase in
contact resistance [20]. The friction polymer is derived from organic contaminants in air and
its polymerization is facilitated by the catalytic nature of many noble metal surfaces, e.g.
platinum [20]. The process of friction polymer formation is illustrated schematically in Figure
15.9.
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FIGURE 15.9 Mechanism of friction polymer formation in fretting electrical contacts.

This problem can easily be avoided by depositing on the electrical contact a thin film of liquid
which dilutes the atmospheric contaminants and prevents adhesion of the friction polymer
to the fretted surface. The polymer is then rapidly wiped off by movement of the fretting
surfaces [20].

Current models of fretting wear of metals in air are usually based on the formation of a layer
of oxide debris between the fretting surfaces. Oxide debris is assumed to originate from layers
of oxide directly removed from the surface and from metallic wear debris which is
subsequently broken up and re-oxidized many times [17]. Oxide debris formed during fretting
in air has a structure that is either amorphous or nano-crystalline (crystals of only a few
nanometres size). A mixture of amorphous and nano-crystalline debris can be generated
where the composition is controlled by the rate of formation of the various metal oxides. For
example, it was found that in the case of tin both SnO and SnO2 are formed as a mixture of
nano-crystalline grains [76]. The formation of oxidized debris proceeds by the same
mechanism which was described for slow speed oxidative wear in Chapter 13. It has been
suggested that a secondary wear mechanism of fretting is abrasion of the substrate by hard
oxidized debris [17].

It has been shown that debris accumulations can deform the wearing substrate to produce
depressions in the worn surface [21]. The formation of such pits in the fretted wear scar seems
to be due more to the large contact stresses induced by debris entrapment than to true
abrasion. An example of a fretted contact on steel is shown in Figure 15.10a. Characteristic
features such as grooving by direct contact between asperities, accumulation of debris layers
and the formation of depressions in the wear scar are clearly visible. Under similar fretting
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conditions ceramics are more resistant to fretting than steels [78]. Polishing, microfracture
and tribolayer delamination are the dominating wear modes in ceramic fretting. An example
of a fretted contact on ceramic is shown in Figure 15.10b.

a) 

500 µm

b) 

500 µm

FIGURE 15.10 SEM micrograph of the fretting contacts; a) between two crossed steel wires after
106 cycles, 5 [N] load and 25 [µm] fretting amplitude and b) between two ceramic
surfaces after 106 cycles, 5 [N] load and 25 [µm] fretting amplitude.

Polymers, although not prone to oxidative corrosion exhibit fretting behaviour which
strongly depends on the presence of water and oxygen [22]. For example, polycarbonate in a
fretting contact with a steel ball shows almost no wear in dry argon, nitrogen and oxygen.
The wear rate is increased by a factor of 10 when 50% relative humidity air is introduced. Wet
(85% relative humidity) nitrogen and oxygen causes a 30 and 50 fold increase in wear rate
respectively [22].

Effects of Temperature and Lubricants on Fretting

Temperature may affect the process of fretting in two ways. Firstly, the corrosion and
oxidation rates usually increase with temperature, and secondly, the mechanical properties of
materials change with temperature. In metals the temperature effects on fretting are best
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understood in terms of surface oxidation kinetics. Fretting wear rates usually decrease with
increasing temperature if a stable and adherent oxide film is formed on the surface. On first
consideration the decrease in fretting with temperature increase may be quite surprising
since the oxidation rates of steel increase with temperature. However, thick, stable and
mechanically strong oxide films forming on the surface act as a solid lubricant preventing
metal-to-metal contact and hence reducing friction and surface damage [11]. The effectiveness
of the oxide films formed at high temperatures depends on their mechanical properties and
severity of fretting. If damage of these films occurs then fretting wear rates will most likely be
much greater than at lower temperature because of the increased oxidation rate [5].

The formation of protective films has been observed in high temperature fretting of, for
example, carbon steel [23], stainless steel [24], titanium alloys [25] and nickel alloys [26,27]. It
has been found that after the transition temperature of about 200°C is reached the fretting
wear rate of mild steel in air falls to a very low value which is maintained up to 500°C
[23,28,29]. The oxide films generated vary in thickness and morphology and are formed at
different temperature ranges for different materials. The ‘glaze’ type compacted oxide films
were found on steel and nickel alloys [24,26] while titanium alloys were found to be often
protected by thin oxide films [25].

Substitution of air by an inert gas such as argon, resulted in a less dramatic reduction in
fretting wear of mild steel after a transition temperature of about 200°C was reached. A
further temperature increase, above 300°C, caused a sharp increase in fretting wear. This
effect is illustrated in Figure 15.11 which shows fretting damage expressed as area of fretting
scar times maximum depth of scar versus temperature at two levels of fretting cycles [28]. The
decline in fretting damage around 200°C for tests in argon is attributed mainly to strain
ageing of steel at this temperature and the rapid increase in fretting wear rate above 300°C is
due to catastrophic surface failure by contact fatigue [5].
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FIGURE 15.11 Effect of temperature and gas environment on fretting wear of mild steel [28].

Low temperatures, on the contrary, cause an increase in fretting damage which generally
increases with the number of cycles [16]. An example of this trend is shown in Figure 15.12
[16].

It is generally recognized that because of the very low sliding speeds occurring in fretting,
damage cannot be prevented by liquid lubricants [30]. However, they can provide a useful
attenuation of fretting. The main purpose of a lubricant is to fill up the contact space and
prevent the access of oxygen [5]. Comparative tests of fretting between dry steel surfaces and
steel surfaces lubricated by various commercial oils demonstrated large reductions in fretting
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wear volume when lubrication was applied [31]. It was found that a simple lubricant such as
a base mineral oil is effective in reducing fretting wear and friction [32]. In general, the effect
of the lubricant is to suppress adhesive and corrosive wear occurring in the contact and allow
wear to proceed by milder fatigue-based delamination wear mechanisms [31,33].
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FIGURE 15.12 Effect of low temperatures on fretting wear of mild steel [16].

The literature available on the effects of lubricant additives on fretting is limited. Early work
showed that phosphorous compounds, e.g. tricresylphosphate (TCP), diethyl hydrogen
phosphite, etc., are effective in reducing fretting damage [34]. More recent studies have
confirmed the effectiveness of commonly used compounds such ZnDDP [31,35] and sulphur
based antiwear additives [32]. The reduction in fretting wear and friction is achieved through
the formation of reaction films by lubricant additives on the contacting surfaces [e.g. 32,34].
Solid lubricants such as graphite and MoS2 have also been shown to be effective in reducing
fretting [36]. On the other hand, EP additives are less effective since the temperatures attained
in fretting contacts are often not sufficiently high for the chemical reactions to take place and
protective films to form [33,37].

Effect of Materials Properties and Surface Finish on Fretting

Manipulating hardness is found to be an unreliable means of improving fretting resistance
[5]. Fretting studies of alloyed steel surfaces revealed that hardness has no direct relation to
the level of fretting wear [38]. Instead microstructural factors, such as whether the steel is
martensitic or austenitic, have a strong controlling influence on wear rate [39].

It is commonly known that a high degree of surface finish accentuates damage due to fretting
and to minimize the damage rough surfaces are preferred. At elevated temperatures,
however, the converse is true, i.e. surfaces with better surface finish suffer less damage than
rough surfaces [28].

Fretting Fatigue

Fretting fatigue is a phenomenon where the surface of a component subjected to alternating
bulk stresses is also fretted, resulting in a severe reduction in fatigue life. For steels, there is
often no endurance limit when fretting is combined with fatigue. A comparison between the
number of cycles to fracture for pure fatigue and fretting fatigue for austenitic steel is shown
in Figure 15.13 [40].
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FIGURE 15.13 Example of a reduction in fatigue life due to the combined effect of fatigue and
fretting [40].

Although fretting causes an alternating frictional surface stress to be superimposed on the
pre-existing bulk cyclic stresses, of much greater importance is the generation of surface
microcracks by asperity contact. Surface microcracks can be initiated due to repetitive fretting
contacts as shown schematically in Figure 15.14. The number of surface microcracks increase
with the increased amplitude. This is because the initiation of the microcrack relaxes the
surface tensile stresses adjacent to it and to initiate another crack the contacting asperity must
move a distance that is large compared to instantaneous crack length [11]. It has been found
that fretting fatigue life rapidly decreases with increasing amplitude up to about 8 [µm] and
after that is relatively insensitive to further increases in amplitude [11,75].

 

Load

Amplitude
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Asperity

Surface cracks initiated by fretting

Fretting movement

FIGURE 15.14 Mechanism of surface microcrack initiation in fretting contacts (adapted from
[11]).

The surface microcracks generated due to fretting accelerate the initial stages of fatigue. An
example of this effect is illustrated in Figure 15.15 which shows the relationship between the
rate of crack propagation ‘da/dN’ and the crack length ‘a’ (‘N’ is the number of cycles).

Although there are differences in the course of crack propagation depending on the loading
conditions, the overall trend of higher initial crack growth rates for fretting fatigue is quite
distinct. Adhesion, oscillating movement and tensile loads between fretting asperities are the
basic cause of acceleration of early crack growth. A strong adhesive bond can form between a
pair of fretted asperities, and instead of producing a wear particle, the bond may result in
crack formation since the asperities never move very far from each other [5].
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FIGURE 15.15 Crack propagation curves for normal and fretting fatigue (adapted from [41]).

Fretting fatigue cracks tend to occur at the boundary between fretted and non fretted regions
where shear stresses are sufficiently high [5]. A reduction in fatigue strength due to fretting
can be estimated from the following expression [42]:

Sfr = So -  2µpo[1 -  e(- l/k)] (15.3)

where:

Sfr is the fretting fatigue strength [MPa];

S o is the fatigue strength in the absence of fretting [MPa];

µ is the coefficient of friction;

po is the contact pressure [MPa];

l is the fretting amplitude [µm];

k is a constant. Typically k = 3.8 [µm] [19], which renders the exponential term
negligible for amplitudes of slip greater that 25 [µm].

For example, if the fatigue strength of the material in the absence of fretting is 800 [MPa], the
coefficient of friction is 0.5, the contact pressure is 500 [MPa] and the amplitude of slip is 20
[µm] then the fretting fatigue strength according to equation (15.3) is about 303 [MPa]. It can be
seen from equation (15.3) that a large reduction in fatigue strength can result if the coefficient
of friction between the fretting surfaces is high.

It has been found that at elevated temperatures, providing that an alloy is able to produce
thick surface oxide films which result in reduced adhesion and friction, the fretting fatigue
life generally improves [11,43].

The combined action of corrosion and fretting can result in further reductions in the fatigue
strength of some materials. For example, the fretting fatigue of steel is intensified in the
presence of air compared to argon atmosphere [44,45]. Similar effect was observed when
fretting fatigue tests were conducted in sodium chloride (NaCl) solution [46]. Fretting only
accelerates corrosion-fatigue when surface oxide films which can effectively prevent
corrosion are disrupted. If a protective oxide film is broken, the nascent surface exposed is so
reactive that the lack of corrosivity of air compared to salt-water makes little difference. In
both cases fretting fatigue in air and fretting fatigue in a corrosive medium, i.e. NaCl or salt-
water, are accelerated by intensified localized corrosion at oxide film cracks, producing pits
which initiate cracks and promote fatigue. Therefore fretting usually accelerates fatigue in
corrosive environments in cases of alloys which depend on protective surface oxide films for
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corrosion resistance. The effect of combined corrosion and fretting on the fatigue life of
corrodible and corrosion resistant metals is shown in Figure 15.16.
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FIGURE 15.16 Effect of combined corrosion and fretting on fatigue life of corrodible and
corrosion resistant metals [40].

The corrosive contribution to fretting wear and fretting fatigue is in fact quite large compared
to the mechanical contribution alone. For example, it was found that the fretting fatigue of
an aluminium alloy in a vacuum is about 10 - 15 times that in air [47]. Viewing fretting as a
process dominated by corrosion, it would be expected that the wear rates would decrease with
increased frequency of sliding since there is less time for a corrosion film to form. More
information of the effect of combined corrosion and fretting on fatigue life can be found in
[40].

Practical Examples of Fretting

Many contacts which are nominally fixed in practice suffer fretting. These include most
interference fits and devices subjected to vibration. The suppression of vibration is most
important in the prevention of fretting wear and fretting fatigue. For example, in most
railway wagon designs, steel wheels are press-fitted onto a steel axle. The rotation of the
wheel and axle causes fretting and more importantly, fretting fatigue. Interference fits of
rotating assemblies therefore need to be carefully designed [5]. Heat exchangers provide a
classical instance of a nominally static assembly which in fact suffers wear. Turbulent flow
around the heat-exchange pipes causes them to vibrate against the baffle-plates. Fretting wear
and leakage may result. Assemblies of plates held together by rivets, i.e. air-frames, are also
prone to fretting when vibration occurs. Typical examples of fretting occurring between the
bearing outer ring and housing and in a riveted joint are shown in Figure 15.17.

Other common examples of fretting contacts can be found in flexible couplings, rolling
bearings used for small oscillatory movements, wire ropes, electrical switch gears, etc. Some
types of flexible couplings consist of interlocking gear teeth or a toothed connection. Since the
teeth slide relative to each other by a few micrometres in a reciprocating mode during
rotation of the coupling, fretting results. The debris from fretting wear can be sufficient to
jam and seize the coupling or the teeth can wear out [5]. Rolling bearings are in principle not
intended for small oscillatory movements but are often used due to the lack of a suitable
alternative. Elastohydrodynamic films are unlikely to form when the rolling speed is
extremely low and wear results. A wear scar forms under each roller or ball and this is
known as ‘false brinelling’. The individual wires of a wire rope must slide between each
other for the rope to flex. The contacts between wires are therefore subjected to fretting and
fretting fatigue [48,49]. It is extremely difficult to monitor the extent of fretting between wires
without dismantling the rope. Fretting proceeds unnoticed until a wear scar has cut through
half the thickness of a wire and that wire fractures. The performance of electrical relays,
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switches and selectors is extremely sensitive to fretting, since the formation of oxide layers on
the contact surfaces creates electrical resistance. More examples of case histories of fretting are
described in [5,40].
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FIGURE 15.17 Examples of fretting occurring between two stationary surfaces due to
oscillatory motion in a bearing assembly and in a riveted joint.

Means of Controlling Fretting

Fretting can be effectively controlled through design optimization and through the
applications of surface treatments such as coatings and shot peening.

The suppression of fretting by design optimization usually involves geometric modifications
of components aimed at eliminating excessive shear stress concentrations at the interface. An
example of design optimization to minimize fretting is illustrated in Figure 15.18 where a
press-fit shaft assembly is shown.
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FIGURE 15.18 Suppression of fretting by design optimization in a press-fit shaft assembly
(adapted from [5]).

Fretting occurs at the edge of the press-fit where slip is most likely to be present (Figure
15.18a). One of the solutions is to enlarge the press-fit diameter compared to the shaft
diameter as shown in Figure 15.18b. Although increased rigidity of the press-fit suppresses
slip and the resulting fretting, attention should be paid to the fillet radius on the shoulder
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between the two diameters. If it is impossible to allow an increased press-fit diameter then a
groove could be machined close to the edge of the press-fit as shown in Figure 15.18c. This
will also result in suppressing fretting. However, in this case of design optimization there is a
compromise between reduction of strength caused by the groove and relief from fretting [5].

Fretting can also be suppressed by the application of surface coatings [5]. The basic principle is
to cover the fretting surfaces with a non-metallic layer which suppresses adhesion and stops
the oxidation caused by fretting of plain metal surfaces. The surfaces can be covered with a
polymer which is intended to wear sacrificially [11]. An inorganic lubricant such as
molybdenum disulphide or an anti-wear compound such as titanium carbide can also be
deposited on the surfaces [11,40]. The efficiency of these coatings depends strongly on the
coating technique applied as described in Chapter 9. A major problem is to ensure good
adhesion between the coating and substrate to prevent spalling of the coating. It has been
shown that some coatings can reduce the fretting wear volume by a factor of about 100 or
increase the fretting fatigue life by a factor of about 10 or more [11]. However, due to the great
variability in the performance of coatings, care should be exercised in coating selection for a
specific application.

One way of controlling fretting fatigue is perhaps best illustrated by equation (15.3) which
shows the beneficial effect of reducing the coefficient of friction between the fretted surfaces.
This can be achieved, for example, by introducing low friction coatings. Fretting fatigue can
also be reduced by the introduction of compressive stresses in the surface layers of the fretted
metal which suppress the growth of cracks quite effectively [40]. The compressive stresses can
be introduced by the process of shot peening. It has been found, for example, that in rotating
bending tests on an austenitic stainless steel shot peening almost cancels out the loss in
fatigue strength due to fretting [40]. Tests with other metals and alloys showed a similar
beneficial effect obtained from shot peening [40].

15.3 MELTING WEAR

This is a universal form of wear since any material which melts without decomposing will
show melting wear under appropriate conditions. The present concept of melting wear is
based on the phenomenon that when sliding speed and load is increased, the frictional
surface temperature also rises until the melting temperature is reached and layers of molten
surface material begin to influence friction and wear [51]. This mechanism is illustrated
schematically in Figure 15.19.
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FIGURE 15.19 Schematic illustration of the formation of molten layer.

The generation of the layer of molten material usually dramatically reduces friction and this
is the reason why snow-skis and skates slide easily and why friction is reduced to dangerously
low levels during the skidding of tyres at high speeds. For example, during skiing there is
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sufficient frictional heat to melt a layer of ice producing a film of water at the points where
the asperities touch the ski. The skier simply hydroplanes on the layer of water generated by
the friction. When the temperature drops below a critical level, about -10°C, the heat is
conducted away too quickly to allow for this melting to occur and ice asperities adhere to the
ski and are sheared during the sliding. At these conditions the coefficient of friction rises
dramatically from about 0.02 to 0.4. The increase in coefficient of friction with progressive
decrease in temperature caused considerable hardship to early polar explorers, since with the
temperature drop pulling the sleds was increasingly harder.

One important practical use of the melting wear phenomenon is found in guns, at the
interface between the gun-barrel and the shell. Close contact between the shell and barrel is
needed for accurate shooting while a low friction and wear coefficient is desirable to provide
a long life for the barrel. The sealing rings on each shell are coated with a low-melting point
metal alloy to facilitate melting wear. It has been calculated that when gilding metal (90% Cu
and 10% Zn) is used in shell sealing rings, the friction coefficient rapidly falls to about 0.02
[52]. An example of the reduction in coefficient of friction with increased sliding speed is
shown in Figure 15.20 [51].
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FIGURE 15.20 Effect of sliding speed on the coefficient of friction measured between bismuth
on steel and copper on steel combinations [51].

It can be seen from Figure 15.20 that a continuous decline in the friction coefficient occurs for
both bismuth and copper. Bismuth shows a decline in friction at lower sliding speeds because
its melting point at 271°C is far lower than that of copper at 1083°C. The friction coefficients of
1.5 or more measured at moderate sliding speeds for copper are characteristic of severe
adhesive wear, whereas the friction coefficient of 0.2 measured at 600 [m/s] indicates that a
much milder wear process is taking place. The tests were run unlubricated in a vacuum to
minimize drag forces on the ball. The wear rate measured for bismuth on steel increased
dramatically from 5×10-13 [m3/Nm] at 100 [m/s] sliding speed to 2.5×10-11

 [m3/Nm] at 400 [m/s].
This indicates that when there is sufficient frictional heating to effectively melt the surface
material, rapid wear results, especially in low melting point metals.

Examination of the worn surfaces revealed a rough torn surface characteristic of adhesive
wear at low sliding speeds and a much smoother surface with considerable smearing of
surface material at high sliding speeds. With a low melting point metal such as bismuth,
droplets of metal were also found to adhere to the surface just outside the contact. It has been
speculated that films of molten material can even effectively separate two sliding surfaces,
and hydrodynamic lubrication models have been developed to support the hypothesis that
there is sufficient frictional heat to form the lubricating films of molten material [53,54].
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A similar decline in friction was found for high melting point metals such as tungsten
(melting point 3410°C). A coefficient of friction of 0.3 was measured at 200 [m/s] sliding speed,
and a coefficient of friction of 0.1 at 700 [m/s], but clear signs of surface melting were not
found. Instead, mutual diffusion of ‘W’ and ‘Fe’, and steel film transfer were observed [51].
The non-metals, glass, rubber, PTFE and nylon also showed a decline in coefficient of friction
with rising sliding speed and surface melting at high sliding speeds [51,55]. The mechanism
of melting wear is illustrated schematically in Figure 15.21.

Although it is usually implied that extremely high sliding speeds are a prerequisite for
melting wear of metals [e.g. 55-57], it has been found that melting wear can occur also at
moderate sliding speeds [58]. Therefore this form of wear could be of much greater practical
significance than is generally supposed. Tests with cast iron sliding on cast iron in a vacuum
at speeds of 5 [m/s] revealed the presence of ledeburite which is a form of re-solidified cast
iron on the worn surface [58].

Severe sliding conditions often result in the formation of hard white layers on the worn
surface. These layers do not etch to reveal a microstructure and simply appear as white areas
under the metallurgical microscope, hence the name. In some cases these layers form after
rapid solidification of the molten top surface [e.g. 58-60]. For example, in gun barrels, where
there is a combination of high stress, high temperature and a hostile environment, the white
layers are formed by rapid solidification of molten material [60]. Investigation of the nature
and formation of white layers on steels revealed that they consist of re-solidified metal with
large amounts of iron carbides and oxides mixed in [59]. Wear particles were formed not by
the escape of molten metal but by the fracture of the re-solidified layer and detachment from
the surface. The grain structure of the white layers was found to be extremely fine because of
the very rapid cooling associated with transient frictional temperatures.
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FIGURE 15.21 Schematic illustration of the mechanism of melting wear.

Apart from the early pioneering work of Bowden and Tabor [51] research on melting wear
has unfortunately been very limited and it is still a matter for thorough experimental
investigation to decide the conditions under which melting wear occurs. Polymers are quite
susceptible to melting wear and more information of this topic can be found in Chapter 16.

15.4 WEAR DUE TO ELECTRICAL DISCHARGES

Accelerated material loss caused by electric arcing between sliding surfaces occurs, for
example, in pantograph-cable systems and between the slip-ring and commutators of an
electric motor. It is believed that arcing between the two surfaces when they are momentarily
separated is the cause of accelerated wear. The average duration of such an arc is a few
milliseconds and a close correlation has been found between the duration of arcing periods
and the periods of separation between sliding surfaces [61]. Material from the contacting
surface which is usually metal is thought to be vaporized or oxidized by the electrical energy
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discharge to leave a small pit. The mechanism of wear due to electrical discharge is
illustrated schematically in Figure 15.22.
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FIGURE 15.22 Schematic illustration of the wear mechanism due to electrical arcing between
sliding surfaces.

Wear rate due to electrical discharge has been found to be proportional to the amount of
arcing, with almost no wear occurring in the absence of arcing [62]. Wear rate tends also to
increase with speed decrease, e.g. the wires of a pantograph-cable system suffer very rapid
wear below 14 [m/s] (about 50 [km/h]) [63].

The electric current can also significantly affect wear and friction of steels under lubricated
conditions [64]. It seems that the current direction is more important than the current
intensity, e.g. cathodic surfaces were found to wear more than anodic surfaces. Cathodic
surfaces suffer more wear because the development of protective films is suppressed by the
imposed voltage. On the other hand, because of the favourable corrosion potential, anodic
surfaces develop a thicker film of oxide. In terms of the wear mechanism, the imposed
voltage causes a nascent metallic surface to last longer without oxide films on the cathodic
surface than on the anodic surface. The greater proportion of nascent surface on the cathodic
surface causes an increase in adhesive wear. It should be mentioned, however, that current
traversing the contact is very small, e.g. about 1 [mA] for 0.2 [mm2] of wear scar area. This
current level is very small compared to that occurring in electric current collectors which
suffer from entirely different wear mechanism, e.g. from spark erosion and surface melting.

It was also found that when sulphur based additives are present, anodic surfaces suffer
greater wear than cathodic surfaces. The reason for this reversal of wear bias is that sulphur
based additives introduce more rapid corrosion into the wearing contacts. With rapid
corrosion taking place, the anodic surface suffers corrosive wear while on the cathodic
surface corrosion is suppressed to a level closer to the optimum balance between corrosive
and adhesive wear [65]. In contrast, phosphorus based additives which appear to function by
decomposition on the worn surface as opposed to corrosion, suppress the wear on both
cathodic and anodic surfaces [65]. A study of the wear between two bodies of dissimilar size
under boundary lubricated conditions also revealed that self-generated voltages induced by
wear cause the smaller of two sliding bodies to gain a positive charge (become anodic) and
suffer accelerated wear [66].

15.5 DIFFUSIVE WEAR

When there is true contact between the atoms of opposing surfaces and a high interface
temperature, significant diffusion of chemical elements from one body to another can occur.
The most widespread example of such a contact is the rake face of a cutting tool close to the
cutting edge in high speed machining. In this situation, there is almost the perfect contact
between the tool and the metal chip due to the extreme contact stresses and very high
temperatures, reaching 700°C or more [67]. The metal chip represents a continually refreshed
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supply of relatively pure metal whilst the tool is a high concentration mixture of some
radically different elements, e.g. tungsten and carbon. Therefore, there is a tendency for some
of the elements in the tool to diffuse into the chip where solubility conditions are more
favourable. When the surface material of the tool loses a vital alloying element it becomes
soft and is very soon worn away by the chip [67]. The mechanism of diffusive wear is
illustrated schematically in Figure 15.23 with a tungsten carbide tool as an example.

In the early days of the introduction of carbide tools, tungsten carbide was widely used.
Problems arose in machining of steel since the tungsten was rapidly lost to the chip. Slightly
changing the tool composition by adding titanium carbide or tantalum carbide was found to
remedy the problem. A similar mechanism is believed to be responsible for the excessive
wear of silicon based ceramic cutting tools in the machining of steel. This time it is silicon
which diffuses through grain boundaries to the workpiece [68]. The diffusive wear rate of
cutting tools depends on the tool material solubility limits in the workpiece. The mechanism
of diffusive wear has also been modelled mathematically [69].
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FIGURE 15.23 Schematic illustration of mechanism of diffusive wear.

15.6 IMPACT WEAR

Impact wear is caused by repetitive collision between opposing surfaces. A classic example of
this form of wear is found on the heads of hammers. This form of wear involves flat surfaces
or nearly flat surfaces with a large radius of curvature compared to the size of the wear scar.
This feature distinguishes impact wear from erosive wear where a sharp particle indents a
flat surface. In impact wear the surface is subjected to repetitive impact by a series of pulses of
high contact stress combined with some energy dissipation in each impact as shown
schematically in Figure 15.24.
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FIGURE 15.24 Repetitive stress pulses under impact wear.
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The mechanism of impact wear involves elastic and plastic deformation when impact energy
is high and/or fatigue accompanied by wear debris release due to crack formation [70,71]. If
oxygen is present and the wearing material can be oxidized then a corrosive or oxidative
wear mechanism can also take place. Iron and steel components are susceptible to impact
wear by tribo-oxidation especially at elevated temperatures at which rapid oxidation occurs
[70]. The mechanisms of impact wear are illustrated schematically in Figure 15.25.

In general, impact wear is dependent on the formation of deformed layers, particularly when
wear by fatigue or crack formation is predominant [72]. In such cases, subsurface cracks extend
parallel to the surface in a manner very similar to ‘delamination’ wear. The material
through which the cracks propagate is very often plastically deformed and work-hardened as
a result of contact stresses during impact [72]. Spallation and wear by crack formation can also
occur in relatively brittle materials [73] so it seems that the presence of surface plastic
deformation, in some cases, is not essential to this form of wear.
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FIGURE 15.25 Schematic illustration of the mechanisms of impact wear.

The type of material sustaining impact wear has a strong effect on the wear mechanism.
Metals are prone to an oxidative form of impact wear while ceramics wear by cracking and
spalling. Polymers tend to wear by plastic deformation, fatigue cracking or by chemical attack
from hot compressed layers of oxygen and pollutants at the moment of impact.

The process of repeated impacts between mechanical components is often accompanied by
small sliding movements and these can affect the wear mechanism occurring. Movement
tangential to the contacting surfaces during impact is usually caused by elastic deformation of
the supporting structures. For example, if a wearing surface is supported by a cantilever then
the deflection of the cantilever will cause sliding movement during impact. Superimposed
sliding during impact caused by elastic deflection is illustrated schematically in Figure 15.26.

Superimposed sliding can cause an acceleration in wear, for example, by fretting, and is
usually undesirable [70]. The effect of sliding on the impact wear of steel is to cause plastic
deformation of the steel in the direction of sliding and the formation of thicker oxide layers
on the worn faces [74]. This lateral movement of the impacted metal is a form of wear since
material is removed from the wearing contact even though it may remain attached to the
wearing component. With more brittle materials, such as the tungsten carbide composites
used in rock drills, superimposed sliding results in more intense spalling of the impacting
surfaces [73].
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FIGURE 15.26 Sliding movements during impact wear caused by elastic deflection.

As may be expected, sufficient hardness of the impacted component is necessary to prevent
rapid wear or extrusion of material from the contact by plastic deformation. In most
situations this condition can be fulfilled by assuring an adequate hardness and then wear is
controlled by other material characteristics. For example, wear by spalling or crack formation
is controlled by material characteristics such as brittleness and microstructure. The use of
materials with low concentrations of inclusions and material flaws would suppress impact
wear by crack formation. Brittleness favours rapid crack growth and the formation of very
large spalls or even macroscopic fracture of the component [73] while crack initiation is
facilitated by inclusions [72].

Lubricants are useful in controlling impact wear in applications where they can be reasonably
applied and providing that the lubricant does not cause chemical attack on the contacting
surfaces. Hydrodynamic squeeze films can separate contacting surfaces for the duration of
impact and the absence of sliding ensures that contact temperature rises are relatively small
so that lubrication by adsorbed films is feasible. The basic limitation of lubricants, however, is
their inability to significantly reduce the contact stresses during impact and wear is therefore
only partially suppressed.

15.7 SUMMARY

Fretting has been known for a long time but only recently the forms of wear which
distinguish it from other wear processes have been identified. The special feature of fretting
is debris entrapment in the contact due to the restricted amplitude of sliding and the debris
layer structures formed between fretting surfaces. The nature of the debris layers control the
fretting characteristics of a material. Fretting is very sensitive to local conditions and small
changes in system design may solve a fretting problem and avoid an expensive equipment
failure. Where such remedies are not available, a lubricant or surface coating may be
effective. Fretting fatigue can cause quite unexpected reductions in fracture stress of
components particularly when combined with corrosion. Nominally static contacts such as
interference fits are prone to this form of damage.

Knowledge of wear mechanisms dominated by extremes of energy, i.e. frictional, electrical
and impact, transmitted across the sliding interface is limited because under normal
operation they do not occur or are limited to a restricted range of applications. From a
conceptual point of view these wear mechanisms are important in defining the limits to
wear under extreme conditions. It seems that almost any process of material transformation,
mechanical, chemical or physical, may form the basis of a wear mechanism.
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16.1 INTRODUCTION

Although the wear and friction of non-metallic solids have some fundamental similarities
to that of metals, there are also significant differences in the wear mechanisms involved and
the level of friction or wear which occurs. These differences can be exploited to produce
valuable new bearing materials which can change commonly accepted expectations of
tribological performance. An example of this is a common polymer called
Polytetrafluoroethylene (PTFE) which can provide a coefficient of friction as low as 0.05 in
the complete absence of any lubricant. However, not all of the differences in tribological
characteristics of metals and non-metals are in favour of the non-metals. For example, PTFE
is soft and has a very high wear rate so that for most applications it must be blended carefully
with other materials before a useful bearing material is created. A careful study of the
tribology of non-metallic materials is a pre-requisite to their successful adaptation as bearing
or wear resistant materials. Questions such as: in what applications should polymers be
applied as bearing materials? Are the polymers superior to metals as bearing materials? Will
ceramic bearing wear out a metal shaft? These and many others, are of considerable interest
to engineers.

The development of new technologies, often motivated by global issues such as
environmental pollution, creates new requirements for bearings and wear resistant materials
that cannot be satisfied by traditional metallic materials. A prime example of this research
trend is the adiabatic combustion engine where ceramic materials are being developed as
high temperature cylinder and piston materials. The adiabatic engine is potentially more
efficient than a cooled engine since there is no need for lubricant cooling systems, i.e. the
radiator and water cooled cylinder block. The development of such engines poses new
challenges; the fundamental limitations of most ceramics as bearing materials have to be
solved by a painstaking combination of fundamental studies into the wear and friction of
ceramics and in addition new lubrication technologies have to be found. In this chapter the
fundamental wear mechanisms operating in non-metallic materials together with some
prognoses concerning the future developments of these materials are described.

16.2 TRIBOLOGY OF POLYMERS

The term ‘polymers’, which is associated with materials formed by the polymerization of
hydrocarbons, is used to describe an enormous range of different substances. Most of these
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materials were never intended to be utilized as bearing or wear-resistant materials and, in
fact, are usually unsuitable for this purpose. A few polymers, however, do have valuable
tribological properties and most research is directed towards this relatively limited number of
polymers. Common polymers, with actual or potential tribological function together with
their basic tribological characteristics, are listed in Table 16.1.

TABLE 16.1 Tribological characteristics of typical polymers.
 

Polymer Tribological characteristics

Low friction but high wear rate; usually blended with other
polymers or reinforced as a composite material. High operating
temperature limit.

Moderate coefficient of friction and low wear rate. Medium
performance bearing material. Wear accelerated by water.
Relatively low temperature limit.

Performance similar to nylon. Durable in rolling contacts.

High operating temperature limit. Resistant to most chemical
reagents. Suitable for high contact stress. High coefficient of
friction in pure form.

Very high wear resistance even when water is present. Moderate
coefficient of friction. Good abrasive wear resistance. Relatively
low temperature limit.

Good resistance to abrasive wear and to wear under rolling
conditions. Relatively high coefficient of friction in sliding.

High performance polymers, suitable for high contact stresses
and high operating temperatures.

Used as binders in composite materials.

Polytetrafluoroethylene
(PTFE)

Nylons

Polyacetals

Polyetheretherketone
(PEEK)

Ultra high molecular weight
polyethylene (UHMWPE)

Polyurethanes

Polyimides

Epoxies and phenolics

The ‘high operating temperature limit’ in polymers refers to temperatures in excess of 150°C.
Table 16.1 lists only the basic polymer types. Since most polymers used in engineering
applications are blends of different polymers and additives, e.g. nylon containing PTFE, there
is an enormous range of polymer materials that can be used for tribological applications. The
use of composites, e.g. glass reinforced PTFE, extends the range of materials even further and
this aspect of polymers is discussed later in this chapter. The list in Table 16.1 is not
exhaustive and there are also other polymers under study for bearing materials. The physical
properties of selected polymers are shown in Table 16.2.

TABLE 16.2 Physical properties of polymers used as bearing materials.
  

Polymer

Polycarbonate

Polyamide ( nylon 6)

Polyetheretherketone

Polyethylene (UHMWPE)

Polyimide (kapton)

Polytetrafluoroethylene (PTFE)

Upper service
temperature

[°C]

Thermal
conductivity

[W/mK]

Thermal
expansivity

[K−1]

Tensile
Modulus

[GPa]

Tensile
strength
[MPa]

125 0.2 70 × 10−6 2.4 65

110 - 180 0.25 90 × 10−6 3.3 82

250 0.25 60 × 10−6 2.2 85*

95 0.45 170 × 10−6 0.2 - 1.2 20*

250 - 320 0.2 50 × 10−6 2.5 70*

260 0.25 130 × 10−6 0.5 10*

*  Significantly higher values reported under specific conditions.
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Sliding Wear of Polymers, Transfer Layers on a Harder Counterface

Most polymer surfaces, when used as bearing materials are worn by a harder counterface .
The application of the hard metallic counterface rubbing against the polymer surface is
dictated by mechanical design requirements and also by the fact that polymers are more
effective against a metallic counterface than when sliding against themselves. A basic feature
of almost all polymers is that a transfer film is formed when sliding against a harder
counterface which has a strong influence on the tribology of polymers.

The polymer which provides a classic example of transfer film formation is PTFE, whose
molecular and crystalline structure is shown in Figure 16.1. It has been demonstrated in
experiments conducted with PTFE in vacuum that a strong adhesion occurs between PTFE
and a metallic surface [1]. The cause of the adhesion is believed to be an interfacial chemical
reaction between the fluorine and carbon in PTFE and the opposing metallic surface [1,2].
Although there is probably a strong adhesion between a metallic surface and any other
polymer, the special molecular structure of PTFE causes a mechanism of film transfer which
is particular to PTFE.

 

= Carbon = Fluorine = Hydrogen

PTFE

PE
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FIGURE 16.1 Crystalline structure of PTFE and molecular structures of PTFE and PE (adapted
from [3] and [6]).

The lack of side groups and almost cylindrical form of the PTFE molecule ensures relatively
easy movement between molecules under applied stress. The crystalline structure consists of
layers of crystalline material between relatively weak layers of amorphous material and this
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favours deformation of the PTFE in a series of discrete laminae [4]. A block of PTFE in contact
with a harder counterface loses material as a series of laminae resulting in low friction but a
high wear rate [5,6]. The mechanism of sliding wear of PTFE is schematically illustrated in
Figure 16.2.

 

Crystallites
of varying
orientation

Disordered region between
crystalline slices

Continuous deposition of
material: high wear rate

Adhesion between PTFE
and metal substrate

Low shear stress for
exfoliation allows reduced
coefficient of friction

Exfoliation of crystalline slices
irrespective of orientation

Sliding

FIGURE 16.2 Wear and film transfer mechanism of PTFE.

A film transfer mechanism similar to that of PTFE has not been observed in any other
polymer synthesized so far. The vast majority of polymers and polymer composites sustain a
process of ‘lumpy transfer’ when sliding against a hard counterface [7]. A few important
exceptions to this rule are High Density Polyethylene (HDPE) and Ultra-High Molecular
Weight Polyethylene (UHMWPE) [4]. Their similarity in behaviour to PTFE is believed to be
caused by the common characteristic of a ‘smooth molecular profile’ or the absence of side
groups and kinks in the polymer chain [8]. The initial friction of PTFE, UHMWPE and HDPE,
which is effectively the static coefficient of friction, is approximately 50% higher than their
kinetic coefficient of friction [9]. The cause for this difference is probably due to the extra force
required to initiate the formation of a transfer film. The mechanism of lumpy transfer is
shown in Figure 16.3 where lumps of polymer are shown as being removed from asperity
peaks and left adhering on the counterface.

The size of these lumps is about 1 [µm] in average diameter [9]. Because the contact diameter
is very small compared to the planar PTFE transfer film, their load capacity as a transfer film
is also small. This form of transfer film does not contribute to better wear and friction
characteristics of the sliding contacts and in fact most polymers which exhibit this lumpy film
transfer are not very effective as bearing materials.

When a polymer slides against another polymer, the cohesively weaker polymer is worn
preferentially to form a transfer film on the cohesively stronger polymer. The wear
mechanism operating is essentially the same as observed in non-polymer counterfaces [10].

Influence of Counterface Roughness, Hardness and Material Type on Transfer Films and
Associated Wear and Friction of Polymers

The counterface has considerable influence on the wear of any polymer and a good bearing
design includes careful specification of the counterface. The counterface affects the wear of a
polymer according to its hardness, roughness and ‘surface energy’. The latter quantity is a
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FIGURE 16.3 ‘Lumpy transfer’ mechanism of most polymers.

poorly defined and difficult to measure parameter which is intended to define the difference
between two surfaces, e.g. the difference between a gold and a calcium surface of equal
hardness and roughness. In approximate terms, the surface energy is equivalent to the
chemical potential of the counterface material.

· Counterface Hardness

It is generally accepted that the counterface should be much harder than the polymer and
hardened steel is often recommended. This common engineering practice is so well accepted
that nobody has tested the concept experimentally for many years. The prevailing view is
that the counterface should be hard enough so that abrasion by stray contaminants, e.g. sand,
will not cause it to become rough and abrade the polymer. A counterface hardness of 700
Vickers has been used in some studies of polymer wear and was recommended as sufficiently
hard for most applications [11].

· Counterface Roughness

The counterface roughness has a rather more complex effect on polymer wear. While it has
often been suggested that the roughness should be as low as possible to reduce abrasion of the
polymer [11], more detailed research has demonstrated that for certain polymers an optimum
roughness exists. Wear reaches a minimum for a finite level of roughness which is within
practicable limits of manufacture [12]. The effects of surface roughness on the wear rate of
UHMWPE sliding against a stainless steel counterface is shown in Figure 16.4 [13]. There
seems to be an optimal surface roughness for low to moderate sliding speeds of about 1 to 5
[m/s] whereas at higher speeds of about 10 [m/s] the wear rate appears to be relatively
insensitive to the counterface roughness. The loss of roughness dependence is due to a
different wear mechanism prevailing at high sliding speeds.

Wear rates at extremely high levels of smoothness are comparable to wear rates on relatively
rough surfaces. The reason for this is believed to be the lack of sharp edged grooves on a
smooth surface which would otherwise abrade fragments of polymer to form a rudimentary
transfer film. This model of controlled abrasion by sharp asperities which cease to abrade
after being covered by the fragments of polymer is shown in Figure 16.5.
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FIGURE 16.4 Effect of counterface roughness on the wear of UHMWPE [13].
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polymer asperities by counterface
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FIGURE 16.5 Wear process on excessively smooth surface and on surface with optimum
roughness.

Abraded polymer debris is either trapped on the sharp edged grooves found on most rough
surfaces or else is expelled as wear debris [13,14]. It appears that the strong adhesion between
the polymer and counterface is not always effective under typical engineering conditions
where the polymer debris needs to be physically anchored. In these cases, it is thought that
the loose interposed debris act as a ‘transfer film’ to reduce friction and wear.
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When the surface becomes excessively rough wear is accelerated. It has been shown that the
rough surface of a hard metal will abrade a polymer [15-17]. An example of polymer abrasion
by a steel surface is shown in Figure 16.6.

10µm

FIGURE 16.6 Accumulation of abraded polymer on a metallic counterface [15].

The wear of polymers against very rough surfaces can be modelled in terms of simple
abrasion [15-17]. The wear model is based on the elementary idea of penetration depth of
metallic asperities into a polymer as illustrated in Figure 16.7.

 

SlidingPolymer

Counterface

Depth of penetration
into polymer

Shear angle

Volume of polymer
removed by abrasion

FIGURE 16.7 Model of polymer removal by hard asperities [15].

As shown in Figure 16.7 the wear rate of the polymer is determined by the penetration depth
of metallic asperities, the shear angle of the polymer and the sliding distance. In practical
situations wear does not proceed at the same rate with time, but because the asperities
become covered with polymer, wear rate declines after an initial rapid period. The model, in
general, works well but with some of the polymers e.g. LDPE (Low Density Polyethylene) and
PVC (Poly Vinyl Chloride), the predicted wear rates are inaccurate for reasons not yet fully
discovered.

The magnitude of counterface surface roughness is not the only factor affecting the wear and
friction characteristics of the polymer. It was also found that the effect of counterface asperity
height distribution on wear rate is significant. Significant differences in wear rate between
surfaces with a Gaussian asperity height distribution and surfaces with a non-Gaussian
distribution were recorded [18].
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· Counterface Surface Energy

It has been observed that the surface energy of a counterface affects the wear of PTFE and the
formation of PTFE transfer films [19]. A surface with relatively low energy, e.g. a noble or
semi-noble metal such as copper, tends to generate thinner transfer films compared to that of
a more chemically active metal such as zinc. With a less reactive metal, the wear debris
produced also tends to be finer and the transfer film formed does not cover the surface
uniformly, leaving gaps of exposed metal. With the more active metal, a thick multi-lamina
transfer film is formed and PTFE is only removed as wear debris in large lumps which are
physically ploughed away by the polymer surface. These two mechanisms of wear are
illustrated schematically in Figure 16.8.

 

Low chemical
activity of
counterface

Removal of transfer
film by front of
polymer block

Sliding

Polymer

Counterface

Thin transfer film

High chemical
activity of
counterface

Multi-layer accumulations of PTFE

Stage 1: Accumulation of transfer film

Release of wear debris
as a large lump

Stage 2: Removal of thick transfer film

Sliding

Sliding

FIGURE 16.8 Effect of counterface surface energy on PTFE transfer film formation [19].

Unfortunately no similar studies for other polymers were reported in the literature but it
may be assumed that the counterface surface energy does have some effect on wear for all
polymers.

Influence of Temperature on Polymer Wear and Friction

Most polymers melt at relatively low temperatures. This characteristic combined with the
low thermal conductivity of polymers ensures that frictional contact temperatures can easily
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reach the melting point of a polymer and cause its surface to melt. When the polymer melts
its friction and wear coefficients are markedly altered. This characteristic can be illustrated by
considering a pad of butter in a heated saucepan. When the melting point of the butter is
reached, the friction dramatically declines to allow the butter to slide across the pan. The
‘wear rate’ of the butter pad, however, tends to rise with temperature, particularly when
melting of the butter occurs. Similar trends in polymer friction and wear can be found and
the prevailing mechanism can be classified as a form of ‘melting wear’. The concept of
melting wear of polymers is schematically illustrated in Figure 16.9.

 

Sliding

Polymer

Counterface, typically steel

Frictional
heat

Loss of molten polymer:
high wear rate

Molten or softened polymer
forms a low-shear-strength

interfacial layer

FIGURE 16.9 Melting wear of polymers caused by frictional contact temperatures.

A thin layer of molten polymer forms at the interface between the counterface and polymer.
In frictional heating the heat is confined to a very thin surface layer so the layer of molten
polymer is also thin and is not ‘squeezed out’ of the contact. Since the counterface, e.g. steel,
usually has a much higher melting point it is unaffected by the frictional heat.

Microscopic evidence of polymer surface melting was found when pins of the polymers
PTFE, HDPE and polyoxymethylene were slid against a steel disc at speeds of up to 4 [m/s]
[20,25]. Smooth tongues of re-solidified material were found on the surfaces of HDPE and
polyoxymethylene but not on PTFE. This anomaly was rationalized by the known absence of
liquid flow of PTFE when its melting point is reached [4]. Further evidence of polymer
frictional melting was obtained by detecting the polymer vapour and decomposition products
during a high speed sliding test in a vacuum [21]. Tests were performed on a wear test rig
inside a vacuum chamber connected to a mass spectrometer. A schematic diagram of this
apparatus is shown in Figure 16.10 [21].

Thermal decomposition tests conducted outside the apparatus also showed that these
vapours were released only when melting of the polymer occurred [21].

· Limit on Frictional Temperature Rise Imposed by Surface Melting

In common with any other form of melting wear, e.g. metals in high speed sliding, the latent
heat of melting is believed to impose a temperature limit on the frictional temperatures in a
polymer-counterface sliding contact. This condition appears to be contrary to the prediction
of an unlimited rise in frictional temperature with sliding speed or load as described in
Chapter 7 in the section on flash temperature. A temperature limit can be explained by the
fact that any additional frictional heat released in a contact tends to melt additional polymer
rather than cause the temperature of the already molten polymer to rise. This concept of
limiting frictional temperature for polymers is schematically illustrated in Figure 16.11.

The basic concept of the limiting frictional temperature is the ‘thermal control of friction’
[22], which is defined in the following manner. When the melting temperature of the
polymer is reached, the friction coefficient varies with sliding speed or load so that the
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FIGURE 16.10 Schematic diagram of the wear apparatus to detect vapours and decomposition
products emitted during high speed polymer sliding [21].
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FIGURE 16.11 Limiting frictional temperature rise in the contact as dictated by melting or
softening point of a polymer.

temperature within the contact remains constant at the melting point [22]. The formula for
average transient surface temperature rise for circular contacts due to friction (Table 7.5) is
given in the following form:

 

Tfa
= 0.308

µWUA − UB( (Ka
χ

Ua

0.5

(16.1)

where:

Tfa is the average flash temperature [°C];

µ is the coefficient of friction;

W is the normal load [N];
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UA, UB are the surface velocities of solid ‘A’ and solid ‘B’ respectively [m/s];

U is the velocity of solid ‘A’ or ‘B’;

a is the radius of the contact circle [m];

χ is the thermal diffusivity, χ = K/ρσ, [m2/s];

K is the thermal conductivity [W/mK];

ρ is the density [kg/m3];

σ is the specific heat [J/kgK].

When the average temperature rise remains constant at the difference between external
temperature and the melting point or the softening point of the polymer, then the coefficient
of friction is inversely proportional to the square root of sliding velocity provided that
material properties remain constant [22]:

µ = κ /U0.5 (16.2)

where:

κ is a constant [m0.5/s0.5].

The friction coefficients of polypropylene, nylon and LDPE sliding against steel showed good
agreement with the model of limiting frictional temperature [22]. The relationship between
the friction coefficient and sliding speed for LDPE, polypropylene and nylon is shown in
Figure 16.12.

   

0

0.5

1.0

0.001 0.01 0.1 1 10 100

Sliding speed [m/s]

µ

LDPE

Polypropylene

Nylon

U

µ ∝ U−1 /2

FIGURE 16.12 Relationship between the friction coefficient and sliding speed for LDPE,
polypropylene and nylon [22].

It can be seen from Figure 16.12 that friction coefficients rise until a maximum value is
achieved. At this point the friction coefficient determined by the ‘thermal control model’
equals the friction coefficient dictated by ‘solid state friction’. The rise in friction coefficient up
to this point can be viewed as analogous to the butter becoming sticky when in a heated
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saucepan. After reaching its maximum value the friction coefficient declines to a usefully
low level which may be of benefit in bearing design.

An elevated external temperature has a strong effect on the melting wear mechanism. The
prime effect is to shift the temperature of transition to thermal control of friction, i.e.
transition occurring at reduced sliding speeds. A second effect is to increase the coefficient of
friction in the lower range of sliding speeds that are insufficient to reach thermal control.
This effect is demonstrated in Figure 16.13 which shows the relationship between the friction
coefficient and sliding velocity for steel sliding against unlubricated plexiglass at various
external temperatures.
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FIGURE 16.13 Effect of external temperature on friction coefficients of steel sliding against
unlubricated plexiglass for varying sliding speed [23].

For harder polymers, e.g. phenolic resins, there may also be a gradual increase in friction
coefficient with sliding distance when melting wear prevails. This friction rise is due to the
counterface wear and subsequent material transfer from the counterface to the polymer [24].
In effect, the polymer and counterface contact degrades to a contact consisting mostly of
counterface material. This trend is most pronounced for soft counterface materials such as
aluminium but is hardly noticeable in steel and is unlikely to occur in ceramics [24]. It should
be realized that any counterface is unlikely to remain completely intact in a high speed
sliding contact against a polymer and that the extent of the counterface damage will influence
friction and wear characteristics.

· Effect of High Frictional Temperatures and Sliding Speeds on Wear

The promising characteristic of a friction decline with increasing sliding speed is not matched
by the wear rates at high sliding speeds or contact temperatures. A relatively large amount of
polymer is lost at the sliding interface when melting occurs and this causes a high wear rate.
This is illustrated in Figure 16.14 where the friction and wear characteristics of nylon 6
sliding against glass and steel are shown.

Melting wear was detected on nylon specimens sliding against glass by the presence of a thick
recrystallized layer about 50 [µm] in depth beneath the worn specimen surfaces. The same
recrystallized layer was not detected on the nylon specimens worn against steel. Steel has a
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FIGURE 16.14 Friction and wear characteristics of nylon 6 sliding against glass and steel [25].

higher thermal conductivity than glass and so, for the same sliding speeds and loads, melting
did not occur. For the glass, the friction coefficient showed a declining trend with sliding
speed which is characteristic of melting wear, but at the same time the wear rate rose to very
high levels. For the steel, contact temperatures were just sufficient to heat the nylon till it
became ‘sticky’ resulting in a high coefficient of friction of about 1. The wear rates, however,
remained low.

There is consistent experimental evidence of a ‘critical temperature’ which initiates rapid
wear in a polymer. Although it may be tempting to conclude that this critical temperature is
equal to the melting or softening point of the polymer the more detailed experiments have
shown this hypothesis to be false. At relatively high contact stresses and low sliding speeds,
the critical temperature may be lower than the melting or softening point of a polymer [26].

Wear data collated from various tests on nylon with varying temperature, sliding speed and
load are shown in Figure 16.15 as a function of frictional contact temperature.

It can be seen from Figure 16.15 that the wear rate of the nylon decreases initially with
temperature to reach a minimum at approximately 125°C. The ‘critical temperature’ at which
the wear rate rises rapidly to extremely high values is about 140°C. Since the melting point of
crystalline nylon is about 220°C, it is clear that contact temperatures are too low for melting of
the nylon to occur.

The conditions at which melting wear might occur for a particular polymer have not yet
been established and await future research.

· Combined Effect of High Surface Roughness and Elevated Contact Temperature on
W e a r

The combination of a rough counterface and a high frictional contact temperature generally
leads to rapid wear of a polymer even if continuous surface melting does not occur [13]. The
wear process involved in such cases is mainly severe abrasion of the softened polymer
surface.
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FIGURE 16.15 Wear rate of nylon in slow speed sliding contact as a function of frictional
contact temperature [26].

With increased contact temperature there is a change in the wear kinetics from a linear
constant rate process to a series of discrete rapid wear periods separated by longer periods of
essentially negligible wear. When the counterface is rough this step form of wear can proceed
effectively independent from an abrasive type of wear. In this case, the wear kinetics consists
of small step jumps in wear added on to a slower linear wear. These two modes of wear
observed for UHMWPE sliding against a stainless steel counterface are illustrated in Figure
16.16.
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FIGURE 16.16 Wear kinetics at frictional contact temperatures slightly below transition to
melting wear for UHMWPE [13].
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The mechanism of wear behind the step form of the wear kinetics is believed to result from
the periodic release of molten polymer from the wearing contact. When the temperature is
too low to sustain continuous melting, melting proceeds by a cycle of gradual formation of
molten polymer. This is followed by the sudden release of the molten material when the
entire wear surface is covered by molten polymer. Melting is initiated from the hottest point
of the contact and spreads progressively over the entire wear surface. This model of polymer
wear is illustrated schematically in Figure 16.17.
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FIGURE 16.17 Mechanism of polymer wear at temperatures slightly lower than the transition
to continuous melting wear [13].

Fatigue Wear of Polymers and Long Term Wear Kinetics

In polymers subjected to a large number of stress cycles from repeated sliding contact, a form
of fatigue wear may occur. It was observed that when UHMWPE was slid against very
smooth steel surfaces, an increase in wear rate occurred after several hundred kilometres of
sliding distance [27] as shown in Figure 16.18.
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FIGURE 16.18 Increase in wear rate of UHMWPE after a long sliding distance due to the
initiation of fatigue wear [27].

This rise in wear rate coincided with the development of cracks and spalling on the worn
polymer surface. It was found that after long sliding distances the fatigue wear, which is
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predominantly based on cracking and spalling of the surface, is superimposed on a pre-
existing transfer film/adhesive wear process [27].

The transition to fatigue wear is controlled by the contact stress. For example, at low contact
stresses less than 1 [MPa], a nearly infinite sliding distance is required before fatigue wear
begins. Fatigue wear is therefore more likely to occur on heavily loaded, very smooth sliding
surfaces after a long period of sliding. The experimental relationship between the onset of
fatigue wear for UHMWPE and apparent contact stress is shown in Figure 16.19.

 

0

5

10

15

0 100 200 300 400

Sliding distance to onset of rapid wear regime [km]

N
om

in
al

 c
on

ta
ct

 s
tr

es
s

at
 o

ns
et

 o
f r

ap
id

 w
ea

r 
[M

Pa
]

FIGURE 16.19 Relationship between onset of fatigue wear and apparent contact stress [27].

Visco-Elasticity and the Rubbery State

Almost all polymers manifest visco-elasticity under certain conditions of load and strain rate,
i.e. the stress exerted on a polymer is a function of the strain rate as well as the strain itself.
Many polymers can be classified as rubbers and visco-elasticity is of profound importance to
the tribology of rubbers. The basic concept of visco-elasticity is illustrated in Figure 16.20
where the asperities of two surfaces in dry contact are represented by a series of equivalent
springs and dampers. This analogy is not entirely perfect because the amplitude of
movement is limited whereas in the real case sliding can continue indefinitely. The model
does, however, illustrate the nature of forces acting between contacting asperities.

As can be seen from Figure 16.20, the forces, in particular the tangential or frictional forces,
between asperities become a direct function of sliding speed. It should be noted, however,
that the sliding speed also affects the coefficient of friction by virtue of its effect on frictional
temperature. In any tribological experiment it can be difficult to distinguish between these
two effects and, particularly in the older literature, this distinction was not fully observed.
Visco-elasticity effects appear to be most clearly observable under lubricated or irrigated
conditions where either a liquid cooling medium can effectively cool the frictional interface
or the friction coefficient has been reduced to a low value. If liquids are present, the effect of
speed dependent visco-elasticity must also be clearly separated from hydrodynamic effects
[28].

Visco-elastic effects on friction were demonstrated for plexiglass sliding against steel when
lubricated by sodium stearate (i.e. soap) [23]. It was found that the coefficient of friction
measured as a function of external or counterface temperature correlated well with the
vibration dissipation factor of plexiglass.
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FIGURE 16.20 Mechanical analogy of visco-elastic asperity contact.

Friction and Wear in the Rubbery State

Rubbers and rubbery materials can provide a unique combination of low wear and high
friction coefficients and are widely used for pneumatic tyres and pipe-linings because of these
characteristics. Rubbers or polymers in the rubbery state have a molecular structure which
allows extremely large strains to be imposed before fracture occurs. The rubber or elastomer
consists of long linear molecules which are coiled and tangled together to form an
amorphous solid. When the material is strained, the molecules untangle and align in the
direction of strain. Visco-elasticity is caused by relative movement between the polymer
molecules and the mechanism of strain accommodation results in a very low tensile
modulus while maintaining a comparatively high tensile strength [29]. Because of these
mechanical properties the mechanics of asperity contact for rubbers are radically different
from the prevailing patterns of behaviour for most other materials.

· Schallamach Waves

The low tensile modulus of rubber has two effects on solid contact, particularly contact with a
harder surface. The first effect is that the true area of contact with rubber is relatively large
compared to most other engineering materials and is a significant fraction of the apparent
contact area. The second effect is that considerable tangential movement of the rubber
parallel to the direction of sliding is possible without causing fracture and releasing wear
debris. With most rigid materials, e.g. metals, asperity contacts break or form wear particles
within a very short sliding distance. A further aspect of rubber tribology is that rubber
adheres strongly by van der Waals bonding to many counterface materials, e.g. glass [30]. All
of these factors acting together allow an abnormal form of sliding to occur which is known as
a ‘Schallamach wave’, named in honour of its discoverer [31]. A schematic diagram of the
Schallamach wave sliding mechanism between rubber and a hard counterface is shown in
Figure 16.21.

The Schallamach wave sliding mechanism works on the principle that a large proportion of
the rubber contact area is strongly bonded to the opposing surface and cannot slide without a

TEAM LRN



636 ENGINEERING TRIBOLOGY

 

Tangential force

Counterface

Rubber

Schallamach waves (minute ripples in
rubber surface) travelling rapidly forward

Grey level indicates intensity of shear stress

FIGURE 16.21 Schallamach wave mechanism of sliding between rubber and a hard
counterface.

very substantial tangential force. However, at a much lower level of tangential force it is
possible that a small area of rubber detaches from the counterface to form a ‘ripple’. The
‘ripple’ or Schallamach wave then moves across the surface in the direction of applied
tangential force to cause a smaller macroscopic tangential movement of the entire rubber
body. The process is analogous to the movement of dislocations in a metal under shear. The
Schallamach waves generated between a rubber sphere and a perspex plate during sliding are
shown in Figure 16.22.

FIGURE 16.22 Schallamach waves generated between a rubber sphere and a perspex plate at a
sliding speed of 0.43 [mm/s] [31].

The Schallamach waves move much faster than the two bodies in sliding. A wave velocity
about 35 times faster than the sliding speed was observed at a sliding speed of 0.2 [mm/s], and
about 15 times faster at a sliding speed of 0.9 [mm/s] [31]. There is evidently a limiting speed
where the wave and the sliding speeds are equal and the mechanism fails. At this point it is
probable that frictional heating and melting of the rubber cause a form of melting wear
similar to other polymers [32].

· Visco-Elasticity and Friction of Rubbers

The strong influence of visco-elasticity on rubbers causes the dry friction coefficient to
initially rise with sliding velocity before declining. This is in contrast to most other materials
where the static coefficient of friction, i.e. the coefficient of friction in ‘micro-sliding’, is
always greater than the kinetic coefficient of friction. This effect is demonstrated in Figure
16.23 where the relationship between the coefficient of friction and the product of sliding
velocity and temperature visco-elasticity dependence parameter is shown. The temperature
visco-elasticity dependence parameter is obtained from the following expression which is
based on the Williams, Landel and Ferry equation [33]:

log10aT = −  8.86 (T −  Ts)/(101.5 +  T −  Ts) (16.3)
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where:

aT is the temperature visco-elasticity dependence parameter [dimensionless];

T is the contact temperature [K];

Ts is the controlling standard temperature defined as: Ts ≈ Tg + 50K (Tg is the glass
transition temperature of the polymer [K]).

It can be seen that the friction coefficient at negligible sliding speeds is quite small and
increases to a very large maximum of about 2.4 at sliding speeds of the order of a few
millimetres per second depending on the temperature. This maximum is determined by the
balance between the increasing visco-elastic reaction force with increasing sliding speed and
the decline in visco-elastic reaction force with increasing frictional temperature. It was found
that the highest coefficient of friction was achieved at a temperature around 20°C. This
implies that the friction of, for example, rubber tyres is greatest under moderate climatic
conditions rather than under extremely cold or hot conditions.
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FIGURE 16.23 Relationship between the coefficient of friction and the product of sliding
velocity and temperature visco-elasticity dependence parameter for
acrylonitrile-butadiene rubber on glass [33].

It was also found that at high sliding speeds, the coefficient of friction conforms to the model
of ‘thermal control of friction’ [22]. It declines from 0.4 at 15 [m/s] to less than 0.1 at 30 [m/s]
(108 [km/h]). This clearly shows that when the rubber tyres of a car skid at freeway speeds
there is an almost total loss of frictional grip.

· Wear Mechanisms Particular to Rubbery Solids

Rubbers are subject to abrasive, adhesive, fatigue and corrosive forms of wear as well as
synergistic wear and thermal decomposition or pyrolysis at extreme sliding speeds [29]. These
forms of wear are similar to wear mechanisms occurring with other materials and are not
discussed here. A form of wear which is characteristic of rubbery materials is ‘roll formation’.
Roll formation is a result of the large strain to fracture of a rubber and its mechanism is
schematically illustrated in Figure 16.24.

The ability of rubber to withstand high strains without fracture ensures that adhesive
asperity contact with a counterface causes tangential movement of the rubber rather than the
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FIGURE 16.24 Mechanism of ‘roll formation’ on rubber surfaces.

formation of wear debris. At the interface between rubber and the counterface, rubber is
pulled forward by adhesion to form a tongue and then rolled in on itself. Roll formation can
occur even when abrasive wear, i.e. by a rough counterface, is present [29]. A major feature of
this mechanism is that a far greater amount of frictional work is needed to form a wear
particle than with any other mechanism of particle formation.

Effect of Lubricant, Corrosive Agents and Microstructure on Wear and Friction of
Polymers

The wear of polymers is influenced by lubricants and chemical or corrosive agents in a
manner similar to any other material. The microstructure of a polymer is also a significant
factor affecting wear and frictional characteristics of polymers.

· Effects of Lubricants

Lubricants, in general, reduce the friction of polymers to varying degrees. The reduction
obtained depends on the type of polymer and the lubricant used. Simple addition of water to,
for example, a dry nylon/glass contact results in a dramatic drop in the coefficient of friction
to a value of about 0.12. The addition of fatty acids, such as caproic, palmitic and stearic acids,
causes an even more dramatic decline in friction from 0.4 to 0.09 [34]. The strong effect of
lubricants on nylon is believed to be caused by the polar nature of the polyamide which
constitutes nylon. The lubrication effect of fatty acids was also confirmed with nylon 11 and
polyacetal [35]. Lubrication by non-polar organic substances such as hexane and benzene
caused only a very marginal drop in friction coefficient. Polyethylene, which is a less polar
polymer than nylon, showed a slightly different trend in frictional characteristics when
lubricated with the same lubricants. Also no lubricating effect by fatty acids was found for
PEEK (polyetheretherketone) [35].

Since water does not wet polyethylene it therefore does not cause any dramatic reduction in
friction except perhaps with a water adsorbing counterface such as glass. The effect of water
and silicones on rubber appears to be essentially hydrodynamic [34] and the friction
coefficient at very small sliding speeds is close to the dry value, i.e. µ = 1. A reduction in
friction in the presence of water was also found for many other polymers, i.e. nylon 6, HDPE,
LDPE, PTFE, polyacetal and polyimide. The most significant reduction in friction was found
for nylon 6, where the friction coefficient dropped from 0.35 to 0.15 at low sliding speeds [28].
It is possible that the water forms a softened layer on the polymer which provides a form of
sacrificial lubrication. It was also found that the presence of water affected the wear rate of
these polymers at low sliding speeds of about 1 [mm/s]. The wear rates of these polymers
generally increased but the rates were different for different polymers. For example, the wear
rates of polyimide increased by a factor of 8 and nylon 6 by a factor of 3, whereas for LDPE and
HDPE the wear rate increased by only 30% [28].

Increasing velocity in the presence of water causes the wear rate to decrease. For sufficiently
high velocities, i.e. 1 [m/s], the wear rate decreases to a level lower than that obtained under
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dry conditions. The wear reduction appears to be caused by the hydrodynamic lubricating
effect of water since it is accompanied by a decline in the friction coefficients to extremely low
values of the order of 0.05 or less.

Formation of transfer films is usually suppressed by the presence of fluids, particularly water
[36]. The extent to which the lack of transfer films causes unsatisfactory levels of friction and
wear is difficult to assess, but from the published data it appears that transfer films are
fundamental to the maintenance of low wear and friction by polymers.

· Effects of Corrosive Agents

Polymer tribology is affected by a whole range of corrosive substances or chemical reagents.
This aspect of polymer tribology, although important, is relatively neglected and existing
research does not accurately portray the full range of substances that could affect polymer
wear and friction.

An isolated example of how sensitive the friction and wear of polymers can be to external
chemicals is provided by a study of the wear of HDPE in aqueous solutions of various metal
chlorides against a steel counterface [37]. It was found that only ferric chloride caused an
increase in wear rate as shown in Figure 16.25.
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FIGURE 16.25 Wear of HDPE versus concentration of ferric chloride [37].

It can be seen from Figure 16.25 that the peak wear rate occurs at some critical concentration
of ferric chloride. The critical concentration is about 0.01 wt% of ferric chloride (hydrated) and
the corresponding wear rate is approximately equivalent to 1.7 × 10-13 [m3/Nm]. This value
indicates that the wear is at least 100 times more rapid than what is considered to be an
acceptable value for a bearing. The cause for this sudden rise in wear rate is not yet fully
understood and it is suggested that the HDPE transfer film is disrupted at this particular
concentration of ferric chloride. If the ferric chloride acted by simply corroding the steel
counterface to produce abrasive pits with corrosion product debris, then there would be a
monotonic increase in wear with ferric chloride concentration.

Polymers are soluble in many organic fluids and there can be a synergistic effect between an
aggressive solvent and the polymer resulting in significant wear. If the solvent can penetrate
the surface of the polymer it will have a detrimental effect on its wear behaviour. The rapid
wear which results is believed to occur by aggravated cracking of the solvent weakened
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polymer during contact with the counterface [36]. This is schematically illustrated in Figure
16.26.
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FIGURE 16.26 Synergism between wear of polymer and damage by a solvent.

Wear is most rapid in the presence of a solvent when the solubility parameters of the
polymer and the solvent are the same [36]. The solubility parameter is defined as:

∂ = (∆E/V)0.5 (16.4)

where:

∂ is the solubility parameter [Pa0.5]; (i.e. n-hexane ∂ = 15 [MPa0.5], methanol ∂ = 30
[MPa0.5] and water ∂ = 48 [MPa0.5] [36]);

∆E is the energy of vaporization at zero pressure [J/mol];

V is the molar volume of fluid [m3/mol].

Common solvents such as acetone, benzene, tetrachloromethane and toluene have solubility
parameters close to the values of several bearing polymers and can cause accelerated wear
when in contact with these polymers. PTFE has a relatively low solubility parameter and
appears to be unaffected even by liquids with matching solubility parameters. Therefore PTFE
is a suitable polymer when contact with organic liquids is inevitable. Other solvents such as
methanol and water have solubility parameters higher than many polymers and some
(except water) are more likely to reduce wear [36].

· Effect of Oxidizing and Biochemical Reagents

When oxidizing agents are present common engineering polymers such as nylon and
polyethylene display a form of wear that shares similarities with the corrosive wear of metals
in features such as a reduced friction coefficient and elevated wear rates. It was found that the
friction coefficient of nylon 6 and UHMWPE declines with increasing concentration of
hydrogen peroxide while the wear rate conversely increases with concentration of hydrogen
peroxide [112,113]. The scale of this effect is proportional to the level of surface damage by
corrosive agents, e.g. nylon 6 showing more sensitivity to hydrogen peroxide than
UHMWPE. This agrees with the widely observed high resistance of UHMWPE to most
chemical reagents. Experiments have revealed that corrosive wear of polymers is controlled
by the formation of a cracked and degraded layer of polymer on the worn surface. In mild
cases of degradation, such as for UHMWPE, surface damage is limited to a network of cracks
while with more severe degradation, such as for nylon 6, a layer of randomly shaped particles
accumulates on the worn surface. This layer of particles is able to reduce the friction
coefficient in perhaps the same way as sand particles can cause sliding between the shoe and
the ground during walking. This is further evidence that friction and wear rates are not
material properties but instead are controlled by the tribological system since neither the sand
nor the shoe nor the ground can be considered as lubricants or self-lubricating.
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In biological environments, where polymers, especially UHMWPE, are routinely used, e.g. in
artificial joint implants, even seemingly benign substances, such as proteins, can cause the
corrosive wear of polymers and also of metals. Pin-on-disc sliding wear tests conducted with
UHMWPE pins slid against martensitic stainless steel discs revealed an acceleration of wear
when human and animal proteins were supplied to the sliding contact. It appears that the
effect of frictional heat and shearing causes the chemical modification of both the protein and
the wearing material. The modified protein becomes sufficiently chemically active to degrade
the UHMWPE and accelerate wear by the formation of a weakened surface layer on the
UHMWPE. There is an increase in coefficient of friction since the protein forms a sticky layer
on the surface of stainless steel. The effect depends on the protein type, e.g. gamma-globulin
(a protein that is involved in the immune system) is particularly active while albumin (a
very common protein) is only moderately active. This protein layer is not only sticky but can
also became lumpy and cause abrasion of the UHMWPE which is usually a very tough and
wear-resistant polymer. Wear also occurred on the martensitic stainless steel counter-sample
which became pitted within the wear track. This is an example of corrosive wear caused by
localised fractures occurring on the oxide film covering the metallic surface and sustaining
intense localised anodic corrosion resulting in pits [114].

· Effects of Polymer Microstructure

The microstructure of polymers affects their wear and frictional characteristics. Two basic
topics have appeared in studies of polymer microstructure:

· the relative merits of amorphous and crystalline polymers as bearing materials,
and

· the size of spherulites in crystalline polymers.

It is postulated that amorphous polymers can only provide low friction and wear rates close
to the glass transition temperature [32]. At temperatures higher or lower than the glass
transition, a high wear rate is expected. Crystalline polymers, on the other hand, offer a much
wider temperature range for low wear and friction. The useful temperatures range from
below room temperature (but above the brittleness temperature) to close to the melting point
of the polymer [32]. Crystalline polymers are therefore commonly used as bearing materials
given the variation in surface temperature with sliding speed and load. The amorphous
polymer found usually on the surfaces of moulded items and formed as a result of rapid
surface cooling is not recommended for use as a bearing material [38].

It has been theorized for some time that reducing the spherulite size of crystalline polymers
should improve their wear resistance [38]. The basic argument for this is that the size of wear
particles produced is proportional to the spherulite size as shown in Figure 16.27.

Spherulites of crystalline material in a polymer are separated by layers of more brittle
amorphous material. According to the model shown in Figure 16.27, wear particles form by
crack development between spherulites and their size is similar to that of the spherulites.
Any reduction in the spherulite size would therefore result in a reduction of the wear
particle size and consequently the wear rate.

Tests at low sliding speeds and low contact stress conducted with polypropylene pins sliding
against a relatively smooth (Ra = 0.02 [µm]) steel counterface confirmed the influence of
spherulite size on wear rate [40], although the trend in wear rate is not exactly the same as
predicted by the model. An optimal spherulite size was found which minimized both the
friction and wear coefficients. Experimental data of friction and wear coefficients as a
function of spherulite diameter is shown in Figure 16.28.
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FIGURE 16.27 Model of effect of the spherulite size on wear rate.
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FIGURE 16.28 Variation of friction and wear coefficients versus spherulite diameter [40].

It can be seen from Figure 16.28 that the variation in wear rate versus spherulite diameter is
quite small. A reduction of 35% in wear, compared to very small or very large spherulite
sizes, occurs at 85 [µm] spherulite diameter.
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In some applications, e.g. orthopaedic implants, UHMWPE components are sterilized by γ-ray
irradiation which often causes a reduction in the wear resistance of this material. Despite the
apparent disadvantages this procedure is generally accepted as the need for sterilization
outweighs any consideration of reduced wear resistance. However, it has been found recently
that γ-ray irradiation does not cause much destructive scission of UHMWPE molecular
chains when applied in combination with heat treatment. Moderate elevations in
temperature during or after γ-ray irradiation encourages cross-linking of the UHMWPE
molecular chains rather than chain scission and this cross-linking is found to greatly
improve sliding wear resistance [115].

16.3 TRIBOLOGY OF POLYMER COMPOSITES

Polymers are very rarely used as bearing materials in their pure form. Even a nominally pure
polymer, e.g. nylon, contains plasticizers and colouring agents. As indicated in previous
chapters, the wear of polymers is strongly influenced by these adjuvants. It has been shown,
for example, that plasticizers cause a reduction in friction for polyethylene by diffusing to the
polymer surface to form a lubricating layer [34].

The particular importance of polymer composites is that improvements in polymer tribology
can be achieved by the deliberately engineered addition of strengthening and lubricating
agents. This methodology is fundamentally different from the ad hoc exploitation of existing
material characteristics. Composites are developed for superior mechanical strength and this
objective often conflicts with the simultaneous achievement of superior wear resistance.
World wide there is a common aim, however, of developing and producing high quality
composite materials with special combinations of mechanical and tribological properties.

There is a wide variety of composite materials available, but the basic types of polymer
composites are:

· bulk polymer containing a lubricating polymer, e.g. nylon + PTFE,

· polymer containing a metal or an inorganic powder, e.g. PTFE + lead powder,

· metal wire or inorganic fibre reinforced polymer, e.g. glass reinforced PTFE,

· reinforced polymer containing a second lubricating polymer, e.g. glass reinforced
nylon + PTFE.

Polymer Blends

It is a common practice to add a polymer, usually PTFE, to another polymer in order to
reduce the coefficient of sliding friction while maintaining a low wear rate. Examples of these
materials are nylon or polyacetal with added PTFE. The tribological characteristics of these
polymer composites appear to depend on the PTFE fraction depositing a thin transfer film on
the counterface. This form of composite polymer, however, does not have the same potential
for improvement of its tribological characteristics as other more complex composites such as
fibre reinforced polymers.

Fibre Reinforced Polymers

Fibre reinforced polymers are a very important type of composite and a wide range of
materials belong to this category. There are two basic forms of fibre-reinforced polymer:

· polymers reinforced by randomly oriented chopped fibres,

· polymers reinforced by unidirectional or woven fibres.
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Glass, polymer, graphite and metals are usually used for fibres although some metals, e.g.
stainless steel, can be unsatisfactory [41].

· Chopped Fibre Reinforced Polymers

Chopped fibre reinforcements are effective in reducing wear [42] provided that there is a
strong adhesion between the fibres and the matrix [43]. It was found that the limits of sliding
speed and contact stress can be raised and the wear rate lowered by the incorporation of
chopped fibres [42]. The major problem with fibre reinforcement, in particular with chopped
fibres, is that the wear resistance depends more on fracture occurring between the fibres and
the matrix than on the bulk mechanical properties of the material [43]. This is probably
because wear occurs on a micro-scale where there is no mechanism of material strengthening
comparable to bulk fracture which involves cracks passing through many fibre-matrix
interfaces. For this reason the optimum volume concentration of chopped fibres for
maximum wear resistance is close to 10% which is less than the concentration required for
optimum toughness of the composite [43].

The type of reinforcement fibres and fillers used affects the tribological performance of
composites to some degree. The inherent brittleness of most of the reinforcement fibres, e.g.
glass, results in rapid fibre damage under abrasive wear [44] or erosive wear [45]. It was found
that abrasive wear is more severe when the short chopped fibres filler is used rather than
small spheres and that the improvement in adhesion between the filler particles and matrix
polymer results in the increase of abrasive wear resistance [46].

Polymer composites, although often exhibiting good wear resistance when in contact with a
smooth counterface where adhesive or fatigue wear would prevail, often show inferior wear
resistance compared to the unimproved polymer under conditions of abrasive or erosive
wear [44]. This indicates that the composite materials for a particular application should be
chosen very carefully.

· Unidirectional and Woven Fibre Reinforcements

The wear mechanisms in unidirectional and woven fibre polymer composites are the subject
of quite intense research. Fibre orientation is critical to the tribology of the polymer
composite. There are three principal fibre orientations relative to the sliding interface:
parallel, anti-parallel and normal. These are illustrated in Figure 16.29.

Although the wear mechanisms involved in polymer composites with these three different
fibre orientations are similar, they are not identical. The wear process of the parallel and anti-
parallel orientations is illustrated in Figure 16.30. Wear of the matrix and fibre proceed at the
same rate until the depth of about half of the fibre diameter is worn away and the fibres start
to detach in short segments from the matrix.

It can be seen from Figure 16.30 that wear debris originating from the fibres range from fine
powder to complete segments of fibre as the wear proceeds. In contrast wear debris from the
matrix tend to be uniformly fine. It is possible that a fine transfer film of the matrix polymer
may cover the exposed fibres and reduce the overall coefficient of friction [47]. This effect is
especially marked when PTFE is used as the matrix polymer [47].

The wear mechanism of normally oriented fibres is different since partially worn fibres
remain firmly attached in the matrix. During the process of wear the fibres are subjected to
repeated bending which causes them to gradually debond from the matrix [48]. A
simultaneous process of cracking and fragmentation at the fibre ends allows material to be
eventually released as wear debris. The mechanism of wear during normal fibre orientation
is schematically illustrated in Figure 16.31.
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FIGURE 16.29 Orientation of reinforcement fibres to the sliding counterface [41].
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FIGURE 16.30 Wear process of parallel and anti-parallel fibre lays [41].
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FIGURE 16.31 Mechanism of wear when reinforcement fibres are oriented normal to the
counterface [48].

Polymer composites with parallel fibre orientation are the most preferable followed by the
anti-parallel types [41]. Polymer composites with the normal fibre orientation give a low wear
rate but at the risk of sudden seizure. The reason for this is that the exposed normal fibres
tend to gouge into the counterface and initiate severe wear or seizure [41].

Unidirectional and woven reinforcements do not offer dramatic improvements over
chopped fibre reinforcements for wear against smooth steel counterfaces. Wear rates under
these conditions are usually controlled by crack propagation between fibres and matrix. The
woven or unidirectional reinforcements offer far more favourable crack propagation
conditions than short chopped fibres where many cracks are formed for each fibre segment
[41,42]. This results in rapid wear by crack propagation to release wear particles. Woven fibre
reinforcements, particularly made of tough materials such as Aramid, are useful in
controlling abrasive wear [42]. As mentioned already, brittle fibres cause rapid abrasive wear
so the selection of fibre material is crucial to the characteristics of the composite.

Matrix-less weaves of PTFE fibres and glass fibres provide good wear resistance up to contact
pressures of about a few [MPa], when slid against smooth steel surfaces. Lubricants or low
friction polymers, e.g. PTFE, can also be added to the composite in order to lower the
coefficient of friction while maintaining mechanical strength [49].

Fibre reinforced polymers are vulnerable to corrosive or chemical attack by many substances
including lubricating oils and fuels [49]. Chemical attack of the composite usually causes fibre
debonding which results in rapid wear [36]. Accelerated fibre debonding by solvents and the
subsequent rapid wear is schematically illustrated in Figure 16.32.

· Modelling of Wear of Fibre Reinforced Polymers

A limited number of semi-empirical formulae have been developed to summarise the wear
and friction behaviour of reinforced polymers [41,42]. For example, it was found that the
coefficient of friction of reinforced polymers obeys a reciprocal law of mixtures [41], i.e.:
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1/µ = Vf/µf + Vm/µm (16.5)

where:

µ is the coefficient of friction;

V is the volume fraction;

f, m are the subscripts referring to fibre and matrix polymer respectively.

The role of fibre ‘lubricity’ is described by this equation. For example, a high lubricity fibre
which exhibits a low coefficient of friction against most counterfaces, e.g. graphite, allows the
composite to have a lower coefficient of friction than it would have with a low lubricity fibre,
e.g. glass. Equation (16.5) implies that transfer films of polymer smeared over exposed fibres
do not have much effect on friction. This assumption, however, may be invalid in certain
cases.
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FIGURE 16.32 Wear mechanism of fibre composite in the presence of an aggressive solvent.

Powder Composites

A wide range of powdered metals and inorganic solids are often added to polymers.
Commonly used powder reinforcements in polymers include: copper, lead, zinc, non-ferrous
alloys such as bronze and solid lubricants, such as graphite and molybdenum disulphide.
Powdered glass has also been used as a reinforcement material [42]. As described already in
Chapter 9, in general, the addition of solid lubricants to polymers results in some
improvements in their wear and frictional characteristics. The degree of these improvements
varies greatly depending on the type of polymer and lubricant used. For example, polymers
of moderate lubricity such as nylon and polyimide exhibit the greatest improvements with
the addition of solid lubricants, while the improvements to PTFE are very limited. Graphite
usually shows superior performance to molybdenum disulphide. On the other hand, it has
also been shown that, in some cases, molybdenum disulphide added to nylon oxidized
during wear and failed to develop an effective transfer film and the friction performance of
the composite was inferior to that of plain nylon [50].

Powdered metal reinforcements are particularly effective with PTFE, since the wear
resistance is significantly increased while a low friction coefficient is maintained [4]. The
reasons for this improvement are complex and involve many factors such as improved
thermal conductivity to dissipate frictional heat. A recently developed model suggests that
metal powders, in particular, function by bonding the crystalline lamellae of PTFE to the
counterface and also by supporting part of the load. Soft plastic metals with some chemical
activity, e.g. copper, exhibit these characteristics and are therefore useful fillers for PTFE [19].
The model of the function of powdered metal fillers in PTFE is schematically illustrated in
Figure 16.33. As shown in Figure 16.33 a complex transfer layer of sheared PTFE and highly
deformed powdered metal forms on the counterface. The properties of this layer determine
friction and wear characteristics by an as yet unknown mechanism.
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FIGURE 16.33 Influence of metal powder fillers on wear reduction of PTFE.

16.4 WEAR AND FRICTION OF CERAMICS

Ceramics are a special class of materials that include a wide range of hard refractory inorganic
compounds, which are formed by heating the base material in powder form to a high
temperature where sintering or solid state reaction occurs. The result of this process is a
material which possesses superior hardness, good chemical resistance and on occasions
much greater wear resistance than most metals.

An example of the superior wear resistance of ceramics over more traditional materials can
be illustrated by a rocker and cam assembly of an internal combustion engine [51]. This
particular assembly is a major cause of engine wear problems because of the combination of
elevated temperature, sliding and high contact stresses. Experimental measurements of the
wear depth on sintered ferrous and silicon nitride rocker arm pads are shown in Figure 16.34.
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FIGURE 16.34 Effect of substitution of ferrous rocker arm pads by ceramic rocker arm pads on
the wear resistance [51].

It is evident from Figure 16.34 that the replacement of the metallic pads by silicon nitride
pads has caused wear to virtually cease after an initial wearing-in period.

Apart from the improvement in tribological performance ceramics maintain their physical
properties (hardness, strength) at elevated temperatures. Therefore they are being advocated
as the new bearing materials despite the fact that the manufacturing process required is much
more difficult than that of metals. Ceramics used for bearings or wear resistant components
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usually consist of oxides, nitrides or carbides of aluminium, silicon and other metals. A list
of typical ceramics with their physical properties is shown in Table 16.3.

TABLE 16.3 Physical properties of typical engineering ceramics.

  

Ceramic

Alumina

Hardness

[Vickers]

Max. service
temperature

[°C]

Specific
heat

[J/kgK]

Thermal
conductivity

[W/mK]

Tensile
Modulus

[GPa]

Sapphire
(hard form of alumina)

Aluminium nitride

Boron carbide (hot pressed)

Boron nitride (hot pressed)

Silicon
carbide (reaction bonded)

Sialon

Zirconia stab. with MgO

1500 - 1650

2500 - 3000

1200

3200

Very soft

2400 - 2800

2500 - 3500

1700 - 2200

800 - 1000

1650 - 1800

1200

1800

1800 - 1950

1200

700 - 800

950 - 1200

1500 - 1650

1400 - 1650

1100 - 1650

1200 - 1500

1500

2200

920

753

800

950

780

670 - 710

670 - 710

680 - 800

690

620 - 710

470

28 - 35

41.9

165

27 - 36

15 - 33

90 - 160

200

15 - 43

10 - 16

20

1.3

330 - 400

-

-

440 - 470

20 - 100

350 - 440

410

280 - 310

170 - 220

280 - 300

200

Density

[kg/m3]

3900

3985

3250

2450

1800

3150

3100

3110

2400

3240

5740

(hot pressed)

Silicon
nitride (reaction bonded)

(hot pressed)

The tribological characteristics of ceramics are complex and depend on the following factors:
material composition and properties, sliding conditions (speed, load and temperature), the
surrounding environment and the type of counterface [53].

Ceramics are often classified as ‘oxides’, ‘carbides’ or ‘nitrides’ and this classification is
reflected by significant differences in friction and wear mechanisms. Some ceramics, e.g.
aluminium oxide, consist mostly of a pure material to which small amounts of additives are
added to promote sintering. Other ceramics are composite ceramics with mechanical and
tribological characteristics that cannot be explained in terms of a single material. For example,
sialon is a solid solution of aluminium oxide and silicon nitride; partially stabilized zirconia
(PSZ) is zirconia containing a small amount of a stabilizer such as magnesium or yttrium
oxides. The term ‘ferrite’ is also used but this is non-standard nomenclature for the magnetic
iron oxides which are used in the electronics industry for data recording. The wear
characteristic of ferrites determines the quality of data transmission from recording discs and
has been intensively studied by researchers in the electronics industry [52].

Physical properties of ceramics depend, to a larger degree, on the manufacturing process, and
for the same material different values of, for example, hardness and strength are obtained
when different manufacturing processes are employed (Table 16.3). Other ceramic
characteristics such as porosity and grain size also depend on the manufacturing process.
Since all these properties influence wear and friction of ceramics, the method of
manufacturing (e.g. hot pressing or reaction bonding) should always be included in material
specifications [54,55]. For example, the effect of porosity on ceramic wear is schematically
illustrated in Figure 16.35.

Each of the ceramics has particular merits and disadvantages. For example, silicon carbide
and silicon nitride have good mechanical properties but require very high temperatures for
processing. Aluminium oxide is hard but brittle, while tough partially stabilized zirconia
loses its toughness at relatively low temperatures of around 500°C. Oxide ceramics are more
chemically stable than nitride or carbide ceramics which can be oxidized, but some of the
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oxides, in particular zirconia ceramics, are susceptible to stress cracking in the presence of
moisture. Variations in chemical reactivity between ceramics can affect their performance
under conditions of corrosive wear. Despite the high hardness, ceramics often suffer severe
wear, especially in dry conditions, and therefore very careful selection of these materials for a
particular application is necessary.
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FIGURE 16.35 Effect of porosity on ceramic wear.

Unlubricated Wear and Friction of Ceramic-Ceramic Contacts

The unlubricated wear and friction of ceramics is strongly influenced by sliding conditions,
temperature and the presence of moisture. Different wear mechanisms take place under dry
(vacuum, dry gases) and moist (air, water) contacts and at elevated temperatures.

The deformation processes taking place in a dry ceramic contact can be loosely classified as
either ‘ductile’ or ‘brittle’, and depend mainly on the speed/load conditions [53]. In ductile
deformation, observed usually under moderate sliding conditions, an asperity contact causes
plastic flow and displacement of material rather than its removal. Consequently sliding
results in low friction and little wear. In contrast, brittle deformation is characterized by
extensive fracture along the grain boundaries during an asperity contact. This type of
deformation dominates at high contact stresses and/or in systems where one counterface is
much harder than the other. Entire grains of a ceramic can be detached by brittle fracture and
debris is formed by the subsequent fragmentation of these grains. Severe wear usually
accompanied by high friction is observed. The mechanisms of ductile and brittle
deformations of ceramics are schematically illustrated in Figure 16.36.

Several wear mechanisms, such as abrasion, adhesion, micro-fracture and delamination,
separate or combined, contribute to the wear damage in ceramic-ceramic sliding and rolling
contacts. A fine powdery debris released during the asperity contact often accumulates to
form debris layers on the worn surface. The formation of top layers, observed on both
polished and ground surfaces, modifies surface topography and in some cases is responsible
for lowering friction. The debris layers are further subject to smearing and, at sufficient
stresses, are gradually worn by microfracture and/or delamination.

· Dry Friction and Wear of Ceramics at Room Temperature

In vacuum and in dry gases friction coefficients between self mated polycrystalline ceramics
are usually high, in the range of 0.5 to 0.9 [56-58]. However, these coefficients are much lower
than those of metals in a vacuum, which indicates the lower susceptibility of ceramics to
seizure. In air a wider range of coefficients of friction, from 0.3 to 1.0, is observed [56,57,59].
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FIGURE 16.36 Mechanisms of ductile and brittle deformations of ceramics.

In air at low velocities and low contact pressures moderate friction and wear of ceramics are
often observed [59,60]. A transition to severe wear occurs when speed and/or load are
significantly increased [59,61]. High transient temperatures, particularly when caused by high
sliding speed, can also result in a severe increase in the wear of ceramics. Self mated ceramics
with low thermal conductivity (e.g. PSZ) often suffer a steeper increase in wear rates at high
speed than ceramics with higher thermal conductivity (e.g. SiC) [59]. Also, due to the
brittleness of ceramics cracking from thermal stresses after rapid cooling can occur [59]. Wear
debris are then released as a result of crack growth and convergence, as illustrated
schematically in Figure 16.37.
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FIGURE 16.37 Wear mechanisms of ceramics by thermal stress.

When a sliding ceramic couple consists of two dissimilar materials, the wear depends on the
materials' properties (i.e. hardness, thermal conductivity) and their configuration [58,62]. For
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example, harder pins cause higher wear on softer discs/rings which are used as a counterface
in common tribometers, i.e. pin-on-disc machines, and lower thermal conductivity ceramics
often suffer higher wear [58,62]. The tribological behaviour also changes when the pin and
disc materials are reversed [63] but no clear explanation of this phenomenon is available.

· Dry Friction and Wear of Ceramics at Elevated Temperatures

The wear and friction of ceramics are usually increased at elevated temperatures [59,64,65],
although in certain temperature ranges wear reduction has been recorded for silicon based
[59,64], alumina [58] and PSZ ceramics [60,66,67]. Alumina ceramics suffer increased wear at
high temperatures in air which is usually due to abrasion [59], however, the opposite trend
has been observed in nitrogen [58]. Both an increased and decreased wear of PSZ ceramics at
elevated temperatures have been reported and the behaviour has been explained in terms of
different phase transformations taking place [59,66]. The wear increase was associated with
the presence of a cubic phase [59] while better wear resistance was observed when a tetragonal
to monoclinic transformation occurred [66]. The examples of the wear tracks on PSZ at 25°C
and 400°C after self mated unlubricated sliding in air are shown in Figure 16.38.

        
100µm

a)                 

100µm

b)

FIGURE 16.38 SEM micrographs of the wear tracks on PSZ plates at a) 25°C and b) 400°C after
self mated unlubricated sliding in air.

Non-oxide ceramics such as silicon nitride and silicon carbide suffer tribo-oxidative wear (a
combination of abrasive and oxidative wear) at high temperatures if air or oxygen is present
[59,64]. A film of silicon dioxide formed on the worn ceramic surfaces is preferentially worn
away because of its inferior mechanical properties. The mechanism of tribo-oxidative wear of
non-oxide ceramics is shown schematically in Figure 16.39.

· Friction and Wear of Ceramics in the Presence of Water or Humid Air

Water and/or atmospheric moisture can affect the wear of ceramics in both positive and
negative ways. The most beneficial effect of moisture is the formation of a thin soft hydrated
layer on the ceramic surface which acts as a lubricant [68]. The lubricating layer can be formed
on both alumina [56,69] and silicon-based ceramics [56,70]. However, if the depth of the
hydrated layer becomes excessively large then a form of corrosive wear occurs in the presence
of water [68]. The contrast between the beneficial lubricating effect of a thin hydrated layer
and the effect of accelerated wear by a thick hydrated layer is schematically illustrated in
Figure 16.40.
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FIGURE 16.39 Mechanism of tribo-oxidative wear of non-oxide silicon ceramics.
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FIGURE 16.40 Lubrication and corrosive wear by hydrated layers on ceramics.

Another effect of water is to introduce stress corrosion cracking by hydrolysis at the crack tip
[56]. The stressed crystalline lattice at the apex of a crack provides a favourable reaction site for
the dissociation of water and the production of hydroxide [56]. The hydroxide is much weaker
than the corresponding oxide of the ceramic substrate and rapidly fails under tension,
extending the crack and exposing fresh oxide. This effect is particularly noticeable in zirconia-
based ceramics such as tetragonal zirconia polycrystals (Y-TZP), where accompanying
tetragonal to monoclinic transformation at the crack tip introduces a net of tiny cracks [56,57].
Hydrolytic stress corrosion cracking and the corresponding wear mechanism are illustrated
schematically in Figure 16.41.

· Quantitative Wear Model of Ceramics

Studies of the dry, wet and lubricated sliding wear of ceramics at ambient temperatures
revealed a close relationship between the maximum tensile stress in the wearing contact and
the critical fracture stress of the ceramic [117]. Wear volume can be calculated from the
following empirical formula [117]:

V   =
CPl σm a x 

H v σD 
(16.6)
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FIGURE 16.41 Stress corrosion cracking caused by water in oxide ceramics.

where:

V is the wear volume [m3];

C is the proportionality constant [non-dimensional];

P is the normal load [N];

l is the sliding distance [m];

Hv is the Vickers Hardness [Pa];

σD is the critical fracture stress for a ceramic grain size of ‘d’ [Pa]. This stress can be
deduced from a modified form of the Griffith theory of brittle fracture where
defect size is assumed to be directly proportional to grain size of the ceramic;

σmax is the maximum tensile stress in the contact [Pa], which can be found from the
Hertzian contact theory, i.e.:

σm a x = +1 − 2υ
3[ ]3P

2πa2

πµ(4 + υ)
8

where:

a is the Hertzian contact radius [m];

υ is Poisson's ratio;
µ is the friction coefficient.

Rearranging equation (16.6) yields:

=VH v

P l
C

σm a x 

σD 
(16.7)
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The left-hand side of this equation is the Archards wear coefficient ‘K’ for materials [116]
while the right-hand side of the equation contains a factor, ‘σmax/σD’, which describes, at any
time, the ratio of the applied stress to the critical damage stress for brittle materials under
contact [117]. The ‘σmax/σD’ ratio depends on material properties and operating conditions. An
analysis of equation (16.7) indicates that its left-hand side may not be constant. This implies
that during the wear of ceramics the wear mechanism may change resulting in wear
transition [117]. It has been found that during the sliding wear of ceramics a mild to severe
wear transition with a step change, or precipitate increase, in the value of the wear coefficient
‘C’ occurs. In the mild wear regime, ‘C’ approximates to 10-6 (1/million) while in the severe
wear regime, ‘C’ approximates to 10-4 (1/10,000). The transition occurs when ‘σmax/σD’ ratio
exceeds unity. This means that severe wear is initiated by extensive cracking on the worn
surface.

· Dry Wear and Friction Characteristics of Individual Ceramics

There are significant differences in wear and friction characteristics of individual ceramics
and the tribology of the most wear resistant engineering ceramics is summarized in Table
16.4.

TABLE 16.4 Tribological characteristics of selected wear resistant ceramics in unlubricated
self-mated contacts.

 

Ceramic and properties

Alumina

Transformation
toughened zirconia
(Mg-PSZ, Y-PSZ, Ce-PSZ)

High friction and wear; susceptible to wear by brittle
microfracture and grain pull-out [56,58]

Evidence of plastic deformation at elevated
temperatures with decreasing wear [58]

Environment Tribological characteristics

Vacuum or
dry gas

Air Lower wear and friction [58]

Can be lubricated in water by the hydrated top layers
[56,69]

Moist or
wet

Vacuum or
dry gas

Air

Stress corrosion cracking in the presence of water
molecules [56,57]

Moist or
wet

High wear and friction [56]

Low wear and friction at very low speeds [60]

High wear and friction at higher loads/speeds [59,61,67]

Increase in wear and friction at elevated temperatures
[58,59,67] with few exceptions [66,67]

Evidence of plastic deformation and delamination [67]

Vacuum or
dry gas

Air

Tribochemical reaction in water and humid air; decrease
in wear and friction [56,70]

Moist or
wet

High wear and friction [56]

Tribochemical reaction with the formation of silicon
dioxide in the presence of air/oxygen [56,70]

Wear by cracking and spalling of SiO2 [56]

Silicon based ceramics
(Silicon carbide, silicon
nitride, sialon)

· High hardness
· Low fracture toughness

· High fracture toughness
· Moderate hardness
· Low heat conductivity

· High hardness
· Low to moderate

fracture toughness
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A common feature, however, is a similar response of all the ceramics to the tribological
stress. At low to moderate contact stress, wear of ceramics is controlled by ductile
deformations resulting in mild wear regime. At large contact stresses a transition from mild
to severe wear regime occurs and wear is controlled by cracks and fracture. Additional effects
play an important role in environments where tribochemical reactions take place, e.g. humid
air, water, high temperature [118]. Since wear of ceramics is affected by so many variables it is
often very difficult for an engineer to assess a true benefit of using ceramics in a particular
tribological application. In order to resolve this problem various user-friendly graphical wear
maps, similar to those available for steels, have recently been developed [e.g. 119-121].
Different wear regimes, such as severe, mild and negligible wear, and the critical operating
limits of load, speed or temperature for a particular ceramic can easily be determined from
such graphs.

Lubricated Wear and Friction of Ceramic-Ceramic Contacts

It is known that ceramics can experience severe wear damage and high friction during
unlubricated sliding, especially under conditions of high loads, speeds and temperatures.
Extensive research efforts have been directed towards incorporating liquid and solid
lubrication into ceramic systems in an attempt to reduce friction and wear.

· Liquid Lubrication

It is possible to achieve significant reductions in the friction and wear of ceramics by the
application of oil lubricants which were originally formulated for metallic sliding surfaces.
However, liquid lubrication of ceramics has two major drawbacks:

· limited reactivity of lubricant additives with ceramic surfaces, and

· a temperature barrier at which liquid lubricants start to decompose.

As discussed already in Chapter 8, there are two basic types of friction reducing additives
present in lubricating oils: surfactants which produce adsorbate films, and reactive additives
(E.P. additives) which form corrosion product films. With ceramics the former type is most
effective [71,72] as they are almost inert to reactive additives. This distinction is illustrated in
Figure 16.42.
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FIGURE 16.42 Effect of lubricant additives on ceramics.

Mineral and synthetic oils might provide effective lubrication only up to a certain
temperature which is dictated by the thermal stability of the lubricant. These critical
temperatures, discussed already in Chapter 3, range from 150°C to 200°C for mineral oils and
from 250°C to about 300°C for synthetic oils. Current developments in synthetic lubricants
predict their use at temperatures up to 450°C in the near future [73]. Since the ceramics can
successfully be used in systems operating even at higher temperatures, another form of
lubrication must be found.
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Experimental results show that the wear and friction of ceramics are usually reduced in the
presence of simple hydrocarbons and mineral oils compared to unlubricated contacts
[57,60,74]. Synthetic liquid oils, such as polyol esters, polyphenyl ethers and
perfluoropolyalkylethers, which can operate at higher temperatures than mineral oils, can
also lubricate ceramics [75,76]. The coefficient of friction is usually reduced to about 0.1 but the
wear performance of ceramic-ceramic pairs in oil is often worse than that of metallic or
metal-ceramic pairs operating under the same conditions [62,75]. This indicates that there is
different mechanism of interaction between oil additives and ceramic and metallic surfaces
[77].

The performance of selected ceramics in the presence of liquid lubricants is summarized in
Table 16.5. Most of the tests were conducted at room temperature, and only limited data are
available for elevated temperatures.

TABLE 16.5 Performance of selected ceramics in liquid lubricants.

  

Lubricant Test conditions Ceramic Ref.Wear and friction

Hexadecane Low speed,
moderate load

PSZ
[57]

Friction and wear reduction compared to air and
water

Hexadecane
+ stearic acid

n-tridecane
+ stearic acid

Very low speed PSZ Friction reduction but wear increase compared to
air

[60]

Mineral oil Boundary
conditions

PSZ
[74]

Wear higher than steel

Al2O3 Wear comparable to steel

Squalane Concentrated
contact

PSZ

[75]

Wear similar to steel

SiC
Wear higher than steel

Si3N4

Base oil, 90°C 4-ball test PSZ, SiC

[74]

Less wear than steel for lower speeds and loads

Al2O3 Wear higher than steel

Si3N4 Very low wear and friction

Perfluoro-
polyalkyl-
ether

Concentrated
contact

PSZ

[75]

Wear lower than steel

SiC
Wear higher than steel

Si3N4

The most durable and therefore effective adsorbate films are formed on ionic ceramics which
are usually oxide ceramics, where a strong bond is developed between a hydrogen atom from
a polar hydrocarbon and an oxygen from a ceramic [71,78]. It was found that at low loads and
sliding speeds alumina is effectively lubricated by fatty acids with six or more carbon atoms
[71,78]. In comparison, longer chain fatty acids are needed for steel lubrication, as discussed in
Chapter 8. The lubricating adsorption layers on alumina are also formed by ZnDDP additives
with long n-alkyl chains [71,78]. Covalently bonded ceramics, e.g. silicon carbide, do not
respond significantly to lubrication by fatty acids and ZnDDPs, since the adsorption force is
governed by a weaker van der Waals bonding [71].

In boundary lubrication of metallic surfaces, the chemical reactions between oil additives and
metallic surfaces generate reaction products which separate surfaces and reduce friction as
described in Chapter 8. The chemical inertness of most ceramics minimizes the possibility of
similar reactions occurring in ceramic-ceramic lubricated systems [71,77]. One view is that the
effective lubrication of these systems is achieved by chemical reactions in the heated
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lubricant without any direct involvement of the ceramic surface [77]. The reaction products
from the lubricants are deposited on ceramic surface and a reduction in friction and wear
usually results [77]. Small amounts of ZnDDP additives were found to reduce the wear of
silicon carbide, silicon nitride and PSZ [74].

· Solid Lubricants

One of the main advantages of ceramics over metals is that they maintain their mechanical
properties at high temperatures, i.e. they do not suffer from rapid softening as is the case with
most metals. The prime objective therefore, is to provide lubrication at high temperatures,
above the levels set by mineral and synthetic lubricants. The other objective is to provide
lubrication in a vacuum where ordinary oils quickly evaporate. The task can be accomplished
by the use of solid lubricants in the form of powders, sticks or deposits produced by vapour or
gas decomposition at elevated temperatures [65,73,79]. Alternatively, the application of thin
surface coatings of a lubricious nature might also provide a solution to this problem.

In general solid lubricants consist of metal oxides, fluorides or compounds based on sulphur
and phosphorus. One proposed solution to minimize friction and wear in ceramic bearings
at high temperatures is the use of powder lubricants, based on, for example, TiO2 or MoS2,
provided via a gaseous carrier [79,80]. Another concept, ‘Vapour Phase’ (VP) lubrication
involves the deposition of lubricating films directly from an atmosphere of vapourized
lubricant. This lubrication is particularly attractive for use in internal combustion engines. A
vapourized lubricant is delivered in a carrier gas forming a thin lubricating film on the hot
bearing surface [81]. A similar concept involves the deposition of carbon lubricants achieved
by decomposition of gaseous hydrocarbons on hot substrate surfaces [82].

VP lubrication of ceramics by the heated vapour of tricresylphosphate (TCP) carried in a
nitrogen/oxygen mixture gas has been demonstrated [83]. However, pre-treatment of the
ceramic surface to produce ferric oxide was necessary in order to obtain good adsorption of
TCP oxidation products. In some cases a coefficient of friction as low as 0.05 was achieved at a
temperature of 280°C [83]. On the untreated ceramic surfaces the lubricating films were
deposited by the mechanism of physisorption and thus failed to be effective in reducing
friction and wear [81].

Spontaneous decomposition of ethylene to form a graphitic layer on a ceramic surface at high
temperatures has been demonstrated for sapphire pins sliding on silicon nitride and silicon
carbide discs [82]. It was found that the process of dry sliding induced sufficient catalytic
activity on the ceramic surface for the ethylene gas to decompose and form a lubricating film
resulting in a low coefficient friction of about 0.1 at 550°C [82]. The concepts of high
temperature lubrication of ceramic by gas and vapour are schematically illustrated in Figure
16.43.

 

Medium temperature vapour lubrication High temperature gas lubrication

Ceramic

Polymeric film of oxidation products
which acts as a lubricant

Iron oxide layer to promote adsorption
of TCP oxidation products

O2

Tricresylphosphate

Oxidation
products

Ceramic

Ethylene

Graphite lubricating layer

Hot, rough and mechanically strained
ceramic surface with catalytic activity

Catalytic decomposition
to form graphite

FIGURE 16.43 Concepts of high temperature lubrication of ceramic by gas.
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Another method of solid lubrication of ceramics involves the use of thin lubricious surface
coatings. Coatings produced by various techniques such as plasma spraying [84,85], ion-beam-
assisted deposition (IBAD) [86-89], and ion-implantation [90-92] have been investigated and a
reduction in friction and wear often found. Solid lubrication can be provided by the
application of soft metallic coatings such as silver [87] and MoS2 [90] or the generation of
lubricious metallic oxides formed at high temperatures [86]. The application of modern
coating techniques eliminates most of the problems associated with providing a good bond
between a solid lubricant and a substrate surface.

Since the effectiveness of solid lubricant films is often limited by their short life-time the idea
of directly incorporating a solid lubricant into a ceramic matrix has been explored. There are
two main problems associated with this concept: (i) finding a way to introduce a solid
lubricant into the ceramic structure without sacrificing high ceramic strength and hardness,
and (ii) the provision of a sufficient amount of lubricant release during sliding. The concept
has been tested on silicon nitride and alumina ceramics with drilled holes filled with
graphite [93]. The coefficient of friction was reduced for Si3N4-graphite composite sliding on
steel but the wear was comparable to that of plain Si3N4.

Wear and Friction of Ceramics Against Metallic Materials

Metallic alloys, in particular steel [62,94-96] and cast iron [96,97], have been widely studied as
sliding counterfaces to ceramics. The number of tested combinations of materials as sliding
couples is quite large and both the metal and the ceramic contribute to the variation in
friction and wear characteristics. The coefficient of friction in dry ceramic-metal contacts
depends on the type of metallic counterface and the load/speed conditions which directly
influence the transient interface temperature and the extent of metallic surface oxidation.
Broad ranges of coefficients of friction for various metallic counterfaces have been reported:
0.2 - 0.8 for steels and cast irons [62,96,98], 0.2 - 0.5 for softer materials such as brass, bronze,
aluminium and copper [60,61,96,98] and 0.3 - 0.4 for cobalt-chromium alloys [99]. These
coefficients usually increase at elevated temperatures [67,98].

The common feature of almost all ceramic-metal interactions is that the metal adheres to the
ceramic to form a transfer film [53,62,96,98]. This should always be taken into account in the
interpretation of wear and friction results. The formation of a transfer film is the result of
two factors: strong adhesion between clean ceramic and metal surfaces and the lower plastic
flow stress of most metals compared to ceramics. Adhesion and friction between metal and
ceramic surfaces strongly depend on the ductility of the metals [100]. Soft metallic
counterfaces such as brass and bronze usually generate thicker transfer films [61,96] while
steel and cast iron transfer films are fragmentaric [96]. The adhesion forces can be suppressed
by the presence of contaminants and/or hard surface coatings such as borides [98,99]. In such
cases negligible film transfer and lower friction are observed. At elevated temperatures the
thickness and surface coverage of the metallic transfer film increases due to the removal of
contaminants and softening of the metallic materials [67,98]. The mechanism of metal
adhesion to a ceramic surface and the formation of a metallic transfer layer is illustrated in
Figure 16.44. SEM micrographs of metallic transfer film onto ceramic surfaces at room and at
an elevated temperature are shown in Figures 16.45 and 16.46 respectively.

The damage sustained by a metallic counterface depends on the type of ceramic used and is
usually lower with softer ceramics such as PSZ and higher with harder ceramics such as
alumina [99]. In certain combinations of materials, e.g. when silicon-based ceramics are
matched with ferrous alloys, the chemical reactions at the interface result in increased wear
of the ceramic. This behaviour is often observed in metal cutting when silicon-based cutting
tools are used to machine steel and cast iron [101]. At the extremely high contact stresses and
temperatures present at the interface between a ceramic cutting tool and ferrous metal,
diffusive wear of the ceramic can occur.
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FIGURE 16.44 Mechanism of metal adhesion to a ceramic surface and the formation of a
metallic transfer layer.
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FIGURE 16.45 SEM micrographs of the metallic transfer films onto ceramic surfaces at room
temperature; a) soft metal (brass), b) hard metal (cast iron).
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The removal of metal to form a transfer film involves fine metal particles which are
susceptible to oxidation if air is present. High frictional temperatures promote rapid
oxidation of the metallic layers and the transfer film can be converted from a layer of pure
metal to metal covered by a layer of superficial oxide [67,94]. Tribo-oxidation of the metallic
transfer layer is illustrated in Figure 16.47. The frictional heat also causes cracks to form in
the ceramic and combined wear of the ceramic and metal may occur despite the large
difference in the hardness of the two materials [94,98].

100µm

FIGURE 16.46 Effect of elevated temperature on the morphology of the transfer film (cast iron
400°C).

 

Ceramic

Metal

Thermal damage and
cracking of ceramic

Frictional heat

High speed sliding

Oxygen Oxidizing
metal debris

Oxygen Metal oxide on
exposed surface
of metal debris Wear debris consists of

ceramic, metal and metal oxide

FIGURE 16.47 Tribo-oxidation of metallic transfer layers and thermal damage of ceramics as a
wear mechanism for both metal and ceramic.

Secondary deformation of the partially oxidized metallic transfer layer may also occur to
produce a mechanically alloyed layer of metal and metal oxide on the surface of the ceramic.
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This layer will eventually detach from the surface, either by adhesive failure at the ceramic
surface or by the release of underlying ceramic debris.

The effect of water and atmospheric humidity on metal-ceramic friction was found to depend
on the chemical activity of the metals [102]. Easily oxidized metals showed an enhanced
adhesion to oxide ceramics while lower friction was observed when low activity metals such
as silver were used [102].

Wear and Friction of Ceramics Against Polymers

The pairing of polymers and ceramics leads to very useful sliding combinations which
provide low friction in the absence of traditional lubricants. The best known applications of
polymer-ceramic systems are orthopaedic endoprostheses where alumina has replaced
metallic alloys in some of the prosthetic designs, to became a counterface to ultra high
molecular weight polyethylene (UHMWPE). Most of the published studies on the wear of
ceramics against polymers have been concerned with this application [e.g. 103-106]. The
experimental results have confirmed the advantage of an alumina-polyethylene
configuration over a metal-polyethylene pair in reducing friction and wear of polyethylene
[103,104,106]. This behaviour has been attributed to the chemical inertness and good
wettability of alumina, as well as to the high resistance of alumina to scratching. The initial
mirror surface finish of alumina is preserved during the life-time of the implant and this
minimizes the abrasion of polyethylene. Recently, new ceramics with increased toughness
have been proposed as replacements for the brittle alumina in orthopaedic applications
[105,106]. The wear of UHMWPE against toughened alumina and PSZ in various
environments was found to be lower than that against traditional alumina [105,106].

As may be expected from the difference in hardness between polymers and ceramics, the
wear damage is confined to the polymer, while a thin polymeric transfer film is observed on
the ceramic surface, mainly in dry sliding [104,105]. The wear of polymers is strongly
influenced by the surface finish and porosity of the ceramic and increases when the ceramic
surface roughness is increased [105,107]. The surface irregularities on the original ceramic
surface are preferentially filled by polymer particles and the ceramic surface is smoothed.
Therefore the long time wear rates of polymers are usually lower than the initial rates which
are dominated by the abrasive wear.

Wear and Friction of Ceramic Matrix Composites

The most promising ceramic composites consist of a ceramic matrix of e.g. alumina, silicon
carbide, silicone nitride, carbon or glass, with ceramic, metallic fibres, or particulates
incorporated. The use of whiskers as a strengthening agent is now radically diminished due
to the health hazard. The inclusion of secondary phases into ceramic matrices can result in a
higher flexural strength and fracture toughness and better reliability compared to
unmodified ceramics. At the same time the tribological performance may be improved.
However, the whole area of ceramic composite development and testing of their tribological
characteristics is relatively new and the available literature scarce.

An example of a ceramic composite designed to improve the tribological characteristics of the
matrix material is a graphite-fibre reinforced glass. The graphite fibres reduce the coefficient
of friction of the composite to levels comparable with those of resins while the wear
resistance is similar to that of glasses and ceramics [108].

Alumina, which is known for its brittle behaviour, is also a prime candidate for
reinforcement. It has been shown that silicon carbide whiskers incorporated in an alumina
matrix serve as a mechanical barrier to the passage of cracks and lower the brittle wear rate of
the composite compared to pure alumina [109]. An additional tribochemical reaction at 800°C
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is responsible for low wear of this composite at high temperature [110]. However, whiskers of
silicon carbide are very powerful carcinogens and therefore are gradually being withdrawn
from the production of composite ceramics.

Abrasive wear resistance of ceramic matrix composites depends to a greater degree on the
microstructure of the matrix (e.g. porosity), the type of inclusions and the bonding strength
between the matrix and the second phase. For example, wear resistance of a silicon nitride
matrix with SiC platelets was lower, slightly increased for alumina with SiC platelets and
significantly increased for mullite matrix-SiC whiskers composite as compared to the
unmodified matrix [111].

16.5 SUMMARY

The current state of development, potential benefits and limitations of non-metallic solids as
bearing or wear resistant materials have been described in this chapter. Two classes of
materials, polymers and ceramics, with entirely different characteristics have been discussed.
Polymers can provide low friction and wear coefficients but their use is limited to lower
temperatures and consequently low speeds and loads. Ceramics are resistant to high
temperatures and often have a good wear resistance but their applications are limited by poor
friction coefficients, especially in unlublicated applications. Ceramics and polymers are
surprisingly vulnerable to accelerated wear in the presence of corrosive reagents and care
should be taken in the selection of materials which are appropriate for particular operating
conditions. Neither of these materials meets current or future needs, and much effort is
being expended to develop new materials and improve the properties of existing materials
for new and future applications. The development of polymer and ceramic matrix
composites reinforced by fibres, platelets and particulates serves as an example of these
efforts. Despite the restrictions on their usage, non-metallic materials provide a useful
alternative for metals in many tribological applications and therefore are becoming more
widely used.
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A P P E N D I X

INTRODUCTION

The following programs, written in Matlab version 5.2, are provided to help the reader find
the solutions to tribological problems:

‘VISCOSITY’ provides the solution to the ‘Vogel’ equation and calculates viscosity at any
given temperature.

‘SIMPLE’ calculates the effective viscosity, bearing load capacity, bearing effective
temperature and eccentricity ratio in a journal bearing.

‘PARTIAL’ calculates the dimensionless load, attitude angle, Petroff multiplier and
dimensionless (normalized) friction coefficient in a journal bearing. The
solution is based on an isoviscous model of hydrodynamic lubrication with
no elastic deflection of the bearing.

‘THERMAL’ calculates the temperature field and load capacity of a thermohydrodynamic,
perfectly rigid pad bearing where frictional heating of the lubricant causes
variation in viscosity.

‘DEFLECTION’ calculates the load capacity and pivot point of a Michell pad that is subjected
to elastic deflection for an isoviscous model of hydrodynamic lubrication.

‘GROOVE’ calculates the dimensionless load and lubricant flows for a journal bearing
with two axial grooves positioned at 90° to the load line. It also provides the
side flow from the bearing and the distribution of lubricant consumption
between the grooves. An isoviscous model of lubrication and a perfectly rigid
bearing are assumed.

‘STABILITY’ calculates the load capacity and non-dimensional critical angular velocity of a
partial perfectly rigid arc bearing. Vibration stability as a function of
eccentricity, ‘L/D’ ratio, angle of partial arc bearing and misalignment ratio
are also calculated together with the stiffness and damping coefficients in
directions parallel and normal to the load line.
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A.1 USER FRIENDLY INTERFACE

This interface provides a pop-up menu to operate all the programs.

function tribology(action)
munlock; global tbv tbs tbp tbt tbd tbg tba tbinfo tbclose;
if nargin<1, action='initialize'; end;
if strcmp(action,'initialize'),
   oldFigNumber=watchon;
   figNumber=figure('Name','Engineering Tribology','NumberTitle','off', 'Visible','off','Color',[0.85 0.6 0],'ColorMap',[0 0 1]);
   figDefaultAxesPos=[0.10 0.10 0.63 0.80]; set(figNumber,'DefaultAxesPosition',figDefaultAxesPos);
   axes('Units','normalized','Position',figDefaultAxesPos);
   %===================================
   % Set up the program window
   top=0.35;left=0.05;right=0.75;bottom=0.05; labelHt=0.05;spacing=0.005;
   %====================================
   % Information for all buttons
   labelColor=[0.2 0.2 0.2]; top=0.95; left=0.78; btnWid=0.18; btnHt=0.06; spacing=0.03;
   %====================================
   % The CONSOLE frame
   frmBorder=0.02; yPos=0.05-frmBorder; frmPos=[left-frmBorder yPos btnWid+2*frmBorder 0.9+2*frmBorder];
   uicontrol('Style','frame','Units','normalized','Position',frmPos,'BackgroundColor', [0 0.5 1]);
   %====================================
   % The VISCOSITY button
   btnNumber=1; yPos=top-(btnNumber-1)*(btnHt+spacing); labelStr='VISCOSITY'; callbackStr='tribology(''tribobutton'')';
   btnPos=[left yPos-btnHt btnWid btnHt];
   tbv = uicontrol('Style','radiobutton', ...
                 'Units','normalized', ...
                 'Position',btnPos, ...
                 'BackgroundColor',[0.9 0.5 0], ...
                 'ForegroundColor',[1 1 1], ...
                 'FontWeight', 'bold', ...
                 'String',labelStr, ...
                 'Callback',str2mat('viscosity'));
   %====================================
   % The SIMPLE button
   btnNumber=2; yPos=top-(btnNumber-1)*(btnHt+spacing); labelStr='SIMPLE'; callbackStr='tribology(''tribobutton'')';
   btnPos=[left yPos-btnHt btnWid btnHt];
   tbs = uicontrol('Style','radiobutton', ...
                 'Units','normalized', ...
                 'Position',btnPos, ...
                 'BackgroundColor',[0.9 0.5 0], ...
                 'ForegroundColor',[1 1 1], ...
                 'FontWeight', 'bold', ...
                 'String',labelStr, ...
                 'Callback',str2mat('simple'));
   %====================================
   % The PARTIAL button
   btnNumber=3; yPos=top-(btnNumber-1)*(btnHt+spacing); labelStr='PARTIAL'; callbackStr='tribology(''tribobutton'')';
   btnPos=[left yPos-btnHt btnWid btnHt];
   tbp = uicontrol('Style','radiobutton', ...
                   'Units','normalized', ...
                   'Position',btnPos, ...
                   'BackgroundColor',[0.9 0.5 0], ...
                   'ForegroundColor',[1 1 1], ...
                   'FontWeight', 'bold', ...
                   'String',labelStr, ...
                   'Callback',str2mat('partial'));
   %====================================
   % The THERMAL button
   btnNumber=4; yPos=top-(btnNumber-1)*(btnHt+spacing); labelStr='THERMAL'; callbackStr='tribology(''tribobutton'')';
   btnPos=[left yPos-btnHt btnWid btnHt];
   tbt = uicontrol('Style','radiobutton', ...
                 'Units','normalized', ...
                 'Position',btnPos, ...
                 'BackgroundColor',[0.9 0.5 0], ...
                 'ForegroundColor',[1 1 1], ...
                 'FontWeight', 'bold', ...
                 'String',labelStr, ...
                 'Callback',str2mat('thermal'));
   %====================================
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   % The DEFLECTION button
   btnNumber=5; yPos=top-(btnNumber-1)*(btnHt+spacing); labelStr='DEFLECTION'; callbackStr='tribology(''tribobutton'')';
   btnPos=[left yPos-btnHt btnWid btnHt];
   tbd = uicontrol('Style','radiobutton', ...
                 'Units','normalized', ...
                 'Position',btnPos, ...
                 'BackgroundColor',[0.9 0.5 0], ...
                 'ForegroundColor',[1 1 1], ...
                 'FontWeight', 'bold', ...
                 'String',labelStr, ...
                 'Callback',str2mat('deflection'));
   %====================================
   % The GROOVE button
   btnNumber=6; yPos=top-(btnNumber-1)*(btnHt+spacing); labelStr='GROOVE'; callbackStr='tribology(''tribobutton'')';
   btnPos=[left yPos-btnHt btnWid btnHt];
   tbg = uicontrol('Style','radiobutton', ...
                 'Units','normalized', ...
                 'Position',btnPos, ...
                 'BackgroundColor',[0.9 0.5 0], ...
                 'ForegroundColor',[1 1 1], ...
                 'FontWeight', 'bold', ...
                 'String',labelStr, ...
                 'Callback',str2mat('groove'));
   %====================================
   % The STABILITY button
   btnNumber=7; yPos=top-(btnNumber-1)*(btnHt+spacing); labelStr='STABILITY'; callbackStr='tribology(''tribobutton'')';
   btnPos=[left yPos-btnHt btnWid btnHt];
   tba = uicontrol('Style','radiobutton', ...
                 'Units','normalized', ...
                 'Position',btnPos, ...
                 'BackgroundColor',[0.9 0.5 0], ...
                 'ForegroundColor',[1 1 1], ...
                 'FontWeight', 'bold', ...
                 'String',labelStr, ...
                 'Callback',str2mat('stability'));
   %====================================
   % The INFO button
   tbinfo = uicontrol('Style','pushbutton', ...
                 'Units','normalized', ...
                 'Position',[left bottom+1.5*btnHt+spacing btnWid 1.5*btnHt], ...
                 'BackgroundColor',[0.9 0 0.2], ...
                 'ForegroundColor',[1 1 1], ...
                 'FontWeight', 'bold', ...
                 'String','Info', ...
                 'Callback','tribology(''info'')');
   %====================================
   % The CLOSE button
   tbclose = uicontrol('Style','pushbutton', ...
                   'Units','normalized', ...
                   'Position',[left bottom btnWid 1.5*btnHt], ...
                   'BackgroundColor',[0.9 0 0.2], ...
                   'ForegroundColor',[1 1 1], ...
                   'FontWeight', 'bold', ...
                   'String','Close', ...
                   'Callback','close(gcf)');
   % Uncover the figure
   set(figNumber,'Visible','on', 'UserData');
   watchoff(oldFigNumber); figure(figNumber);
elseif strcmp(action,'tribobutton'),
   cmdStr=get(gco,'UserData'); mcwHndl=findobj(gcf,'Tag','mcw'); set(mcwHndl,'String',cmdStr); evalmcw(mcwHndl);
elseif strcmp(action,'eval'),
   mcwHndl = findobj(gcf,'Tag','mcw'); cmdStr = get(mcwHndl,'String'); evalmcw(mcwHndl);
elseif strcmp(action,'info'),
   strhlp = {'Tribology'    help('introduction');
           'Viscosity'     help('viscosity');
           'Simple'        help('simple');
           'Partial'         help('partial');
           'Thermal'       help('thermal');
           'Deflection'    help('deflection');
           'Groove'       help('groove');
           'Stability'      help('stability');};
   helpwin(strhlp,'Tribology','Engineering Tribology - Info');
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end;

A.2 PROGRAM ‘VISCOSITY’

This program provides solutions to the Vogel viscosity equation shown in Table 2.1, i.e.:

η  = aeb/(T - c)

where:

η is the dynamic viscosity of the lubricant at temperature ‘T’ [Pas];

T is the temperature [°C];

a, b, c are constants.

The program also includes further options providing either viscosity at a given temperature
or the temperature for a particular viscosity.

clc; cla reset; echo off;
global tbv tbs tbp tbt tbd tbg tba tbinfo tbclose;
set([tbs tbp tbt tbd tbg tba tbinfo tbclose],'Enable','off');
% BEGIN OF INPUT DATA
% -------------------
prompt = {'Maximum temperature [°C]:', 'Middle temperature [°C]:', 'Minimum temperature [°C]:'};
title = 'INPUT DATA (VISCOSITY)'; lineno = 1; def = {'100', '60', '20'}; answer = inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tbv, 'Value', get(tbv, 'Min')); set([tbs tbp tbt tbd tbg tba tbinfo tbclose],'Enable','on'); break; end;
[t1, t2, t3] = deal(answer{:}); TEMP = [str2num(t1) str2num(t2) str2num(t3)]; TEMP = TEMP + 273.15;
prompt = {'Viscosity at maximum temperature [Pas]:', 'Viscosity at middle temperature [Pas]:',
              'Viscosity at minimum temperature [Pas]:'};
title='INPUT DATA (VISCOSITY)'; lineno=1; def={'0.0099', '0.0351', '0.387'}; answer= inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tbv, 'Value', get(tbv, 'Min')); set([tbs tbp tbt tbd tbg tba tbinfo tbclose],'Enable','on'); break; end;
[v1, v2, v3] = deal(answer{:}); VISC(1) = str2num(v1); VISC(2) = str2num(v2); VISC(3) = str2num(v3);
VISC = [str2num(v1) str2num(v2) str2num(v3)]; VISC = VISC;
% END OF INPUT DATA
% -----------------
% FUNCTION TO FIND CONSTANTS OF VOGEL VISCOSITY EQUATION
[a1,b1,c1,a2,b2,c2] = vogel(TEMP,VISC);
prompt = {'Choose solution: 1- First solution; 2 - Second solution', 'First solution (a1, b1, c1)',
              'Second solution (a2, b2, c2)'};
title='SOLUTIONS OF VOGEL EQUATION'; lineno=1;
def={'1',num2str([a1 b1-273.15 c1-273.15]),num2str([a2 b2-273.15 c2-273.15])}; answer= inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tbv, 'Value', get(tbv, 'Min')); set([tbs tbp tbt tbd tbg tba tbinfo tbclose],'Enable','on'); break; end;
choice = str2num(deal(answer{1}));
if choice == 1, a = a1; b = b1; c = c1; end;
if choice == 2, a = a2; b = b2; c = c2; end;
% PLOT OF KINEMATIC VISCOSITY VS TEMPERATURE
clear VISCPLOT TEMPPLOT;
iv = 1; it = TEMP(3);
   while (it >= TEMP(3)) & (it <= TEMP(1))
     VISCPLOT(iv) = (a*exp(b/(it-c))); TEMPPLOT(iv) = it-273.15; iv = iv + 1; it = it + 1;
   end;
subplot(1,1,1); plot(TEMPPLOT,VISCPLOT);
axis([fix(TEMP(3)-273.15) ceil(TEMP(1)-273.15) fix(0.9*min(VISCPLOT)) ceil(1.1*max(VISCPLOT))]);
xlabel('Temperature [°C]'); ylabel('Kinematic Viscosity [Pas]');
text('units','normalized','position',[0.1 1.05],'string', 'VISCOSITY VS TEMPERATURE (no ASTM plot)');
buttonname = questdlg('Do you want to find viscosity at a specific temperature?',...
                                 'VISCOSITY AND TEMPERATURE','No','Yes','Yes');
helpdlg('Now please activate the command window');
switch buttonname,
   case 'No',
      choice = 0;
   case 'Yes',
      choice = 1;
end;
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if choice == 1,
morepoint = 1; hold on; ipoint = 1; clear TEMP_VAL VISC_VAL;
disp(' '); disp('FIND VISCOSITY AT GIVEN TEMPERATURE');
disp('Please read carefully all the steps listed below before selecting viscosity or temperature.');
disp('1. Select zoom key from tools menu and then use mouse to select area of interest on plot');
disp('2. In command window hit any key to activate crosshairs');
disp('3. On plot window select exact point of interest and then press enter key');
disp('4. Return to command window to get temperature and viscosity required'); disp(' ');
while morepoint == 1,

zoom on; pause;
[tempa,visca] = ginput; hold on; plot(tempa,visca,'go'); text(tempa,visca,[' ' int2str(ipoint)],'Erase','back');
TEMP_VAL(ipoint) = tempa; VISC_VAL(ipoint) = visca;
fprintf('Temperature = %0.5g [°C]\t',tempa); fprintf('Viscosity = %0.5g [Pas]\n',visca); ipoint = ipoint + 1;
buttonname = questdlg('Do you want to enter another point?', 'NEXT POINT','No','Yes','Yes');
switch buttonname,

        case 'No',
           morepoint = 0;
        case 'Yes',
           morepoint = 1;
     end;
  end;
  zoom off;
end;
clc;
% PRINT OUT VALUES OF INPUT AND OUTPUT DATA
% -----------------------------------------
fprintf(' \n'); fprintf(' INPUT AND OUTPUT DATA FOR PROGRAM VISCOSITY\n'); fprintf(' \n');
fprintf(' INPUT DATA:\n');
fprintf('  Maximum temperature = %0.5g°C\n',TEMP(1)-273.15);
fprintf('  Middle temperature = %0.5g°C\n',TEMP(2)-273.15);
fprintf('  Minimum temperature = %0.5g°C\n',TEMP(3)-273.15);
fprintf('  Viscosity at maximum temperature = %0.5g [Pas]\n',VISC(1));
fprintf('  Viscosity at middle temperature = %0.5g [Pas]\n',VISC(2));
fprintf('  Viscosity at minimum temperature = %0.5g [Pas]\n',VISC(3));
fprintf(' \n'); fprintf(' OUTPUT DATA:\n');
fprintf('  Vogel parameter a = %0.5g [Pas]\n', a);
fprintf('  Vogel parameter b = %0.5g°C\n', b-273.15);
fprintf('  Vogel parameter c = %0.5g°C\n', c-273.15);
if choice == 1, disp('  Viscosity [Pas] against temperature [°C]'); disp([VISC_VAL'    TEMP_VAL']); end;
fprintf(' \n'); fprintf(' PROGRAM VISCOSITY HAS BEEN COMPLETED\n');
set(tbv, 'Value', get(tbv, 'Min')); set([tbs tbp tbt tbd tbg tba tbinfo tbclose],'Enable','on');

% CALCULATION OF COEFFICIENTS IN VOGEL EQUATION:
% VOGEL EQUATION VISCOSITY = a*exp(b/(t-b))
coeffc2 = (log(VISC(1)) - log(VISC(2)))*(TEMP(3) - TEMP(1)) - (log(VISC(1)) - log(VISC(3)))*(TEMP(2) - TEMP(1));
coeffc1 = (log(VISC(1)) - log(VISC(2)))*(TEMP(1) - TEMP(3))*(TEMP(2) + TEMP(1)) + (log(VISC(1)) - log(VISC(3)))* ...
              (TEMP(2) - TEMP(1))*(TEMP(1) + TEMP(3));
coeffc0 = (log(VISC(1)) - log(VISC(2)))*(TEMP(3) - TEMP(1))*TEMP(1)*TEMP(2) - (log(VISC(1)) - ...
              log(VISC(3)))*(TEMP(2) - TEMP(1))*TEMP(1)*TEMP(3);
% APPLY SOLUTION OF QUADRATIC EQUATIONS
term1 = coeffc1*coeffc1 - 4*coeffc2*coeffc0;
if (term1 < 0), error('NEGATIVE ROOT OF SOLUTION ONLY, PROGRAM TERMINATED.'); end;
c1 = (-coeffc1 + sqrt(term1))/(2*coeffc2);
b1 = (log(VISC(1)) - log(VISC(2)))*(TEMP(1)*TEMP(2) - c1*(TEMP(1) + TEMP(2)) + c1*c1)/(TEMP(2) - TEMP(1));
a1 = VISC(1)*exp(-b1/(TEMP(1) - c1)); c2 = (-coeffc1 - sqrt(term1))/(2*coeffc2);
b2 = (log(VISC(1)) - og(VISC(2)))*(TEMP(1)*TEMP(2) - c2*(TEMP(1) + TEMP(2)) + c2*c2)/(TEMP(2) - TEMP(1));
a2 = VISC(1)*exp(-b2/(TEMP(1) - c2));

Program Description

The Vogel viscosity equation is solved by substitution of 3 temperatures and 3 corresponding
viscosities into 3 equations defining intermediate variables which are ‘coeffc1’, ‘coeffc2’ and
‘coeffc0’. The function called ‘vogel.m’ is used to solve this equation. The constant ‘c’ of the
Vogel equation is found from the following quadratic equation:

coeffc2*c^2 + coeffc1*c + coeffc0 = 0
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Before the quadratic solution is applied, the values of ‘coeffc1’, ‘coeffc2’ and ‘coeffc0’ are tested
for the existence of real solutions. If there is no real solution, the program is terminated.
When a real solution exists, the ‘c’ values are calculated. Solving a quadratic equation
provides two solutions and this is allowed for by two variables ‘c1’ and ‘c2’. Once ‘c’ is
calculated, the corresponding values of ‘a’ and ‘b’ can be determined. Each variable has two
values hence the terms ‘a1’ and ‘a2’, ‘b1’ and ‘b2’. Since two solutions are obtained it is
necessary to decide which of them is appropriate. The rest of the program is devoted to
predicting values of viscosity as a function of temperature or vice versa. The program is
designed to allow this function to be repeated indefinitely. When this final stage of the
program is exited, a warning is given that the program is completed and execution stops.

List of Variables

TEMP Array of three temperature values for Vogel equation;

VISC Array of three viscosity values for Vogel equation;

choice Control variable to determine program options;

coeffc0, coeffc1,

coeffc2 Coefficients of inverse equation to find exponents in Vogel equation;

term1 Solution to quadratic equation in terms of ‘coeffc1’, ‘coeffc2’ and ‘coeffc0’;

a1, a2, b1,

b2, c1, c2 Upper and lower values of quadratic solution to Vogel equation;

tempq Test temperature for applying Vogel equation;

visca Viscosity calculated for the test temperature;

viscq Test viscosity for applying Vogel equation;

tempa Temperature calculated for the test viscosity.

EXAMPLE

Input data: TEMP(1) = 100°C, TEMP(2) = 60°C, TEMP(3) = 20°C, VISC(1) = 0.0099 [Pas],
VISC(2) = 0.0351 [Pas], VISC(3) = 0.387 [Pas].

Output data: First solution:  a1 = 0.165E-3 [Pas], b1 = 418.98°C, c1 = -69.24°C. Second
solution:  a2 = 188.309E-3 [Pas], b2 = -273.15°C, c2 = 100°C.

A.3 PROGRAM ‘SIMPLE’

This program calculates the effective viscosity, bearing load capacity, bearing effective
temperature and eccentricity ratio in a journal bearing. It begins with data acquisition which
offers an option of data units for the rotational speed of the bearing, i.e. speed can be
expressed in radians per second [rad/s], revolutions per second [rps] or revolutions per
minute [rpm], while the load must be expressed in Newtons [N]. Other data such as the
lubricant density and specific heat are only accepted in SI units. The constants ‘a’ and ‘c’ of the
ASTM viscosity equation (2.7) are also required as data. The program then proceeds to offer a
choice between accepting standard iteration parameters or selecting different values.

clc; cla reset; echo off;
global tbv tbs tbp tbt tbd tbg tba tbinfo tbclose;
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set([tbv tbp tbt tbd tbg tba tbinfo tbclose],'Enable','off');
% BEGIN OF INPUT DATA
% -------------------
prompt = {'Bearing length [m]:', 'Radial clearance [m]:', 'Bearing radius [m]:'};
title = 'INPUT DATA (SIMPLE)'; lineno = 1; def = {'0.1','0.0001','0.1'}; answer = inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tbs, 'Value', get(tbs, 'Min')); set([tbv tbp tbt tbd tbg tba tbinfo tbclose],'Enable','on'); break; end;
[length0, clearnce, radius] = deal(answer{:}); length0 = str2num(length0); clearnce = str2num(clearnce);
radius = str2num(radius);
prompt =  {'Bearing load [N]:', 'Bearing velocity units: 1 - rad/s; 2 - R.P.S.; 3 - R.P.M', 'Bearing velocity:'};
def = {'100000','1','314'}; title = 'INPUT DATA (SIMPLE)'; lineno = 1; answer = inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tbs, 'Value', get(tbs, 'Min')); set([tbv tbp tbt tbd tbg tba tbinfo tbclose],'Enable','on'); break; end;
[load, choice2, speed] = deal(answer{:}); load = str2num(load); choice2 = str2num(choice2); speed = str2num(speed);
if choice2 == 2
   speed = speed*2*pi;
elseif choice2 == 3
   speed = speed*2*pi/60;
end;
u0 = speed*radius;
prompt = {'Inlet lubricant temperature [°C]:',
          'Lubricant density [kg/m^3]:',
          'Lubricant specific heat [J/kgK]:',
          'Constant a of Walthers equation:'
          'Constant c of Walthers equation:'};
def = {'50','800','2000','0.1','0.05'}; title='INPUT DATA (SIMPLE)'; lineno=1; answer= inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tbs, 'Value', get(tbs, 'Min')); set([tbv tbp tbt tbd tbg tba tbinfo tbclose],'Enable','on'); break; end;
[tinlet, density, cp, adash, cdash] = deal(answer{:}); tinlet = str2num(tinlet); density = str2num(density);
cp = str2num(cp); adash = str2num(adash); cdash = str2num(cdash);
prompt = {'Terminating residual of narrow bearing eccentricity iteration:',
          'Max number of cycles for narrow bearing eccentricity iteration:',
          'Relaxation factor for narrow bearing eccentricity iteration:',
          'Terminating residual of effective temperature iteration:',
          'Max number of cycles for effective temperature iteration:',
          'Relaxation factor for effective temperature iteration:',
          'Terminating residual of effective viscosity iteration:',
          'Max number of cycles for effective viscosity iteration:',
          'Relaxation factor for effective viscosity iteration:'};
def={'0.000001', '1000', '0.01', '0.000001', '400', '0.5', '0.0001', '100','1'}; title='INPUT DATA (SIMPLE)'; lineno=1;
answer= inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tbs, 'Value', get(tbs, 'Min')); set([tbv tbp tbt tbd tbg tba tbinfo tbclose],'Enable','on'); break; end;
[reslim1,nlim1,factor1,reslim2,nlim2,factor2,reslim3,nlim3,factor3] = deal(answer{:});
reslim1 = str2num(reslim1); reslim2 = str2num(reslim2); reslim3 = str2num(reslim3);
nlim1 = str2num(nlim1); nlim2 = str2num(nlim2);nlim3 = str2num(nlim3);
factor1 = str2num(factor1); factor2 = str2num(factor2); factor3 = str2num(factor3);
% END OF INPUT DATA
% -----------------
subplot(1,1,1);
text('units','normalized','position',[0.2 0.55], 'FontWeight', 'bold','color',[1 0 0], 'string', 'CALCULATIONS IN PROGRESS');
figure(1);
% CALCULATE INLET VISCOSITY (visc0)
logtemp = log10(tinlet + 273.15); value = adash - cdash*logtemp; term = log(10)*value; value1 = exp(term);
term = log(10)*value1; visc0 = 0.001*density*(exp(term) - 0.6); epsilon0 = 0.5; diametr = 2*radius;
% ITERATION FOR ECCENTRICITY RESIDUAL
visc2 = 0; n3 = 0;  resid3 = reslim3 + 10;
while (resid3 > reslim3) & (n3 < nlim3),
   % FACTOR OF 0.001 INCLUDED BELOW TO CONVERT FROM MPAS TO PAS
   if n3 < 0.01, visc1 = visc0*0.001; end;
   if n3 > 0.01, visc1 = visc2*0.001; end;
   truedelta = (load*clearnce^2)/(u0*visc1*length0*radius^2); epsilon = epsilon0;
   % INVERSE EQUATION ECCENTRICITY
   sum = 0; n1 = 0; residl = reslim1 + 10;
   while (residl > reslim1) & (n1 < nlim1),
    delta = (length0^2/diametr^2)*(pi*epsilon*sqrt(0.62*epsilon^2 + 1))/((1-epsilon^2)^2);
    diff = (truedelta - delta)/delta; epsilon = epsilon + (1-epsilon)*diff*factor1;
    if epsilon < 0, epsilon = abs(epsilon); end;
    sum1 = abs(diff); residl = abs((sum1-sum)/sum1); sum = sum1; n1 = n1+1;
   end;
   % ITERATION FOR EFFECTIVE VISCOSITY
   petroff = sqrt(1-epsilon^2); coeff = 2*pi*diametr*u0/(density*cp*clearnce^2*epsilon*petroff);
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   if n3 == 0, teff = tinlet; end;
   % START ITERATION
   n2 = 0; resid = reslim2 + 10;
   while (resid > reslim2) & (n2 < nlim2),
    logoldt = log10(teff + 273.15); value = adash - cdash*logoldt; term = log(10)*value; value1 = exp(term);
    term = log(10)*value1; visc1 = 0.001*density*(exp(term) - 0.6); deltat = coeff*visc1/1000;
    tstore = teff;teff1 = 0.8*deltat + tinlet; teff = (teff1-tstore)*factor2 + tstore; resid = abs((teff-tstore)/teff);
    n2 = n2+1;
   end;
   % MODIFY OVERALL VISCOSITY VALUE IN FINAL CYCLE OF ITERATION
   visc3 = visc2; visc2 = visc3 + factor3*(visc1 - visc3); resid3 = abs((visc2-visc3)/visc2); n3 = n3 + 1;
end;
attang = atan2(pi*sqrt(1-epsilon^2),4*epsilon)*180/pi;
plot(0,0);
text('units','normalized','position',[0.2,0.55],'string', 'NO PLOT FOR PROGRAM SIMPLE');
% PRINT OUT VALUES OF INPUT AND OUTPUT DATA
% -----------------------------------------
fprintf(' \n'); fprintf(' INPUT AND OUTPUT DATA FOR PROGRAM SIMPLE\n'); fprintf(' \n');
fprintf(' INPUT DATA:\n');
fprintf('  Bearing length = %0.5g [m]\n',length0);
fprintf('  Radial clearance = %0.5g [m]\n',clearnce);
fprintf('  Bearing radius = %0.5g [m]\n',radius);
fprintf('  Bearing load = %0.5g [N]\n',load);
if choice2 == 1
   fprintf('  Bearing velocity = %0.5g [rad/s]\n',speed);
elseif choice2 == 2
   fprintf('  Bearing velocity = %0.5g [R.P.S]\n',speed/(2*pi));
elseif choice2 == 3
   fprintf('  Bearing velocity = %8.5g [R.P.M]\n',speed*60/(2*pi));
end;
fprintf('  Inlet lubricant temperature = %0.5g°C\n',tinlet);
fprintf('  Lubricant density = %0.5g [kg/m^3]\n',density);
fprintf('  Specific heat of lubricant = %0.5g [J/kgK]\n',cp);
fprintf('  Constant a of ASTM viscosity-temperature relation = %0.5g\n',adash);
fprintf('  Constant c of ASTM viscosity-temperature relation = %0.5g\n',cdash);
fprintf(' \n');
fprintf(' OUTPUT DATA:\n');
fprintf('  Eccentricity ratio = %0.5g\n',epsilon);
fprintf('  Attitude angle = %0.5g°\n',attang);
fprintf('  Sliding speed = %0.5g [m/s]\n',u0);
fprintf('  Effective temperature = %0.5g°C\n',teff);
fprintf('  Effective viscosity = %0.5g [Pas]\n',visc2/1000);
fprintf(' \n'); fprintf(' PROGRAM SIMPLE HAS BEEN COMPLETED\n');
set(tbs, 'Value', get(tbs, 'Min')); set([tbv tbp tbt tbd tbg tba tbinfo tbclose],'Enable','on');

Program Description

An initial value of eccentricity equal to 0.5 is assigned for the first step of the iteration. The
bearing inlet viscosity is then calculated from the ASTM equation and this is the final step
before starting the iteration cycle. Calculations during the first cycle of iteration are based on
the inlet viscosity and the conditional equation in ‘while’ statement is applicable. For all
subsequent calculations, the effective viscosity is applied. It is also necessary to express the
viscosity in [Pas] because the result from the ASTM viscosity calculation is in [mPas]. When
the immediate iterative value of viscosity has been decided, the program proceeds to the
inner cycle of iteration where an iteration for eccentricity in terms of load, rotational speed,
bearing geometry and effective viscosity is performed. Next, the frictional power dissipation
(i.e. ‘petroff’) and rise in lubricant temperature relative to viscosity (i.e. ‘coeff’) are calculated.

Once the inner iteration for eccentricity is completed the new value of effective temperature
is found by iteration. The revised or new estimate of effective viscosity is calculated from the
existing value of effective temperature or the inlet temperature for the first cycle of iteration.
An increment of temperature change is then found from the product of the rise in lubricant
temperature relative to viscosity and the new value of viscosity. The existing value of
effective temperature is then saved in a variable called ‘tstore’ and a provisional value of the
revised effective temperature is found by applying equation (4.127), i.e.:
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Teff = Tinlet + 0.8∆T 

If no relaxation was used then this value would be applied to the iteration, but instead a
relaxation factor is applied in the subsequent statement to determine the revised value of
‘Teff’. A residual for temperature is found next and the program proceeds to a conditional
statement on whether to terminate or continue the iteration for effective temperature.

Once the local or inner iterations for eccentricity and effective temperature are completed,
the revised value of viscosity is found based on a relaxation formula. A similar conditional
statement to the inner iterations is applied to determine whether the outer iteration in
viscosity should proceed or be terminated. If the iteration is finished then the attitude angle
is calculated and this is printed together with the eccentricity and data input parameters such
as the sliding speed. Execution of the program is then terminated.

List of Variables

length0 Axial length of bearing [m];

clearnce Radial clearance between shaft and journal [m];

radius Bearing radius [m];

visc0 Lubricant inlet viscosity [Pas];

choice  Control variable to give option of data input units;

load Bearing load [N];

speed Angular velocity between shaft and journal, [radians/s];

u0 Sliding speed between shaft and journal [m/s];

truedelta Dimensionless load, equivalent to ‘∆’;

epsilon0 Datum value of eccentricity for start of iteration;

diametr Diameter of bearing [m];

sum1 Modulus of relative difference between iterated value of dimensionless load
and exact value of dimensionless load;

sum Equivalent of ‘sum1’ for previous cycle of iteration;

delta Value of dimensionless load calculated by iteration equation;

diff Relative difference between iterated and exact value of dimensionless load;

epsilon Iterated value of eccentricity;

residl Residual of iteration to find eccentricity, expressed in terms of error in
dimensionless load;

term Parameter to estimate attitude angle;

reslim1 Terminating residual of narrow bearing eccentricity iteration;

nlim1 Maximum number of cycles for narrow bearing eccentricity iteration;

factor1 Relaxation factor for narrow bearing eccentricity iteration;

reslim2 Terminating residual of effective temperature iteration;

nlim2 Maximum number of cycles for effective temperature iteration;

factor2 Relaxation factor for effective temperature iteration;

reslim3 Terminating residual of effective viscosity iteration;

nlim3 Maximum number of cycles for effective viscosity iteration;
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factor3 Relaxation factor for effective viscosity iteration;

n1 Cycle number of narrow bearing eccentricity iteration;

n2 Cycle number of effective temperature iteration;

n3 Cycle number of effective viscosity iteration;

tinlet Bearing inlet temperature [°C];

density Lubricant density [kg/m3];

cp Lubricant specific heat [J/kgK];

cdash Constant ‘c’ of ASTM viscosity-temperature relation;

adash Constant ‘a’ of ASTM viscosity-temperature relation;

teff Effective temperature;

logoldt  Logarithm of effective temperature estimated from previous cycle of
iteration;

value1 Single exponentiation of core term in ASTM temperature-viscosity equation;

visc1 Value of viscosity calculated using the ASTM equation from the preceding
estimate of effective temperature;

deltat Temperature rise due to viscous heating;

tstore Stored estimate of effective temperature from previous iteration cycle;

teff1 Direct iterated value of effective temperature;

petroff  Eccentricity dependent factor to calculate bearing friction from Petroff
formula;

coeff Factor to calculate rise in lubricant temperature during passage through
bearing;

visc2, visc3 Storage variables for effective viscosity, i.e. ‘visc2’ holds the value of effective
viscosity from the preceding cycle and ‘visc3’ gives temporary storage during
calculation of a revised value of viscosity.

The viscosity temperature relationship is approximated by the ASTM (Walther's) equation
(2.7):

log10log10(υ cS +  0.6) = a −  clog10T

where:

υcS is the kinematic viscosity of the lubricant at temperature ‘T’ [cS];

a, c are constants.

EXAMPLE

Input data: Bearing length = 0.1 [m], radial clearance = 0.0001 [m], bearing radius = 0.1
[m], bearing load = 100,000 [N], bearing velocity = 314 [rad/s] (approximately 3000 [rpm]),
inlet lubricant temperature = 50°C, lubricant density = 800 [kg/m3] specific heat of
lubricant = 2000 [J/kgK], Walther's equation constants a = 0.1 and c = 0.05.

Output data: Eccentricity ratio = 0.7849, attitude angle = 31.799°, sliding speed = 31.4
[m/s], effective temperature = 76.277°C, effective viscosity = 0.00647 [Pas].
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A.4 PROGRAM ‘PARTIAL’

This program calculates the dimensionless load, attitude angle, Petroff multiplier and
dimensionless (normalized) friction coefficient for a specified eccentricity, angle of partial arc
bearing, ‘L/D’ ratio and misalignment ratio. The solution is based on an isoviscous model of
hydrodynamic lubrication with no elastic deflection of the bearing.

clc; cla reset; echo off;
global tbv tbs tbp tbt tbd tbg tba tbinfo tbclose;
set([tbv tbs tbt tbd tbg tba tbinfo tbclose],'Enable','off');
% BEGIN OF INPUT DATA
% -------------------
prompt = {'Eccentricity ratio:', 'L/D ratio:', 'Arc bearing angle [°]:', 'Misaligment parameter from interval [0,0.5]:'};
title='INPUT DATA (PARTIAL)'; lineno=1; def={'0.8','1', '120', '0'}; answer= inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tbp, 'Value', get(tbp, 'Min')); set([tbv tbs tbt tbd tbg tba tbinfo tbclose],'Enable','on'); break; end;
[epsilon,loverd,alpha,t] = deal(answer{:}); epsilon = str2num(epsilon); loverd = str2num(loverd);
alpha = str2num(alpha); t = str2num(t); slender = 0.5/loverd; alpha = alpha*pi/180;
if t < 0, t = 0; end; if t > 0.5, t = 0.5; end;
% SET MESH CONSTANTS
prompt = {'Number of nodes in the i or x direction:',
         'Number of nodes in the j or y direction:',
        'Terminating value of residual for iter. to solve Vogelpohl equation:',
        'Terminating value of residual for iter. to find attitude angle:',
        'Relaxation factor of iter. to solve Vogelpohl equation:',
        'Relaxation factor of iter. to find attitude angle:',
        'Max number of cycles during iter. to solve Vogelpohl equation:',
        'Max number of cycles during iter. to find attitude angle:'};
title='INPUT DATA (PARTIAL)'; lineno=1; def={'11','11','0.000001', '0.0001', '1.2', '1', '100','30'};
answer= inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tbp, 'Value', get(tbp, 'Min')); set([tbv tbs tbt tbd tbg tba tbinfo tbclose],'Enable','on'); break; end;
[inode,jnode,reslim1,reslim2,factor1,factor2,nlim1,nlim2] = deal(answer{:});
inode = str2num(inode); jnode = str2num(jnode); reslim1 = str2num(reslim1); reslim2 = str2num(reslim2);
factor1 = str2num(factor1); factor2 = str2num(factor2); nlim1 = str2num(nlim1); nlim2 = str2num(nlim2);
% END OF INPUT DATA
% -----------------
subplot(1,1,1);
text('units','normalized','position',[0.2 0.55], 'FontWeight', 'bold','color',[1 0 0], 'string', 'CALCULATIONS IN PROGRESS');
figure(1); slender = 0.5/loverd; deltax = alpha/(inode-1); deltay = 1/(jnode-1);
% DIFFERENTIAL QUANTITIES FOR STABILITy CALCULATIONS
% INITIALIZE VALUES OF M(I,J), SWITCH(I,J) AND P(I,J)
M = zeros(inode,jnode); P = zeros(inode,jnode);
% SET INITIAL VALUE OF OFFSET ANGLE
beta = 0;
% ENTER ATTITUDE ANGLE ITERATION CYCLE, CALCULATE H, F AND G VALUES
n2 = 0; betas = 0; residb = reslim2 + 10;
while (residb > reslim2) & (n2 < nlim2),
   n2 = n2 + 1;
   for i = 1:inode,
      xaux = (i-1)*deltax + pi - 0.5*alpha; theta = xaux - beta;
      for j = 1:jnode,
         y = (j-1)*deltay - 0.5; h0 = y*t*cos(xaux) + epsilon*cos(theta) + 1;
         dhdx0 = -y*t*sin(xaux) - epsilon*sin(theta); d2hdx20 = -y*t*cos(xaux) - epsilon*cos(theta);
         dhdy0 = t*cos(xaux); d2hdy20 = 0; H(i,j) = h0; G(i,j) = dhdx0/h0^1.5;
         F(i,j) = 0.75*(dhdx0^2 + (slender*dhdy0)^2)/h0^2 +  1.5*(d2hdx20 + d2hdy20*slender^2)/h0;
      end;
   end;
   coeff1 = 1/deltax^2; coeff2 = (slender/deltay)^2;
   % ------------------------------------------
   % SUBROUTINE TO SOLVE THE VOGELPOHL EQUATION
   sum2 = 0; n1 = 0; residp = reslim1 + 10;
   while (residp > reslim1) & (n1 < nlim1),
      n1 = n1 + 1; sum = 0;
      for i = 2:inode-1,
         for j = 2:jnode-1,
         store = ((M(i+1,j) + M(i-1,j))*coeff1 + (M(i,j+1) + M(i,j-1))*coeff2 -G(i,j))/(2*coeff1 + 2*coeff2 + F(i,j));
         M(i,j) = M(i,j) + factor1*(store-M(i,j));
         if M(i,j) < 0,  M(i,j) = 0; end;
         sum = sum + M(i,j);
         end;
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      end;
      residp = abs((sum-sum2)/sum); sum2 = sum;
   end;
   % ----------------------------------------
   % FIND PRESSURE FIELD FROM VOGELPOHL PARAMETER
   for i = 2:inode-1,
      for j = 2:jnode-1,
         P(i,j) = M(i,j)/H(i,j)^1.5;
      end;
   end;
   % ITERATION RESIDUAL ON ATTITUDE ANGLE ITERATION
   % CALCULATE TRANSVERSE AND AXIAL LOADS
   % -----------------------------------
   % SUBROUTINE TO INTERGRATE FOR FORCES
   for i = 1:inode,
      SUMY(i) = 0;
      for j = 2:jnode, SUMY(i) = SUMY(i) + P(i,j) + P(i,j-1); end;
      SUMY(i) = SUMY(i)*0.5*deltay;
   end;
   axialw = 0; transw = 0;
   for i = 2:inode,
      x = (i-1)*deltax + pi - 0.5*alpha; x2 = (i-2)*deltax + pi - 0.5*alpha;
      axialw = axialw - cos(x)*SUMY(i) - cos(x2)*SUMY(i-1); transw = transw + sin(x)*SUMY(i) + sin(x2)*SUMY(i-1);
   end;
   axialw = axialw*deltax*0.5; transw = transw*deltax*0.5;
   % -------------------------
  loadw = sqrt(axialw^2 + transw^2); attang = atan(transw/axialw);
  if axialw > 0, attang1 = attang; end; if axialw < 0, attang1 = -attang; end;
  beta = beta + factor2*attang1; residb = abs((beta-betas)/beta); betas = beta;
end;
% ------------------------------------------
% SUBROUTINE TO CALCULATE PETROFF MULTIPLIER
for j = 1:jnode, ICAV(j) = 1000; end;
for j = 2:jnode-1,
   for i = 2:inode,
      if (M(i,j) == 0) & (ICAV(j) == 1000), ICAV(j) = i; end;
   end;
end;
% EXTRAPOLATED VALUES OF ICAV(J) AT EDGES OF BEARING
ICAV(1) = 2*ICAV(2) - ICAV(3); if ICAV(1) < 1, ICAV(1) = 1; end;
if ICAV(1) > inode, ICAV(1) = inode; end; ICAV(jnode) = 2*ICAV(jnode-1) - ICAV(jnode-2);
if ICAV(jnode) < 1, ICAV(jnode) = 1; end; if ICAV(jnode) > inode, ICAV(jnode) = inode; end;
% CALCULATE FRICTION COEFFICIENT
% FIND VALUES OF DIMENSIONLESS SHEAR STRESS
for i = 1:inode,
   for j = 1:jnode,
    % CALCULATE dpdx FROM DOWNSTREAM VALUES
    if i > 1, dpdx = (P(i,j) - P(i-1,j))/deltax; end;
    % VALUE OF dpdx FOR i = 1
    if i == 1, dpdx = P(2,j)/deltax; end; if i < ICAV(j), TORR(i,j) = 1/H(i,j) + 3*dpdx*H(i,j); end;
    if i == ICAV(j), TORR(i,j) = 1/H(i,j); end; i10 = ICAV(j);
    if i > ICAV(j), TORR(i,j) = H(i10,j)/H(i,j)^2; end;
   end;
end;
% INTEGRATE FOR TORR(i,j) OVER X AND Y
for i = 1:inode,
  % LINE INTEGRAL IN Y-SENSE
  SUMY(i) = 0;
  for j = 2:jnode, SUMY(i) = SUMY(i) + TORR(i,j) + TORR(i,j-1); end;
  SUMY(i) = SUMY(i)*0.5*deltay;
end;
friction = 0;
for i = 2:inode, friction = friction + SUMY(i) + SUMY(i-1); end;
friction = friction*0.5*deltax;
% ----------------------------
% CALCULATE DIMENSIONLESS FRICTION COEFFICIENT
myu = friction/loadw;
% SEARCH FOR MAXIMUM PRESSURE
pmax = 0;
for i = 2:inode-1,
   for j = 2:jnode-1,
      if P(i,j) > pmax, pmax = P(i,j); end;
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   end;
end;
% EXPRESS ALL PRESSURES AS PERCENTAGE OF MAXIMUM PRESSURE
for i = 1:inode,
   for j = 1:jnode,
      P(i,j) = P(i,j)*100/pmax;
   end;
end;
% PRESSURE FIELD PLOT
xi = 0:inode-1; yj = 0:jnode-1; xi = (xi*alpha*180/pi)/(inode-1); yj = yj/(jnode-1);
colormap([0.5 0.5 0.5]); subplot(1,1,1); surfl(xi,yj,P'); axis([0 max(xi) 0 1 0 100]);
xlabel('Degrees'); ylabel('Inlet'); zlabel('Dimensionless pressure [%]');
text('units','normalized','position',[0.1 1.05],'string', 'PRESSURE FIELD FOR PARTIAL BEARING');
% PRINT OUT VALUES OF INPUT AND OUTPUT DATA
% -----------------------------------------
fprintf(' \n'); fprintf(' INPUT AND OUTPUT DATA FOR PROGRAM PARTIAL\n'); fprintf(' \n');
fprintf(' INPUT DATA:\n');
fprintf('  Eccentricity ratio = %0.5g\n',epsilon);
fprintf('  L/D ratio = %0.5g\n',loverd);
fprintf('  Bearing arc angle = %0.5g°\n',alpha*180/pi);
fprintf('  Misaligment parameter = %0.5g\n',t);
fprintf(' \n');
fprintf(' OUTPUT DATA:\n');
fprintf('  Dimensionless load = %0.5g\n', loadw);
fprintf('  Attitude angle = %0.5g°\n',beta*180/pi);
fprintf('  Petroff multiplier = %0.5g\n',friction);
fprintf('  Dimensionless friction coefficient = %0.5g\n', myu)
fprintf('  Maximum dimensionless pressure = %0.5g\n',pmax);
fprintf(' \n'); fprintf(' PROGRAM PARTIAL HAS BEEN COMPLETED\n');
set(tbp, 'Value', get(tbp, 'Min')); set([tbv tbs tbt tbd tbg tba tbinfo tbclose],'Enable','on');

Program Description

Program ‘PARTIAL’ begins with a request for data input from the operator. The controlling
variables are eccentricity ‘ε’, ‘L/D’ ratio, angle of partial arc and misalignment ratio. This last
parameter is defined as the gradient of ‘h*’ with respect to ‘y*’ along a line immediately
above the load vector, i.e. at ‘x* = 0’. If the eccentricity is zero (i.e. shaft and bush are
concentric) and, if for example, the misalignment parameter ‘t = 0.5’, then ‘h*’ varies along a
line directly above the load vector from 0.75 to 1.25 for ‘y*’ varying from -0.5 to +0.5 (i.e. y = ±
L/2). The values of relaxation factor, limiting residual, limiting number of iterations and
node numbers in the ‘i’ and ‘j’ directions can be changed, as required, in the input data
window.

With all data recorded, the program proceeds to execution and in the first step a finite
difference mesh is established. Values of ‘δx*’ are generated by dividing the range of ‘x*’ or
‘y*’ by the number of steps between nodes, i.e.:

deltax = alpha/(inode-1); deltay = 1/(jnode-1);

where:

alpha is the subtended angle of the partial arc bearing in radians;

inode, jnode are the number of nodes in the ‘x*’ and ‘y*’ directions respectively;

deltax, deltay correspond to ‘δx*’ and ‘δy*’.

Zero values are then assigned to the values of the Vogelpohl parameter at each node, (in all
programs the Vogelpohl parameter is written as ‘M’ or ‘M(i,j)’). A zero value is also assigned
to the term ‘beta’ which is the angle between the line of centres and the load line (i.e. the
attitude angle). The solution for journal or partial arc bearings requires two levels of iteration
since the pressure or Vogelpohl parameter must be solved and the attitude angle is
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unknown. The attitude angle ‘beta’ is thus iterated for as an outer level of iteration until the
load calculated from the pressure field bisects the bearing.

Once the zero value of ‘beta’ has been assigned, the program enters the outer level of
iteration for ‘beta’. It is now necessary to calculate values of ‘F(i,j)’ and ‘G(i,j)’ (which are the
equivalent of parameters ‘Fi,j’ and ‘Gi,j’). Values of ‘h*’, ‘∂h*/∂x*’, ‘∂h*/∂y*’ and ‘∂2h*/∂x*2’ are
required and are calculated from equations (5.24), (5.25), (5.26) and (5.27). The term ‘∂2h*/∂y*2’
is zero and is not included in the calculations. The terms listed in equations (5.25), (5.26) and
(5.27) are incorporated into the program with ‘dhdx0’ representing ‘∂h*/∂x*’, ‘dhdy0 ’
equivalent to ‘∂h*/∂y*’, ‘d2hdx20’ as ‘∂2h*/∂x*2’ and ‘d2hdy20’ as ‘∂2h*/∂y*2’. Values of ‘F(i,j)’
and ‘G(i,j)’ are then found from expressions based on equations (5.5) and (5.6). Expressions for
‘C1’ and ‘C2’ are included later in the program although they could be performed earlier, and
are represented by the parameters ‘coeff1’ and ‘coeff2’ respectively.

The program now proceeds to the iteration for ‘M(i,j)’. A parameter ‘sum’ is arranged to
collect the total of values of ‘M(i,j)’ generated during one round of iteration. An initial value
of zero is assigned to ‘sum’ and then a pair of nested ‘for’ loops commence the iteration for
‘M(i,j)’ within the range of ‘i’ from 2 to ‘inode-1’ and ‘j’ from 2 to ‘jnode-1’. This range of ‘i’
and ‘j’ covers all the nodes except those on the edge of the bearing as illustrated in Figure 5.2.
The misaligned bearing is also analyzed in this program so that an entire bearing domain is
covered by the iteration. The finite difference equation (5.9) is modified to enable ‘over-
relaxation’. Instead of ‘M(i,j)’, the value of the right-hand side of (5.9) is assigned to a variable
‘store’. The final value of ‘M(i,j)’ is then calculated from:

M(i,j) = M(i,j)+factor1*(store-M(i,j));

where the terms on the right hand side of the computing expression are the old values and
the term on the left-hand side is the new value. The term ‘factor1’ is the Gauss-Seidel
relaxation factor whose value is typically 1.3 for this iteration. Where negative values of
‘M(i,j)’ are generated they are immediately suppressed by the statement:

if M(i,j) < 0, M(i,j) = 0; end;

The final value of ‘M(i,j)’ is then added to the collector term ‘sum’ via the statement:

sum = sum+M(i,j);

which completes the statements within the ‘for’ loops.

Outside of the ‘for’ loops, a residual is compiled from the difference between the current
value of ‘sum’ and a stored value ‘sum2’ from the previous round of iteration:

residp = abs((sum-sum2)/sum);

The value of ‘sum’ is then transferred to ‘sum2’ and ‘residp’ is tested to determine if it is
below the convergence limit. To test convergence an inequality is used with a limit on the
number of sweeps or iteration rounds included:

while (residp > reslim1) & (n1 < nlim1),

where:

reslim1 is the prescribed value of residual to terminate the iteration;

n1 is a counter variable for the number of sweeps;

nlim1 the limiting number of sweeps.

When the iteration for the Vogelpohl parameter is completed, the program proceeds to the
calculation for attitude angle. To calculate the attitude angle, values of the pressure integral
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parallel and normal to the load-line are required. Values of ‘P(i,j)’ are found from the
following expression:

P(i,j) = M(i,j)/H(i,j)^1.5;

Calculations of the integrals are based on the ‘trapezium rule’ with ‘P(i,j)’ multiplied by
‘-cos(x*)’ for the pressure integral parallel to the load line and multiplied by ‘sin(x*)’ for the
film force pressure integral normal to the load line. The trapezium rule is applied by a ‘for’
statement where, at each node, the value of the function to be integrated at this node and the
preceding node are added to the integral. The ‘for’ statements run from the second to the
final node in any given line of nodal values to be integrated. In this way, all nodes except the
first contribute twice the nodal value to the integral sum as required by the trapezium rule.
The sequence of steps for compiling a series of ‘y*’ line integrals over the complete solution
domain is as follows:

for i = 1 : inode,

   SUMY(i) = 0;

   for j = 2 to jnode,

      SUMY(i) = SUMY(i)+P(i,j)+P(i,j-1);

   end;

   SUMY(i) = SUMY(i)*0.5*deltay;

end;

The film force term parallel to the load line is called ‘axialw’ and the normal film force is
called ‘transw’. Integration is first performed in the ‘y*’ direction to generate an array of
integrals. The array is then multiplied by either ‘sin(x*)’ or ‘cos(x*)’ and integrated with
respect to ‘x*’. The sequence of steps is:

axialw = 0; transw = 0;

for i = 2 : inode;

   x = (i-1)*deltax+pi-0.5*alpha; x2 = (i-2)*deltax+pi-0.5*alpha;

   axialw = axialw-cos(x)*SUMY(i)-cos(x2)*SUMY(i-1);

   transw = transw+sin(x)*SUMY(i)+sin(x2)*SUMY(i-1);

end;

axialw = axialw*deltax*0.5; transw = transw*deltax*0.5;

The attitude angle can now be calculated from the arctangent of the ratio of ‘transw’ to
‘axialw’:

attang = atn(transw/axialw);

where ‘attang’ is the attitude angle. A conditional statement is also included to allow for the
possibility of a negative axial film force where ‘attang1’ would be the negative of the above
expression. The value of ‘beta’ is found from over-relaxation of the attitude angle ‘attang1’
with the refinement that the desired value of ‘attang1’ is already known, i.e. it is zero since
the load vector should pass through 180°. This leads to the step:

beta = beta+factor2*attang1;

A residual of the iteration in ‘beta’ is then calculated in a similar manner to the residual of
the Vogelpohl parameter, i.e.:

residb = abs((beta-betas)/beta);

TEAM LRN



684 ENGINEERING TRIBOLOGY

where ‘betas’ is the value of ‘beta’ from the previous iteration for ‘beta’. A conditional return
to calculations of ‘F(i,j)’ and ‘G(i,j)’ is then based on whether ‘residb’ has reached the
termination value and that the number of iteration rounds has not exceeded a pre-
determined limit.

Finally the dimensionless friction coefficient is calculated. This begins with a search to find
the cavitation front which is defined by an array ‘ICAV(j)’. Values of ‘ICAV(j)’ are found by
searching for zero ‘M(i,j)’ values in the down-stream direction and assigning to ‘ICAV(j)’ the
first ‘i’ value where ‘M(i,j)’ is zero and ‘ICAV(j)’ still has a default value.

An array of dimensionless shear stress, ‘TORR(i,j)’, is then calculated with two expressions
supplied for the cavitated and uncavitated regions of the bearing, i.e.:

if i < ICAV(j), TORR(i,j) = 1/H(i,j)+3*dpdx*H(i,j); end;

if i > ICAV(j), TORR(i,j) = H(i10,j)/H(i,j)^2; end;

where:

dpdx is the local value of ‘dp*/dx*’ calculated by linear interpolation;

i10 is a substitute for ‘ICAV(j)’ to simplify the array expression in the second
statement.

Values of dimensionless shear stress are then integrated by the same method which was used
for the calculation of dimensionless load. This is the trapezium form of numerical
integration over ‘x*’ and ‘y*’. The friction force is obtained from the double integral over ‘x*’
and ‘y*’. The dimensionless friction coefficient is then calculated.

When both levels of iteration for the Vogelpohl parameter and the attitude angle are
completed and the friction coefficient determined, the final task remaining is to print out the
values of load and pressure profile. A search is made for the maximum pressure and all
pressure values are displayed as percentages of the maximum pressure. This practice avoids
any difficulties with format when the range of values of dimensionless pressure is large.

List of variables

M Variable corresponding to ‘Mv’, the Vogelpohl parameter;

P Dimensionless pressure ‘p*’;

H Dimensionless film thickness ‘h*’;

F Parameter ‘F’ of Vogelpohl equation;

G Parameter ‘G’ of Vogelpohl equation;

SUMY Storage parameter for integrating in ‘y*’ direction;

ICAV Integer variable to locate cavitation front;

TORR Dimensionless shear stress ‘τ*’ in friction calculations;

epsilon Eccentricity ratio ‘ε’;

loverd ‘L/D’ ratio;

slender ‘R/L’ ratio;

alpha Arc angle or subtended angle of partial arc bearing;

t Misalignment parameter ‘t’;

inode Number of nodes in the ‘i’ or ‘x*’ direction;

jnode Number of nodes in the ‘j’ or ‘y*’ direction;
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reslim1 Terminating value of residual for iteration to solve Vogelpohl equation;

reslim2 Terminating value of residual for iteration to find attitude angle;

factor1 Relaxation factor of iteration to solve Vogelpohl equation;

factor2 Relaxation factor of iteration to find attitude angle;

nlim1 Maximum allowable number of cycles during iteration to solve Vogelpohl
equation;

nlim2 Maximum allowable number of cycles during iteration to find attitude
angle;

deltax Mesh dimension in ‘x*’ direction;

deltay Mesh dimension in ‘y*’ direction;

beta Angle between line of centres and load line of partial arc bearing, i.e.
attitude angle;

betas Storage value of ‘beta’ during successive iteration cycles;

n2 Number of cycles of iteration for attitude angle;

i Number of nodes from ‘x* = 0’ position on finite difference mesh;

x Equivalent to ‘x*’, dimensionless distance in direction of sliding, datum
position located with respect to partial arc, not the line of shaft and journal
centres;

theta Equivalent to ‘θ’, the angle between specified position and line of shaft and
journal centres;

j Number of nodes from ‘y* = 0’ position on finite difference mesh;

y Equivalent to ‘y*’;

h0 Equivalent to ‘h*’;

dhdx0 Equivalent to ‘∂h*/∂x*’;

d2hdx20 Equivalent to ‘∂2h*/∂x*2’;

dhdy0 Equivalent to ‘∂h*/∂y*’;

d2hdy20 Equivalent to ‘∂2h*/∂y*2’;

coeff1 Equivalent to ‘C1’ in Vogelpohl equation;

coeff2 Equivalent to ‘C2’ in Vogelpohl equation;

loadw Equivalent to ‘W*’;

attang Attitude angle in radians;

transw Component of ‘W*’ normal to bisector of partial arc;

axialw Component of ‘W*’ codirectional with bisector of partial arc;

friction Dimensionless frictional force from integration of ‘τ*’ over bearing area;

myu Dimensionless friction coefficient, equivalent to ‘µ*’;

pmax Maximum nodal dimensionless pressure;

sum2 Storage variable of sum of ‘M(i,j)’ values to calculate residual during
iteration to solve Vogelpohl equation;

sum Similar function to ‘sum2’ except it relates to compilation of residual in the
current cycle of iteration;
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store Temporary storage of calculated value of ‘M(i,j)’ from finite difference
equation, used to facilitate over-relaxation;

residp Residual of iteration to solve Vogelpohl equation;

xaux Auxiliary variable used during integration by trapezium rule.

EXAMPLE

Input data: Eccentricity ratio = 0.8, L/D ratio = 1, bearing arc angle = 120°, misalignment
parameter = 0, standard program settings for iteration (i.e. no additional input required).

Output data: Dimensionless load = 0.98048, attitude angle = 27.52°, Petroff multiplier =
7.5444, dimensionless friction coefficient = 7.6946, maximum dimensionless pressure =
1.7078.

A.5 PROGRAM ‘THERMAL’

This program calculates the temperature field and load capacity of a thermohydrodynamic
pad bearing where frictional heating of the lubricant causes variation in viscosity. A perfectly
rigid bearing is assumed. The pad geometry and film thickness are pre-determined in this
program and a corresponding load capacity is calculated.

clc; cla reset; echo off; clear P U W T VISC;
global tbv tbs tbp tbt tbd tbg tba tbinfo tbclose;
set([tbv tbs tbp tbd tbg tba tbinfo tbclose],'Enable','off');
% BEGIN OF INPUT DATA
% -------------------
prompt = {'Select variable: 0 - isothermal; 1 - adiabatic bearing',
       'Maximum film thickness [mm]:',
        'Minimum film thickness [mm]:',
        'Sliding velocity [m/s]:',
        'Pad length [m]:'};
title='INPUT DATA (THERMAL)'; lineno=1; def={'1', '0.1', '0.05', '10', '0.1'}; answer= inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tbt, 'Value', get(tbt, 'Min')); set([tbv tbs tbp tbd tbg tba tbinfo tbclose],'Enable','on'); break; end;
[select,hmax,hmin,u0,length0] = deal(answer{:}); select = str2num(select); hmax = str2num(hmax)/1000;
hmin = str2num(hmin)/1000;u0 = str2num(u0); length0 = str2num(length0);
prompt = {'Viscosity at bearing inlet or datum temperature [Pas]:',
         'Exponential viscosity-temperature coefficient [1/K]:',
        'Specific heat of lubricant [J/kgK]:',
        'Density of lubricant [kg/m^3]:',
         'Thermal conductivity of lubricant [W/mK]:',
        'Bearing inlet temperature [°C]:'};
title='INPUT DATA (THERMAL)'; lineno=1; def={'0.5','0.05','2000','900','0.15','50'};
answer= inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tbt, 'Value', get(tbt, 'Min')); set([tbv tbs tbp tbd tbg tba tbinfo tbclose],'Enable','on'); break; end;
[visc0,gamma,cp1,rh0,condoil,tinlet] = deal(answer{:}); visc0= str2num(visc0); cp1= str2num(cp1);
rh0= str2num(rh0); tinlet= str2num(tinlet) + 273.15; condoil= str2num(condoil); gamma = str2num(gamma);
prompt = {'Number of nodes in the i or x direction:',
          'Number of nodes in the k or z direction:',
          'Terminating value of residual for pressure field iter.:',
          'Terminating value of residual for temperature field iter.:',
          'Terminating value of residual for temperature-pressure iter.:',
          'Terminating value of residual for iter. to find value of w:'};
title='INPUT DATA (THERMAL)'; lineno=1; def={'6','5','0.0000005','0.000001','0.0001','0.000001'};
answer= inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tbt, 'Value', get(tbt, 'Min')); set([tbv tbs tbp tbd tbg tba tbinfo tbclose],'Enable','on'); break; end;
[inode,knode,reslim1,reslim2,reslim3,reslim4] = deal(answer{:}); inode = str2num(inode); knode = str2num(knode);
reslim1 = str2num(reslim1); reslim2 = str2num(reslim2); reslim3 = str2num(reslim3); reslim4 = str2num(reslim4);
prompt = {'Relaxation factor for pressure field iter.:',
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          'Relaxation factor for temperature field iter.:',
          'Relaxation factor for temperature-pressure iter.:',
          'Max number of cycles for pressure field iter.:',
          'Max number of cycles for temperature field iter.:',
          'Max number of cycles for pressure-temperature iter.:'};
title='INPUT DATA (THERMAL)'; lineno=1; def={'1','0.7','0.14','100','200','100'}; answer= inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tbt, 'Value', get(tbt, 'Min')); set([tbv tbs tbp tbd tbg tba tbinfo tbclose],'Enable','on'); break; end;
[factor1,factor2,factor3,nlim1,nlim2,nlim3] = deal(answer{:}); factor1 = str2num(factor1); factor2 = str2num(factor2);
factor3 = str2num(factor3); nlim1 = str2num(nlim1); nlim2 = str2num(nlim2); nlim3 = str2num(nlim3);
% END OF INPUT DATA
% -----------------
subplot(1,1,1);
text('units','normalized','position',[0.2 0.55], 'FontWeight', 'bold','color',[1 0 0], 'string', 'CALCULATIONS IN PROGRESS');
figure(1); if select == 0, klim = knode-1; end; if select == 1, klim = knode; end;
deltax = length0/(inode-1);
for i = 1:inode+1, DELTAZ(i) =(hmax - (i-1)*(hmax-hmin)/(inode-1))/(knode-1); end;
i = 0; deltazd = (hmax-(i-1)*(hmax-hmin)/(inode-1))/(knode-1);
% SET MESH CONSTANTS OF PAD
% INITIALIZE TEMPERATURE, VISCOSITY AND PRESSURE FIELDS
W = zeros(inode,knode+1); P = zeros(1,inode); T = ones(inode,knode)*tinlet; TSTORE = T;
VISC = ones(inode,knode)*visc0;
% OUTER  LOOP OF ITERATION,OUTER LOOP OF RESIDUAL COUNTER
ncount3 = 0; psumold = 0; residp2 = reslim3 +10;
while (residp2 > reslim3) & (ncount3 < nlim3),
   psum = 0;
   % SOLUTION FOR PRESSURE
   for i = 1:inode,
      for k = 1:knode,
         F1(k) = 1/VISC(i,k); F2(k) = DELTAZ(i)*(k-1)/VISC(i,k);
      end;
      % FIRST ORDER INTERGRALS OF VISCOSITY
      for k = 1:knode,
         INT1(k) = 0; INT2(k) = 0;
         for m = 1:k-1,
            INT1(k) = INT1(k) + 0.5*F1(m) + 0.5*F1(m+1); INT2(k) = INT2(k) + 0.5*F2(m) + 0.5*F2(m+1);
         end;
         INT1(k) = INT1(k)*DELTAZ(i); INT2(k) = INT2(k)*DELTAZ(i);
      end;
      % COMPUTE SECONDARY INTERGRALS
      for k = 1:knode, MM(i,k) = INT2(k)-INT2(knode)*INT1(k)/INT1(knode); NN(i,k) = 1 - INT1(k)/INT1(knode); end;
      % SECOND ORDER INTERGRALS
      INTM(i) = 0; INTN(i) = 0;
      for k = 1:knode - 1,
         INTM(i) = INTM(i) + 0.5*MM(i,k)+0.5*MM(i,k+1); INTN(i) = INTN(i) + 0.5*NN(i,k)+0.5*NN(i,k+1);
      end;
      INTM(i) = INTM(i)*DELTAZ(i); INTN(i) = INTN(i)*DELTAZ(i);
   end;
   % PRESSURE, 1-D ITERATION OF SECOND DIFFERENTIAL EQUATION FOR PRESSURE
   ncount1 = 0; psum11 = 0; residp = reslim1 +10;
   while (residp > reslim1) & (ncount1 < nlim1),
      psum1 = 0;
      for i = 2:inode-1,
         store = P(i);
         store2 = 0.5*(P(i+1)+P(i-1)) + 0.125*(P(i+1)-P(i-1))*(INTM(i+1) - INTM(i-1))/INTM(i) + u0*(INTN(i+1)-INTN(i-1))*...
                     deltax*0.25/INTM(i);
         P(i) = store + (store2-store)*factor1; psum1 = psum1 + abs(P(i));
      end;
      residp = abs((psum1-psum11)/psum1); psum11 = psum1; ncount1 = ncount1 + 1;
   end;
   % START TEMPERATURE SOLUTION
   % COMPUTE VELOCITY FIELDS
   for i = 2:inode-1, DPDX(i) = 0.5*(P(i+1)+P(i-1))/deltax; end;
   DPDX(1) = P(2)/deltax; DPDX(inode) = -P(inode-1)/deltax;
   for i = 1:inode,
      for k = 1:knode,
         U(i,k) = MM(i,k)*DPDX(i)+NN(i,k)*u0;
      end;
   end;
   for i = 1:inode, U(i,knode) = 0; end;
   % DUMMY ARRAY OF U AT knode+1
   for i = 1:inode, U(i,knode+1) = 2*U(i,knode)-U(i,knode-1); end;
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   % FIND VALUES OF DUDZ
   for i = 1:inode,
      for k = 2:knode,
         if k < knode, DUDZ(i,k) = (U(i,k+1)-U(i,k-1))/(2*DELTAZ(i)); end;
         if k == knode,
            DUDZ(i,k) = (-2*U(i,k-1)+1.5*U(i,k)+0.5*U(i,k-2))/DELTAZ(i);
         end;
      end;
   end;
   % SUPPLY DUMMY ARRAY OF U at inlet
   for k = 1:knode,
      UD(k) = 2*U(1,k) - U(2,k); U(inode+1,k) = 2*U(inode,k) - U(inode-1,k);
   end;
   % FIND VELOCITY NORMAL TO FILM, COMPUTE WTERM
   for i = 2:inode,
      for k = 2:knode-1,
        use = U(i+1,k-1); usw = U(i-1,k-1); une = U(i+1,k+1); unw = U(i-1,k+1);
        WTERM(i,k) = 0.125*DELTAZ(i)*(une-unw-use+usw)/deltax;
       end;
   end;
   % ITERATE FOR VELOCITY NORMAL TO FILM
   for i = 2:inode,
      wsumold = 0; residw = reslim4 +10;
      while residw > reslim4,
         wsum = 0;
         for k = 2:knode-1,
            W(i,k) = WTERM(i,k) + 0.5*W(i,k+1) + 0.5*W(i,k-1); wsum = wsum + abs(W(i,k));
         end;
         residw = abs((wsum-wsumold)/wsum); wsumold = wsum;
      end;
   end;
   for k = 1:knode, W(1,k) = 2.5*W(2,k) - 2*W(3,k) + 0.5*W(4,k); end;
   % COMPUTE COEFFICIENTS OF TEMPERATURE ITERATION
   for k = 2:klim,
    ae = -0.25*(DELTAZ(1) + DELTAZ(2))*(U(2,k) +  U(1,k))*0.5*cp1*rh0;
    aw = 0.25*(deltazd + DELTAZ(1))*(UD(k)+ U(1,k))*cp1*rh0*0.5;
    at = (condoil*deltax/DELTAZ(1)) - (deltax*(W(1,k+1) +  W(1,k))*cp1*0.25*rh0);
    ab = (condoil*deltax/DELTAZ(1))+(deltax*(W(1,k-1) +  W(1,k))*cp1*0.25*rh0);
    s = DUDZ(1,k)^2*VISC(1,k); sp = -gamma*s; sc = s*(1+gamma*T(1,k));
    b = sc*deltax*DELTAZ(1); ap = ae + aw + at + ab -sp*deltax*DELTAZ(1);
    e1 = abs(ae) + abs(aw) + abs(at) + abs(ab) - abs(ap);
    if e1 < 0,  e = 0; end; if e1 == 0, e = 0; end; if e1 > 0,  e = e1; end;
    CE(1,k) = ae/(ap+e); CW(1,k) = aw/(ap+e); CN(1,k) = at/(ap+e); CS(1,k) = ab/(ap+e);
    CB(1,k) = b/(ap+e); CP(1,k) = e/(ap+e);
  end;
  for i = 2:inode,
      for k = 2:klim,
        ae = -0.25*(DELTAZ(i) + DELTAZ(i+1))*(U(i+1,k) +  U(i,k))*0.5*cp1*rh0;
        aw = 0.25*(DELTAZ(i-1)+DELTAZ(i))*(U(i-1,k)+ U(i,k))*0.5*cp1*rh0;
        at = (condoil*deltax/DELTAZ(i)) - (deltax*(W(i,k+1) + W(i,k))*0.25*cp1*rh0);
        ab = (condoil*deltax/DELTAZ(i)) + (deltax*(W(i,k-1) +  W(i,k))*cp1*.25*rh0);
        s = DUDZ(i,k)^2*VISC(i,k); sp = -gamma*s;
        sc = s*(1 + gamma*T(i,k)); ap = ae + aw + at + ab - sp*deltax*DELTAZ(i);
        b = sc*deltax*DELTAZ(i); e1 = abs(ae) + abs(aw) + abs(at) + abs(ab) - abs(ap);
        if e1 < 0, e = 0; end; if e1 == 0, e = 0; end; if e1 > 0, e = e1; end;
        CE(i,k) = ae/(ap+e); CW(i,k) = aw/(ap+e); CN(i,k) = at/(ap+e);
        CS(i,k) = ab/(ap+e); CB(i,k) = b/(ap+e); CP(i,k) = e/(ap+e);
      end;
  end;
  % TEMPERATURE ITERATION CYCLE BEGINS
  ncount2 = 0; sumold=0; residt = reslim2 +10;
  while (residt > reslim2) & (ncount2 < nlim2),
      sum = 0;
      % SMOOTHING OF TEMPERATURES ON PAD SURFACE FOR ADIABATIC CASE
      for i = 2:inode,
         if T(i,knode) < T(i-1,knode), T(i,knode) = T(i-1,knode); end;
      end;
      for k = 1:knode,
         TD(k) = 2*T(1,k)-T(2,k); T(inode+1,k) = T(inode,k);
      end;
      T(1,knode) = tinlet;
      for i = 1:inode+1, T(i,knode+1) = T(i,knode); end;
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      for i = 1:inode,
         for k = 2:klim,
            nostore = 1; nostore1 = 1;
            if U(1,k) > 0, T(1,k) = tinlet; end; if U(1,k) == 0, T(1,k) = tinlet; end; if (i == 1) & (U(1,k) > 0), nostore = 0; end;
            if nostore == 1,
               if (i == 1) & (U(1,k) == 0), nostore = 0; end;
            end;
            if nostore == 1,
               if (i == 1) & (U(1,k) < 0),
                  store = CE(i,k)*T(i+1,k) + CW(i,k)*TD(k) +  CN(i,k)*T(i,k+1) + CS(i,k)*T(i,k-1) + CB(i,k) +  cp(i,k)*T(i,k);
                  nostore1 = 0;
               end;
               if nostore1 == 1,
                  store = CE(i,k)*T(i+1,k) + CW(i,k)*T(i-1,k) + CN(i,k)*T(i,k+1) + CS(i,k)*T(i,k-1) + CB(i,k) +  CP(i,k)*T(i,k);
               end;
               T(i,k) = T(i,k) + (store-T(i,k))*factor2; if T(i,k) < tinlet, T(i,k) = tinlet; end; sum = sum + abs(T(i,k));
            end;
         end;
      end;
      % DUMMY ARRAY AT knode+1 FOR ADIABATIC CONDITION
      % EVALUATE CONVERGENCE OF TEMPERATURE PROFILE
      residt = abs((sum-sumold)/sum); sumold = sum; sum = 0; ncount2 = ncount2 + 1;
   end; % THE END OF while LOOP
   % OUTER ITERATION LOOP
   % CALCULATE VISCOSITY WITH NEW TEMPERATURE FIELD
   for i = 1:inode,
      for k = 2:klim,
         T(i,k) = (T(i,k)-TSTORE(i,k))*factor3 + TSTORE(i,k); TSTORE(i,k) = T(i,k); term10 = gamma*(T(i,k)-tinlet);
         VISC(i,k) = visc0/exp(term10);
      end;
   end;
   % PRESSURE FIELD RESIDUALS OF OUTER ITERATION CYCLE
   psum = 0;
   for i = 1:inode, psum = psum+abs(P(i)); end;
   residp2 = abs((psum-psumold)/psum); ncount3 = ncount3 + 1; psumold = psum;
end; % THE END OF while LOOP
% OUTPUT PRESSURE, TEMPERATURE, VELOCITY AND VISCOSITY DATA
% FIND MAXIMUM TEMPERATURE, PRESSURE, VELOCITIES AND VISCOSITY
umax = 0; wmax = 0;
for i = 1:inode,
   for k = 1:knode,
      if abs(U(i,k)) > umax, umax = abs(U(i,k)); end; if abs(W(i,k)) > wmax, wmax = abs(W(i,k)); end;
   end;
end;
pmax = max(abs(P)); tmax = max(max(abs(T))); viscmax= max(max(abs(VISC))); P = P/pmax;
% OUTPUT LOAD CAPACITY
sum = 0;
for i = 1:inode-1, sum = sum + 0.5*P(i) + 0.5*P(i+1); end;
sum = sum*deltax*pmax;
% DIVIDE PRESSURE, TEMPERATURE, VELOCITIES AND VISCOSITY BY
% CORRESPONDING MAXIMUM
for i = 1:inode,
   P(i) = P(i)/pmax;
   for k = 1:knode,
      U(i,k) = U(i,k)/umax; W(i,k) = W(i,k)/wmax; T(i,k) = T(i,k)/tmax; VISC(i,k) = VISC(i,k)/viscmax;
   end;
end;
subplot(1,1,1); colormap([0 0 0]); xaux = linspace(inode,0,inode); clear x y;
x(1:inode,1) = xaux'; y(1,1:knode) = linspace(1,knode,knode);
for k=2:knode, x(1:inode,k) = x(1:inode,k-1); end;
for i=2:inode, y(i,1:knode) = y(i-1,1:knode); end;
mesh(x,y,T(1:inode,1:knode)*100); view(-235,35); xlabel('Length (nodes)'); zlabel('Dimensionless temperature [%]');
ylabel('Inlet (nodes)');
if select == 0,
   text('units','normalized','position',[0.1 1.05],'string', 'TEMPERATURE FIELD IN ISOTHERMAL PAD BEARING');
else
   text('units','normalized','position',[0.1 1.05],'string', 'TEMPERATURE FIELD IN ADIABATIC PAD BEARING');
end;
clc;
% PRINT OUT VALUES OF INPUT AND OUTPUT DATA
% -----------------------------------------
fprintf(' \n'); fprintf(' INPUT AND OUTPUT DATA FOR PROGRAM THERMAL\n'); fprintf(' \n');
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fprintf(' INPUT DATA:\n');
if  select == 0, fprintf('  Isothermal pad bearing.\n'); end;
if  select == 1, fprintf('  Adiabatic pad bearing.\n'); end;
fprintf('  Max. film thickness = %0.5g [mm]\n',hmax*1000);
fprintf('  Min. film thickness = %0.5g [mm]\n',hmin*1000);
fprintf('  Sliding velocity = %0.5g [m/s]\n',u0);
fprintf('  Pad width = %0.5g [m]\n',length0);
fprintf('  Viscosity of lubricant at bearing inlet = %0.5g [Pas]\n',visc0);
fprintf('  Exponential viscosity index = %0.5g [1/K]\n',gamma);
fprintf('  Specific heat of lubricant = %0.5g [J/kgK]\n',cp1);
fprintf('  Density of lubricant = %0.5g [kg/m^3]\n',rh0);
fprintf('  Bearing inlet temperature = %0.5g°C\n',tinlet-273.15);
fprintf('  Themal conductivity of lubricant = %0.5g [W/mK]\n',condoil);
fprintf(' \n');
fprintf(' OUTPUT DATA:\n');
fprintf('  Max. pressure  = %0.5g [MPa]\n',pmax/10^6);
fprintf('  Critical max. temperature = %0.5g°C\n',tmax-273.15);
fprintf('  Load capacity = %0.5g [MN/m]\n',sum/10^6);
fprintf('  Max. lubricant velocity in plane of oil film = %0.5g [m/s]\n',umax);
fprintf('  Max. lubricant velocity normal to oil film = %0.5g [mm/s]\n',wmax*1000);
fprintf('  Min. viscosity = %0.5g [Pas]\n',min(min(VISC)));
fprintf(' \n'); fprintf(' PROGRAM THERMAL HAS BEEN COMPLETED\n');
set(tbt, 'Value', get(tbt, 'Min')); set([tbv tbs tbp tbd tbg tba tbinfo tbclose],'Enable','on');

Program Description

Program ‘THERMAL’ begins with a series of prompts for data. Much more information about
the physical properties of the lubricant are required for this program than in the isoviscous
case. The data is required for the following parameters: the maximum and minimum film
thicknesses ‘hmax’ and ‘hmin’, entraining velocity of the bearing ‘u0’, bearing width ‘length0’
(‘length0’ is the variable representing the length of the bearing in the direction of sliding, i.e.
width), viscosity index of the lubricant ‘gamma’, datum viscosity of the lubricant ‘visc0’,
specific heat of the oil ‘CP’, density of the lubricant ‘rh0’, the conductivity of the oil ‘condoil’
and the inlet temperature ‘tinlet’ which, in this program, is assumed to be identical to the
sliding surface temperature. The data prompts are structured into two sections, the first as
already described and the second relating to the solution parameters, such as iteration limits,
which are similar to programs discussed previously. The program is written with values of
the latter parameters built-in, which are valid for most problems. If, however, extremes of
the heating are to be studied a reduced iteration factor in the temperature iteration ‘factor2’
and a large cycle limit number ‘nlim2’ may be required to ensure convergence. The program
is written to operate with a coarse mesh which is quite adequate for estimations of load
capacity and basic bearing analysis. If a more detailed solution is required, a finer mesh can be
set but the computing time increases sharply with the fineness of the mesh. An extra variable
called ‘select’, which is also included in the data prompts, enables the choice of isothermal or
adiabatic solution.

After inputing all required data, the program proceeds to mesh generation which is similar
to the isoviscous programs, except that a dimension normal to the plane of the
hydrodynamic film is introduced, i.e. the ‘z’ direction. The step length in the ‘z’ direction,
‘DELTAZ’ is not constant but is proportional to the local film thickness hence the following
statement is required to facilitate generation of the mesh:

DELTAZ(i) = (hmax-(i-1)*(hmax-hmin)/(inode-1))/(knode-1);

where ‘knode’ is the number of nodal steps in the ‘z’ or ‘k’ direction. The notation ‘i’, ‘j’ and
‘k’ is based on unit directions in the cartesian coordinate system.

At this stage, the limits of iteration must also be defined. For example, for isothermal
bearings, iteration proceeds from ‘k = 2’ to ‘k = knode-1’ and for adiabatic bearings the
iteration proceeds from ‘k = 2’ to ‘k = knode’. This is controlled by the statements:
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if select = 0, klim = knode-1; end;

if select = 1, klim = knode; end;

where:

select is a control variable whose value is 0 for isothermal bearings or 1 for adiabatic
bearings;

klim is the variable prescribing the limits of iteration.

Initialization of the pressure, velocity and temperature fields is performed next. The initial
value of the pressure field is zero, the oil inlet temperature is assigned to the temperature
field and the datum viscosity is assigned to the viscosity field. The fluid velocity normal to
the lubricant film, ‘W(i,k)’ is also given zero values at this stage. On completion of these
tasks, the program enters the first cycle of iteration.

The iteration cycle begins with computation of the viscosity integrals ‘dz/η’ and ‘zdz/η’
(equation (5.34)), based on an initially assumed constant viscosity. Two variables, ‘F1(k)’ and
‘F2(k)’ are introduced to provide an array of values corresponding to ‘dz/η’ and ‘zdz/η’
respectively. The position along the ‘z’ axis is found from the product of ‘DELTAZ’ and the
number of mesh lengths, ‘k-1’. The first order integrals of ‘dz/η ’ and ‘zdz/η ’ are then
calculated using a trapezium rule to form the variables ‘INT1(k)’ and ‘INT2(k)’. Three levels
of ‘for’ loops are used in this process, two outer loops in ‘i’ and ‘k’ to locate the calculations
for a particular nodal point and an inner loop in ‘m ’ which allows computation of the
integrals of ‘F1(m)’ and ‘F2(m)’ from the nominal ‘m = 1’ case to ‘m = k’. Variables ‘MM(i,k)’
and ‘NN(i,k)’ which correspond to ‘M’ and ‘N’ in equation (5.37) are then calculated. These
variables are then integrated once again to form the variables ‘INTM(i)’ and ’INTN(i)’ which
form the coefficients of the finite difference equation for pressure.

The pressure field is then solved according to equation (5.41) based on the calculated values
of ‘m ’ and ‘n’. Solution occurs within a ‘for’ loop to cover values of ‘P(i)’ from ‘i = 2’ to
‘inode-1’. Positions ‘i = 1’ and ‘i = inode’ which are the bearing inlet and outlet positions
respectively have zero pressure values. The ‘for’ loop is repeated until the residual of ‘P(i)’
converges to a limit ‘reslim1’ or exceeds a critical number of iteration cycles, ‘nlim1’. This
procedure is very similar to that already described for the isoviscous bearing. Derivatives of
pressure are found from the central difference approximation, discussed in section 5.4,
according to the following expressions:

for i = 2 : inode-1, DPDX(i) = 0.5*(P(i+1)+P(i-1))/deltax; end;

DPDX(1) = P(2)/deltax; DPDX(inode) = -P(inode-1)/deltax;

The central difference approximation is also used to find the derivatives with respect to ‘x’ of
the integrals of ‘Mdz’ and ‘Ndz’, equations (5.38) and (5.39). When these expressions are
substituted into equation (5.41) and the equation is rearranged so as to provide an expression
for ‘P(i)’ the following statement results. A storage term ‘store2’ is used to facilitate over-
relaxation of this equation:

store2 = 0.5*(P(i+1)+P(i-1))+0.125*(P(i+1)-P(i-1))*(INTM(i+1)- ...

               INTM(i-1))/INTM(i)+u0*(INTN(i+1)-INTN(i-1))*deltax*0.25/INTM(i);

where:

u0 is the bearing entraining velocity [m/s].

The relaxation factor is applied next in the consecutive statement:

P(i) = store+(store2-store)*factor1;
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where:

store is the value of ‘P(i)’ from the preceding cycle of iteration;

factor1 is the iteration factor for the pressure field.

Once the pressure field is known the values of ‘u(x,z)’ are found from equation (5.37), i.e.:

U(i,k) = MM(i,k)*DPDX(i)+NN(i,k)*u0;

where ‘DPDX(i)’ (which corresponds to ‘dp/dx’) was found a few steps before from the array
of values of ‘P(i)’. The derivative of ‘u’, (∂u/∂z), is found next from equation (5.61) as this is
required to calculate the viscous dissipation term in the solution for temperature. Knowing
‘u’ allows the velocity ‘w ’ to be found from equation (5.42). The velocity ‘w ’ is found by
iterating individual columns of nodes, i.e. nodes with a common value of ‘i’. The iteration
equation is a finite difference approximation to (5.42) and is performed in the following
manner:

use = U(i+1,k-1); usw = U(i-1,k-1); une = U(i+1,k+1); unw = U(i-1,k+1);

WTERM(i,k) = 0.125*DELTAZ(i)*(une-unw-use+usw)/deltax;

where ‘WTERM(i,k)’ is the equivalent of ‘0.5∂z2 ∂
∂ z

∂u
∂ x

’
 
and the terms ‘use’, ‘usw’, ‘une’ and

‘unw’ correspond to a classification of the various nodal values of ‘u’ adjacent to ‘U(i,k)’
according to the points on a compass. Nodal values of the velocity ‘w’, i.e. ‘W(i,k)’, are found
by iteration of the finite difference expression for ‘W(i,k)’ which is based on (5.42), i.e:

W(i,k) = WTERM(i,k)+0.5*W(i,k+1)+0.5*W(i,k-1);

These statements are enclosed in the ‘for’ loops and conditional ‘while’ statements required
by a consecutive iteration of nodes.

With the velocity fields known, the program proceeds to a solution for temperature. A large
section of the program therefore relates exclusively to the calculation of coefficients defined
in equations (5.52) to (5.60). Two sets of coefficients, an extra set for a column of nodes
immediately up-stream of the bearing inlet is also required. The lack of zero dimensions in
the variable array requires the introduction of an additional set of dummy computer
variables, e.g. ‘UD(k)’ which corresponds to ‘U(0,k)’. In order to prevent excessive calculations
within the iteration a final set of reduced coefficients are calculated, i.e.:

CE(i,k) = ae/(ap+e); CW(i,k) = aw/(ap+e); CN(i,k) = at/(ap+e);

CS(i,k) = ab/(ap+e); CB(i,k) = b/(ap+e); CP(i,k) = e/(ap+e);

where ‘ap‘ corresponds to ‘aP’, ‘ae’ to ‘aE’, etc.

Before iterating for temperature it is necessary to maintain the boundary conditions. This is
done by assigning new values to the arrays of ‘T(i,k)’ external to the true solution domain. A
variable ‘TD(k)’ is created to provide values of temperature up-stream of the bearing. The
value of ‘TD(k)’ is determined by linear extrapolation from adjacent nodes as described
previously. Smoothing of the temperature values calculated at the pad-lubricant interface is
necessary for the adiabatic bearing and this is controlled by the statement:

if T(i,knode) < T(i-1,knode) , T(i,knode) = T(i-1,knode); end;

After completing the described operations it is now possible to iterate the temperature field
using a pair of nested ‘for’ loops with limits ‘i = 1’ to ‘inode’ and ‘k = 2’ to ‘klim’. The iteration
at ‘i =1’ is only provided to allow for reverse flow. Unless reverse flow occurs the nodes at ‘i
=1’ are excluded from iteration by a sequence of ‘while’ statements positioned in front of the
iteration equations for temperature. The controlling iteration statements are:
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store = CE(i,k)*T(i+1,k)+CW(i,k)*T(i-1,k)+CN(i,k)*T(i,k+1)+ ...

             CS(i,k)*T(i,k-1)+CB(i,k)+CP(i,k)*T(i,k);

T(i,k) = T(i,k)+(store-T(i,k))*factor2;

where ‘T(i,k)’ are the nodal values of temperature and ‘factor2’ is the relaxation factor for the
temperature field.

A similar statement is provided to allow for reverse flow at the inlet where it is necessary to
use ‘CW(i,k)*TD(k)’ rather than ‘CW(i,k)*T(i-1,k)’, i.e.:

store = CE(i,k)*T(i+1,k)+CW(i,k)*TD(k)+CN(i,k)*T(i,k+1)+CS(i,k)*T(i,k-1)+CB(i,k)+CP(i,k)*T(i,k);

The residual of temperature is then collected and iteration proceeds until convergence is
reached or the cycle number limit is exceeded.

Once the temperature field has been found, the next task is to relate the calculated values of
temperature to a revised viscosity field. Under-relaxation of the temperature change is
required or the solution will oscillate between extremes of low and high viscosity without
convergence. Under-relaxation is the application of a relaxation factor less than 1. The reason
for using it is that in the first cycle of iteration, the calculated temperatures are very high
since the viscosity of unheated lubricant is used in the calculations. During the second cycle
of iteration, without sufficient under-relaxation, the resulting low values of viscosity cause
the temperature field to fall to unrealistically low values because there is no computed
viscous dissipation of heat, leading to a repetition of the process in subsequent cycles. To
avoid this the temperature field is therefore stabilized by the statements:

T(i,k) = (T(i,k)-TSTORE(i,k))*factor3+TSTORE(i,k);

TSTORE(i,k) = T(i,k);

where ‘factor3’ is the relaxation factor for the overall pressure-temperature iteration.

This ensures that the difference in temperatures between successive cycles is reduced by a
factor which can be as low as 0.05. Once the temperature is known, the viscosity is calculated.
To complete the combined two-level cycle of iteration in temperature and pressure described
already, it is necessary to evaluate the residual of pressure between successive cycles of
temperature iteration. This residual is quite different from the residual obtained at the end of
an iteration for ‘P(i)’ for a particular viscosity field. The latter residual is calculated by taking
the sum of ‘P(i)’ and comparing it with a similar sum from the previous iteration. Returning
to the beginning of the program's iteration cycle, i.e. returning to the calculations of ‘M’ and
‘N ’ from equations (5.38) and (5.39), depends on whether the residual exceeds the
convergence criterion and whether the cycle numbers are less than the specified cycle limit.

Once the iterations are completed, the calculations are performed to find the maximum
values of the pressure, temperature, viscosity and velocity fields. The load per unit length is
also found by integrating the pressure with respect to distance. When these quantities are
found, the program is completed by printing the values of load, pressure, temperature,
viscosity and fluid velocity as fractions of their respective peak values.

List of Variables

P Hydrodynamic pressure ‘p’ [Pa];

T Local film temperature ‘T’ [°C];

U Equivalent to ‘u’ [m/s];

W Equivalent to ‘w’ [m/s];

VISC Local value of viscosity;

TEAM LRN



694 ENGINEERING TRIBOLOGY

DELTAZ Value of mesh dimension in ‘z’ direction for a specified distance from
bearing inlet;

INT1 Integral of ‘dz/η’ through film thickness;

INT2 Integral of ‘zdz/η’ through film thickness;

F1 Local value of ‘dz/η’;

F2 Local value of ‘zdz/η’;

MM Equivalent to ‘M’ in thermohydrodynamic equations;

N N Equivalent to ‘N’ in thermohydrodynamic equations;

INTM Integral of ‘Mdz’;

INTN Integral of ‘Ndz’;

DPDX Node value of ‘dp/dx’;

WTERM Term used to iterate for ‘W’;

DUDZ Equivalent to ‘∂u/∂z’;

UD Dummy array of ‘u’ at bearing inlet;

TD Dummy array of ‘T’ at bearing inlet;

TSTORE Storage of nodal temperature field for purposes of iteration;

CE, CW, CN, CS, Reduced coefficients of the finite difference equation;

CP Finite difference coefficients for the solution of temperature field;

select Control variable for the selection of adiabatic or isothermal solution;

hmax Maximum film thickness [m];

hmin Minimum film thickness [m];

u0 Sliding velocity of the bearing [m/s];

length0 Length of pad in the direction of sliding (i.e. width ‘B’) [m];

gamma Equivalent to ‘γ’ [K-1];

visc0 Viscosity at bearing inlet [Pas];

cp1 Specific heat of lubricant [J/kgK];

rh0 Density of lubricant [kg/m3];

tinlet Bearing inlet temperature [°C];

condoil Conductivity of lubricant [W/mK];

choice Variable to control data input;

factor1 Relaxation factor for pressure field iteration;

factor2 Relaxation factor for temperature field iteration;

factor3 Relaxation factor for temperature-pressure iteration;

reslim1 Terminating value of residual for pressure field iteration;

reslim2 Terminating value of residual for temperature field iteration;

reslim3 Terminating value of residual for temperature-pressure iteration;

reslim4 Terminating value of residual for iterations to find local value of ‘w’;

nlim1 Maximum number of cycles for pressure field iteration;

nlim2 Maximum number of cycles for temperature field iteration;
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nlim3 Maximum number of cycles for pressure-temperature iteration;

inode Number of nodes in the ‘i’ or ‘x’ direction;

knode Number of nodes in the ‘k’ or ‘z’ direction;

klim Limit of nodes in ‘k’ direction for boundary of iteration;

deltax Mesh dimension in ‘i’ or ‘x’ direction;

deltazd Mesh dimension in ‘k’ or ‘z’ direction of dummy array at bearing inlet;

i Position in mesh along ‘x’ direction;

k Position in mesh along ‘z’ direction;

ncount3 Number of cycles in pressure-temperature iteration;

Psumold Sum of ‘P(i)’ values to compute residual in pressure-temperature iteration;

psum Similar function to ‘Psumold’ but relates to current cycle of iteration;

m Auxiliary mesh position parameter in ‘z’ direction;

ncount1 Number of cycles in iteration for pressure field;

psum11 Sum of ‘P(i)’ values to compute residual in pressure field iteration;

psum1 Auxiliary variable to ‘psum11’;

store Storage variable to facilitate over-relaxation of ‘P(i)’ during iteration. Also
used for similar purpose in temperature iteration;

store2 Auxiliary variable to ‘store’;

residp Residual of ‘P(i)’ after iteration;

use, usw Nodal values of ‘u’ adjacent to ‘U(i,k)’;

une, unw Nodal values of ‘u’ adjacent to ‘U(i,k)’;

wsumold Sum of ‘W(i,k)’ for computation of residual in ‘W(i,k)’ during iteration;

wsum Auxiliary variable to ‘wsumold’;

residw Residual in ‘W(i,k)’;

ae Equivalent to ‘aE’ equation (5.53);

aw Equivalent to ‘aW’ equation (5.54);

at Equivalent to ‘aN’ equation (5.55);

ab Equivalent to ‘aS’ equation (5.56);

s Equivalent to ‘S’ equation (5.61);

sp Equivalent to ‘Sp’ equation (5.63);

sc Equivalent to ‘Sc’ equation (5.64);

b Equivalent to ‘b’ equation (5.58);

ap Equivalent to ‘ap’ equation (5.57);

e1 Equivalent to ‘E1’ equation (5.60);

e Equivalent to ‘E’ equation (5.59);

ncount2 Number of cycles in temperature field iteration;

sum Sum of ‘T(i,k)’ to compute residual;

sumold Sum of ‘T(i,k)’ from previous iteration cycle;

residt Residual of temperature field iteration;
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term10 Storage variable to facilitate under-relaxation in pressure-temperature
iteration;

residp2 Residual of pressure in pressure-temperature iteration;

tmax Maximum nodal value of temperature;

umax Maximum nodal value of ‘u’;

wmax Maximum nodal value of ‘w’;

viscmax Maximum nodal value of viscosity.

The viscosity temperature relationship is approximated by equation (5.65):

η = η0e
−γT

where:

η is the dynamic viscosity of the lubricant at temperature ‘T’ [Pas];

η0 is the input viscosity of the lubricant [Pas];

γ is the exponential viscosity constant, typically γ = 0.05 [K-1].

EXAMPLE

Input data: Adiabatic pad, maximum film thickness = 0.1 [mm], minimum film
thickness = 0.05 [mm], sliding velocity = 10 [m/s], pad width (i.e. length in the direction
of sliding) = 0.1 [m]. Viscosity of lubricant at bearing inlet = 0.5 [Pas], exponential
viscosity index γ = 0.05 [K-1], specific heat of lubricant = 2000 [J/kgK], density of lubricant
=  900 [kg/m3], thermal conductivity of lubricant = 0.15 [W/mK] and bearing inlet
temperature is 50°C.

Output data: Maximum pressure = 19.8239 [MPa], critical maximum temperature
115.62°C, load capacity = 1.2494 [MN/m], maximum lubricant velocity in plane of oil
film = 10.328 [m/s], maximum velocity normal to oil film = 1.4133 [mm/s], minimum
viscosity = 0.018897 [Pas].

A.6 PROGRAM ‘DEFLECTION’

This program calculates the load capacity and pivot point of a Michell pad that is subjected to
elastic deflection. An initial film geometry is specified and the effect of elastic deflection on
this film geometry is determined. An isoviscous model of hydrodynamic lubrication is
assumed.

clc; cla reset; echo off;
clear H P D M DSTORE DHDX S INTM D1;
global tbv tbs tbp tbt tbd tbg tba tbinfo tbclose;
set([tbv tbs tbp tbt tbg tba tbinfo tbclose],'Enable','off');
% BEGIN OF INPUT DATA
% -------------------
prompt = {'Undeflected maximum film thickness [mm]:',
          'Undeflected minimum film thickness [mm]:',
          'Bearing length [m]:',
          'Lubricant viscosity [Pas]:',
          'Elastic modulus of pad material [GPa]:',
          'Pad thickness [mm]:',
          'Sliding velocity [m/s]:'};
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title='INPUT DATA (DEFLECTION)'; lineno=1; def={'2', '1', '1', '1','207', '100',' 1'}; answer= inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tbd, 'Value', get(tbd, 'Min')); set([tbv tbs tbp tbt tbg tba tbinfo tbclose],'Enable','on'); break; end;
[hmax,hmin,length0,visc,emod,padth,u0] = deal(answer{:}); hmax = str2num(hmax); hmin = str2num(hmin);
emod = str2num(emod); length0 = str2num(length0); visc = str2num(visc); padth = str2num(padth); u0 = str2num(u0);
hmax = hmax/1000; hmin = hmin/1000; emod = emod*10^9; padth = padth/1000;
%ITERATION AND MESH PARAMETERS
prompt = {'Number of nodes in the i or x direction:',
          'Termination value of residual for pressure field iteration:',
          'Termination value of residual for pad bending iteration:',
          'Relaxation factor for pressure field iteration:',
          'Relaxation factor for pad bending iteration:',
          'Limiting number of cycles for pressure field iteration:',
          'Limiting number of cycles for pad bending iteration:'};
title='INPUT DATA (DEFLECTION)'; lineno=1; def={'11', '0.0000001', '0.000001', '1.2', '0.8','100','100'};
answer= inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tbd, 'Value', get(tbd, 'Min')); set([tbv tbs tbp tbt tbg tba tbinfo tbclose],'Enable','on'); break; end;
[inode,reslim1,reslim2,factor1,factor2,nlim1,nlim2] = deal(answer{:}); inode = str2num(inode); reslim1 = str2num(reslim1);
reslim2 = str2num(reslim2); factor1 = str2num(factor1); factor2 = str2num(factor2); nlim1 = str2num(nlim1);
nlim2 = str2num(nlim2);
% END OF INPUT DATA
% -----------------
subplot(1,1,1);
text('units','normalized','position',[0.2 0.55], 'FontWeight', 'bold','color',[1 0 0], 'string', 'CALCULATIONS IN PROGRESS');
figure(1);
% CALCULATE MESH PARAMETERS
deltax = length0/(inode-1);
% CALCULATE STIFFNESS OF PAD
ei = emod*padth^3/12;
% CALCULATE INITIAL FILM THICKNESS AND ASSIGN ZERO VALUES TO
% PRESSURES AND DEFLECTIONS
for i = 1:inode, H(i) = hmax-((hmax-hmin)*(i-1))/(inode-1); P(i) = 0; D(i) = 0; DSTORE(i) = 0; end;
sumd = 0;
% CALCULATE DH/DX
n2 = 0; residd = reslim2 + 10;
while (residd > reslim2) & (n2 < nlim2),
   for i = 2:inode-1, DHDX(i) = (H(i+1)-H(i-1))/(2*deltax); end;
   % ITERATE FOR PRESSURE
   n1 = 0; sum1 = 0; residp = reslim1 + 10;
   while (residp > reslim1) & (n1 < nlim1),
      sum = 0;
      for i = 2:inode-1,
         store = 0.5*(P(i+1)+P(i-1)) + ((P(i+1)-P(i-1))*deltax*0.75*DHDX(i)/H(i)) - ((3*visc*u0*DHDX(i)*deltax^2)/H(i)^3);
         P(i) = P(i) + (store-P(i))*factor1; if P(i) < 0, P(i) = 0; end; sum = sum+abs(P(i));
      end;
      n1 = n1 + 1; residp = abs((sum-sum1)/sum); sum1 = sum;
   end;
   % CALCULATE DEFLECTIONS, START WITH CENTROID
   int1 = 0; int2 = 0;
   for i = 2:inode, int1 = int1 + (i-1)*deltax*P(i) + (i-2)*deltax*P(i-1); int2 = int2 + P(i) + P(i-1); end;
   int1 = int1*deltax*0.5; int2 = int2*deltax*0.5; centroid = int1/int2; S(1) = 0; S(inode) = 0; M(1) = 0; M(inode) = 0;
   for i = 2:inode,
      S(i) = 0;
      for i1 = 2:i, S(i) = S(i) +deltax*(P(i1)+P(i1-1))*0.5; end;
   end;
   for i = 2:inode,
      M(i) = 0;
      for i1 = 2:i, M(i) = M(i)+deltax*(S(i1)+S(i1-1))*0.5; end;
   end;
   % MODIFY M(i) TO ALLOW FOR STEP CHANGES AT PIVOT POINT
   for i = 2:inode,
      x = (i-1)*deltax;
      if x >= centroid, term1 = (x-centroid)*int2; M(i) = M(i)-term1; end;
   end;
   % FIND i POSITION TO THE LEFT OF CENTROID
   for i = 2:inode-1,
      x = (i-1)*deltax; if x < centroid, icentrd = i; end;
   end;
   % CALCULATE DEFLECTIONS ASSUMING FREE ENDS
   % FIND INTEGRALS OF M(i)
   INTM(1) = 0;
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   for i = 2:inode,
      INTM(i) = 0;
      for i1 = 2:i, INTM(i) = INTM(i) + M(i1) + M(i1-1); end;
      INTM(i) = INTM(i)*deltax*0.5;
   end;
   INTM2(1) = 0;
   for i = 2:inode,
      INTM2(i) = 0;
      for i1 = 2:i, INTM2(i) = INTM2(i) + INTM(i1) + INTM(i1-1); end;
      INTM2(i) = INTM2(i)*deltax*0.5;
   end;
   % FIND INTEGRAL VALUES AT CENTROID BY LINEAR INTERPOLATION
   % FIRST INTEGRAL
   deltax1 = centroid - ((icentrd-1)*deltax);
   intmcen = INTM(icentrd) + (deltax1/deltax)*(INTM(icentrd+1)-INTM(icentrd));
   intm2cn = INTM2(icentrd) + (deltax1/deltax)*(INTM2(icentrd+1) - INTM2(icentrd));
   % BOUNDARY CONSTANTS
   c1 = (-intmcen)/ei; c2 = (-intm2cn)/ei + centroid*intmcen/ei;
   % CALCULATE VALUES OF DEFLECTION, INITIAL VALUES
   for i = 1:inode, D1(i) = (INTM2(i)/ei) + c1*(i-1)*deltax + c2; end;
   % CALCULATE VALUES OF DEFLECTION WITH RELAXATION
   sum = 0;
   for i = 1:inode, D(i) = DSTORE(i) + factor2*(D1(i)-DSTORE(i)); sum = sum + abs(D(i)); DSTORE(i) = D(i); end;
   n2 = n2 + 1; residd = abs((sum-sumd)/sum); sumd = sum;
   % NEW VALUES OF FILM THICKNESS
   for i = 1:inode, H(i) = hmax - (hmax-hmin)*(i-1)/(inode-1) + D(i); end;
   % INEQUALITY TO REPEAT OR TERMINATE ITERATION
end;
% FIND MAXIMUM NODAL PRESSURE
pmax = 0; imax = 0;
for i=1:inode,
   if P(i) > pmax, pmax = P(i); imax = i; end;
end;
imax = (imax - 1)/(inode-1);
% PLOT PRESSURE [kPa]
x = 0:inode-1; x = x/(inode-1); subplot(2,1,1); plot(x,P/1000); grid on; xlabel('Distance from bearing inlet [m]');
ylabel('Pressure [kPa]'); axis([0 1 0 (1.1*pmax)/1000]);
text('units','normalized','position',[0.35 1.05],'string', 'PRESSURE PLOT');
% HYDRODYMANIC FILM THICKNESS [mm]
subplot(2,1,2); plot(x,H*1000); grid on; xlabel('Distance from bearing inlet [m]'); ylabel('Film thickness [mm]');
axis([0 1 0 1.1*max(H)*1000]);
text('units','normalized','position',[0.1 1.05],'string', 'HYDRODYNAMIC FILM THICKNESS PLOT');
clc;
% PRINT OUT VALUES OF INPUT AND OUTPUT DATA
% -----------------------------------------
fprintf(' \n'); fprintf(' INPUT AND OUTPUT DATA FOR PROGRAM DEFLECTION\n'); fprintf(' \n');
fprintf(' INPUT DATA:\n');
fprintf('  Undeflected maximum film thickness = %0.5g [mm]\n',hmax*1000);
fprintf('  Undeflected minimum film thickness = %0.5g [mm]\n',hmin*1000);
fprintf('  Bearing length = %0.5g [m]\n',length0);
fprintf('  Lubricant viscosity = %0.5g [Pas]\n',visc);
fprintf('  Elastic modulus of pad material = %0.5g [GPa]\n',emod/10^9);
fprintf('  Pad thickness = %0.5g [mm]\n',padth*1000);
fprintf('  Sliding velocity = %0.5g [m/s]\n',u0);
fprintf(' \n');
fprintf(' OUTPUT DATA:\n');
fprintf('  Load = %0.5g [N/m]\n',int2);
fprintf('  Position of centroid of pressure field from bearing inlet = %8.5g [m]\n',centroid);
fprintf('  Max. nodal pressure = %0.5g[kPa] at %0.5g [m] from bearing inlet\n',pmax/1000,imax);
fprintf('  Film thickness at bearing inlet = %0.5g [mm]\n',H(1)*1000);
fprintf('  Film thickness at bearing outlet = %0.5g [mm]\n',H(inode)*1000);
fprintf('\n'); fprintf(' PROGRAM DEFLECTION HAS BEEN COMPLETED\n');
set(tbd, 'Value', get(tbd, 'Min')); set([tbv tbs tbp tbt tbg tba tbinfo tbclose],'Enable','on');

Program Description

Program ‘DEFLECTION’ utilizes many features already described in the preceding programs,
e.g. the method of iteration and data acquisition, and these are not discussed in this section.
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Program steps that are significant and particular to this problem relate to the specification of
film thickness with bearing deformation and the calculation of pad deflection.

A data parameter that is specific to bearing deformation is the flexural stiffness of a pad. The
stiffness is calculated from the standard bending moment formulae for a beam of rectangular
cross section. The dimension of the pad perpendicular to the direction of bending, i.e. the
length of the beam, is not included in the program. The reason for this is that since a bearing
of nominally infinite length is being considered, quantities such as load, bending moment
and stiffness are calculated relative to a unit length. The flexural stiffness is calculated in the
following manner:

ei = emod*padth^3/12;

In the initial stage of the program, an undeformed pad is assumed, so that the film thickness
at any position ‘x’ can be calculated from a linear variation of film thickness between the
inlet and outlet. The undeformed film thickness is given by:

H(i) = hmax-((hmax-hmin)*(i-1))/(inode-1);

Once the iteration for pressure is initiated, the controlling finite difference equation (5.72) is
applied sequentially over all the nodal positions between inlet and outlet. The equation is
applied with provision for a relaxation coefficient and calculated values are subject to a
cavitation test (i.e. negative values are set to zero) in the statement following immediately
after. This is performed by the following statements:

store = 0.5*(P(i+1)+P(i-1))+((P(i+1)-P(i-1))*deltax*0.75*DHDX(i)/ ...

              H(i))-((3*visc*u0*DHDX(i)*deltax^2)/H(i)^3);

P(i) = P(i)+(store-P(i))*factor1;

if P(i) < 0, P(i) = 0; end;

Once the iteration for pressure is completed, the position of the centroid of the pressure
integral is computed. The centroid is designated as the pivot point and must be determined
before bending moments and pad deflections can be calculated. The position of the centroid is
found from the quotient of moment calculated from the bearing inlet and the pressure
integral. The moment relative to the bearing inlet is the integral of ‘pxdx’. The program
sequence to find the centroid consists of an initial ‘for’ loop to find the two integrals using
the trapezium rule followed by division of the integrals to find the centroid, i.e.:

for i = 2: inode,

   int1 = int1+(i-1)*deltax*P(i)+(i-2)*deltax*P(i-1); int2 = int2+P(i)+P(i-1);

end;

int1 = int1*deltax*0.5; int2 = int2*deltax*0.5; centroid = int1/int2;

The program then proceeds to calculate nodal values of shear forces and bending moments
by applying the trapezium integration rule according to the same method as described
previously. The step change in shear force at the pivot point necessitates some modification
of nodal moment values derived. The shear force changes in value by an amount equal to
the pivot load. For nodes lying between the centroid and the bearing outlet, the change in the
computed value of moment equals the pivot load times the distance between the node and
the centroid. This correction of nodal moment values is achieved in the following manner:

for i = 2: inode,

   x = (i-1)*deltax;

   if x >= centroid,
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      term1 = (x-centroid)*int2; M(i) = M(i)-term1;

   end;

end;

Once the nodal bending moments have been determined, it is then necessary to find the
location of the node immediately adjacent to the centroid but lying between the centroid and
the bearing inlet. Knowledge of this node is necessary for calculating the pad deflection as
will be shown later. The sequence of statements to find the node adjacent to the centroid is:

for i = 2: inode-1,

   x = (i-1)*deltax;

   if x < centroid, icentrd = i; end;

end;

The integral of bending moment with respect to ‘x’ and the double integral of moment with
respect to ‘x ’ are calculated by a sequence of statements different from those for the
calculation of quantities ‘M ’ and ‘N ’ in the program ‘THERMAL’. While nodal values of
bending moment integral can be calculated by this method, it is necessary to apply
interpolation to find values of integrals at the centroid which are required for equations
(5.78) and (5.79). The centroid values of bending moment integrals found by linear
interpolation are calculated by applying the following steps:

deltax1 = centroid-((icentrd-1)*deltax);

intmcen = INTM(icentrd)+(deltax1/deltax)*(iNTM(icentrd+1)-INTM(icentrd));

intm2cn = INTM2(icentrd)+(deltax1/deltax)*(INTM2(icentrd+1)-INTM2(icentrd));

BOUNDARY CONSTANTS

c1 = -intmcen/ei; c2 = -intm2cn/ei+centroid*intmcen/ei;

Once the constants expressed by equations (5.78) and (5.79) are known the program proceeds
to the calculation of pad deflection. Nodal values of calculated pad deflections are initially
assigned to a storage array ‘D1(i)’. Adopted values of pad deflection are determined from the
difference between the calculated deflection and the previously established value of
deflection times an under-relaxation coefficient. If this practice is not included and calculated
values are used directly, numerical instability results. The cause of this is that the initial
undeflected film thickness produces an excessively large hydrodynamic pressure field and
consequently exaggerated values of pad deflection are calculated. If these deflection values are
then added to the film thickness without under-relaxation, then the pressure field in the
subsequent iteration becomes unrealistically small. A cyclic process results, with an
oscillation between large and small pressure and deflection values. This process is called ‘pad
flapping’. This numerical instability is controlled by the following statements:

CALCULATE VALUES OF DEFLECTION, INITIAL VALUES

for i = 1 : inode,

   D1(i) = (INTM2(i)/ei)+c1*(i-1)*deltax+c2;

end;

CALCULATE VALUES OF DEFLECTION WITH RELAXATION

sum = 0;

for i = 1 : inode,

   D(i) = DSTORE(i)+factor2*(d1(i)-DSTORE(i));

   sum = sum+abs(D(i));

   DSTORE(i) = D(i);
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end;

In the last stage of deflection iteration the film thickness with the deformed pad is calculated
in preparation for the next cycle of iteration. The ‘for’ loop used to calculate the nodal values
of film thickness is given by:

for i = 1 to inode,

   H(i) = hmax-(hmax-hmin)*(i-1)/(inode-1)+D(i);

end;

Once these calculations are completed, a conditional ‘while’ statement involving the
deflection residual is used to decide whether to continue with the iteration or to proceed to
output the film thickness and pressure field.

List of Variables

P Hydrodynamic pressure [Pa];

S Shear force [N];

M Bending moment [Nm];

H Film thickness [m];

DHDX Derivative of film thickness ‘dh/dx’;

D Deflection of pad under bending [m];

D1 Provisional value of displacement used during iteration;

DSTORE Storage of displacement to facilitate relaxation;

INTM Integral of ‘M'dx’;

INTM2 Double integral of ‘M'dx’;

hmax Specified maximum film thickness [m];

hmin Specified minimum film thickness [m];

length0 Length of bearing in direction of sliding [m];

visc Lubricant viscosity [Pas];

emod Elastic modulus of pad material [Pa];

padth Thickness of pad [m];

u0 Sliding velocity [m/s];

inode Number of nodes in ‘i’ or ‘x’ direction;

factor1 Relaxation factor for pressure field iteration;

factor2 Relaxation factor for pad bending iteration;

nlim1 Limiting number of cycles for pressure field iteration;

nlim2 Limiting number of cycles for pad bending iteration;

reslim1 Termination value of residual for pressure field iteration;

reslim2 Termination value of residual for pad bending iteration;

deltax Mesh dimension in ‘x’ direction;

ei Pad stiffness, equivalent to ‘EI’, where ‘E’ is the elastic modulus and ‘I’ is
the second moment of inertia;

i Position along mesh in ‘i’ or ‘x’ direction;
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inode Number of nodes in ‘i’ or ‘x’ direction;

sumd Sum of ‘D(i)’ to compute residual of ‘D(i)’;

n2 Number of cycles of iteration for ‘D(i)’;

n1 Number of cycles of iteration for ‘P(i)’;

sum1 Sum of ‘P(i)’ to find residual of ‘P(i)’;

sum Auxiliary variable to ‘SUM1’;

int1 Term to find integral of ‘pxdx’;

int2 Term to find integral of ‘pdx’;

centroid Position of centroid of pressure field from bearing inlet;

i1 Auxiliary counter to ‘i’;

x Equivalent to ‘x’ distance from bearing inlet;

term1 Term used to compensate for step change in shear force at bearing pivot
point;

deltax1 Increment of ‘x’ between precise position of centroid and adjacent node in
the direction of bearing inlet;

intmcen Interpolated value of first integral of ‘M'dx’ at centroid;

intm2cn Interpolated value of double integral of ‘M'dx’ at centroid;

c1, c2 Equivalent to ‘C1’ and ‘C2’ (equations 5.78 and 5.79);

sum Sum of ‘D(i)’, used to find residual of ‘D(i)’;

residd Residual of ‘D(i)’.

EXAMPLE

Input data: Undeflected maximum film thickness = 2 [mm], undeflected minimum film
thickness = 1 [mm], bearing width (i.e. length in the direction of sliding) = 1 [m],
lubricant's viscosity = 1 [Pas], elastic modulus of pad material = 207 [GPa], pad thickness
= 30 [mm], sliding velocity 1 [m/s].

Output data: Load = 54258 [N/m], position of centroid of pressure field from bearing
inlet = 0.43901 [m], maximum nodal pressure = 100.74 [kPa] at 0.4 [m] from bearing inlet,
film thickness at bearing inlet = 2.3679 [mm], film thickness at bearing outlet = 1.552
[mm].

A.7 PROGRAM ‘GROOVE’

This program calculates the dimensionless load and lubricant flows for a journal bearing
with two axial grooves positioned at 90° to the load line. An isoviscous model of lubrication
and a perfectly rigid bearing are assumed. The side flow from the bearing and the distribution
of lubricant consumption between the grooves are calculated.

clc; cla reset; echo off;
global tbv tbs tbp tbt tbd tbg tba tbinfo tbclose;
set([tbv tbs tbp tbt tbd tba tbinfo tbclose],'Enable','off');
% BEGIN OF INPUT DATA
% -------------------
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prompt = {'Eccentricity ratio:',
          'L/D ratio:',
          'Misaligment parameter from interval [0,0.5]:',
          'Relative groove width [m]:',
          'Groove subtended angle [°]:',
          'Dimensionless groove pressure:',};
title='INPUT DATA (GROOVE)'; lineno=1; def={'0.7', '1', '0', '0.4', '36', '0.05'}; answer= inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tbg, 'Value', get(tbg, 'Min')); figure(1); set([tbv tbs tbp tbt tbd tba tbinfo tbclose],'Enable','on'); break; end;
[epsilon,loverd,t,groovy,groovx,groovp] = deal(answer{:}); epsilon  = str2num(epsilon); loverd = str2num(loverd);
t = str2num(t); groovy = str2num(groovy); groovx = str2num(groovx); groovx = groovx*pi/180; groovp = str2num(groovp);
prompt = {'Number of nodes in the i or x* direction:',
          'Number of nodes in the j or y* direction:',
          'Terminating value of residual for iter. to solve Vogelpohl equation:',
          'Terminating value of residual for iter. to find attitude angle:',
          'Relaxation factor of iter. to solve Vogelpohl equation:',
          'Relaxation factor of iter. to find attitude angle:',
          'Max number of cycles during iter. to solve Vogelpohl equation:',
          'Max number of cycles during iter. to find attitude angle:'};
title='INPUT DATA (GROOVE)'; lineno=1; def={'21', '11', '0.000001', '0.0001', '1.2','0.8','200','100'};
answer= inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tbg, 'Value', get(tbg, 'Min')); figure(1); set([tbv tbs tbp tbt tbd tba tbinfo tbclose],'Enable','on'); break; end;
[inode,jnode,reslim1,reslim2,factor1,factor2,nlim1,nlim2] = deal(answer{:});
inode = str2num(inode); jnode = str2num(jnode); reslim1 = str2num(reslim1); reslim2 = str2num(reslim2);
factor1 = str2num(factor1); factor2 = str2num(factor2); nlim1 = str2num(nlim1); nlim2 = str2num(nlim2);
% END OF INPUT DATA
% -----------------
subplot(1,1,1);
text('units','normalized','position',[0.2 0.55], 'FontWeight', 'bold','color',[1 0 0], 'string', 'CALCULATIONS IN PROGRESS');
figure(1);
% SET MESH CONSTANTS
slender = 0.5/loverd; deltax = 2*pi/(inode-1); deltay = 1/(jnode-1); grad = deltax/deltay;
% VALUE OF GRAD WITH ROUND-OFF ALLOWANCE
grad1 = 0.999*grad;
% MIDDLE POSITION IN J-AXIS
jmid = round(0.5*(jnode-1)) + 1;
% INITIALIZE VALUES OF P AND SWITCH1 ARRAY
SWITCH1 = zeros(inode,jnode); P = zeros(inode,jnode);
% ESTABLISH GROOVE GEOMETRY
i1 = round(groovx/deltax); j1 = round(groovy/deltay); ig1 = ((inode - 1)/4) - i1 + 1; ig2 = ((inode - 1)/4) + i1 + 1;
ig3 = ((inode - 1)*3/4) - i1 + 1; ig4 = ((inode - 1)*3/4) + i1 + 1; jg1 = ((jnode - 1)/2) - j1 + 1; jg2 = ((jnode - 1)/2) + j1 + 1;
for j = jg1:jg2,
   for i = ig1:ig2,
      P(i,j) = groovp; SWITCH1(i,j) = 1;
   end;
end;
for j = jg1:jg2,
   for i = ig3:ig4,
      P(i,j) = groovp; SWITCH1(i,j) = 1;
   end;
end;
% INITIALIZE VALUES OF M(i,j)
M = zeros(inode+1,jnode);
% SET INITIAL VALUES OF OFFSET ANGLE AND ITERATION COUNTER
beta = 0; n2 = 0; betas = 0; residb = reslim2 + 1;
while (residb > reslim2) & (n2 < nlim2),
   n2 = n2 + 1;
   % CALCULATE FILM THICKNESSES AND F AND G COEFFICIENTS
   for i = 1:inode+1,
      x = (i-1)*deltax; theta = x - beta;
      for j = 1:jnode,
         y = (j-1)*deltay - 0.5; h0 = y*t*cos(x) + epsilon *cos(theta) + 1; dhdx = -y*t*sin(x) - epsilon*sin(theta);
         dhdy = t*cos(x); d2hdx2 = -y*t*cos(x) - epsilon*cos(theta); d2hdy2 = 0;
         H(i,j) = h0; G(i,j) = dhdx/h0^1.5;
         F(i,j) = 0.75*(dhdx^2 + (slender*dhdy)^2)/h0^2 + 1.5*(d2hdx2 + d2hdy2*slender^2)/h0;
      end;
   end;
   for i = 1:inode,
      for j = 1:jnode,
         if SWITCH1(i,j) == 1, M(i,j) = groovp*H(i,j)^1.5; end;
      end;
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   end;
   % FINITE DIfFERENCE COEFFICIENTS
   coeff1 = 1/deltax^2; coeff2 = (slender/deltay)^2;
   % INITIALIZE CAVITATION & REFORMATION FRONTS VARIABLES
   for j = 1:jnode, ICAV(j) = inode; IREF(j) = 2; end;
   n1 = 0; sum2 = 0; residp = reslim1 + 1;
   while (residp > reslim1) & (n1 < nlim1)
   if (n1 == 1) & (n2 == 1), MNEW = M; ICAVNEW = ICAV; end;
      sum = 0;
      % PERFORM MESH SWEEPS FROM DOWNSTREAM OF UPSTREAM GROOVE
      for l = 1:2,
         if l == 1,
            i20 = ig2 + 1; i21 = inode;
         elseif l == 2,
            i20 = 2; i21 = ig2;
         end;
         for i = i20:i21,
            for j100 = 1:jmid-1,
               for l100 = 1:2,
                  if l100 == 1,
                     j = jmid + j100 - 1;
                  elseif l100 == 2,
                     j = jmid - j100 + 1;
                  end;
                  if (j100 ~= 1) | (l ~= 2)
                   % REFORMATION FRONT GEOMETRY VARIABLE, ASSIGN
                   % NON-FUNCTIONING VALUE SWITCH1 VARIABLE TO REMOVE
                   % GROOVE AREAS FROM ITERATION
                     if SWITCH1(i,j) ~= 1,
                        % FINITE DIfFERENCE EQUATION
                        store = ((M(i+1,j)+M(i-1,j))*coeff1 + (M(i,j+1) + M(i,j-1))*coeff2 - G(i,j))/(2*coeff1 + 2*coeff2 + F(i,j));
                        % CALCULATED VALUE OF M(i,j) ALLOWING FOR RELAXATION
                        M(i,j) = M(i,j) + factor1*(store-M(i,j));
                        % ALLOW FOR CAVITATION
                        if (M(i-1,j) == 0) & (M(i,j) < 0), M(i,j) = 0; end;
                        if (M(i,j) < 0), M(i,j) = 0; end;
                        % DEFINE CAVITATION FRONT
                        if (M(i-1,j) > 0) & (M(i,j) < 0),
                           ICAV(j) = i; M(i,j) = 0;
                        end;
                        if M(i,j) ~= 0,
                           % POSITIVE VALUES OF M(i,j) BETWEEN REFORMATION AND
                           % CAVITATION FRONTS EXCLUDED FROM REFORMATION TEST
                           if (M(i,j) < 0) | (i > ICAV(j)) | (i < IREF(j)),
                              if (ICAV(j) > ig1) | (i < ig4) | (i < IREF(j)) | (M(i,j) < 0),
                                 % APPLY REFORMATION CONDITION
                                 i10 = ICAV(j); hcav = H(i10,j);
                                 term1 = (H(i,j)-hcav)/H(i,j)^3;

                         if term1 >= 0,
                                    % SEARCH FOR REFORMATION FRONT
                                    % FIND REFORMATION FRONT FROM j = 1 side
                                    jref1 = 0;
                                    for j2 = 2:jnode-1,
                                       if M(i-1,j2) ~= 0,
                                          if (M(i-1,j2) > 0) & (jref1 == 0), jref1 = j2; end;
                                       end;
                                    end;
                                    % FIND REFORMATION FRONT FROM j = jnode SIDE
                                    jref2 = 0;
                                    for j2 = jnode-1:-1:2,
                                       if M(i-1,j2) ~= 0,
                                          if (M(i-1,j2) > 0) & (jref2 == 0), jref2 = j2; end;
                                       end;
                                    end;
                                    % CHOOSE VALUE OF JREF
                                    if jref1 > j,
                                       jref = jref1;
                                    elseif jref2 < j,
                                       jref = jref2;
                                    elseif jref1 == j,
                                       jref = jref1;
                                    elseif jref2 == j,
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                                       jref = jref2;
                                    elseif (jref1 == 0) & (jref2 == 0),
                                       jref = 0;
                                    else
                                       jref = j;
                                    end;
                                    % DEFINE ANGLE OF REFORMATION FRONT
                                    % ALLOW FOR SIGMA = pi/2
                                    if jref ~= j,
                                       tansig = grad/(jref-j);
                                       % ALLOW FOR SIGMA = 0
                                       if jref == 0, tansig = 0; end;
                                       % STEEP CURVATURES OF REFORMATION FRONT
                                       tansig1 = abs(tansig);
                                       if tansig1 >= grad1,
                                          ilim = round(inode/5); isign = 1;
                                          for i100 = 1:ilim,
                                             i101 = i - i100;
                                             if isign ~= 0,
                                               if i101 < 1, i101 = i101 + inode - 1; end;
                                               if M(i101,j+1) > 0,
                                                  tansig = grad*i100;
                                               else
                                                  isign = 0;
                                               end;
                                             end;
                                          end;
                                          isign = 1;
                                          for i100 = 1:ilim,
                                             i101 = i - i100;
                                            if isign ~= 0,
                                               if i101 < 1 , i101 = i101 + inode - 1; end;
                                               if M(i101,j-1) > 0,
                                                  tansig = -grad*i100;
                                               else
                                                  isign = 0;
                                               end;
                                             end;
                                          end;
                                       end;
                                       % FIND PRESSURES for REFORMATION INEQUALITY
                                       p1 = M(i,j)/H(i,j)^1.5; p2 = M(i+1,j)/H(i+1,j)^1.5;
                                       p3 = M(i,j+1)/H(i,j+1)^1.5; p4 = M(i,j-1)/H(i,j-1)^1.5;
                                       if tansig < 0,
                                          term2 = ((p2-p1)/deltax) + ((p1-p4)/deltay)*tansig*slender^2;
                                       elseif tansig > 0,
                                           term2 = ((p2-p1)/deltax) + ((p3-p1)/deltay)* tansig*slender^2;
                                       elseif tansig == 0,
                                           term2 = ((p2-p1)/deltax);
                                       end;
                                       tansig = 0;
                                       % REFORMATION INEQUALITY
                                       if term2 < term1, M(i,j) = 0; end;
                                       if (M(i-1,j) == 0) & (M(i,j) > 0), IREF(j) = i; end;
                                    end;
                                 end;
                              end;
                           end;
                        end;
                     end;
                     sum = sum + abs(M(i,j));
                     if (i == ig2) & (j > jg1) & (j < jg2),
                        IREF(j) = ig1;
                     elseif (i == ig4) & (j > jg1) & (j < jg2),
                        IREF(j) = ig3;
                     elseif (i == ig2) & (j == jg1),
                        IREF(j) = ig1;
                     elseif (i == ig2) & (j == jg2),
                        IREF(j) = ig1;
                     elseif (i == ig4) & (j == jg1),
                        IREF(j) = ig3;
                     elseif (i == ig4) & (j == jg2),
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                        IREF(j) = ig3;
                     elseif (i == ig2) & (j > jg1) & (j < jg2),
                        ICAV(j) = inode;
                     elseif (i == ig4) & (j > jg1) & (j < jg2),
                        ICAV(j) = inode;
                     elseif (i == ig2) & (j == jg1),
                        ICAV(j) = inode;
                     elseif (i == ig2) & (j == jg2),
                       ICAV(j) = inode;
                     elseif (i == ig4) & (j == jg1),
                       ICAV(j) = inode;
                     elseif (i == ig4) & (j == jg2),
                       ICAV(j) = inode;
                     end;
                  end;
               end;
            end;
         end;
      end;
      % CHECK FOR SERRATION ON REFORMATION FRONT OF UPSTREAM GROOVE
      CHECK = zeros(1,inode);
      for i = ig2:-1:1
         for j = 2:jnode-1
            if CHECK(i) ~= 2,
               if (M(i,j) <= 0) & (M(i,j-1) > 0), CHECK(i) = 1; end; if (CHECK(i) == 1) & (M(i,j) > 0), CHECK(i) = 2; end;
            end;
         end;
      end;
      % CHECK WHETHER SERRATION HAS OCCURRED
      iserrate = 0;
      for i = ig2:-1:1,
         if iserrate ~= 1,
            if CHECK(i) > 1,
               iserrate = 1;
            elseif CHECK(i) == 1,
               iserrate = 0;
            elseif CHECK(i) == 0,
              iserrate = 0;
            end;
         end;
      end;
      % NON-APPLICATION OF ANTI-SERRATION WHEN NO SERRATION DETECTED
      if iserrate ~= 0,
         % REMOVE SERRATIONS
         for i = ig2:-1:1,
            if CHECK(i) ~= 0,
               for j = 2:jnode - 1
                 % EXCLUDE GROOVES FROM NEUTRALIZATION
                  if SWITCH1(i,j) ~= 1,
                     imid =((inode-1)/2) + 1;
                     if ICAV(j) >= imid - 1,
                        if (i < ICAV(j)), M(i,j) = 0; end;
                     else
                        if (ICAV(j) < imid-1) & (i > ICAV(j)), M(i,j) = 0; end;
                     end;
                  end;
               end;
            end;
         end;
      end;
      if n1 == 0, MNEW1 = M; end;
      % END OF SERRATION NEUTRALIZATION
      % EQUALIZE M(i,j) AT x = 0 & x = 2 pi & AT i = 2 & inode+1
      for j = 1:jnode, M(1,j) = M(inode,j); M(inode+1,j) = M(2,j); end;
      % SUPPRESS ZERO PRESSURES AT CENTRE OF UPSTREAM GROOVE
      for i=2:ig1-1
         if (M(i,jmid) < M(i,jmid-1)) & (M(i,jmid) < M(i,jmid+1)), M(i,jmid) = 0.5*M(i,jmid-1) + 0.5*M(i,jmid+1); end;
      end;
      residp = abs((sum-sum2)/sum); sum2 = sum; n1 = n1 + 1;
   end;
   % COMPUTE CENTRE OF LOAD, FIND VALUES OF P(i,j)
   for i = 1:inode,
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      for j = 1:jnode,
         if SWITCH1(i,j) == 0, P(i,j) = M(i,j)/H(i,j)^1.5; end;
      end;
   end;
   % DOUBLE INTEGRATION FIND Y INTEGRALS
   for i = 1:inode,
      INTY(i) = 0;
      for j = 2:jnode,
         INTY(i) = INTY(i) + P(i,j) + P(i,j-1);
      end;
      INTY(i) = INTY(i)*0.5*deltay;
   end;
   % INTEGRATE Y-INTEGRALS IN X-DIRECTION, ALLOWING FOR LOAD ANGLE
   axialw = 0; transw = 0;
   for i = 2:inode,
      x = (i-1)*deltax; x2 = (i-2)*deltax; axialw = axialw - cos(x)*INTY(i) - cos(x2)*INTY(i-1);
      transw = transw + sin(x)*INTY(i) + sin(x2)*INTY(i-1);
   end;
   axialw = axialw*deltax*0.5; transw = transw*deltax*0.5; loadw = (axialw^2 + transw^2)^0.5;
   % CALCULATE OFFSET ANGLE
   attang = atan(transw/axialw);
   if axialw > 0,
      attang1 = attang;
   elseif axialw < 0,
      attang1 = -attang;
   end;
   beta = beta + factor2*attang; residb = abs((beta-betas)/beta); betas = beta;
end;
% SEARCH FOR MAXIMUM PRESSURE
pmax = max(max(abs(P)));
% CALCULATE OIL FLOWS, SIDE FLOW
qside1 = 0; qside2 = 0;
for i = 2:inode,
   qside1 = qside1 + (slender^2*P(i,2)*H(i,1)^3/deltay) +  (slender^2*P(i-1,2)*H(i-1,1)^3/deltay);
   qside2 = qside2 + (slender^2*P(i,jnode-1)*H(i,jnode)^3/deltay) + (slender^2*P(i-1,jnode-1)*H(i-1,jnode)^3/deltay);
end;
qside1 = qside1*deltax*0.5; qside2 = qside2*deltax*0.5; qtotal = qside1 + qside2;
% CALCULATE FLOWS AROUND GROOVES
qgroov1 = 0; qgroov2 = 0;
for j = jg1+1:jg2,
   % FLOW AROUND UPSTREAM GroovE
   qgroov1 = qgroov1 + ((P(ig1,j)-P(ig1-1,j))*H(ig1,j)^3/deltax) - H(ig1,j) + ((P(ig1,j-1)-P(ig1-1,j-1))*H(ig1,j-1)^3/deltax) -...
                 H(ig1,j-1);
   qgroov1 = qgroov1 + ((P(ig2,j)-P(ig2+1,j))*H(ig2,j)^3/deltax) + H(ig2,j) + ((P(ig2,j-1)-P(ig2+1,j-1))*H(ig2,j-1)^3/deltax) +...
                 H(ig2,j-1);
   % FLOW AROUND DOWNSTREAM GroovE
   qgroov2 = qgroov2 +((P(ig3,j) - P(ig3-1,j))*H(ig3,j)^3/deltax) - H(ig3,j) + ((P(ig3,j-1) - P(ig3-1,j-1))*H(ig3,j-1)^3/deltax) -...
                 H(ig3,j-1);
   qgroov2 = qgroov2 + ((P(ig4,j) - P(ig4+1,j))*H(ig4,j)^3/deltax) + H(ig4,j) +((P(ig4,j-1) - P(ig4+1,j-1))*H(ig4,j-1)^3/deltax)+...
                 H(ig4,j-1);
end;
qgroov1 = qgroov1*0.5*deltay; qgroov2 = qgroov2*0.5*deltay;
% CALCULATE SIDE FLOW OF GROOVES
% SIDE FLOW OF UPSTREAM GROOVE
qgroovs1 = 0;
for i = ig1+1:ig2,
   qgroovs1 = qgroovs1 + slender^2*H(i,jg1)^3*(P(i,jg1)-P(i,jg1-1))/deltay + slender^2*H(i-1,jg1)^3*(P(i-1,jg1) - ...
                   P(i-1,jg1-1))/deltay;
   qgroovs1 = qgroovs1 + slender^2*H(i,jg2)^3*(P(i,jg2)-P(i,jg2+1))/deltay + slender^2*H(i-1,jg2)^3*(P(i-1,jg2) - ...
                   P(i-1,jg2+1))/deltay;
end;
qgroovs1 = qgroovs1*0.5*deltax;
% SIDE FLOW OF DOWNSTREAM GROOVE
qgroovs2 = 0;
for i = ig3+1:ig4,
   qgroovs2 = qgroovs2 + slender^2*H(i,jg1)^3*(P(i,jg1)-P(i,jg1-1))/deltay + slender^2*H(i-1,jg1)^3*(P(i-1,jg1) - ...
                   P(i-1,jg1-1))/deltay;
   qgroovs2 = qgroovs2 + slender^2*H(i,jg2)^3*(P(i,jg2)-P(i,jg2+1))/deltay + slender^2*H(i-1,jg2)^3*(P(i-1,jg2) - ...
                   P(i-1,jg2+1))/deltay;
end;
qgroovs2 = qgroovs2*0.5*deltax;
% ADJUSTMENT FOR TRUNCATION ERROR IN FLOW INTEGRALS
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qstrunc = (ig2-ig1 + 1)/(ig2-ig1); qaxtrunc = (jg2-jg1 + 1)/(jg2-jg1); qgroovs1 = qgroovs1*qstrunc;
qgroovs2 = qgroovs2*qstrunc; qgroov1 = qgroov1*qaxtrunc; qgroov2 = qgroov2*qaxtrunc;
% CALCULATE SUMS OF GROOVE FLOWS
% UPSTREAM GROOVE
q1 = qgroov1 + qgroovs1;
% DOWNSTREAM GROOVE
q2 = qgroov2 + qgroovs2;
% CALCULATE PERCENTAGE ERROR IN GROOVE FLOW CALCULATIONS
qerror = (q1 + q2 - qtotal)*100/qtotal;
% PRESSURE FIELD [kPa]
x = -180:18:180; y = 0:jnode-1; y = y/(jnode-1); colormap([0.5 0.5 0.5]); subplot(1,1,1); surfl(x,y,P'*100/pmax); grid on;
axis([min(x) max(x) 0 1 0 100]); xlabel('Degrees to load line');
ylabel('Inlet'); zlabel('Dimensionless pressure [%]');
text('units','normalized','position',[0.1 1.05],'string', 'PRESSURE FIELD FOR GROOVED JOURNAL BEARING');
% PRINT OUT VALUES OF INPUT AND OUTPUT DATA
% -----------------------------------------
fprintf(' \n'); fprintf(' INPUT AND OUTPUT DATA FOR PROGRAM GROOVE\n'); fprintf(' \n');
fprintf(' INPUT DATA:\n');
fprintf('  Eccentricity ratio = %0.5g\n',epsilon);
fprintf('  L/D ratio = %0.5g\n',loverd);
fprintf('  Misaligment parameter = %0.5g\n',t);
fprintf('  Relative groove width = %0.5g [m]\n',groovy);
fprintf('  Groove length or subtended angle = %0.5g°\n',groovx*180/pi);
fprintf('  Dimensionless groove pressure = %0.5g\n',groovp);
fprintf(' \n');
fprintf(' OUTPUT DATA:\n');
fprintf('  Dimensionless load = %0.5g\n',loadw);
fprintf('  Attitude angle = %0.5g°\n',beta*180/pi);
fprintf('  Max. dimensionless pressure = %0.5g\n',pmax);
fprintf('  Dimensionless lubricant side flow = %0.5g\n',qtotal);
fprintf('  Dimensionless up-stream groove flow = %0.5g\n',q1);
fprintf('  Dimensionless down-stream groove flow = %0.5g\n',q2);
fprintf('  Discrepancy between total groove flow and size flow = %0.5g [%]\n',qerror);
fprintf(' \n'); fprintf(' PROGRAM GROOVE HAS BEEN COMPLETED\n');
set(tbg, 'Value', get(tbg, 'Min')); set([tbv tbs tbp tbt tbd tba tbinfo tbclose tbinfo tbclose],'Enable','on');

Program Description

Program ‘GROOVE’ begins with the routine steps of data input. Mesh spacing, ‘deltax’ and
‘deltay’ are calculated by dividing the total lengths of the ‘x*’ and ‘y*’ domains by the number
of mesh steps which is equal to the number of nodes minus one. Groove geometry is then
established by defining the widths and lengths of the grooves in terms of node numbers, i.e.:

i1 = round(groovx/deltax); j1 = round(groovy/deltay);

The corners of each groove are then specified by using parameters ‘ig1’ and ‘ig2’ to denote the
up-stream and down-stream faces of the leading groove, i.e.:

ig1 = ((inode-1)/4)-i1+1; ig2 = ((inode-1)/4)+i1+1;

where:

ig1 is the ‘i’ node up-stream from the load-line of the groove;

ig2 is the down-stream ‘i’ node of the same groove;

inode is the number of nodes in the ‘i’ direction.

A similar relationship applies to the parameters ‘ig3’ and ‘ig4’ concerning the down-stream
groove. In the lateral direction, ‘jg1’ and ‘jg2’ specify the ends of the grooves. A variable
‘SWITCH1(i,j)’ is then arranged with values of 1 and 0 only. The default value is zero and
this is initially assigned to all nodes. For nodes enclosed by grooves, the value 1 is assigned to
exclude those nodes from iteration. The pressure in the grooves is also set at the value
‘groovp’ which is the dimensionless pressure of the groove.
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Once the definition of groove geometry is completed, the program proceeds with a solution
of the Vogelpohl equation as already described. Refinements to allow for the reformation
equation are incorporated into the iteration sweep after the finite difference equations. The
sweep pattern is also modified to prevent an asymmetrical reformation front from forming.
Instead of iterating from ‘j = 1’ to ‘j = jnode’, iteration begins at the middle value of ‘j’ and
nodes on either side of the middle node are iterated simultaneously. In the ‘i’ direction,
sweeping begins at ‘ig2+1’ or immediately down-stream of the leading groove. This position
ensures positive values of ‘M(i,j)’ which simplifies the process of discriminating between
true and false positive values of ‘M(i,j)’ during the first sweep of an iteration.

The steps needed to deduce the location of the reformation front are written after the finite
difference equations but within the nested ‘for’ loops of the iteration scheme. A method of
successive elimination from the most common to the most particular case is applied. The
most common case is false positive nodal pressure up-stream of the reformation front. The
procedure shown in Figure 5.24 is applied. The majority of nodal values are sent directly to
the end of the ‘for’ loop by ‘if’ conditional statements. The first task in this process is to
eliminate cavitated nodes. The cavitation front is located by noting that at the front the
calculated value of ‘M(i,j)’ is negative while the node immediately up-stream has a positive
value. This is controlled by the statement:

if (M(i-1,j) > 0) & (M(i,j) < 0), ICAV(j) = i; end;

where ‘ICAV(j)’ describes the position of the cavitation front in terms of ‘i’ and ‘j’ nodes
where the transition to zero pressure occurs.

The negative values of ‘M(i,j)’ are then suppressed by setting the negative value to zero, i.e.:

if M(i,j) < 0, M(i,j) = 0; end;

This is followed by the statement:

if M(i,j) ~= 0,

which excludes all zero values of ‘M(i,j)’, i.e. excludes these nodes from further scrutiny.
Nodal values that have not yet been affected by the conditional statements described, i.e.
positive values, are now checked to determine whether the reformation condition should be
applied. If a positive value of ‘M(i,j)’ is exempt from reformation tests, then the node
position lies down-stream of a reformation front and up-stream of a cavitation front. This
condition is controlled by the statement:

if (M(i,j) < 0) | (i > ICAV(j)) | (i < IREF(j)),

The cavitation front may straddle the solution boundary of the unwrapped film at ‘x* = 2π’
which requires another escape condition, i.e.:

if (ICAV(j) > ig1) | (i < ig4) | (i < IREF(j)) | (M(i,j) < 0),

Before the first sweep of the iteration, all values of ‘ICAV(j)’ and ‘IREF(j)’ are set to ‘inode’
and 2 respectively. This allows the first values of ‘M(i,j)’ to escape elimination. Positive
values of ‘M(i,j)’ which have not been excluded from further examination are now subjected
to the reformation condition. The first step of this process is to calculate the term

‘(h* - hcav
* )/h* 3’ which becomes:

i10 = ICAV(j);

hcav = H(i10,j);

term1 = (H(i,j)-hcav)/H(i,j)^3;
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where:

H(i,j) is the local film thickness;

hcav is the film thickness at the same ‘j’ nodal position on the cavitation front
immediately up-stream;

i10, term1 are the storage variables.

The above statements are followed by a condition that if ‘h*’ is less than ‘hcav
* ’ then the

reformation condition is not applicable, i.e.:

if term1 >= 0,

In the next step a value of ‘tanφ’ is deduced. The method adopted for this purpose involves
searching along the ‘i-1’ row for the first positive value of ‘M’. The search is performed from
both ends of the row, i.e. from ‘j = 1’ and from ‘j = jnode’. A subsidiary ‘for’ loop in terms of
‘j2’ as opposed to ‘j’ is set up and the following condition applied:

if (M(i-1,j2) > 0) & (jref1 == 0), jref1 = j2; end;

Two ‘for’ loops are applied to perform these searches because the shape of the reformation
front determines whether the first positive value of ‘M(i-1,j)’ detected is or is not adjacent to
the node under examination as illustrated in Figure A.1.

   

j=jnodej=1

Test  node M(i,j)

Cavitated
region

Full film

Node detected while
searching from
j=jnode position

Node detected while
searching from j=1

position

Reformation
front

FIGURE A.1 Method for determining the shape of the reformation front.

As shown in Figure A.1, the position of the reformation front is searched for by sequentially
examining whether nodal pressures are positive from ‘j = 1’ to ‘jnode’ for a constant ‘k’
value. The next task is to select which value of ‘jref’, ‘jref1’ or ‘jref2’ is appropriate. The
deciding condition is that if ‘tanφ’ is positive then ‘jref’ or the value of ‘j’ on the reformation
front at ‘i-1’, will be greater than ‘j’. If ‘tanφ’ is positive then the value of ‘jref’ found by
searching from ‘j = 1’ is valid, i.e. ‘jref1’. The converse applies if ‘tanφ’ is negative. This leads
to the following conditional statements:

if jref1 > j,

   jref = jref1;

elseif jref2 < j,

   jref = jref2;

elseif jref1 == j,

   jref = jref1;

elseif jref2 == j,
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   jref = jref2;

elseif (jref1 == 0) & (jref2 == 0),

   jref = 0;

else

   jref = j;

end;

The last conditional statement allows for the fact that the ‘(i,j)’ node may lie at the apex of the
reformation front. If ‘jref = j’ then the reformation front lies parallel to the direction of ‘x*’
and ‘tanφ’ equals infinity. In this case the reformation condition is automatically satisfied and
the program moves onto the next node, i.e.:

if jref ~= j,

The value of ‘tanφ’ can now be calculated. A new term ‘grad’ defined as ‘grad = deltax/deltay’
enables ‘tanφ’ to be expressed as:

tansig = grad/(jref-j);

Another possibility that cannot be excluded is of values of ‘φ’ greater than ‘tan-1grad’ (‘φ’ is
represented as ‘grad’ in the program). This condition is found when the reformation front is
sharply curved. Large values of ‘grad’ are found by searching along a ‘j’ column until a
positive value of ‘M’ is detected. The principle behind the search for large values of ‘tanφ’ is
shown in Figure A.2.

J

Cavitated
region

Full film
Reformation front

Full film

Test  node M(I,J)

I
I-1
I-2
I-3

etc.

Cavitation front Limit of
search

Recognition of
cavitation front
necessary to prevent
this node from
determining tanφ

Correct value
for tanφ

J+1

FIGURE A.2 Method of determining large values of reformation front curvature.

Both the ‘j+1’ column and the ‘j-1’ column are tested in this manner. A search is made in an
up-stream direction for a distance no greater than one fifth of the circumference of the
bearing. This range easily exceeds the limit of values of ‘tanφ’ found in practice. Small values
of ‘tanφ’ are excluded by the statements:

tansig1 = abs(tansig);

if tansig1 >= grad1;
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For values of ‘tanφ’ not affected by the ‘if’ conditional statement, the search proceeds as
follows:

ilim = round(inode/5);

isign = 1;

for i100 = 1 : ilim,

   i101 = i-i100;

   if isign ~= 0,

      if i101 < 1, i101 = i101+inode-1; end;

      if M(i101,j+1) > 0,

         tansig = grad*i100;

      else

         isign = 0;

      end;

   end;

end;

A similar search is made in the ‘j-1’ column with exactly the same statements except that ‘j+1’
is substituted by ‘j-1’. The principle behind the search is the definition of ‘tanφ’ as a multiple
of ‘deltax/deltay’ since the computed slope of the reformation front is a multiple of ‘δx*’ and
‘δy*’. The process is repeated for increasing values of ‘i100’ until cavitation is detected by a
zero value in ‘M(i101,j+1)’. Once cavitation is found then any further modification of ‘tanφ’ is
prevented by the control variable ‘isign’.

On completion of the compilation of a value for ‘tanφ’, the values of ‘P(i,j)’, ‘P(i+1,j)’ and
‘P(i,j+1)’ or ‘P(i,j-1)’ can be calculated and used to test the reformation inequality. These
values of ‘P’ are found from the equation:

P(i,j) = M(i,j)/H(i,j)^1.5;

In the program, the terms ‘P(i,j)’, etc., are not specifically used, instead local variables are used
to simplify the statements, i.e.:

p1 = M(i,j)/H(i,j)^1.5; p2 = M(i+1,j)/H(i+1,j)^1.5;

p3 = M(i,j+1)/H(i,j+1)^1.5; p4 = M(i,j-1)/H(i,j-1)^1.5;

where the last term ‘p4’ is used when ‘tanφ’ is negative. The definition of the reformation
condition then follows in three versions to allow for negative, zero or positive values of
‘tanφ’, i.e.:

if tansig < 0,

   term2 = ((p2-p1)/deltax)+((p1-p4)/deltay)*tansig*slender^2;

elseif tansig > 0,

   term2 = ((p2-p1)/deltax)+((p3-p1)/deltay)*tansig*slender^2;

elseif tansig == 0,

   term2 = ((p2-p1)/deltax);

end;

The reformation inequality can now be applied to determine the validity of the calculated
positive value of ‘M(i,j)’:
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if term2 < term1, M(i,j) = 0; end;

If a positive value of ‘M ’ satisfies the reformation criterion then the position of the
reformation node is found by applying the following condition:

if M(i-1,j) == 0 & M(i,j) > 0, IREF(j) = i; end;

The program now returns to the main iteration with the statement:

sum = sum+abs(M(i,j);

which allows collection of the iteration sweep residual. Before moving onto the end of the
‘for’ loop the values of ‘ICAV(j)’ and ‘IREF(j)’ on the down-stream faces of the grooves are
reset. ‘ICAV(j)’ is reset to ‘inode’ and ‘IREF(j)’ is reset to ‘ig1’ when ‘i = ig2’ and reset to ‘ig3’
when ‘i = ig4’. Resetting is confined to the values ‘jg1 < j < jg2’. This practice ensures that
positive values of ‘M(i,j)’ down-stream of a groove are not subjected to the reformation
condition unless a cavitation front lies between the node and the groove immediately up-
stream of the node.

An additional refinement, which is not necessary for the partial arc bearing program, is
required after the calculation of ‘M(i,j)’. It is often necessary to forestall the establishment of
physically unrealistic pressures at the computed reformation front. The problem lies in the
fact that a deeply indented or serrated front is also predicted by the reformation inequality in
certain cases. To resolve this problem the serrations are detected by checking whether a
sequence of zero and non-zero values of ‘M(i,j)’ occur in any ‘i’ row of nodes and then all
non-zero ‘M(i,j)’ values up-stream of the deepest serration are eliminated (‘M(i,j)’ values in
grooves are excluded from the procedure).

Outside of the iteration for ‘M(i,j)’, the program reverts to the form applied in the analysis of
the partial arc bearing. Integration of pressure to find the attitude angle is performed and a
revised value of attitude angle is calculated for a second level of iteration to ensure that the
load-line bisects the bearing at ‘x* = π’. With low values of groove pressure, the interaction
between attitude angle and pressure field is weak so that rapid convergence of attitude angle
is possible. When the lubricant supply pressure to the groove exceeds the maximum
hydrodynamic pressure, convergence of attitude angle is poor or, in some cases, impossible.

After completion of both levels of iteration, lubricant flows are calculated around the groove
and along the sides of the bearing. The terms in the integrals (5.85) and (5.86) are calculated
based on the difference in pressure between the groove or bearing edge and an adjacent node.
For example, to compute the side flow of one edge of the bearing the following statements,
based on the trapezium integration rule of ‘h*3 (∂p*/∂x*)’, are applied:

qside1 = 0;

for i = 2 : inode,

   qside1 = qside1+(slender^2*P(i,2)*H(I,1)^3/deltay+(slender^2*P(i-1,2)*H(i-1,1)^3/deltay);

end;

qside1 = qside1*deltax*0.5;

where:

qside1 is the dimensionless side flow on one side of the bearing;

slender is the ratio ‘R/L’ of bearing radius and length;

deltax, deltay are node step lengths in the ‘x*’ and ‘y*’ directions respectively;

P(i,2) is the nodal pressure adjacent to the edge of the bearing.
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For computing purposes, there should be at least 3 nodes enclosed by each groove in both the
‘x*’ and ‘y*’ directions. For particularly narrow grooves, the mesh should include a sufficient
number of nodes to meet this condition. The trapezium form of numerical integration is
used in all calculations. Flow quantities are divided into side flows from the bearing ‘qside1’
and ‘qside2’, net axial flows from the up-stream and down-stream grooves ‘qgroov1’ and
‘qgroov2’ and the side flows from the up-stream and down-stream grooves ‘qgroovs1’ and
‘qgroovs2’ respectively. To ensure reasonable agreement between the computed oil inflow
through the grooves and outflow through the sides of the bearing, an allowance for
truncation error in the finite difference expressions for integrals is made. It is difficult to
calculate ‘∂p*/∂x*’ or ‘∂p*/∂y*’ at the edges of the grooves because there is a step change from
varying pressure to uniform pressure. It is, however, possible to obtain a pressure gradient
between the groove edge and the nearest adjacent pressure node. The pressure gradient then
corresponds to the position ‘0.5*deltax’ or ‘0.5*deltay’ from the groove edge. The closest
perimeter around a groove which allows computation of flow is a perimeter which is one
step-length longer and wider than the groove.

To allow for this increased perimeter, the computed groove flows ‘qgroov1’, ‘qgroov2’,
‘qgroovs1’ and ‘qgroovs2’ are multiplied by truncation factors ‘qaxtrunc’ and ‘qstrunc’ which
are the ratios of the corresponding perimeter and groove dimensions, i.e.:

qstrunc = (ig2-ig1+1)/(ig2-ig1); qaxtrunc = (jg2-jg1+1)/(jg2-jg1);

qgroovs1 = qgroovs1*qstrunc; qgroovs2 = qgroovs2*qstrunc;

qgroov1 = qgroov1*qaxtrunc; qgroov2 = qgroov2*qaxtrunc;

A similar reasoning applies to the side flow except that the perimeter has a length equal to
the circumference of the bearing and therefore the truncation factor in this case is unity and
can be omitted.

The program finishes by printing all the calculated data including the non-dimensional
pressure ‘p*’ expressed as ‘p*/pmax*  ’.

List of Variables

Since this program is an extension of the program ‘PARTIAL’, the terms common to both
programs are not listed here.

SWITCH1 Switching parameter to exclude grooves from iteration;

INTY Storage parameter for ‘y*’ integrals;

ICAV Parameter to locate cavitation front;

IREF Parameter to locate reformation front;

CHECK Parameter to indicate serration in reformation front;

groovx Half of subtended angle of groove in radians;

groovy Half of dimensionless axial length of groove;

groovp Dimensionless groove pressure;

grad Ratio of mesh dimensions in ‘x*’ and ‘y*’ directions;

grad1 Reduced value of ‘grad’ to prevent errors in conditional statements;

jmid Mid-position in ‘y*’ direction on mesh;

i1 Mesh dimension in step number of groove in ‘x*’ direction;

j1 Mesh dimension in step number of groove in ‘y*’ direction;

ig1 Up-stream edge ‘i’ value of up-stream groove;
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ig2 Down-stream edge ‘i’ value of up-stream groove;

ig3 Up-stream edge ‘i’ value of down-stream groove;

ig4 Down-stream edge ‘i’ value of down-stream groove;

l Auxiliary integer variable to ‘i’, used to control sequence of iterated nodes;

i20 Auxiliary integer variable to ‘i’;

i21 Auxiliary integer variable to ‘i’;

j100 Auxiliary integer variable to ‘j’;

i10 Local substitute for ‘ICAV(j)’;

hcav Local value of film thickness at cavitation front;

term1 Difference of flow between full and cavitated conditions as required by
reformation condition;

jref1 Position of reformation front adjacent to node under scrutiny, found by
searching from ‘j = 1’ to ‘j = jnode’;

jref2 Position of reformation front, searching in opposite direction to ‘jref1’;

jref Final value of either ‘jref1’ or ‘jref2’;

tansig Gradient of reformation front;

tansig1 Modulus of ‘tansig’;

ilim Range of ‘i’ node positions for search of steep angle of reformation front;

i100 Variable to allow search along ‘i’ node rows within a simultaneous ‘for’
loop in ‘i’;

i101 Similar to ‘i100’ but with allowance for film boundary at ‘i = 1’ or ‘i =
inode’;

isign Control variable to prevent ‘M(i,j)’ values of the up-stream cavitation front
being treated as part of the reformation front;

p1, p2, p3, p4 ‘P(i,j)’ equivalents of ‘M(i,j) ’ as required for determination of the
reformation front;

term2 Sum of pressure terms in the reformation condition;

iserrate Control parameter to apply anti-serration process;

imid Node position in ‘i’, midway between 1 and ‘inode’;

qside1 Dimensionless side flow along ‘j = 1’ side of the bearing;

qside2 Dimensionless side flow along ‘j = jnode’ side of the bearing;

qtotal Total of dimensionless side flow from the bearing;

qgroov1 Dimensionless axial flow from up-stream groove;

qgroov2 Dimensionless axial flow from down-stream groove;

qgroovs1 Dimensionless side flow from up-stream groove;

qgroovs2 Dimensionless side flow from down-stream groove;

qstrunc Factor to allow for truncation error in calculating the side flow from the
grooves;

qaxtrunc Factor to compensate for truncation error in calculating axial flow from the
grooves;

q1 Total flow from up-stream groove;
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q2 Total flow from down-stream groove;

qerror Relative error between total groove flow and bearing side flow.

EXAMPLE

Input data: Eccentricity ratio = 0.7, L/D ratio = 1, misalignment parameter = 0, half of
relative groove length = 0.4 (groove length = 0.8 of bearing length), half of groove
length or subtended angle = 36°, dimensionless groove pressure = 0.05.

Output data: Dimensionless load = 0.52462 , attitude angle = 29.626°, maximum
dimensionless pressure = 0.80176 , dimensionless lubricant side flow = 1.3614 ,
dimensionless up-stream groove flow = 0.57353, dimensionless down-stream groove
flow = 0.9591, discrepancy between total groove flow and side flow = 12.58%.

A.8 PROGRAM ‘STABILITY’

This program calculates the load capacity and non-dimensional critical angular velocity of a
partial arc bearing. The stiffness and damping coefficients in directions parallel and normal
to the load line are also determined. Uniform viscosity and perfect rigidity of the bearing are
assumed. The controlling parameters are the same as for the program for a non-vibrating
partial arc bearing with the exception that an additional parameter, the dimensionless exciter
mass is also required. Vibration stability as a function of eccentricity, ‘L/D’ ratio, angle of
partial arc bearing and misalignment ratio are calculated by this program.

clc; cla reset; echo off; warning off;
global reslim1 nlim1 inode jnode SWITCH1 M G F coeff1 coeff2 sum2;
global SUMY P deltay deltax axialw transw alpha factor1 residp;
clear global reslim1 nlim1 inode jnode SWITCH1 M G F coeff1 coeff2 sum2;
clear global SUMY P deltay deltax axialw transw alpha factor1 residp;
global tbv tbs tbp tbt tbd tbg tba tbinfo tbclose;
set([tbv tbs tbp tbt tbd tbg tbinfo tbclose],'Enable','off');
% BEGIN OF INPUT DATA
% -------------------
prompt = {'Eccentricity ratio:',
          'L/D ratio:',
          'Arc bearing angle [°]:',
          'Misaligment parameter from interval [0,0.5]:',
          'Dimensionless exciter mass:'};
title='INPUT DATA (STABILITY)'; lineno=1; def={'0.7', '1', '120', '0.3','0.1'}; answer= inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tba, 'Value', get(tba, 'Min')); set([tbv tbs tbp tbt tbd tbg tbinfo tbclose],'Enable','on'); break; end;
[epsilon,loverd,alpha,t,gamma] = deal(answer{:}); epsilon = str2num(epsilon); loverd = str2num(loverd);
alpha = str2num(alpha); t = str2num(t); gamma = str2num(gamma); alpha = alpha*pi/180;
prompt = {'Number of nodes in the i or x direction:',
          'Number of nodes in the j or y direction:',
          'Terminating value of residual for iter. to solve Vogelpohl equation:',
          'Terminating value of residual for iter. to find attitude angle:',
          'Relaxation factor of iter. to solve Vogelpohl equation:',
          'Relaxation factor of iter. to find attitude angle:'};
title='INPUT DATA (STABILITY)'; lineno=1; def={'11', '11', '0.0000001', '0.00001', '1.2','1'};
answer= inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tba, 'Value', get(tba, 'Min')); set([tbv tbs tbp tbt tbd tbg tbinfo tbclose],'Enable','on'); break; end;
[inode,jnode,reslim1,reslim2,factor1,factor2] = deal(answer{:}); inode = str2num(inode); jnode = str2num(jnode);
reslim1 = str2num(reslim1); reslim2 = str2num(reslim2); factor1 = str2num(factor1); factor2 = str2num(factor2);
prompt = {'Max number of cycles during iter. to solve Vogelpohl equation:',
          'Max number of cycles during iter. to find attitude angle:',
          'Incremental displacement in x direction:',
          'Incremental displacement in y direction:',
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          'Incremental squeeze velocity in x direction of the above axes:',
          'Incremental squeeze velocity in y direction of the above axes:'};
title='INPUT DATA (STABILITY)'; lineno=1; def={'100','30','0.001','0.001','0.001','0.001'};
answer= inputdlg(prompt,title,lineno,def);
if size(answer) == 0, % PROGRAM IS TERMINATED
   set(tba, 'Value', get(tba, 'Min')); set([tbv tbs tbp tbt tbd tbg tbinfo tbclose],'Enable','on'); break; end;
[nlim1,nlim2,dx,dy,w0x,w0y] = deal(answer{:}); nlim1 = str2num(nlim1); nlim2 = str2num(nlim2);
dx = str2num(dx); dy = str2num(dy); w0x = str2num(w0x); w0y = str2num(w0y);
% END OF INPUT DATA
% -----------------
subplot(1,1,1);
text('units','normalized','position',[0.2 0.55], 'FontWeight', 'bold','color',[1 0 0], 'string', 'CALCULATIONS IN PROGRESS');
figure(1); deltax = alpha/(inode-1); deltay = 1/(jnode-1); slender = 0.5/loverd;
% INITIALIZE VALUES OF M(i,j), SWITCH1(i,j) & P(i,j)
M = zeros(inode,jnode); SWITCH1 = zeros(inode,jnode); P = zeros(inode,jnode);
% SET INITIAL VALUE OF OFFSET ANGLE
beta = 0;
% ENTER ATTITUDE ANGLE ITERATION CYCLE, CALCULATE H,F & G VALUES
n2 = 0; betas = 0; residb = reslim2 + 10;
while (residb > reslim2) & (n2 < nlim2),
   n2 = n2+1;
   for i = 1:inode,
      x = (i-1)*deltax + pi - 0.5*alpha; theta = x - beta;
      for j = 1:jnode,
         y = (j-1)*deltay - 0.5; h0 = y*t*cos(x) + epsilon *cos(theta) + 1; dhdx0 = -y*t*sin(x) - epsilon *sin(theta);
         d2hdx20 = -y*t*cos(x) - epsilon *cos(theta); dhdy0 = t*cos(x); d2hdy20 = 0; H(i,j) = h0; G(i,j) = dhdx0/h0^1.5;
         F(i,j) = 0.75*(dhdx0^2 + (slender*dhdy0)^2)/h0^2 + 1.5*(d2hdx20 + d2hdy20*slender^2)/h0;
         DHDX(i,j) = dhdx0; D2HDX2(i,j) = d2hdx20; DHDY(i,j) = dhdy0;
      end;
   end;
   coeff1 = 1/deltax^2; coeff2 = (slender/deltay)^2;
   % SUBROUTINE TO SOLVE THE VOGELPOHL EQUATION
   vogel_stability;
   % FIND PRESSURE FIELD FROM VOGELPOHL PARAMETER
   for i = 2:inode-1,
      for j = 2:jnode-1,
         P(i,j) = M(i,j)/H(i,j)^1.5;
      end;
   end;
   % ITERATION RESIDUAL ON ATTITUDE ANGLE ITERATION
   % SUBROUTINE TO CALCULATE TRANSVERSE AND AXIAL LOADS
   loads_stability; loadw = sqrt(axialw^2 + transw^2); attang = atan(transw/axialw);
   if axialw > 0, attang1 = attang; end; if axialw < 0, attang1 = -attang; end;
   beta = beta + factor2*attang1; residb = abs((beta-betas)/beta); betas = beta;
end;
% STABILIZATION OF M(i,j) FIELD BEFORE COMPUTATION OF STIFFNESS AND
% DAMPING COEFFICIENTS *** FIX LOCATION OF CAVITATION FRONT USING SWITCH1(i,j)
for i = 2:inode-1,
  for j = 2:jnode-1,
     if M(i,j) == 0, SWITCH1(i,j) = 1; end;
  end;
end;
% CALCULATE VALUES OF F(i,j) AND G(i,j) USING FINAL VALUE OF beta
for i = 1:inode,
   x = (i-1)*deltax + pi - 0.5*alpha; theta = x - beta;
   for j = 1:jnode,
      y = (j-1)*deltay - 0.5; h0 = y*t*cos(x) + epsilon *cos(theta) + 1; dhdx0 = -y*t*sin(x) - epsilon *sin(theta);
      d2hdx20 = -y*t*cos(x) - epsilon *cos(theta); dhdy0 = t*cos(x); d2hdy20 = 0; H(i,j) = h0; G(i,j) = dhdx0/h0^1.5;
      F(i,j) = 0.75*(dhdx0^2 + (slender*dhdy0)^2)/h0^2 + 1.5*(d2hdx20 +  d2hdy20*slender^2)/h0;
      DHDX(i,j) = dhdx0; D2HDX2(i,j) = d2hdx20; DHDY(i,j) = dhdy0;
   end;
end;
% RE-ITERATE: REMOVE ANY CAVITATION INDUCED INSTABILITIES IN M FIELD
% SUBROUTINE TO SOLVE THE VOGELPOHL EQUATION
vogel_stability;
% SAVE VALUES OF M(i,j)
for i = 1:inode,
   for j = 1:jnode,
      MSAVE(i,j) = M(i,j);
   end;
end;
% SUBROUTINE TO CALCULATE TRANSVERSE AND AXIAL LOADS
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loads_stability; loadw = sqrt(axialw^2 + transw^2); loadw1 = loadw;
% CALCULATE STIFFNESS COEFFICIENTS kxx AND kyx
for i = 1:inode,
   x = (i-1)*deltax + pi -0.5*alpha;
   for j = 1:jnode,
      h0 = H(i,j) + dx*cos(x); dhdx0 = DHDX(i,j) - dx*sin(x); d2hdx20 = D2HDX2(i,j) - dx*cos(x); G(i,j) = dhdx0/h0^1.5;
      F(i,j) = 0.75*(dhdx0^2 + (slender*DHDY(i,j))^2)/h0^2 + 1.5*d2hdx20/h0;
   end;
end;
% SUBROUTINE TO SOLVE THE VOGELPOHL EQUATION
vogel_stability;
% CALCULATE CHANGE IN FORCES
for i = 1:inode,
   x = (i-1)*deltax + pi - 0.5*alpha;
   for j = 1:jnode,
      P(i,j) = M(i,j)/(H(i,j)+dx*cos(x))^1.5- MSAVE(i,j)/H(i,j)^1.5;
   end;
end;
% SUBROUTINE TO CALCULATE TRANSVERSE AND AXIAL LOADS
loads_stability; kxx = axialw/(dx*loadw1); kyx = -transw/(dx*loadw1);
% CALCULATE STIFFNESS COEFFICIENTS kxx AND kyx
for i = 1:inode,
   x = (i-1)*deltax + pi - 0.5*alpha;
   for j = 1:jnode,
      h0 = H(i,j) + dy*sin(x); dhdx0 = DHDX(i,j) + dy*cos(x); d2hdx20 = D2HDX2(i,j) - dy*sin(x); G(i,j) = dhdx0/h0^1.5;
      F(i,j) = 0.75*(dhdx0^2 + (slender*DHDY(i,j))^2)/h0^2 + 1.5*d2hdx20/h0;
   end;
end;
% SUBROUTINE TO SOLVE THE VOGELPOHL EQUATION
vogel_stability;
% CALCULATE CHANGE IN FORCES
for i = 1:inode
   x = (i-1)*deltax + pi - 0.5*alpha;
   for j = 1:jnode, P(i,j) = M(i,j)/(H(i,j)+dy*sin(x))^1.5 - MSAVE(i,j)/H(i,j)^1.5; end;
end;
% SUBROUTINE TO CALCULATE TRANSVERSE AND AXIAL LOADS
loads_stability; kyy = -transw/(dy*loadw1); kxy = axialw/(dy*loadw1);
% CALCULATE DAMPING FORCES cxx AND cyx
for i = 1:inode,
   x = (i-1)*deltax + pi - 0.5*alpha; w = w0x*cos(x);
   for j = 1:jnode,
      G(i,j) = (DHDX(i,j) + 2*w)/H(i,j)^1.5;
      F(i,j) = 0.75*(DHDX(i,j)^2 + (slender*DHDY(i,j))^2)/H(i,j)^2 + 1.5*D2HDX2(i,j)/H(i,j);
   end;
end;
% SUBROUTINE TO SOLVE THE VOGELPOHL EQUATION
vogel_stability;
% CALCULATE CHANGE IN FORCES
for i = 1:inode,
   for j = 1:jnode, P(i,j) = M(i,j)/H(i,j)^1.5 - MSAVE(i,j)/H(i,j)^1.5; end;
end;
% SUBROUTINE TO CALCULATE TRANSVERSE AND AXIAL LOADS
loads_stability;
% CALCULATE DAMPING FORCES cxx AND cyx
cxx = axialw/(w0x*loadw1); cyx = -transw/(w0x*loadw1);
for i = 1:inode,
   x = (i-1)*deltax + pi - 0.5*alpha; w = w0y*sin(x);
   for j = 1:jnode,
      G(i,j) = (DHDX(i,j) + 2*w)/H(i,j)^1.5;
   end;
end;
% SUBROUTINE TO SOLVE THE VOGELPOHL EQUATION
vogel_stability;
% CALCULATE CHANGE IN FORCES
for i = 1:inode,
   for j = 1:jnode,
      P(i,j) = M(i,j)/H(i,j)^1.5 - MSAVE(i,j)/H(i,j)^1.5;
   end;
end;
% SUBROUTINE TO CALCULATE TRANSVERSE AND AXIAL LOADS
loads_stability;
% CALCULATE DAMPING FORCES cxx AND cyx
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cyy = -transw/(w0y*loadw1); cxy = axialw/(w0y*loadw1);
% APPLY ROUTH-HURWITZ CRITERION
a1 = kxx*cyy - kxy*cyx - kyx*cxy + kyy*cxx; a2 = kxx*kyy - kxy*kyx;
a3 = cxx*cyy - cxy*cyx; a4 = kxx + kyy; a5 = cxx + cyy;
vc = a1*a3*a5^2/((a1^2 + a2*a5^2 - a1*a4*a5)*(a5 + gamma*a1)); vc = sqrt(abs(vc));
figure(1); plot(0,0); text('units','normalized','position',[0.2,0.55],'string', 'NO PLOT FOR PROGRAM STABILITY');
% PRINT OUT VALUES OF INPUT AND OUTPUT DATA
% -----------------------------------------
fprintf(' \n'); fprintf(' INPUT AND OUTPUT DATA FOR PROGRAM STABILITY\n'); fprintf(' \n');
fprintf(' INPUT DATA:\n');
fprintf('  Eccentricity ratio = %0.5g\n',epsilon);
fprintf('  L/D ratio = %0.5g\n',loverd);
fprintf('  Arc angle = %0.5g°\n',alpha*180/pi);
fprintf('  Misaligment parameter = %0.5g\n',t);
fprintf('  Dimensionless exciter mass = %0.5g\n',gamma);
fprintf(' \n');
fprintf(' OUTPUT DATA:\n');
fprintf('  Dimensionless load = %0.5g\n',loadw);
fprintf('  Attitude angle = %0.5g°\n',beta*180/pi);
fprintf('  Dimensionless critical frequency = %0.5g\n',vc);
fprintf('  Dimensionless stiffness and damping ceofficients:\n');
fprintf('  kxx = %0.5g\t kxy = %0.5g\t kyy = %0.5g\t kyx = %0.5g\n',kxx,kxy,kyy,kyx);
fprintf('  cxx = %0.5g\t cxy = %0.5g\t cyy = %0.5g\t cyx = %0.5g\n',cxx,cxy,cyy,cyx);
fprintf(' \n'); fprintf(' PROGRAM STABILITY HAS BEEN COMPLETED\n');
set(tba, 'Value', get(tba, 'Min')); set([tbv tbs tbp tbt tbd tbg tbinfo tbclose],'Enable','on');

% SUBROUTINE TO SOLVE THE VOGELPOHL EQUATION (VOGEL_STABILITY.M)
global residp reslim1 nlim1 inode jnode SWITCH1 M G F coeff1 coeff2 sum2;
sum2 = 0; n1 = 0; residp = reslim1 + 10;
while (residp > reslim1) & (n1 < nlim1),
   n1 = n1 + 1; sum = 0;
   for i = 2:inode-1,
      for j = 2:jnode-1,
         if SWITCH1(i,j) ~= 1,
            store = ((M(i+1,j) + M(i-1,j))*coeff1 + (M(i,j+1) + M(i,j-1))*coeff2 -G(i,j))/(2*coeff1 + 2*coeff2 + F(i,j));
            M(i,j) = M(i,j) + factor1*(store-M(i,j));
            if M(i,j) < 0, M(i,j) = 0; end; sum = sum + M(i,j);
         end;
         if SWITCH1(i,j) == 1,  sum = sum + M(i,j); end;
      end;
   end;
residp = abs((sum-sum2)/sum); sum2 = sum;
end;

% SUBROUTINE TO CALCULATE TRANSVERSE AND AXIAL LOADS (LOADS_STABILITY.M)
global SUMY P deltay deltax axialw transw alpha;
for i = 1:inode,
   SUMY(i) = 0;
   for j = 2:jnode,
      SUMY(i) = SUMY(i) + P(i,j) + P(i,j-1);
   end;
   SUMY(i) = SUMY(i)*0.5*deltay;
end;
axialw = 0; transw = 0;
for i = 2:inode,
   x = (i-1)*deltax + pi - 0.5*alpha; x2 = (i-2)*deltax + pi - 0.5*alpha;
   axialw = axialw - cos(x)*SUMY(i) - cos(x2)*SUMY(i-1); transw = transw + sin(x)*SUMY(i) + sin(x2)*SUMY(i-1);
end;
axialw = axialw*deltax*0.5; transw = transw*deltax*0.5;

Program Description

Program ‘STABILITY’ begins with the standard input requests for values of the eccentricity
ratio, ‘L/D’ ratio, angle of partial arc and misalignment ratio. The dimensionless exciter mass
is also required in this program. The dimensionless exciter mass refers to the rotating mass of
the shaft or attached disc which provides the energy for vibration.

The program then proceeds to solve the Vogelpohl equation according to the steps adapted
from the program ‘P A R T I A L ’ with a small modification by the subroutine called
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‘VOGEL_STABILITY.M ’. This modification requires that another subroutine called
‘LOADS_STABILITY.M’ is needed to perform the integrations for load and the iteration
procedure. Inside the iteration subroutine a variable ‘SWITCH1(i,j)’ is used to exempt
cavitated nodes from the iteration.

This variable is only activated, i.e. non-zero values assigned to further iteration, after
completion of the iteration for the static case. The purpose of ‘SWITCH1(i,j)’ is to prevent any
oscillation of the cavitated region during calculation of stiffness and damping coefficients.
Calculation of these coefficients is based on very small differences between the equilibrium
pressure field and a perturbed pressure field resulting from small displacements and squeeze
velocities. Accurate values of the coefficients are only obtained when the static or
equilibrium pressure field is iterated to a high degree of accuracy. To meet this requirement,
once the initial double iteration for pressure field and attitude angle is completed, cavitated
nodes are isolated by applying the following steps:

for i = 2 : inode-1;

   for j = 2 : jnode-1;

      if M(i,j) == 0, SWITCH1(i,j) = 1; end;

   end;

end;

Values of ‘F’ and ‘G’ in the Vogelpohl equation are then calculated with the final value of ‘β’
from the attitude angle iteration. The iteration for ‘M(i,j)’ is then repeated once more to
eliminate any possible errors caused by a mobile cavitation front. When these steps are
completed, it is found that accurate values of ‘M(i,j)’ are obtained. The final values of ‘M(i,j)’
are then stored in an array ‘MSAVE(i,j)’.

The program then proceeds to the calculation of stiffness and damping coefficients via the
introduction of infinitesimal displacements, ‘dx’ and ‘dy’, and squeeze velocities, ‘w0x’ and
‘w0y’. The solution for ‘M(i,j)’ with perturbations begins with calculations of ‘F(i,j)’ and
‘G(i,j)’ with the perturbations included. In general, the perturbations refer to displacements
or squeeze velocities. The displacements ‘dx’, ‘dy’ and squeeze velocities ‘w0x’ and ‘w0y’ are
applied in order to find the stiffness ‘kxx’, ‘kyx’, ‘kyy’, ‘kxy’ and damping ‘cxx’, ‘cyx’, ‘cyy’, ‘cxy’
coefficients. For a given perturbation, once the values of ‘F(i,j)’ and ‘G(i,j)’ have been
calculated then the subroutine for the iteration of ‘M(i,j)’ is applied. For example, the
procedure for the calculation of the stiffness coefficients ‘Kxx

* ’ and ‘Kyx
* ’ is initiated by the

following steps:

for i = 1 : inode,

   x = (i-1)*deltax+pi-0.5*alpha;

   for j = 1 : jnode,

      P(i,j) = M(i,j)/(H(i,j)+dx*cos(x))^1.5-MSAVE(i,j)/H(i,j)^1.5;

   end;

end;

The array ‘P(i,j)’ is used to store the difference in pressures rather than the absolute value of
pressures so that it can be read directly in the subroutine for load integration to find the
stiffness or damping coefficients. The value of ‘H(i,j)’ of the perturbed solution must also
include the displacement which in the example shown above is ‘dy’. If this were omitted
inaccurate values of stiffness would be obtained. For squeeze perturbations, the film
thickness is identical to the static case. The difference in load capacity is then obtained by
applying the load integration subroutine to the values of ‘P(i,j)’. The values of stiffness
coefficients, e.g. ‘kxx’ and ‘kxy’ are then found by applying the following steps:
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kxx = axialw/(dx*loadw); kyx = -transw/(dx*loadw);

An analogous set of statements is employed to calculate the damping coefficients. For
example, the damping coefficients ‘Cxx

* ’ and ‘Cyx
* ’ are calculated according to the following

steps:

cxx = axialw/(w0x*loadw1); cyx = -transw/(w0x*loadw1);

Once the values of stiffness and damping coefficients are known, the program then proceeds
to calculate the dimensionless critical frequency by applying equations (5.104-5.111). The
program concludes with a print-out of the values of dimensionless critical frequency,
stiffness and damping coefficients.

List of Variables

Since this program is also an extension of program ‘PARTIAL’, terms common to both
programs are not listed here.

MSAVE Storage of ‘M(i,j)’ obtained from static solution;

DHDX Storage of node values of ‘∂h/∂x’ under static conditions;

D2HDX2 Storage of node values of ‘∂2h/∂x2’ under static conditions;

DHDY Storage of node values of ‘∂h/∂y’ under static conditions;

SWITCH1 Control variable used to exclude cavitated nodes from iteration beyond
initial static case;

gamma Dimensionless exciter mass, equivalent to ‘W/kc’;

dx Incremental displacement in ‘X’ direction;

dy Incremental displacement in ‘Y’ direction;

w0x Incremental squeeze velocity in ‘X’ direction of the above axes;

w0y Incremental squeeze velocity in ‘Y’ direction of the above axes;

kxx Equivalent to ‘Kxx
* ’;

kyx Equivalent to ‘Kyx
* ’;

kyy Equivalent to ‘Kyy
* ’;

kxy Equivalent to ‘Kxy
* ’;

cxx Equivalent to ‘Cxx
* ’;

cxy Equivalent to ‘Cxy
* ’;

cyy Equivalent to ‘Cyy
* ’;

cyx Equivalent to ‘Cyx
* ’;

a1 Equivalent to ‘A1’;

a2 Equivalent to ‘A2’;

a3 Equivalent to ‘A3’;

a4 Equivalent to ‘A4’;

a5 Equivalent to ‘A5’;

vc Equivalent to ‘ωc
*’.
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EXAMPLE

Input data: Eccentricity ratio = 0.7, L/D ratio = 1, arc angle = 120°, misalignment
parameter = 0.3, dimensionless exciter mass = 0.1.

Output data: Dimensionless load = 0.56612, attitude angle = 31.843°, dimensionless
critical frequency = 2.0589, dimensionless stiffness and damping coefficients, Kxx

*  =
5.0482, Kxy

*  = 3.696, Kyy
*  = 1.1953, Kyx

*  = -0.047477, Cxx
*  = 7.8693, Cxy

*  = 1.4988, Cyy
*  = 0.92425

and Cyx
*  = 1.4982.
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Base stock 52, 380

biological 52
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critical frequency 251
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geometry 120, 138

inlet pressure rise 137
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Bearing area (Abbott) curve 450-451

Bearing metals 526

Bentonite clays 67

Binder in solid lubricants 423
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Bleeding in grease 80
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Blok limiting frictional temperature theory 374

Bomb oxidation technique 45

Borsoff effect 372
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soapy films 384
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Butylphenol disulphide 85
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365

Cathodic protection 567

Cavitation 163, 209, 232, 235-236

front 237, 245, 709, 713
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flow from grooves 239

flow from sides 239
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non-ferrous metals 526

Central film thickness 311

Ceramics

physical properties 649

tribological characteristics 655
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against

dry ceramics 650

dry metals 659

lubricated ceramics 656
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cutting tools 613

effect of

elevated temperatures 652

humid air 652

porosity 650

water 652
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liquid lubricants 656-657

mode

brittle 650-651

ductile 650-651
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solid lubricants 659

thermal stress 651

Ceramic-matrix composites 506, 662

Cermets 523

Chain matching 381-382

Chemical adsorption (chemisorption) 84, 362,
364-365

Chemical degradation of rubber 523

Chemical vapour deposition (CVD) 430

Chip formation model of wear 493

Chlorinated paraffin 85

Chlorine 389, 392, 398-399

Chlorine based additives 399

Chlorofluorocarbons 63

Chlorotrifluoroethylenes 63

Chopped fibre reinforced polymers 644

Chromium carbide 422, 504

Circular pad bearings 267

Clearance in journal bearing 148

Cloud point 36

Coefficient

adhesion 536

friction 115, 209, 357, 538, 646

static 469

traction 345

Cold cranking simulator 27-28

Cold jacking 160

Composite Young's modulus 324

Compressibility number (Harrison) 189

Compressible

fluids 187

hydrodynamic lubrication 189

Compressive stresses in fretting 609
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201
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flow chart 234

program ‘GROOVE’ 237, 239-240, 702, 708

flow chart 240-242

program ‘PARTIAL’ 211, 215, 239, 251, 678,
681

flow chart 211-213

program 'SIMPLE' 177, 674

program ‘STABILITY’ 251, 716, 719

flow chart 252-253

program ‘THERMAL’ 227-228, 686, 690

flow chart 228-229

program 'VISCOSITY' 14, 671

Computer hard disk lubricant 63

Concave surface 285, 288

Concentrated elastic contacts 16, 285

approximate formulae 301

contact coefficients 299-300

convex and concave surface 288

convex and flat surface 287

non-conforming surfaces 282

sphere and plane 292

stresses 282

total deflection at the centre 290

two convex surfaces 286

two crossed cylinders 297

two elastic bodies 299

two parallel cylinders 294-295
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two spheres 289-290

Conduction 173, 341

Conducted/convected heat ratio 175

Conical hydrostatic bearing 263-264

Consistency of grease 72-74, 77-78

Constant delivery pump 270

Constant flow method 178

Contact

between asperities

during sliding 467

in fatigue 580

between solids 461-462

fractal model 465-466

statistical model 463-464

of meshing involute gear teeth 350

pressure on impact 514

resistance 600

Contact fatigue 571, 579-580, 587

causes 580

cracks 581

effect of

debris in lubricant 580

grain boundaries 581

inclusions 581

lubricant 585

lubricant additives 586

material imperfections 581

non-metallic inclusions 588

operating conditions 588

oxygen 586

residual stress 581

traction 588

type of material 587

water 586

hydraulic pressure crack propagation 585-
586, 589

spherical particles 584

subsurface initiated spall 581, 583

surface initiated spall 581, 583

Contaminant layers 549

Contamination control additives 92

Continuity of flow in column 107-108

Control volume mesh 223-225

Convection 173, 341

Convergence ratio 117

Converging-diverging wedges 137

Convex surfaces 285, 288

Coolants 65

Corrosion

constant 392

inhibitors 68, 91-92, 567

high temperature 392

Corrosive wear 5, 553-554, 556-557

cast iron 555

control 567

effect of oxygen concentration in lubricating
oil 558

in sulphuric acid 554

lubricant reactivity 557

minimum wear rate 559

models 553-555

short life-time films 554

with fretting 606

Corrosive-abrasive wear 559

Corrosive-adhesive wear 557-558

Cost of friction and wear 5

Couette

flow 160-161, 163, 238

viscometer 27-28

Cracking of petroleum 58

Critical

angular velocity 716

frequency 250

temperature

in EHL 376

in polymers wear 631

Cross polymerization 368

Crowning in pad bearing 231

Crude oil 52, 54

distillation process 55

Cumulative probability function 450

Cutting

fluids 66

in abrasion 484

Cyclic hydrocarbon molecules 56, 60-61

Cyclo-aliphatics 60
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Cyclohexane 359

Damping coefficients 246, 249-250, 716, 720-
721

Deactivation of lubricant additives 89

Debris entrapment in fretting 598-599

Decene 60

Deformation

of pad bearing 231, 233

of surface in sliding 572

processes in ceramics 650

Degradation

greases 80

Delamination theory of wear 577

Density

mineral oil 13, 35-36

effect of temperature 218

Detergent additives 92, 94

Detonation gun spraying 434-435

Di-isobutyldithiophosphoryl disulphide (DS) 90

Dibasic acid esters (Diesters) 58, 60

Dibenzyl disulphide (DBDS) 95, 392, 398

Dibenzyldisulphide 85

Dibutylphosphate 84

Die grease thickener 68

Diethylphosphate 84

Diffusive wear 5, 593, 612-613

ceramic 659

high speed machining 612

mechanism 613

Dilauryl phosphate 84

Dimensionless (non-dimensional)

exciter mass 716

shear stress 209

Dimethyl silicone 62

Diphenyl disulphide 85

Direct current sputtering 430

Discharge coefficient of lubricant 274

Diselenide 421

Dislocation cells 572

Dispersants 92-93

Displacement of bearing shaft 246

Distillation

method of water content 44

process of crude oil 54

Docosane 362-363

Dodecenes 60

Drag forces in slurry 516

Drop point of grease 74, 78

test apparatus 75

Du Noy ring method 40, 42

Ductile mode

abrasive wear 489

erosive wear 511

wear of ceramics 650-651

Duty parameter (Sommerfeld number) 152

Dynamic thermocouple method 477

Dynamic viscosity 12, 27

units 13

Eccentricity 147, 678

ratio 148, 674

Effective

adsorbate films on ceramics 657

coefficient of friction 209

dimensionless shear stress 209

temperature of lubricant 176

viscosity 173, 176, 179, 674

Elastohydrodynamic lubrication (EHL) 3, 282,
306, 378, 580

between meshing gear wheels 350

central film thicknesses 318

conjunction temperatures 342

effect of surface films 342

ellipticity parameter 312, 315-317, 319

film formation 306

film parameter 317

film thickness formulae 316, 381

heat transfer 341

load parameter 314-315

lubricant slip 349

materials parameter 313-314

minimum film thickness 317-318

non-uniform heat sources 336

pressure distribution 311

regimes 317
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identification 319

isoviscous-elastic 316, 318

isoviscous-rigid 316-317

piezoviscous-elastic 318

piezoviscous-rigid 318

slide to roll ratio 345

speed parameter 313-314

traction 346

EHL contact

behaviour of emulsions 65

elastic deformation 306

measurements of surface temperature 342

EHL film thickness 383

central film thicknesses 318

film thickness formulae 312, 316, 381

minimum film thickness 317-318

measurement methods 319

X-ray 319

electrical capacitance 319

electrical resistance 319

mechanical 320

of grease 70

Elastic deformation

journal bearing 171

pad bearing 231, 233, 235-236, 696

Elasticity parameter 317

Elastomer wear 635

Electric arc spraying 435

Electroplating 438

Electropositivity of metals 536

Ellipticity parameter 312, 315-317, 319

Emulsions 65-66

manufacture 65

oil in water 65

water in oil 65

Endurance limit in fretting fatigue 604

Energy equation for one-dimensional bearing
217-218

Engler degrees 26

Epoxy resins 525

Equilibrium of element of fluid 103

Erosive wear 5, 509, 523

brittle mode 511

by liquids 513-514

impact pressure 514

shock-waves 514

ceramics and cermets 523

collision efficiency 516

effect of

erosion media 516

flux rates 512

media flow 518

particle

shape 512

size 512

speed 509

temperature 515, 523

elevated temperatures 516

impact speed 511

incubation period 513, 522

mechanisms 509-510

with cavitation 525

Erosive wear resistance 515, 518-520

carbon steel 522

materials optimization 519

polymers 521, 523

reinforced polymers 522

steels 520

Esters 60

Evaporation 37, 428

test apparatus 38

Evaporation loss in grease 76

Explosive cladding 437

Exponential viscosity law 226

Extreme pressure (E.P.) additives 85, 390, 392,
394-395, 397-398, 403

mild 390, 398-399

Extreme pressure lubrication 388, 393, 398, 401-
402

effect of oxygen and water 395

relative corrosivity 392

relative load capacity 392

start temperature 390

Eyring relation 348

Falex test 421

Falling ball viscometer 29-30
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False brinelling 607

Fatigue

in abrasion 484, 486

life 323, 575, 604-605

Fatigue wear 5, 571, 574, 634

control 589

effect of oxide films on surface crack
development 576

in rolling 579

in sliding 572

effect of lubrication 577

of gold 576

of nickel 575

polymers 633

Fatty acids 361-368, 370-372, 376, 381-384,
388, 397, 399, 401

Fatty acid esters 61

Fibre reinforced polymers 643

fibre orientations 644

Fillers

in grease 69

in polymers 504

Filmy wear particles 578

Finite bearings 158

Finite difference methods 201, 204-205

equivalent of Reynolds equation 204

operator 205-206

thermohydrodynamic lubrication 223

Finite element methods 204

Fire point of lubricant 37

Fire resistant

hydraulic fluids 65-66

lubricants 66

Flame spraying 433

Flash and fire point apparatus 37

Flash point of lubricant 37

Flash temperature 328, 335

distribution 337

formulae for

circular contacts 331-332

square contacts 331, 333

line contacts 334

rise 328

Flexural stiffness in pad bearing 700

Flock point 36

Fluorides of reactive metals 421

Fluoro esters 61

Fluorocarbons 67, 521

Foam inhibitors 95

Footstep hydrostatic bearing 263

Fossil fuel theory 52

Four-ball test 381, 390, 392, 397, 399, 401, 421,
557

Fourier

series 458, 497

transform methods in surface
characterization 455

Fractal

dimension 457-458, 467

methods in surface characterization 455

model of contacts between rough surfaces
465

Fracture in abrasion 484

Free-radical chain reaction 87

Fretting 593-594, 614

damage 596

examples 607-608

suppression 608-609

Fretting contact 594, 601-602, 605

amplitude of slip 597

elastic model 594

elasto-plastic model 596-597

microcracks 605

tangential micromovements 594

Fretting fatigue 604, 606

effect of corrosion 607

endurance limit 604

life 605

strength 606

Fretting wear 5

control 608

design optimization 608

effect of

amplitude 597, 605

debris retention 597-599, 605

environment 599

frequency 600

gas environment 603
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lubricants 602, 604

material properties 604

oxygen 599

surface finish 604

temperature 602-603

water 599

formation of protective films 603

with corrosion 606

Friction 2

ceramics 648, 650, 652

ceramics against

lubricated ceramics 656

metals 659

polymers 662

ceramic matrix composites 662

coefficient 123, 155, 469

reciprocal law of mixtures 646

static 469

due to adhesion 538

force

in hydrodynamic film 114, 120-121, 154,
208

in linear pad bearing 122

in vacuum 539

minimum coefficient of friction 123

modifiers 82

of greases 72

polymers 622

power in hydrostatic bearing 267

rubber 635-636

torque 260, 265, 277

transition temperature 363-364, 376-377

Friction polymer 388, 601

Friction surfacing 436

Frictional

heat at asperity contacts 476-477

temperature in lubricated contacts 339

Full-Sommerfeld boundary condition 140, 145-
146

Gas journal bearings 187, 189

Gauss-Seidel iterative method 210

Gauss-Seidel relaxation factor 682

Gaussian

cumulative distribution diagram 450

height distributions 450

Geometry of

elastic concentrated contacts 285-299

grit 496

journal bearing 146

linear pad bearing 117

secant wedge 138

Glass transition of lubricant 349

Glaze in oxidative wear 564, 603

Glow discharge (plasma) ion plating 428-429

Gold’s theory of mineral oil origin 53

Grain pull-out in abrasion 484, 486

Graphite 68-69, 414-421, 423, 425-426, 512,
604, 647, 659

Graphite fluoride 419-420

Grease 52, 66

bleeding 80

characteristics 72

compatibility 80

composition 67

consistency 72-74, 77-78

damage by water 81

evaporation loss 76

fillers 69

grease-worker apparatus 74

heat-resistant 62

instability 70

loss of consistency 80

low temperature limits 79

lubrication mechanism 69

manufacture 66

mechanical degradation 73-74

non-soap type 67

oxidation stability apparatus 76

penetration apparatus 73

rheology 70

selection 79

slumping 81

tackiness additives 68

thickener 67

thickness in EHL 70

thixotropic behavior 76-77
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typical properties 80

viscosity characteristics 76

Grease-worker apparatus 74

Greenwood and Williamson plasticity index 324,
464

Grit

geometry 496

size 496, 509

Groove journal bearings 236, 240

geometry 708

load capacity 242

lubricant flow from

grooves 239

sides 239, 243

lubricant supply 159

reformation condition 243

spiral 131

Grubin's equation of EHL 307, 309

Hadfield's manganese steel 502

Hafnium nitride 440

Hagen-Poiseuille equation 272

Half-Sommerfeld boundary condition 141-142,
145, 149, 155

Halo effect in erosion 518

Halogenated hydrocarbons 58, 62

Hamrock-Dowson approximation of EHL film
thickness 304

Hard surface coatings 508

Hardness

large strains 500

minerals 494-495

Harrison number 189

HDPE 622, 627, 638-639

Heat of adsorption 380

Heat-resistant greases 62

Height

characteristics of surface 452

distribution 450

negatively skewed 450

positively skewed 450

parameters 452-453

probability density function 450

Herring bone bearing 164-165

Hershel-Bulkley equation 70-71

Hertz theory 282, 286, 289, 304

maximum shear stress 283

Hertzian

contact 306

contact diameter 321

equation for contact stress 347

stress 290

High speed recessed bearings 269

High temperature lubricants 62

Hori's model for journal bearing vibration
analysis 250

Horse-shoe constriction in EHL 312, 320

Hot oil carry over 181, 223

coefficient 181

Hot wire corrosion apparatus 390-391

Hurst Orientation Transform (HOT) method 459

Hybrid bearings 257, 278-279

Hydrated layers on ceramics 653

Hydraulic pressure crack propagation 585-586,
589

Hydrocarbon synthetic lubricants 60

Hydrodynamic lubrication 3, 101

coefficient of friction 123, 155

conduction of heat 174

dimensionless

friction coefficient 207

friction force 207

isoviscous (Reynolds) model 110, 173, 177,
211, 217, 232, 678, 696, 702

film reformation 236

film rupture 163

friction force 114, 120-121, 154, 208

inertial effects 186

limits 182

load

capacity 119, 149

coefficient 124

long bearing approximation 110-111, 172

narrow bearing approximation 113

non-Newtonian fluids 184

pressure

between non-parallel surfaces 103

distribution 113, 117, 138, 192,
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pressure field 207

rotating load 167

steady film thickness approximation 109

tapered land 128

thrust bearings 102, 132

transient squeeze 196-197

transient squeeze velocities 196

viscoelasticity 185-186

Hydrogen embrittlement 567, 586

Hydrostatic bearing 258

analysis 258

circular pad bearing 258, 260, 266

capillary controlled flow 272

central recess 258

non-flat 262-263

orifice controlled flow 273

conical 263-264

film thickness control 270

friction

power 262, 265, 267

torque 260, 265, 277

high speed recessed 269

load capacity 259, 265

low speed recessed 269

lubricant flow 259, 264

minimization of power 267

optimization of design 267

orifice lubricant flow 270

pressure distribution 263

ratio of friction power to pumping power
268

screw thread bearing 263

spherical 263

stability  278

Hydrostatic lubrication 4, 257

Hyper-eutectoid steels 502

Hyperoxides 39

Hypo-eutectoid steels 502

Impact wear 5, 593, 613

control 615

effect of

sliding 614-615

type of material 614

mechanisms 614

Impingement angle 510-512, 516-517, 519-522

Incubation period of erosive wear 513, 522

Induction period of lubricant 87, 90

Inertial effects in hydrodynamics 186

Infinitely long bearing 110, 113, 116, 143, 172

thermohydrodynamic lubrication 227-228

Infra-red spectroscopy 340, 342

Inorganic thickeners in grease 67

Instability of grease film 70

Interfacial tension 40-42

Inverse thixotropy 24

Ion beam ion plating 429

Ion implantation 431, 440

nitrogen 440-441

Ion-plating 424, 428-429, 431

ISO

classification of industrial oils 34

viscosity classification 33

Isothermal

bearing 222, 226, 230

heat transfer 175

model of hydrodynamic lubrication 217

Isoviscous (Reynolds) model of hydrodynamic
lubrication 110, 173, 177, 211, 217, 232,
678, 696, 702

Iterative methods 176-177

Jakobsson-Floberg-Olsson model of cavitation
and film reformation 237

Jellium electron exchange model 535

Jost report 6

Journal bearings 102, 146, 158, 674, 702

anti-whirl 167

clearance 148

constant flow method 178

elastic deformation 171

film thickness ratio 156

grooved 240

backwards pressure flow 238

load capacity 242

reformation condition 243

side-flow 243
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spiral 131

helical grooves 164

load capacity 149

long bearing approximation 110-111

lubricant

flow rate 156

leakage 158

starvation 158

supply grooves 159, 236

misalignment 170

narrow (short) bearing approximation 112

pressure distribution 148

pressurization of lubricant supply 160, 162

Rayleigh step geometry 164

rotating load 168, 186, 195-196

temperature distribution 179

threshold speed of self-excited vibration 250

tilted shaft 169

vibration 165

Routh-Hurwitz criterion of stability 246,
250

with movable pads 164

Junction growth 539

plastic yielding 541

Kidney stones, destruction 525

Kinematic viscosity 13, 25

Kingsbury pivoted pad bearing 133-134

Knudsen number 189-191

Lacquers 39

Lambda value 322

Lamellar solids 411, 413, 415-417

Lamellar thermocouple 343

Laminar particle 577

Langmuir's theory of adsorption 377

Laser surface

alloying (cladding) 436, 441

hardening 441

Lauric acid 363-364, 371

LDPE 625, 629, 638

Le Chatelier principle 395

Limiting

frictional temperature 627

shaft speed 246

shear stress of lubricant 349

Linear pad bearings 111

Lithium thickener 62, 67

Load

coefficient in hydrodynamic lubrication 124

parameter in EHL 314-315

Load capacity 113, 127, 193, 266, 277, 686, 696

finite parallel plates 194

pad bearing 231

pad gas bearing 191

with convergence ratio 132

Long bearing approximation 110-111, 172

Loss of consistency of grease 80

Low friction coatings in fretting 609

Low speed recessed bearings 269

Lubricant

additives 81, 89

cleanliness 581

compressibility 315

condition monitoring 43

density 33-34

effect of temperature 218

dissolved oxygen 88

flow in bearings 115, 239, 242, 244

control methods 270-271

flat square pad bearings 266

from grooves 161

rate 124, 266

fire point 37

fire-resistant properties 61

flash point 37

heating 231

high temperature 62

leakage in journal bearing 158

limiting shear stress 349

reactivity in corrosive wear 557

rheology under pressure 307

rheopectic behaviour 24

slip in EHL 349

starvation in journal bearing 158

supply grooves 159, 236
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thermal properties 34-35

Lubricating

lamellar solids 411-412

oil

biological 52

fractions 54

mineral 52

solubility of gases 45-46

synthetic 52

sacrificial films 394

mechanism of ZnDDP 83

Lumpy transfer 622-623

Magnesium oxide filler 69

Manufacture

emulsions 65

greases 66

mineral oils 54

synthetic oils 58

Material imperfection effect in

adhesive wear 549

contact fatigue 581

Materials parameter in EHL 314

Maximum

load capacity in pad bearing 120, 124, 127

shear stress 283

Mean value of the maximum peak-to-valley
height 452

Measurements of

adhesion between metals 534

friction in vacuum 539

surface temperature in EHL 342

Mechanical

activation of surface 448

degradation of grease 73-74

Mechanism of

abrasive wear 484

brittle deformations of ceramics 651

cavitation wear 524

combined instability in boundary 377-378

diffusive wear 613

ductile deformations of ceramics 651

erosion 509-510

groove formation in adhesive wear 547-548

impact wear 614

lubrication by milder E.P. additives 398

melting wear 611

micro-elastohydrodynamic lubrication 326

oil oxidation 87

oxidative wear at low sliding speeds 564

polymer wear 633

rolling wear 579

Melting wear 5, 593, 609, 611, 627, 630, 633

polymers 627

thermal control model 629

Metal

deactivators in lubricant 89

dichalcogenicides 421

flakes in grease 69

oxides as lubricants 422

oxides in grease 69

powder fillers in polymers 648

powders in grease 69

transfer due to adhesion 534

Metalworking coolants 65

Methyl groups in hydrocarbons 39

Methyl phenyl 62

Mica 413

Michell pad bearing 127, 164, 172, 184, 231, 278,
696

deformation 233

effect of pad thickness on the load capacity
235

position of pivot 134-135

Micro-cutting 484

Micro-elastohydrodynamic lubrication (micro-
EHL) 322-323, 325-327

mechanism 326

surface fatigue 322

Microscopic squeeze film 196

Mild dispersants 93

Mild E.P. additive 390, 398-399

Mineral oils 15, 39, 52, 56

manufacture 54

monograde 32-33

multigrade 32-33

origin 52-53
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types 56

Minimum

coefficient of friction 123

film thickness in EHL 311, 317-318

hydrocarbon chain length for effective
lubrication 365

Minor solid lubricants 420

Misalignment in bearing 170, 211, 213, 216, 245

partial bearing 213-214

ratio 678

Mixed (partial) lubrication 322-323, 372

Modified Sommerfeld parameter 152

Mohs scale of hardness 494, 505

Mohsin valve 274-275

Molecular degradation of rubber 505

Molybdenum carbide 504

Molybdenum disulphide 68-69, 86, 414-418,
420-421, 423-426, 604, 609, 647, 659

Molybdenum ditelluride 415

Monograde oils 32-33

Multi-lobe bearings 164

Multi-scale characterization of surface
topography 455

Multigrade oils 15, 32-33

Mutual overlap coefficient 597-599

Naphthenic oils 56-57, 67

Narrow (short) bearing approximation 111-113,
148

pressure distribution 113

Nascent surface 365, 370, 378, 389, 393

of steel 394, 398

NLGI grease classification 78-79

Navier-Stokes equation 219

Navier-Stokes momentum and continuity
equation 102

Negative curvature 285

Negatively skewed height distributions 450

Neopentyl polyol esters 61

Neutralization number 42-43

Newtonian fluid 22

NiHard 504

Niobium disulphide 421

Niobium sulphide 421

Nitrogen ion implantation 440-441

Non-conforming surfaces 282

Non-dimensional (dimensionless)

damping coefficient 249

ellipticity parameter 313

film parameter 313

flow coefficients 266-267

friction force 123

load coefficients 266-267

load parameter 313

materials parameter 313

parameters 266

Reynolds equation 201-202

speed parameter 313

squeeze term 248

stiffness coefficient 247-249

Non-dimensionalization of
thermohydrodynamics 217

Non-flat circular hydrostatic pad bearing 262

Non-Newtonian

lubricant 22-24, 185,

lubricant rheology in EHL 348

Non-soap type greases 67

Non-uniform heat sources in EHL 336

Nuclear radiation effect on lubricant 88

Numerical analysis of

hydrodynamic lubrication in

real bearing 216

idealized bearing 210

Reynolds equation 206

Numerical solution for Vogelpohl equation 210

Nylon 425, 521, 629-630, 632, 638, 643, 647

Ocvirk's approximation 111-112

Oil

in water emulsion 65

oxidation 86

effect on wear 88

refining (distillation) 54

atmospheric column 54

fractional distillation 54

fractional tower 54

vacuum column 54
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viscosity 11-13

classifications 31-32

thixotropic behaviour 23-24

whirl 165, 246, 278

Olefins 60

One-dimensional Reynolds equation 111

Onions and Archard model of surface contact
463

Optical interferometry method 320, 322

Optimum

convergence ratio 123

corrosion inhibitor 567

eccentricity ratio 152, 156

oxygen concentration in oxidative wear 558

pad thickness of bearing 234

performance of pad bearing 124

roughness in polymers wear 623-624

surface roughness 460

Organic thickeners 68

Organohalogens 58, 62

Orifice lubricant flow 270

Oscillating squeeze film 195

Ostwald coefficient 45-46

Over-based dispersants 93

Oxidation 38-39, 87, 418

apparatus 40

induced failure of solid lubrication 417

inhibitors 88

processes in boundary lubrication 566

place exchange 561

propagation 87

Oxidation of metals 506, 549

high temperature 561

low temperature 561

oxidation rate 561

Oxidation of oils 39-40, 87

effect of metallic debris 87

induction period 87, 90

mechanism 87

products 88, 90

termination 89

Oxidation stability of lubricants 39-40, 51, 60-
63, 67, 72, 75, 89

Oxidative wear 5, 556, 560

control 567

glaze formation 564, 603

high sliding speeds 562-563

in rolling 579

low sliding speeds 563

lubricated conditions 566

mechanism at low sliding speeds 564

model 562

optimum oxygen concentration 566

Oxide films 424

Oxygen dissolved in oil 88

Packing density of additives 363

Pad bearings 102, 116,

bending deflection equation 232

crowning 231

effect of pad thickness on the load capacity
235

elastically deforming 231, 233

flexural stiffness 700

hydrostatic

flat circular 267

flat square 268

non-flat circular 262

journal 132

linear 111

maximum load capacity 120, 124, 127

optimum

pad thickness 234

performance 124

pad flapping 700

pad thickness 234, 236

pivoted 102, 133

Michell pad 127

pressure field 217

ram effect 135

Rayleigh step bearing 125-128, 164

temperature field 230

thermohydrodynamic conditions 222-223

Palm oil 52

Palmitic acid 380

Parabolic wedge bearing 129-130

Paraffinic oils 56-57, 67, 85, 359

TEAM LRN



738 ENGINEERING TRIBOLOGY

Paraffins (alkanes) 57, 85

Parallel surface bearing 130-131

Partial (mixed) EHL lubrication 323

Partial hydrodynamic lubrication 182

Partial journal bearing 152, 158, 170-171, 678,
716

aligned 214

analysis 211

effect of misalignment 213

temperature field 686

vibrational stability 251

Partially stabilized zirconia (PSZ) 523, 649, 652,
658, 662

Particle

angularity 498

drag forces in slurry 516

flux rate in erosion 513

hardness 512

shape 512

size 512

speed 509

trajectories 516

Partitioned iterated function system 459

Passivating films 555

Peclet number 329-330, 337

Perfluoropolyalkylethers 63

Perfluoropolyethers 63

Peroxide

decomposers 90

formation 87

Petroff

friction 155, 178, 242

multiplier 155-156, 678

Phenolic resins 630

Phosphate esters 44, 61, 67, 83

Phosphazenes 63

Phosphorous additives 83, 388, 400-401

Phosphorus 389, 392, 398-401

Phthalocyanine 419

Physical vapour deposition (PVD) 427

Physical-chemical vapour deposition (PCVD)
430

Physisorption 362

Piezoviscosity of lubricant 307

Piezoviscous-elastic regime of EHL 316, 318

Piezoviscous-rigid regime of EHL 316, 318

Pitch line in gears 351-352

Pivot point in bearing 696

Pivoted

Michell pad 127

pad bearing 102, 133

Place exchange in oxidation 561

Plasma enhanced chemical vapour deposition
(PECVD) 430

Plasma spraying 434

Plastic

deformation of the surface layer 572

plastic strains 578

ratchetting 578

Plasticity index 324, 464-465

Plasticizer 504

Plexiglass 630, 634

Ploughing 484, 547

Polyacetal 638

Polyalkylene glycol 61

Polyalphaolefins 60

Polybutene 60

Polycarbonate 521

Polydecenes 60

Polyethylene (PE)

high density (HDPE) 622, 627, 638-639

low density (LDPE) 625, 629, 638

ultra high molecular weight (UHMWPE)

γ-ray irradiation 643

Polyglycol esters 61

Polyglycols 60-61

Polyimides 426, 638

Polymer composites 643, 644

basic types 643

coefficient of friction 646

fibre reinforced 644-645

chopped 644

unidirectional 644

powder fillers 648

Polymerization of hydrocarbons 58

Polymers

physical properties 620
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tribological characteristics 620

Polymers wear

abrasion 625

critical temperature 631

effect of

corrosive substances 639

counterface hardness 623

counterface roughness 623

counterface surface energy 626

high frictional temperatures 630

high surface roughness and elevated
temperature 631

lubricants 638

microstructure 641

sliding speed 630

solvent 639

temperature 630

water 638

incubation period in erosive wear 522

mechanisms 633

optimum surface roughness 623-624

sliding 621

Polymethacrylate viscosity improvers 94

Polymethyl silicones 62

Polymethylmethacrylate 521

Polyol esters 60

Polyphenyl ethers 60

Polypropylene 505, 629

Polytetrafluoroethylene (PTFE) 426, 621, 626-
627, 638, 643-644, 646-647

Polyurethane 521

Polyvinyl chloride (PVC) 625

Porous bearings 110, 196-197

permeability 197

Positive surface curvature 285

Positively skewed height distributions 450

Pour point of lubricant 36, 57, 60-61, 63, 66, 79,
81

Pour point depressants 95

Powder

composites 647

solid lubricants 658

Power loss in aerostatic bearing 278

Power spectral density function 453

Power spectrum 458

Pressure

distribution in

hydrodynamic lubrication 113, 117, 138,
192,

hydrostatic lubrication 258-259, 276

journal bearing 150

sensors 270, 275

spike in EHL 313-314, 585

Pressure-viscosity coefficient 17, 19-21, 322, 327

Pressurization of lubricant supply 160, 162

Principal plane 283

Propagation of oxidation 87

Pseudoplastic behaviour 22-23

PSZ 649, 652, 658, 662

PTFE 621, 626-627, 638, 643-644, 646-647

transfer film formation 626

Pumping power in hydrostatic bearing 267

PVC 625

Quartz 494, 506

Radical

formation in oil 87

inhibitors (propagation inhibitors) 89

Radio-frequency sputtering 430

Ram effect in pad bearing 135

Range images 455

Rape-seed oil 44

Rarefaction 190

Ratio of friction power to pumping power 268

Rayleigh (step) pad geometry 125-128, 164

Real damping coefficient 249

Reciprocal law of mixtures 646

Reduced

radius of curvature 286-288, 291-292, 297

Reynolds number 186

Young's modulus 290, 336

Redwood

seconds 26

viscometers 25-26

Reformation of lubricant 236

front 236-238, 240, 245, 709-711
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Refractive index 43

Reverse flow 226-227, 692-693

Reynolds equation 101-102, 109-110, 112-113,
117, 138, 148, 170-172, 184, 186, 191, 197,
202-203, 246, 307

boundary condition 143, 145

non-dimensional form 202

simplifications 104, 109

Reynolds number 137, 184

Rheology of lubricant 307

Rheopectic behaviour of lubricant 24

Rigid bearing 686, 702

Roelands pressure-viscosity coefficient 20, 347

Roll formation in rubber wear 637

Rolling

resistance in EHL 347

wear 579, 588

Root mean square roughness 452

Rotating

cylinder viscometer 27-28

load 168, 186, 195-196

Roughness average 452

Routh-Hurwitz criterion of stability 246, 250

Rubber 520, 635, 637-638

abrasion 505

friction 635

wear 635

roll formation 637

Rust inhibitors 68, 92

operating mechanism 92

Ryder gear tester 351

Sacrificial film 357, 388-390, 394-396, 399, 403,
556

formation 391, 401-402

Sacrificial film (E.P.) lubrication 393, 398, 401-
402

effect of oxygen and water 395

speed limitations 403

SAE viscosity classification 31

engine oils 32

transmission oils 32-33

Saybolt

seconds 26

viscometers 25-26

Schallamach wave 635

Scoring 373

Scuffing 373, 375, 377-379, 395, 542

effect of

adsorption films 378

EHL pressure field 378

heavily loaded gears 374

loads 382

model 376

Segregation of impurities on the surface 449

Seizure 540

Selenides 421

Self-similarity of surface profiles 449-450

Separation of the oil and thickening agent 80

Shaft

displacement 246

misalignment 211, 251

tilted 169

tilt ratio 169-170

trajectories in journal bearings 166

whip 165

Shear duration thinning

in hydrodynamic lubrication 185

of greases 76

of oils 22-23, 31

Shock-waves in liquid erosion 514

Short tube viscometers 25, 27

Shot peening 609

Sialon 649

Silahydrocarbons 62

Silanes 368

Silica 67

Silicate esters 61

Silicon analogues of hydrocarbons 58, 62

Silicon carbide 494, 506, 512, 515, 519, 523, 649,
652, 658, 663

Silicon nitride 506, 523, 648-649, 652, 658-659,
663

Silicones 58, 62, 67

Silver 422, 659

Skiing 609

Slide to roll ratio in EHL 345

Sludge deposits 39, 55, 87
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Slumping of grease 81

Slurry 516

Soap

boundary layers 384

type greases 67

Sodium 67

Soft films lubrication 412, 421

Solid lubricants

as additives to polymers 647

binders 423

metal oxides 422

soft films 412, 421

Solid lubrication 3-4, 412

deposition methods 422

vacuum-based 423

of ceramics 658

Solubility of gases in oils 45-46

Solution domain 206

Sommerfeld number 152-153

Spalling 584

Spatial surface characteristics 454

Specific

gravity 33-34

heat of oil 34-36

Speed parameter in EHL 313-314

Spherical particles in contact fatigue 584

Spherulite size 641

Spike parameter 497-498

Spiral groove bearing 131

Sputtering 424, 429-431

Square pad bearings 268

Squeeze

film between two parallel plates 191-192

film damper 186-187

film effect 110

oscillating film 195

time 191, 194

velocity 246, 249

Squeeze-film hydrodynamic lubrication 169

effect on load capacity of cavitation 196

Stability of

aerostatic bearings 278

grease structure 74

hydrostatic bearings 278

Stability parameter 166

Stand-out effect of carbide inclusions 502-503

Static coefficients of friction 469

Stearic acid 363, 365-367, 371, 380, 382-386

in hexadecane 382

isostearic acid 366-367

Stellite 526

Stick-slip 469-470

Stiction 63

Stiffness

coefficients 246, 250, 716, 720, 721

with

capillary restrictors 271

constant flow method 271

orifice 273

pressure sensors 274

Strain-hardening 485

Streamers in cavitation 163

Stress-corrosion cracking 653-654

Stress status in

rolling contact 283

sliding contacts 283, 285

static contact 283-284

Stribeck

curve 183

law 384

number 183

Structure function 453

Subsurface mode of contact fatigue 581-583

Sulphonate detergents 94

synthesis 94

Sulphur 389-390, 392-401, 414, 418, 558

based E.P. additives 389, 401

content in oil 45, 57

phosphorus based additives 399-400

Sulphurchlorinated sperm oil 85

Sulphuric acid 54, 62, 92, 554-556

treatment in oil refining 54

Sulphurized

derivatives of fatty acids 85

sperm oil 85

Surface
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conjunction temperature 328

contact

models 463, 465

optimum roughness 460

velocity 350

crack initiated fatigue wear 573

energy of counterface 626

fatigue in micro-EHL 322

initiated spall 583

mechanical activation 448

mode of contact fatigue 581-583

roughness 449, 581

temperature in EHL 327, 341, 343

tension 40, 42, 61-63

texture 325

TLK model 448

composition 448

contamination 549

Surface coatings 4, 609

optimization 438

thin lubricious 659

Surface topography 449, 452

3-D 455-456, 459

multi-scale characterization 455

Surface welding 432

Surface-localized viscosity enhancement 359

Surfactants 371, 397, 401, 404

Synovial fluid 24

Synthetic

base greases 67

esters 67

hydrocarbon lubricants 39, 58

lubricants 58

lubricant characteristics 16, 57, 59, 64, 67

thickeners 68

Talc 69, 413-414

Tangential micromovements 594

Tantalum disulphide 421

Tantalum sulphide 421

Tapered land bearing 128

Tarry deposits 43

TCP 61, 83-84, 398, 399, 604, 658

Temperature

characteristics of lubricants 35-36

distress 401-402

effects on abrasion 507

of conjunction in EHL 337, 340

visco-elasticity dependence parameter 636

Temperature-life limits for

mineral oils 41

selected synthetic oils 41

typical greases 77

Ten-point height 452

Terrace ledge kink’ (TLK) model 448

Tetragonal to monoclinic transformation 652

Tetragonal zirconia polycrystals (TZP) 653

Theory of

elasticity 282

hydrodynamic lubrication 102

Thermal

conductivity 35-36

control model in melting 629

control of friction 627, 630, 637

degradation 39, 62

diffusivity 35-36

distortion of bearing 130

effects in bearings 172

mounds 477

properties of lubricants 34-35

spraying 433

stability 39, 60-63, 75, 79

Thermohydrodynamic lubrication 179, 216-217

analysis of journal bearing 217

boundary conditions 217, 226

energy equations 217-218

equations for finite pad bearing 221

locally varying viscosity 172-173

mesh with accessories for boundary
conditions 227

one-dimensional bearing 218

pad bearing 686

reverse flow 226-227, 692-693

Thick sulphide films 396

Thickener in grease 67-68, 72

Thickness of grease in EHL 70
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Thin lubricious surface coatings 659

Thixotropic behavior of

grease 76-77

oil 23-24

Three-body abrasion 487, 505

Thrust bearings 102, 132

Tilt ratio of shaft 169-170

Timken test 399-400

Titanium 440

Titanium dioxide 505

Titanium nitride 439-440

Total

acid number 42-43, 86

base number 42-43

deflection 304

flow from a groove 160

Toughened alumina 662

Trace compounds in oil 54, 56

Traction 343, 588

coefficient 349

curve 346

drives 61

force in EHL 344, 346-347

Transfer films 544-547, 621, 623, 634, 639, 659-
660

Transfer particles 547

adhesive wear 543, 546

lamellar structure 547

Transition between

corrosive and adhesive wear 557-558

oxidative and adhesive wear 566

Trapezium integration rule 713

Tribo-

corrosion 554

emission 403

oxidation 563, 614

oxidative wear 652

Tribology

economics 7

meaning 2

objectives 3-4

Tributylphosphate 84

Trichlorocetane paraffin 85

Tricresylphosphate (TCP) 61, 83-84, 398-399,
604, 658

Triparacresylphosphate 84

True

area of contact 461

flash temperature rise 335

Tungsten carbide 508, 523, 525, 613

Tungsten disulphide 415, 420

Tungsten selenide 421

Turbulence in hydrodynamic lubrication 184

Twin (two) disc machine 351-352

Two-body abrasion 487, 505

Ultra-high molecular weight polyethylene
(UHMWPE) 622, 632-633, 662

effect of counterface roughness on wear 624

Unidirectional

fibre polymer composites 644

velocity approximation 109

Vacuum 62-63, 418, 421

Vacuum column in oil distillation 54

Van der Waals forces 362, 413, 537-539, 635,
657

Vanadium diselenide 421

Vapour Phase (VP) lubrication 658

Variable speed transmissions 343

Vegetable oils 52, 67

Velocity in hydrodynamic film 107

Vibration

analysis of hydrodynamic bearings 246-247

in journal bearing 167

instability in bearings 278

stability in bearings 246, 250-251, 716

threshold speed of self-excited vibration 250

Visco-elastic asperity contact 634-637

Viscoelasticity in hydrodynamic lubrication 185-
186

Viscometers

capillary 24-26

cone on plate 28-29

falling ball 29-30

rotating cylinder (Couette) 27-28

short tube 25, 27
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Viscosity

classifications 32

conversion chart 27

dynamic viscosity 12-13, 27

gases 275

kinematic 13, 25

measurements 25

mixture 31-32

under pressure 307

Viscosity Index (VI) 15-16, 18, 57, 60-63, 65, 67,
94

improvers 32, 93-94, 348

Viscosity parameter 317

Viscosity plate bearing 164-165

Viscosity pour point 37

Viscosity-pressure characteristics 16-17, 57

Viscosity-shear rate relationship 22

Viscosity-temperature characteristics 16, 33, 57,
60-63, 696

ASTM chart 14

equations 14

Viscous heating 225-226

Vogel viscosity equation 14, 176-177, 218, 671,
673

Vogelpohl equation 202-203, 247, 249

Vogelpohl parameter 202-203, 240, 681-682, 684

Void nucleation 577

Volatility of lubricants 37, 58, 60-63, 80, 90

Voltametry method 45

Von Mises yield criterion 540

Wagner parabolic law 392

Walther’s viscosity equation 14

Water 20, 418, 424, 587

content in lubricants 44

effects on

abrasive wear 508

ceramic wear 662

Wave

formation model 492

removal model 492

Wavelet methods of surface characterization
455-456

Wax

crystallization 36

pour point 36

Wear 2

ceramics 648, 651

ceramics against metals 659

ceramics against polymers 662

ceramic matrix composites 662

coefficient 655

delamination of steel 577

due to electric discharges 593, 611

fibre reinforced polymers 646

improvers 82

polymers 622

PTFE 622

resistance to abrasion 501

rubbery solids 637

Wear resistant coatings 426, 439

techniques of producing 427

Weierstrass-Mandelbrot function 457-458

White surface layers 611

Whitehouse and Archard model of surface
contact 463

Woven fibre polymer composites 644

Yttria-tetragonal zirconia (TZP) 653

Zinc dialkyldithiophosphate (ZnDDP) 83-84, 90,
326, 386, 388, 398-399, 425, 604, 657

lubrication mechanism 83

Zinc diphenyldithiophosphate 83

Zinc oxide filler 69

Zirconia toughened alumina 523

Zirconium nitride 440
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